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Editorial
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ABSTRACT

The ricochet behaviour of the air–water trans-media vehicle (AWTMV) during water-entry crossing was experimentally 
investigated. Three types of small-scale AWTMV including cone, ogive, and flat nose were used in the test. The underwater 
trajectory, velocity, and inclination angle of projectiles during the ricochet process were obtained using a high-speed 
camera. The angle change of the AWTMV and the ratio of the residual velocity are introduced. Based on this result, 
the relationship between the ricochet responses and initial conditions was derived. The results of this study show that 
(1) a small incident angle and great velocity make the occurrence of ricochet behaviour easier, (2) the stability of the 
trajectory of projectiles with cone, ogive, and flat nose weakened in turn at the same initial conditions, (3) the angle 
change and the ratio of the residual velocity are linear functions of the incident angle and velocity.

Keywords: air-water trans-media vehicle (AWTMV),ricochet,nose,initial conditions,responses

INTRODUCTION

Possessing all the advantages of single-medium vehicles, 
such as unmanned aerial vehicles (UAV) and unmanned 
underwater vehicles (UUV), a vehicle that travels both in the 
air and under the water is referred to as an air–water trans-
media vehicle (AWTMV) [1]. The AWTMV can overcome the 
limitations of single-medium vehicles with its aquatic‒aerial 
amphibious operation. In recent years, increasing attention 
has been paid to the AWTMV for its high value in military 
and civilian applications.

According to the hypothetical mission and purpose of the 
AWTMV, a complete motion cycle includes four processes: 
aerial flight, water-entry crossing, underwater navigation, and 

water-exit crossing [2, 3]. Of these, the water-entry crossing is 
the key stage for the AWTMV to achieve a smooth transition 
from the air into water. However, the forces on the AWTMV 
dramatically change due to the change in the medium from 
air to water, which may cause the failure of the water-entry 
crossing and harm the subsequent mission the of AWTMV [4].

The theory and combat applications of the ricochet of 
spinning and non-spinning spherical projectiles have been 
summarised in the literature [5, 6]. Based on a large number of 
test results, the critical ricochet angle expression is proposed 
in [7], indicating that the result of water-entry depends on the 
incident angle and the ratio of density rather than the velocity. 
A new definition of ricochet based on the kinetic energy loss 
ratio is proposed in [8], and critical ricochet curves were 



POLISH MARITIME RESEARCH, No 2/2020 5

obtained based on the experimental and numerical results. 
A water-entry crossing model of a pointed-headed projectile 
drawing on the theory of water drifting was established in 
[9], indicating the maximum sinking depth of the centre 
of mass and maximum continuous ricochet. Experimental 
investigations on the relationship between the critical ricochet 
angle and the properties of wood have been carried out in 
[10], indicating that the critical ricochet angle differs and 
depends on the calibre and wood type and both density and 
hardness have a strong linear relationship with the critical 
angle. A mathematical model was established in [11]; based 
on this, a conclusion was deduced that in the nose-type 
configuration, the material of the projectile and the incident 
speed have a weakening effect on the ricochet. An experiment 
with a projectile obliquely penetrating concrete was carried 
out in [12], and the critical ricochet angle of the projectile 
was analysed and estimated. The critical ricochet angle of 
the projectile’s target was predicted in [13], and the angle 
range in which the projectile does not jump was established. 
A simulation study on the small-angle water-entry process 
of the projectile with different apex angles and density was 
reported in [14]. The effect of the initial conditions on the 
ricochet has been explored in [15], and the whole ricochet 
process and the variation in the parameters by changing 
the incident angle, velocity, and angle of attack have been 
investigated in detail.

The abovementioned literature indicates that the effect 
of the initial conditions on the ricochet behaviour has been 
investigated in detail; however, the subsequent research on 
the post-ricochet behaviour is rarely investigated; in addition, 
there are no reports on whether the AWTMV can re-enter 
the water after ricochet behaviour. In fact, it is necessary 
and meaningful to guide the re-entry of the AWTMV into 
the water by studying the motion characteristics after the 
ricochet.

In this study, the ricochet behaviour was experimentally 
investigated. Three types of scale projectiles (the small-scale 
AWTMV is denoted as a projectile for easy description) were 
used in the experiment with angle-adjustable devices. The 
effect of the initial conditions and nose-types on the ricochet 
behaviour was investigated, and the relationship of the initial 
conditions and ricochet responses was established.

EXPERIMENTAL SETUP

The test device consists of a launching subsystem, a data-
acquisition subsystem, and an observation subsystem. 
Compressed air is used as the power to propel the projectile 
to move in the test, and the launching speed is changed by 
adjusting the launching pressure. The launching subsystem is 
mounted on an angle-adjustable support. The motion of the 
projectiles was obtained using a high-speed camera VW-6000 
(Keynes Company). Due to the high number of frames taken 
using high-speed cameras and the short exposure time, 
natural light cannot meet the requirements. Therefore, two 

lights are placed in front of the observation window of the 
water tank, and one light is placed behind it.

Note that the launching tube is placed at a certain position 
away from the water surface to prevent the effect of the 
residual compressed air after the launch on the water surface. 
The shooting conditions of 2000 frames/s and 1/4000 s of 
exposure time were used.

(a) Experimental equipment (b) Launch subsystem

(c) Air compressor (d) Three types of projectiles

Fig. 1 Experimental devices

Three types of projectiles with different noses including 
a cone, ogive, and flat nose were used in the test, and their 
parameters are listed in Table 1.
Tab. 1. Parameters of projectiles

No. Nose type Length (mm) Diameter (mm) Mass (g)

#1 Cone 60 12 17.05

#2 Ogive 60 12 17.58

#3 Flat 60 12 18.13

Different launching angles make the distance different for 
the projectile, which may cause different incident velocities 
at the same launching pressure. To eliminate the effect of the 
launching angles on the experimental results, experiments 
were carried out under the following launching conditions: 
launching pressure, 1.2 MPa, nose, ogive; and launching 
angles, 10, 25, and 40 . The incident velocity was obtained, 
as listed in Table 2.
Tab. 2. The incident velocity at different launching angles

Launching angle (°) 10° 25° 40°

Incident velocity (m/s) 122.1 125.5 127.2

Table 2 indicates that when only the launching angle is 
changed, the incident velocity of the projectile varies slightly 
under the same launching pressure. The difference between 
the maximum and minimum velocity is only 5.1 m/s.

Similarly, the three projectiles are not of exactly the same 
mass, which may result in different launching velocities. 
To eliminate the effect of the mass of the projectile on the 
launching velocity, experiments were carried out under the 
following conditions: launching pressure, 1.2 MPa; launching 
angle, 25
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that the difference in the maximum and minimum incident 
velocity is only 6.4 m/s.
Tab. 3. The incident velocity at different launching angles

Nose-type Cone Ogive Flat 

Incident velocity (m/s) 129.7 125.5 123.3

The comparison of the experimental results in Table 2 
and Table 3 shows that the change in the incident angle 
has little effect on the launching velocity under the same 
launching pressure. Similarly, the launching velocity is not 
much different under the same initial conditions for the three 
types of projectiles. Therefore, in the following experiments, 
it is considered that: (1) the initial velocity of the projectile 
is the same under the same initial conditions, regardless of 
its nose-type structure; (2) when the launching pressure is 
the same, the initial velocity is independent of the launching 
angle.

Two types of behaviour were observed in the water-
entry experiments: sinking and ricochet. With the impact 
on the water and the continuous action of hydrodynamics, 
the velocity of the projectile gradually decreases, and the 
inclination angle continues to change. As long as the projectile 

For the vehicle with a given shape, the post-ricochet 
velocity oV  and the post-ricochet angle o , also called the 
ricochet response, are generally considered to be a function 
of incident conditions (velocity and angle). To study the 
relationship between the ricochet responses and the initial 
conditions, two variables named the angle change  and 
the ratio of the residual velocity o iV V  are introduced.

The angle change  is defined as = i o . The 
angle change  rather than the post-ricochet angle o  
was used to minimise the relative error in measurement. By 
introducing the angle change, it can be judged whether the 
projectile has a ricochet behaviour, and it can also be used 
as a criterion for evaluating the stability of the underwater 
trajectory. When the projectile enters the water at the same 
incident angle, a large angle change means a more unstable 
underwater trajectory of the projectile.

The ratio of the residual velocity is defined as o iV V . The 
velocity is the embodiment of the kinetic energy. When the 
projectile enters the water at the same incident angle, the ratio 
of the residual velocity is larger, indicating that the ricochet 
ability is strong, and the underwater trajectory stability is 
weak. When the velocity is too small, the projectile will sink 
due to insufficient kinetic energy to jump out of the water. By 
introducing the ratio of the residual velocity, the relationship 
between the post-ricochet velocity and angle and the initial 
velocity was investigated.

RESULTS AND DISCUSSION

The projectile numbered # 1 was selected and tested 
at different launching angles to observe its trajectory and 
parameters during the water-entry crossing. The incident 

angle is 10 , the launching pressure 1.2 MPa, and the results 
are shown in Fig. 2.

Fig. 2. Experimental results obtained by high-speed camera

Fig. 3 shows the underwater trajectory, and the horizontal 
and vertical axes represent the horizontal and vertical 
displacement, respectively. The underwater trajectory of 
the projectiles has the same trend: all three bend upwards, 
indicating the ricochet behaviour. The cone has the maximal 
curvature of trajectory and is the first to jump out of the water.
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cone ogive flat

Fig. 3. The trajectory of the projectile

Fig. 4 shows that the inclination angle of the three 
projectiles decreases rapidly and eventually reverses, 
where the horizontal and vertical axes represent the time 
and inclination angles, respectively. The inclination angle of 
the cone changes from 15 to 7.3 , the ogive’s changes from 
15 to 9.3 11.6 .
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Fig. 4. The change in the inclination angle during the water-entry crossing 
process

Tables 4, 5, and 6 show the water-entry results and ricochet 
responses of the projectiles with cone, ogive, and flat noses, 
respectively.
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Tab. 4. Experimental results of the cone nose

θi Vi θo Vo Δθ Vo/Vi

5

95.4 13.7 74.2 18.7 0.78 

123.1 14.3 93.4 19.3 0.76 

138.0 14.8 106.1 19.8 0.77 

156.4 15.6 124.8 20.6 0.80 

172.1 16.9 137.5 21.9 0.80 

10

95.4 11.8 68.6 21.8 0.72 

123.1 13.0 81.0 23.0 0.66 

138.0 13.8 94.9 23.8 0.69 

156.4 15.3 114.8 25.3 0.73 

172.1 16.8 127.6 26.8 0.74 

15

95.4 9.7 59.5 24.7 0.62 

123.1 11.6 73.7 26.6 0.60 

138.0 13.2 82.5 28.2 0.60 

156.4 14.7 97.9 29.7 0.63 

172.1 15.9 113.3 30.9 0.66 

20

95.4 9.8 50.4 29.8 0.53 

123.1 11.9 55.8 31.9 0.45 

138.0 13.7 68.9 33.7 0.50 

156.4 15.1 85.7 35.1 0.55 

172.1 15.6 94.7 35.6 0.55 

25

138.0 11.8 52.6 36.8 0.38 

156.4 12.9 70.1 37.9 0.45 

172.1 13.8 81.2 38.8 0.47 

30
156.4 10.0 49.0 40.0 0.31 

172.1 11.1 59.9 41.1 0.35 

35 172.1 9.6 41.8 44.6 0.24 

Tab. 5. Experimental results of the ogive nose

θi Vi θo Vo Δθ Vo/Vi

5

95.4 13.3 72.3 18.3 0.76 

123.1 13.8 87.3 18.8 0.71 

138.0 14.5 98.1 19.5 0.71 

156.4 15.0 120.3 20.0 0.77 

172.1 15.7 135.3 20.7 0.79 

10

95.4 11.7 63.9 21.7 0.67 

123.1 12.8 76.6 22.8 0.62 

138.0 13.1 87.6 23.1 0.64 

156.4 15.2 106.2 25.2 0.68 

172.1 15.7 123.8 25.7 0.72 

15

95.4 9.6 55.4 24.6 0.58 

123.1 11.5 65.1 26.5 0.53 

138.0 12.9 77.1 27.9 0.56 

156.4 14.8 94.5 29.8 0.60 

172.1 15.6 104.7 30.6 0.61 

θi Vi θo Vo Δθ Vo/Vi

20

123.1 11.8 53.1 31.8 0.43 

138.0 13.5 62.6 33.5 0.45 

156.4 14.7 78.0 34.7 0.50 

172.1 15.0 85.6 35.0 0.50 

25

138.0 11.4 48.2 36.4 0.35 

156.4 12.4 68.2 37.4 0.44 

172.1 13.4 74.0 38.4 0.43 

30
156.4 9.6 43.5 39.6 0.28 

172.1 10.6 53.2 40.6 0.31 

35 172.1 8.8 37.2 43.8 0.22 

Tab. 6 Experimental results of the flat nose

θi Vi θo Vo Δθ Vo/Vi

5

95.4 13 68.8551169 18.0 0.72 

123.1 13.6 79.5146777 18.6 0.65 

138.0 14.2 94.2377236 19.2 0.68 

156.4 14.7 117.924519 19.7 0.75 

172.1 15.5 131.686384 20.5 0.77 

10

95.4 11.5 64.8496946 21.5 0.68 

123.1 12.8 70.1600098 22.8 0.57 

138.0 12.9 80.0261781 22.9 0.58 

156.4 15.1 101.659069 25.1 0.65 

172.1 15.6 118.775954 25.6 0.69 

15

95.4 9.52 46.729927 24.5 0.49 

123.1 11.4 55.3894814 26.4 0.45 

138.0 13 64.8487995 28.0 0.47 

156.4 15 78.1992835 30.0 0.50 

172.1 15.1 89.5123135 30.1 0.52 

20

123.1 11.7 44.3115851 31.7 0.36 

138.0 13.1 55.1904677 33.1 0.40 

156.4 14.1 67.2513838 34.1 0.43 

172.1 14.5 80.9053602 34.5 0.47 

25

138.0 11.2 46.9118975 36.2 0.34 

156.4 12 60.9954411 37.0 0.39 

172.1 12.9 68.8556257 37.9 0.40 

30
156.4 8.53 42.2276131 38.5 0.27 

172.1 9.26 48.198938 39.3 0.28 

35 172.1 8.58 30.9850316 43.6 0.18 

Note that when the incident angle is 20° and the initial 
velocity is 95.4 m/s, the results of the projectiles with the three 
nose-types are different, reflecting the ricochet behaviour of 
the cone-type projectiles, while the other two do not jump 
out of the water. In order to eliminate accidental influences, 
the water-entry experiment with the three types of projectiles 
heads was carried out under these conditions, and the 
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experimental results were found to be the same as before, 
indicating that the results are normal.

Fig. 5 shows that the angle change data (Y axis) are 
interlaced at the same incident angle (X axis); however, overall, 
the data of the flat nose is below the ogive, and the ogive is 
below the flat nose under the same initial conditions, where 
the horizontal and vertical axes represent incident angles 
and angle changes, respectively. The angle change increases 
with the increasing incident angle, exhibiting a strong linear 
correlation. The relationship between the angle changes and 
incident angles is derived as follows:

=0.84 15.4i (1)

According to the expression of the angle change, the 
relationship between the post-ricochet angle and the initial 
condition was obtained as follows: 

=15.4 0.16o i (2)

0 5 10 15 20 25 30 35
15

20

25

30

35

40

45

Cone

Ogive

Flat

Fig. 5. The relationship between the incident angle and the angle change

Notably, when the incident angle is 0 and gravity is ignored, 
for a quality-determined and volume-ignoring projectile, the 
post-ricochet angle is 0 because the impact does not occur, 
and the angle change is 0 too. However, due to the existence 
of gravity, the negligible volume of the projectile, and the 
unevenness of the water–air interface, the projectile will 
inevitably interact with the water–air interface, changing 
the direction of motion. Therefore, the curve has a positive 
intercept on the vertical axis, and there is an incident angle 
such that the post-ricochet angle is equal to the incident angle.

After the projectile enters the water, the velocity will 
continue to decrease until it completely leaves the water. At 
the same initial velocity, when the projectile impacts on the 
water–air surface, the post-ricochet velocity is different due 
to the difference in the underwater trajectory and time. Fig. 6 
shows the experimental results of the ratio of the residual 
velocity (Y axis) and the incident angle (X axis).

0 5 10 15 20 25 30 35

0.2
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Fig. 6. The relationship between the incident angle and the ratio of the residual 
velocity 

As the incident angle increases, the residual velocity of the 
projectile decreases, and eventually becomes insufficient to 
make the projectile jump out of the water. As shown in Fig. 6, 
a linear relationship was observed between the incident angle 
and the ratio of the residual velocity, fitted by the least square 
method and shown as follows:

 0.802 0.0164o
i

i

V
V

(3)

Similarly, when the incident angle is 0°, the projectile will 
inevitably interact with the water–air interface, and then 
change the original motion state; therefore, the ratio of the 
residual velocity is less than 1.
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Ogive-30°

Flat-30°

Fig. 7 The relationship between the initial velocity and the angle change

Fig. 7 shows the relationship between the angle change 
(Y axis) and the incident velocity (X axis) for projectiles with 
different nose-types, indicating that the angle change has 
a consistent trend with the initial velocity under different 
incident angles. As the incident velocity increases, the angle 
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change increases, and the underwater trajectory stability 
becomes weak.
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Fig. 8 The relationship between the initial velocity and the ratio 
of the residual velocity

Fig. 8 shows the relationship between the ratio of the 
residual velocity (Y axis) and the incident velocity (X axis), 
indicating that at the same incident angle, the ratio of the 
residual velocity will first decrease and then increase with the 
increasing initial velocity. The ratio of the residual velocity 
decreases for the three projectiles as the incident angle 
increases, mainly because the maximum depth of the centre of 
mass and the path experienced underwater increase, making 
the projectile consume a lot of kinetic energy to overcome 
the hydrodynamics.

Figs. 5–8 show that the cone projectile has a higher post-
ricochet velocity and angle compared to the other two 
projectiles under the same initial conditions, indicating 
that a projectile with a cone nose has a weaker ability to 
maintain a straight trajectory when entering the water, has 
poor trajectory stability and is more prone to ricochet.

CONCLUSIONS

In conclusion, the ricochet behaviour during the water-
entry crossing was experimentally investigated, and the 
variation in the displacement and inclination angle was 
analysed. The angle change and the ratio of the residual 
velocity are defined to describe the ricochet ability and 
trajectory stability, respectively. Water-entry tests were 
carried out under different initial conditions, and the post-
ricochet velocity and angle were obtained. Based on this, the 
relationship between the ricochet response and the initial 
conditions was obtained. The experimental results of this 
study lead to the following conclusions: (1) The underwater 
trajectory of the projectiles with all three nose-types is bent 
upwards, and the motion parameters change basically. With 
the increasing nose apex angle (from cone, ogive to flat), the 
trajectory stability increases, and the more pointed the nose 
of the projectile is, the more likely that ricochet behaviour will 
occur. (2) With increasing incident angle, the angle change 
increases, and the ratio of the residual velocity decreases. By 

fitting the experimental data, the expressions of the post-
ricochet velocity and angle were obtained. (3) At the same 
incident angle, the angle change increases with increasing 
initial velocity. At the same initial velocity, the ratio of the 
residual velocity decreases with increase of the incident angle. 

Notably, the results only apply to the specific circumstances 
studied. Changing variables such as the slenderness ratio, 
density, and centroid position may affect the post-ricochet 
angle and velocity. In the next step, its applicability to 
other types of vehicles and other initial conditions will be 
investigated.
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ABSTRACT

Propeller cavitation is a main source of fluctuating pressure and noise induced by propellers, and the tip vortex cavitation 
is the principal source. The present study measures the flow fields near the blade tip using the 2D-PIV technique. The 
experimental setup and scheme are introduced. We monitor the process of generation and shedding of the propeller 
tip vortex in real time and analyse the dynamic structure of the tip vortex by testing the propeller wake field under 
different phases of the axial plane. The distribution characteristics of radial and axial velocity are also analysed. The 
influence range and the vorticity of the tip vortex and trailing vortex are obtained. All of the measured quantitative 
data are useful for future propeller design.

Keywords: propeller; blade tip; tip vortex; PIV

INTRODUCTION

With the recent trend in shipping towards large-scale and 
high-speed vessels, the application of high-power and heavy-
load propellers is widely increasing. On the one hand, due to 
increased propeller load, easier propeller cavitation leads to 
many serious problems, including hull vibration and propeller 
noise. On the other hand, due to the higher requirements of 
tactics and technique indexes of the navigation and acoustic–
stealth performance of warships and underwater weapons, the 
key issue is still a combination of the performance of propeller 
hydrodynamics, cavitation, and noise.  [8] Thus, higher 
requirements are proposed for the design of the propeller. 
The evolution of the dynamic structure of the flow around 
propeller blades can affect hydrodynamics, radiated noise, 
and dynamic load of the propeller, which are the basis for the 
optimal design of propellers. Hence, it is significant to explore 
the generation, concentration, and shedding of free vortex 
and the micro-dynamic structure of flow around the propeller 
blades. In recent years, a lot of research on micro-dynamic 
structure and the propeller wake model have been carried out.

According to the propeller lifting line theory, free vortexes 
are formed by the cross flow around the blade tips. Free vortex 
shedding from the trailing edge is concentrated. A vortex 
flow rushes from the blade tip to the rear of the propeller. 
Due to the propeller rotation, the free vorticity at the tip is 
shed downstream as a spiral vortex line. [7] The propeller is 
usually installed at the rear of the hull. At the front of the 
propeller, the non-symmetrical hull, the various appendages, 
the propeller shaft, and the bracket cause uneven spatial and 
temporal distribution of flow on the propeller disk surface. 
These aggravate the complexity of the analysis of propeller 
turbulent flow.

Traditional methods for propeller performance analysis – 
such as the lifting line method, lifting surface method, and 
boundary element method – are based on potential flow 
theory, but they have some limitations around capturing flow 
field details [5] [11]. In recent years, the CFD method based on 
viscous flow theory has shown its superiority [2] [6] [19]. Liu 
et al. [4] simulated the cavitation of a rear propeller using the 
RANS solver combined with the SST k-ω turbulence model 
and Sauer cavitation model. Compared with test results in 
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a large circulating water channel, the dynamic behaviour of the 
propeller cavitation with spatial angle was in good agreement, 
although the blade tip vortex cavitation could not be captured 
due to the coarse grids. Pu et al. [10] employed a detached 
eddy simulation (DES) to simulate tip vortex in the propeller 
wake. In order to study the spatial shape of the propeller tip 
vortex, the ‘Q criterion’ of vortex core identification was used 
to define the isosurface of the propeller tip vortex. The results 
show that the numerical method can accurately predict the 
vortex distribution of the propeller wake field and the shape of 
the vortex core, which is in agreement with the experimental 
results. Although the CFD method has great advantages in 
the analysis of the microscopic flow field, the accuracy of 
CFD still needs experimental verification, and the model test 
of the propeller cannot be replaced completely [1] [16] [17].

Due to the characteristics of the high frequency pulsation 
of the propeller wake, it is difficult to measure the flow field 
of the propeller using traditional measuring instruments such 
as a pitot tube and hot wire anemometer. The development 
of laser Doppler velocimeter (LDV) and particle image 
velocimetry (PIV) technology has resulted in more advanced 
tools for measuring the flow field of rotating machines, such as 
propellers. The earliest application of LDV to the measurement 
of propeller flow field was by Min [12], who first used LDV to 
explore the microstructure of flow field around the propeller. 
Later, the LDV method matured to better measure propeller 
flow, making a significant contribution to the experimental 
study of the progress of wake flow and the flow structure 
of the blade tip. Jessup et al. [9] and Dong et al. [18] used 
LDV to measure the flow field of propeller wake in detail. 
Jessup analysed vortex distribution based on the velocity field 
obtained by LDV for a DTRC 4119 propeller. Shown in Fig. 1a, 
the magnitude of space occupied by the tip vortex can be 
observed. However, the vortex contour does not start from 
zero, so the distribution range of the tip vortex should be 
larger than that shown in Fig. 1a. The region of the tip vortex 
and trailing flow analysed based on velocity loss are shown 
in Fig. 1b, which shows the region of the tip vortex, ranging 
from 0.93R to 0.99R.

Compared with single-point LDV, PIV has a  greater 
advantage for instantaneous and full-field measurement. Thus, 
it is good at measuring the complex structure of wake flow 
field around the propeller. Cotrooni [3] and Lee [14] have 
used PIV to measure the propeller wake field successfully. Paik 

et al. [15] used PIV to study the effects of a free surface on 
the wake behind a rotating propeller at a rather low Reynolds 
number. Lee et al. [13] employed PIV to investigate the flow 
characteristics of the hull wake behind a container ship model 
under different loading conditions. Most of the previous works 
using PIV pay attention to the evolution of the tip vortex in 
the wake. Results show that the tip vortex is a Rankine vortex, 
which forms a spiral vortex line behind the propeller, moves 
down along the trailing flow, and contracts steadily. The pitch 
angle of the tip vortex line increases gradually until the tip 
vortex line oscillates and disappears far downstream. These 
results have improved the Kelvin vortex model. However, there 
is little research on the evolutionary process – from free vortex 
concentration, to the formation of the tip vortex, to vortex 
shedding – which play an important role in the improvement 
of numerical models based on propeller circulation theory.

The present paper uses the advanced PIV system to study 
the characteristics of tip flow field of a DTMB-P4119 propeller 
in a large cavitation tunnel, focusing on the process of the 
concentration of free vortex into the formation and shedding 
of the tip vortex, the structure of the tip vortex, and the 
evolution of the tip vortex in the wake of flow fields. We 
hope that the present work can give insights into the design 
and optimization of propellers.

EXPERIMENTAL SETUP

The large cavitation tunnel of the China Ship Scientific 
Research Center has a  test section length of 3.2 m and 
diameter of 0.8 m. The flow speed range is from 3 to 20 m/s. 
We chose the DTMB-P4119 propeller as the test object, 
which is a right-handed propeller with three blades and hub 
diameter ratio of 0.2. The propeller does not skew or rake. 
The design load of the propeller is J = 0.833 and the diameter 
is 250 mm. The experiments were carried out under two test 
conditions, as shown in Table 1. The dynamometer installed 
on the shaft has a maximum rotational speed of 4500 rpm, 
a maximum range of thrust of 4000 N, a maximum range 
of torque of 500 N.m, and a minimum cavitation number 
of 0.5. The control parameters of this experiment are velocity 
and pressure of water, and rotational speed of propeller. The 
velocity of water and pressure are measured by the differential 
pressure transmitter through the test holes. The rotational 

Fig. 1a. Vortex strength distribution of DTRC 4119 tip vortex Fig. 1b. Velocity contour curves of the trailing vortex and tip vortex
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The present work uses a two-dimensional testing technology 
to measure three-dimensional motion; hence, there is an 
error. The error may originate from the PIV system, such as 
the laser, tracing particle, delay generator, or the camera. The 
light sheet emitted by the laser should be thin enough and the 
concentration of tracing particles in the measurement domain 
should reach a certain level to extract correct velocity vectors. 
To reduce the measurement uncertainty with respect to the two 
factors to an acceptable level, a sheet-light thickness of 1.5 mm 
and a particle diameter of about 40 μm were chosen. According 
to the principle of PIV measurement, a cross-section velocity 
field was obtained which required two camera exposures. The 
exposure time interval in test was set to 100 μs and, during the 
exposure period, the average displacement of particles in the 
two adjacent particle images was about 4–5 pixels. Taking the 
propeller speed as 23.67 rps, the propeller blades rotated 0.85° 
in the time interval of 100 μs, so that the phase resolution of 
the test was high enough compared with the angular spacing of 
120° between two adjacent blades. Other measurement errors, 
such as propeller speed and incoming flow velocity, affected 
the test results. In order to minimize measurement uncertainty, 
the value of the velocity field at the same phase was the average 
of the experimental data from 100 measurements.

ANALYSIS OF DATA

Before PIV measurement for flow fields in test conditions 
of J = 0.6, 0.833, the thrust of the propeller in the cavitation 
tunnel was measured at the advance ratio J = 0.6-1.09. Fig. 4 

speed is measured by a 1024-line grating encoder mounted 
on the shaft. The control accuracy of velocity and pressure 
is 0.5% and the rotational speed is 0.1%.

A BigSky-190 pulse laser with a maximum pulse energy of 
325 mJ/pulse and a maximum pulse repetition rate of 10 Hz 
was chosen. We adapted the laser to make sheet lighting from 
the side windows of the tunnel. The sheet-light spread along 
the horizontal axis of the tunnel, with a thickness of 1.5 mm. 
A TSI PowerView 4M camera with a resolution of 2048*2048 
pixels was used to take pictures from the observation window 
on the bottom surface of the tunnel. The test surface for taking 
pictures was 110 mm*110 mm, as shown in Fig. 2. Pine pollen 
were the chosen tracing particles, with a diameter of about 
40 μm and a density of 0.95 g/cm3. In the test, an equal phase 
signal sent by the processor of a shaft encoder was received by 
the synchronous controller, which was delayed to control the 
laser and camera. Each experiment group only took photos 
of the particles in the same phase. We set the direction of 
the flow as a positive X axis and vertical direction through 
the centre of the propeller disk as the positive Z axis. The Y 
axis was determined by the right-hand rule. The test area of 
z/R ranged from 0.37 to 1.23, and x/R from 0.28 to 0.57. As 
shown in Fig. 3, the propeller reference line was regarded as the 
zero degree of the moving coordinate system. The horizontal 
meridian plane was considered to be the zero degree of the 
stationary coordinate system. The rotation direction of the 
propeller was defined as the positive direction. The axial and 
radial velocity field of the propeller wake field within phase 
from 0° to 120° were measured every 5 degrees. The interval 
was more intensive in some regimes. The image analysis of PIV 
uses INSIGHT 3G software developed by the TSI company. 
The size of the diagnostic window was 42*42 pixels and the 
imaging coefficient was 0.053; hence, the real size was about 
2.2 mm*2.2 mm. 

Fig. 2. Measurement planes Fig. 4. Comparisons of thrust coefficient

Table 1. Test Conditions

Fig. 3. Schematics of PIV measurements for the propeller

water velocity  
(m/s)

rotational speed of 
propeller (rps)

advance ratio 
 J

1 3.544 23.67 0.600

2 3.544 17.06 0.833
a) b)
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shows the comparisons of thrust coefficient between present 
results and the open water test results [11] .These results reveal 
that the propeller thrusts in the cavitation tunnel test were 
a bit smaller than in open water when J<1.0.

In the flow field, U is the incoming flow velocity, u the axial 
velocity, v the radial velocity, and ω the vorticity. For all the 
results shown, the values of horizontal and vertical coordinates 
are the non-dimensional results by the radius of the propeller. 
Fig. 5 is the vector plot of the tip vortex flow field based on 
the experimental data. It can be seen that there is a clear spiral 
flow around the tip vortex, and the fluid is rolled-up into the 
tip vortex. We can also clearly observe from Fig. 5 that the 
propeller load is heavier, the tip vortex vector graphic becomes 
clearer, and the induced velocity is larger. 

Fig. 6 shows distribution of the axial and radial velocities 
at the phase angles defined in Fig. 3 from φ = 90° to φ = 110° 
of the cross-section x/R = 0.55, in which a tip vortex is 
captured at a phase plane of about 100°. In the range for the 
radius between r/R = 0.4 and r/R = 0.75, there is a negligible 
difference between the velocities of every phase. However, 
for 0.75<r/R<1.0, the axial and radial velocities of each phase 
are apparently different. The axial velocity of each phase at 
the tip vortex reduces sharply due to the loss of the axial 
velocity. The distribution of radial velocity near the tip 
vortex is related to the rotational direction of the vortex 
along the circumferential direction. Farther away from 
the vortex core, the mutation of induced radial velocity is 
much larger. When r/R>1.0, the velocity distribution for 

each phase gradually tends to relax. The loss of axial velocity 
slowly disappears. Axial velocity increases gradually to 
that of the incoming flow velocity, and the radial velocity 
decreases slowly to zero.

Fig. 7 shows the axial and radial velocity curves against 
the phase angle for the various radii of the cross-section at 
x/R = 0.343, which are close to the tip. The velocity jumps 
sharply on the circumference of the radii of r/R = 0.833, 0.851, 
and 0.869 during a rotation period of the propeller, caused 
by the test surface which passes through the trailing 
vortex. Comparing the axial and radial velocity curves of 
r/R = 0.833 and r/R = 0.941, there are two velocity jumps on 
the circumference during a rotation period; one is upward 
and the other is downward. At r/R = 0.851, the second upward 
protrusion begins to appear, and the protrusion becomes 
larger as the radius increases. After r/R = 0.905, the second 
protrusion quickly turns downward. With the increase of 
radius, the first protrusion becomes smaller and smaller until 
r/R = 0.941, where the first protrusion disappears. The tip 
vortex does not overlap with the trailing vortex sheet shedding 
from the blade. The measured surface passes through the 
trailing vortex sheet and the tip vortex successively, so there 
are two velocity jumps in the measurement, which is the 
cause of the occurrence of the two protrusions of velocity 
curves. [1] Based on above discussion, the influence range of 
the tip vortex can be roughly estimated by the distribution 
of double protrusions, of which the diameter is about 
d = |r0.932 – r0.0.869| = 0.063R. 

Fig. 5. Vector of tip vortex

Fig. 6. Variation of axial and radial velocities at different phases at the cross-section of x/R = 0.55

a) J = 0.833, φ = 40° b) J = 0.6, φ = 40° c) Enlargement of b
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In the experiment, we only measured the axial and radial 
velocities of the propeller wake field, and the vorticity 
component in the Z direction can be calculated as follows:

ω2 =  –        (1)

Fig. 8 shows the computed contour of vorticity. Fig. 9 
presents the vorticity contour of the tip vortex. Fig. 10 
shows part of the trailing vortex sheet. It can be seen 
from Figs. 8 and 9 that the vorticity of a trailing vortex 
increases with propeller load. At J = 0.833, the vorticity of 
the tip vortex core is 230, and at J = 0.6 increases to 270. 
The trailing vortex shedding form of the propeller trailing 
edge is obviously composed of two layers. This is primarily 
due to the existence of the boundary layer on the blade. 
The free vortex is separated into two layers with opposite 
directions. The positive vorticity extends from the blade 
tip to the propeller shaft along the trailing vortex sheet, 
and the intensity decreases gradually. The negative vorticity 
extends upward from the propeller shaft along the trailing 
vortex sheet, and the intensity decreases gradually too. At 
a certain radius, the vorticity values of both the positive 
and negative layers are equal (as shown in Fig. 9), and 

the rate change (ΔΓ · Δr–1) of the circulation along radial 
direction is at a minimum. It is in agreement with the radial 
distribution of the circulation in design theory. With changes 
in circulation, the free vortex discharges and forms a spiral 
trailing vortex surface. The discharged free vortex intensity is  
ΓFREE_VORTEX =   dr. Closer to the outer radius, 
there is a larger rate of change in the circulation along the 
radial direction and a greater intensity of the discharged free 
vortex. At the tip of the blade, the free vortex intensity reaches 
a maximum and tip vortex shedding occurs. Fig. 11 shows 
the process clearly. At phase φ = 70° and blade trailing edge 
r/R = 0.82, it can be clearly seen that a positive free vortex 
cluster begins to gather. It can also be observed that the 
free vortex slowly climbs along the blade and the intensity 
increases gradually. At phase φ = 120° and blade trailing 
edge r/R=0.97, the free vortex drops off along the blade edge 
and forms the tip vortex. Repeating again and again, the 
continuous shedding of the tip vortex forms a spiral line. 
Fig. 12 shows the distribution of the radial coordinate of 
a vortex line in the flow wake. As shown in Fig. 12, data 
points of the tip vortex between –0.1<x/R<0.1 are a little 
discrete in the shedding process. This means that the tip 
vortex fluctuates violently during the process.

Fig. 7. Velocity at different radii in cross-section of x/R = 0.343

Fig. 8. Computed contour of vorticity which shows the trailing vortex

a) Axial velocity u b) Radial velocity v

J = 0.833 J = 0.6
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CONCLUSION

Detailed measurements of the flow structure and shedding 
process of a propeller tip vortex in a cavitation tunnel were 
carried out in the present work and substantial flow field 
information was obtained. Although the analysis of the 
vorticity in the test area was only based on the axial and 
radial velocity fields, a number of characteristics of the flow 
field were obtained. The present study shows that the tip 
vortex sheds at blade trailing edge 0.97R. The influential 
range of a tip vortex in the wake is a sphere with a diameter 
of about 0.06R. The trailing vortex sheet is composed of two 
layers (positive and negative vorticity). Under the design 
load, the absolute vorticity of the positive and negative layers 
near 0.7R is equal. The quantitative data obtained from these 
experiments are useful for future propeller design.
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ABSTRACT

The self-propulsion test of underwater vehicles is the key technique for predicting and evaluating the navigation 
performance of these submersibles. In this study, the numerical simulation of a standard propeller JD7704+Ka4-70 is 
first presented and the results are compared with experiments to validate the numerical approaches. The reason why 
the propulsion efficiency of the ducted propeller is higher than that of the conventional propeller is explored. Then, the 
paper proposes a series of numerical simulations conducted to test the performance of the ducted propeller designed 
according to the JD7704+Ka4-70 in order to match with the unmanned semi-submerged vehicle (USSV), and the 
propeller’s open water characteristic curves are obtained. The results show a reasonable agreement with the regression 
analysis. Afterwards, the numerical simulations focus on a self-propulsion test of the USSV with the designed ducted 
propeller and the self-propulsion point is obtained. The streamlines through the hull as well as the ducted propellers 
are clearly obtained, together with the velocity distributions of the propeller plane. The results vividly demonstrate 
the hydrodynamic performance of the USSV with the designed propellers. In this paper, all the CFD simulations are 
based on the numerical software, Star-CCM+, and use the Reynolds-averaged Navier‒Stokes (RANS) equations with 
the shear stress transport (SST) k-omega turbulence model.

Keywords: open water test, self-propulsion test, ducted propeller, unmanned semi-submerged vehicle

INTRODUCTION

It is well known that propeller performance and efficiency 
play an essential role in marine vessels, especially in 
underwater vehicles. One of the main goals of underwater 
vehicle designers and researchers is to estimate satisfactorily 
the resistance and self-propulsion characteristics for different 
velocities [1]. Therefore, the analysis of the interaction between 
the propeller and the hull by a self-propulsion test is the 
key technology for evaluating the navigation performance 
of vessels. For this purpose, computational fluid dynamics 
(CFD), which has been widely used for simulating the flow 
around ships, can provide a more effective and efficient way to 

validate new propeller designs compared with experimental 
fluid dynamics (EFD). 

The forces acting on the propeller have been studied and 
experimentally tested for over 70 years [2]. The self-propulsion 
experiment includes a propeller open water test, a model 
resistance test and a self-propulsion test. Nowadays, research 
on self-propulsion testing focuses mainly on the study of 
surface ships. For example, Yang et al. studied the flow field 
of a KCS container ship and a KVLCC2 tanker sailing with 
a propeller and rudder [3]. Tahara et al. carried out steady 
flow analyses for the KCS model using two different RANS 
solvers [4]. The numerical results of the self-propulsion test 
showed a good agreement with the available experimental 
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results. Cheng et al. presented the CFD results of a propeller 
open water test, model resistance test and self-propulsion test 
in their paper, which has a certain reference significance in 
the field of ship design and propeller performance evaluation 
[5]. Wu et al. analysed the flow around a KCS container ship 
in the self-propulsion test, based on the volume force method 
[6]. They calculated the position of the self-propulsion point 
in two conditions, with and without the rudder, by replacing 
the role of the propeller by applying thrust and torque directly 
to the grids of the propeller’s active area. Their work verified 
the reliability of the volume force method. In the research 
by Carrica et al., they presented a method for calculating the 
self-propulsion of three different ships, namely the KVLCC1, 
the ONR Tumblehome and the KCS. The method was based 
on controlling the propeller’s rotational speed to find the 
self-propulsion point, and the computational time could 
be reduced significantly [7]. Abbas et al. presented a hybrid 
method to compute the propeller forces of the ship [8]. In 
their work, a hybrid URANS-LES model was used to calculate 
the unsteady loadings on propellers of the KVLCC2 tanker 
model. The numerical results were compared with different 
empirical estimations and showed that the hybrid method 
overestimated the thrust loading. Ponkratov et al. focused on 
full-scale CFD simulations for self-propulsion analyses [9]. 
The numerical simulations were carried out using the SST 
k-ω turbulence model. In their research, in order to get the 
final results quickly, a moving reference frame (MRF) was 
used at first, then a rigid body motion (RBM) was applied 
with a lower time step size to obtain the self-propulsion point. 

The abovementioned articles are all about self-propulsion 
studies on surface ships; however, there is relatively little 
research in the field of submerged vehicles. For example, 
Yang et al. simulated the self-propulsion test of a submarine 
model with a front vane propeller [10]. In their research, 
the self-propulsion point was obtained and self-propulsion 
factors were estimated. In [11], self-propulsion tests of the 
well-known submarine model DARPA Suboff with propellers 
in the deep-dive state and near-surface state were simulated 
separately. A seven-bladed propeller model INSEAN E1619 
was studied with the DARPA Suboff model by Chase et al. [12]. 
The results showed that the present approach is applicable for 
predicting the self-propulsion performance of submarines. 
Zhang et al. focused on a study about the interaction between 
the propeller and the submarine hull [13]. In their process of 
analysis, the free surface effects were taken into account and 
the numerical results showed a reasonable agreement with the 
experimental results. It was concluded that the free surface 
effects of a submerged vehicle have a significant impact on 
the total resistance.

However, in addition to the above articles, simulations 
focused on self-propulsion tests of unmanned semi-submerged 
vehicles (USSV) are rare. The USSV is a new type of vessel 
that differs from surface ships and underwater vehicles. When 
sailing, the hull of the USSV dives to a certain depth below the 
water surface to reduce the influence of winds and waves. The 
mast is exposed above the water surface and has the function 
of maintaining the attitude of the USSV. The GPS carried 

on the mast can realise real-time positioning, avoiding the 
need for the underwater vehicle to float to the water surface 
to correct its GPS positioning periodically, thereby reducing 
energy consumption. The hydrodynamic performance of the 
USSV is likewise different from surface ships and underwater 
vehicles. Therefore, studying the influence of the interaction 
between the hull of the USSV and the propeller is of great 
significance in order to improve the propulsion efficiency.

In this study, based on the CFD software Star-CCM+, using 
RANS equations with the SST k-omega turbulence model, 
a numerical simulation of the open water test of a standard 
propeller JD7704+Ka4-70 is first carried out. The reason why 
the propulsion efficiency of the ducted propeller is higher 
than that of the conventional propeller is explored. Then the 
CFD simulation of the ducted propeller, which is designed 
based on JD7704+Ka4-70 in order to match with the USSV, 
is performed and the characteristic curves of the propeller 
are obtained. Afterwards, the numerical simulation focuses 
on the self-propulsion test of the USSV with the designed 
propellers.

THEORETICAL FUNDAMENTALS

NUMERICAL SIMULATIONS OF PROPELLER 
ROTATIONAL MOTION

The software Star-CCM+ provides two methods for 
calculating rotational motion. They are moving reference 
frames and rigid body motion. The former is known as the 
multiple reference frame (MRF), the latter is called the sliding 
mesh (SM).

The MRF model is used for steady calculations to solve the 
implicit steady flow problem. When the fluid goes through the 
region, the domain should be divided into a rotation domain 
containing moving objects and a static domain of the external 
flow field. The rotation domain contains the motion body and 
the static domain is the outflow field, which is used to monitor 
the hydrodynamic performance. The physical quantities of 
the flow field are transmitted by setting an interface between 
the two domains. The interface is a pair of faces that exist in 
two different regions, and the shape of the interface differs 
as determined by factors such as the shape and size of the 
rotating object. Different mesh types can be used on each 
side of the interface, but the size and number of meshes on 
both sides should be of the same magnitude as far as possible, 
which is beneficial to the data transfer.

In the static domain, the flow characteristics can be 
obtained directly by solving the established motion equations 
in the geodetic coordinate system; in the rotation domain, 
a relative coordinate system having the same moving and 
rotational speed as the moving object is established in the 
region, so that the moving object is in a stationary state in 
the relative coordinate system but in a moving state in the 
geodetic coordinate system. As Fig. 1 shows below, it is moving 
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in the geodetic coordinate system, but keeping static in the 
relative coordinate. 

Fig. 1. Absolute frame and relative coordinate schematic

The SM model is used for non-stationary computation 
and solves the transient flow problem. The so-called slip grid 
ensures that when the calculation is carried out, the domain 
containing the moving object slides along the interface; this 
method can simulate the actual rotational motion, and at each 
new time step, the relative position of the grid on the interface 
is re-determined. The SM model is shown in Fig. 2 below.

Fig. 2. Sliding mesh model

The two regions in Fig. 2 are area A-B-C and area D-E-F. 
At this moment, the interface area is d-b-e-c. For example, it 
is clear that the data in the area Unit I and Unit II is delivered 
through interface b-d and b-e into Unit III [14].

PROPELLER OPEN WATER TEST

The propeller model tested in the uniform water flow 
alone is called the propeller open water test. The propeller 
open water characteristics are determined by testing the 
propeller in free inflow with different propeller advance 
ratios  = /( ). The propeller with the diameter D [m] 
is running at a constant rotation rate n [1/s], whereas the 
propeller advance velocity  [m/s] changes. The results are 
presented in normalised form as follows [15, 16]:

Thrust coefficient:

�� � ����	
�� (1)

Torque coefficient:

�� � ����	��� (2)  

Propeller efficiency:

�� � �����    (3)

where T [N] is the propeller thrust, Q [Nm] is the propeller 
torque, ρ is the density of the fluid, PT = T∙va [W] denotes the 
thrust power, PD = Q ∙  ' [W] denotes the delivered power 
and ' = 2πn [rad/s] represents the circular frequency of 
propeller revolutions.

DETERMINATION OF SELF-PROPULSION POINT

The determination of the self-propulsion point is described 
as follows: the open water test of the ducted propeller carried 
on the USSV is performed first, and after the open water 
characteristic curves of the propeller are obtained, the 
numerical simulation of the “free surface-USSV-ducted 
propeller” as a whole will be carried out to obtain propeller 
hydrodynamic coefficients according to the resistance curves 
of the USSV at different speeds. The detailed flow chart is 
shown in Fig. 3 below.

Fig. 3. Determination of the self-propulsion point
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SIMULATION OF THE DUCTED PROPELLER 
IN OPEN WATER TEST

MODEL, GRIDS AND SIMULATION CONDITIONS

In this study, a standard propeller JD7704+Ka4-70 is 
chosen first to validate the numerical simulation method. 
The model and the main parameters of the ducted propeller 
JD7704+Ka4-70 are shown in Fig. 4 and Table 1.

Fig. 4. Model of the standard propeller JD7704+Ka4-70 

Tab. 1. Main parameters of JD7704+Ka4-70

Parameters

Diameter (m) 0.25

Number of blades 4

Gap between blade and duct (mm) 1.5

Revolutions (r/s) 7.5

Reynolds number 4.8 × 105

In order to obtain CFD simulation results with sufficient 
accuracy, the initial and boundary conditions should be 
chosen carefully according to the flow problem. Due to the 
unique structure of the ducted propeller, the diameter of 
the rotation region should be limited. If the blade tip is too 
close to the boundary of the rotation region, it will affect 
the hydrodynamic performance prediction of the propeller, 
which will lead to a large calculation error. Therefore, in order 
to accurately predict the hydrodynamic performance of the 
ducted propeller, the computational domain was divided into 
three regions: the outermost stationary region, the central 
rotation region containing the propeller, and the encryption 
zone of the boundary layer around the duct. 

As shown in Fig. 5, the dimensions of the computational 
domain depend on the characteristic length of the propeller 
model, which is the diameter of the propeller defined as D. 
The static domain was a cylinder with a diameter of 5D. The 
inlet boundary was located at 2.5D ahead of the position of 
the propeller plane surface. The outlet boundary was set to 
a length of 5D behind the position of the propeller plane. The 
side of the static domain was defined as symmetry planes. 
The rotation domain was also a cylinder with a diameter 2 
mm larger than the diameter of the propeller and rotated 
around the X axis at a certain speed. The hydrodynamic 

coefficients were predicted by changing the advance speed  
of the propeller. The transfer of physical quantities between 
the rotation domain and the static domain is performed via 
the interface set between the domains.

Fig. 5. Computational domain and boundary conditions for JD7704+Ka4-70

Since the gap between the blade and duct is only 1.5 mm, 
the distance between the outer boundary of the rotation 
domain and the inner wall of the duct was set to 0.5 mm. 
The flow at the tip of the blade will become very complicated. 
So capturing the flow field at the tip of the blade accurately 
is crucial. Therefore, the mesh of the blade tip area needs 
to be very refined. The approach is  set to a ring-shaped 
grid encryption zone containing the blade tip gap at the 
corresponding position, as shown in Fig. 6. The encryption 
zone needs to exist in both domains at the same time, so 
that it not only ensures a uniform mesh size on the interface 
of the two domains, but also guarantees the grid generation 
of the boundary layer around the duct. 

Fig. 6. Grid encryption zone around the blade tip gap

At the same time, the mesh was refined at the leading edge, 
the trailing edge and the blade. The base size of the grids on 
the blade and the duct was set to 6‰D. It must be ensured 
that the mesh sizes on the interfaces of the two domains are 
of the same order of magnitude and as equal as possible so 
as to be more conducive to the smooth transfer of physical 
quantities. Moreover, two different sizes of cylinder-shaped 
grid encryption areas were arranged near the propeller in the 
static domain to describe the flow field around the propeller, as 
shown in Fig. 7. It is easily seen that the grids transit smoothly 
from the blade surface to the static domain.
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encryption area 1

encryption area 2

Fig. 7. Refined mesh of the propeller and the interface

The number of grids and nodes are listed in Table 2.
Tab. 2. Grid and node numbers

Grids Nodes

Rotation domain 1294307 1697505

Static domain 1625822 2031813

Total 2920129 3729318

Fig. 8 shows the surface grids of the blade and the duct. The 
grid distribution on the propeller’s blade is clearly displayed. 
The mesh sizes of the blade surface and the mid-leaf area are 
larger than the grid size of the leading edge and the trailing 
edge. For the surface mesh of the duct, the size near the blade 
tip gap is small, and the mesh between two regions transits 
smoothly.

Fig. 8. Blade and duct mesh size

The boundary conditions were given as follows: the inlet 
was a given uniform flow inlet boundary condition; the outlet 
was defined as a pressure outlet; the side of the static domain 
was given as a symmetry plane boundary condition. The 
coordinate system conformed to the right-hand rule, the 
origin was set at the centre of the propeller plane surface, 
and the X axis was set to positive in the opposite direction 
to the flow. 

The initial flow field was calculated using the SM method, 
then, when the field was fully developed, the MRF method 
was used alternately, which facilitates the convergence of the 
calculation [17]. When using the MRF method for steady 
analysis, the flow can be considered as an absolutely uniform 
flow without considering the influence of gravity. However, 

when using the SM method for unsteady analysis, in order to 
be able to simulate the rotation under actual conditions, the 
influence of gravity should be taken into account. 

NUMERICAL RESULTS AND ANALYSIS

Fig. 9. Convergence history of the propeller open water curves when J=0.4

Fig. 9 above shows the convergence history of the 
hydrodynamic coefficients of JD7704+Ka4-70 when J is equal 
to 0.4. When the method is changed from SM to MRF, there 
is a small jump in the coefficient curves. Since there is already 
a fully developed flow field around the propeller before the 
method is changed, it can quickly stabilise in the subsequent 
calculation.

Fig. 10. Open water characteristic curves of JD7704+Ka4-70
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As can be seen from Fig. 10 above, in the case of a given 
uniform flow, the numerical calculation results obtained by 
using SM for the unsteady method calculation have slightly 
larger errors than the results obtained by the MRF steady 
algorithm. Because the test was carried out in a uniform flow, 
which was a steady situation, it is not necessarily applicable 
for the unsteady method. It also shows that the SM method 
requires a higher grid quality than the MRF method. In 
the case of high advance coefficients, the deviation of the 
calculated values and test values is larger. And it is worth 
noting that when J is equal to 0.8 and 0.9, the errors of KT, 
KTN and 10KQ obtained by the two methods are large, and 
all in the range of 10‒15%. On the other hand, the error of η 
does not exceed 6% throughout this process.

Fig. 11. Wake streamline scalar when J=0.4

Fig. 11 above shows the wake streamline scalar of 
JD7704+Ka4-70 when J is equal to 0.4. It can be seen that 
the flow in the field is accelerated to the downstream under 
the action of the blade. The rectification effect of the duct 
makes the streamline flowing through the propeller more 
concentrated, which is the reason why the propulsion 
efficiency of the ducted propeller is higher than that of the 
conventional propeller.

(a) pressure side   (b) suction side

(c) pressure side (d) suction side

Fig. 12. Pressure distributions on blade when J=0.4: MRF (upper diagram), 
SM (lower diagram)

As shown in Fig. 12 above, on the pressure side of the 
propeller, the leading edge is a high pressure zone, which is 
the main area of the thrust formation. The high velocity in 
the gap between the blade and duct causes the blade tip and 
the trailing edge to be the low pressure zone, which is an 
important feature of the flow field inside the ducted propeller. 
And on the suction side, there is a wide range of low pressure 
zone in this area, which is mainly concentrated on the leading 
edge and the mid-area at the back of the propeller blade. This 
low pressure zone is not weakened at the blade tip like other 
conventional propellers, but extends to the inner surface of 
the duct, as shown in Fig. 13 below.

(a) MRF method (b) SM method

Fig. 13. Pressure distributions on duct when J=0.4

In Fig. 13, there is a low pressure zone at the tip of the blade, 
which is due to the suction effect on the upstream region 
caused by the rotation of the propeller. Likewise, the speed 
of the external flow is much slower than that inside the duct, 
and the pressure on the outer surface of the duct is larger than 
that of the inner wall, which is also the cause of the thrust.

SIMULATIONS OF THE DESIGNED DUCTED 
PROPELLER

MAIN PARAMETERS

According to related references and propeller design 
handbooks [18], the ducted propeller matched with the 
USSV is designed based on the standard propeller model 
JD7704+Ka4-70. Its main parameters are shown below in 
Table 3.
Tab. 3. Main parameters of the designed ducted propeller

Parameters

Diameter (mm) 92

Number of blades 4

Gap between blade and duct (mm) 1.5

Reynolds number 5.3 × 105

NUMERICAL RESULTS AND ANALYSIS

For the steady numerical simulation of the designed ducted 
propeller carried on the USSV, the same grid scheme and 
boundary conditions as in the previous section were applied, 
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using the MRF method and with a propeller revolving speed 
of 68 r/s without considering the influence of gravity. The 
calculation results are compared with the regression analysis 
results given in the design manual [18].

Fig. 14. CFD simulations and regression analysis results

Fig. 14 above shows the CFD steady simulation results 
compared with regression analysis results when the advance 
coefficient J is from 0.1 to 0.7. The error of KT and 10KQ 
increases gradually with the increase of J. The error of KT does 
not exceed 10%, while the error of 10KQ increases obviously. 
When J is equal to 0.7, the maximum error reaches 16.934%. 
The changes of η and KT are relatively small and the maximum 
error is less than 8.6%.  

The hydrodynamic coefficients obtained by the 
regression analysis are based on the experimental tests and 
are a polynomial of the propeller pitch and the advance 
coefficient. The diameter of the test propeller is 250 mm 
and the gap between the blade and duct is 1.5 mm, while 
the diameter of the designed ducted propeller used on the 
USSV is 92 mm with the same gap. The internal flow of the 
gap is complicated, so there are certain scale effects, which is 
the main reason for the errors between the CFD simulation 
results and regression analyses.

It can be seen from Fig. 15 that Y+ < 200 when J is from 
0.1 to 0.7, and meets the requirements of the solver for the 
simulation of the flow near the wall using the SST k-ω 
turbulence model.

a) J=0.1

b) J=0.4

c) J=0.7

Fig. 16. Velocity distributions and wake streamline scalars of the designed 
ducted propeller

Pressure
side

Suction
side

J 0.1 0.2 0.3 0.4 0.5 0.6 0.7

Fig. 15. Wall Y+ distribution of the blade
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As can be seen from Fig. 16, the velocity distributions of the 
flow field in the mid-longitudinal section of the propeller are 
completely symmetrical with respect to the upper and lower 
sections along the axis of the shaft, regardless of the influence 
of gravity. The wake fields of the propeller are relatively regular 
and smooth, and with the increase of the advance ratios, the 
rectification effect of the duct on the propeller wake flow is 
more obvious. The wake flow streamlines are constrained 
to the cylinder area where the duct is located. So the thrust 
efficiency also increases.

SIMULATION OF THE SEMI-SUBMERGED 
VEHICLE SELF-PROPULSION TEST

After performing numerical simulations of the open water 
test of the USSV-matched ducted propeller, the simulation 
of the self-propulsion test of the USSV is carried out using 
a straight-line moving attitude without inclination, and the 
self-propulsion point is obtained.

MODEL, GRIDS AND SIMULATION CONDITIONS

The model of the USSV with full appendages is shown 
in Fig. 17 below. The X axis is aligned with the propeller 
shaft, pointing to the bow of vehicle. The Y axis points from 
starboard to port and the Z axis points from bottom to top.

Fig. 17. Model of the USSV with full appendages

The simulation boundary conditions of the USSV self-
propulsion test were set as follows: the computational domain 
was also divided into two different domains, one was a static 
domain containing the USSV and the other was a rotation 
domain including the ducted propeller. The left side of the 
static domain was defined as the pressure outlet and the other 
boundaries were all set as velocity inlets, given the uniform 
flow at the corresponding speed. The calculation domain 
is shown in Fig. 18. The dimensions of the computational 
domain depend on the characteristic length of the ship 

model, which is the overall length of the USSV defined as L. 
The inlet boundary was located 1L ahead of the USSV’s 
forward perpendicular, the outlet boundary 3L behind the 
aft perpendicular, and the side boundaries which were also 
velocity inlet boundaries were 1.5L to the mid-longitudinal 
section of the USSV.

Fig. 18. Computational domain and boundary conditions for self-propulsion 
test

The calculation condition was chosen as the speed 
V=5 knots, the draft T=600 mm, and the corresponding 
resistance of the USSV in calm water can be found in [19]. 
In the propeller model open water test, when the immersion 
depth of the propeller shaft is greater than 1.5D (D is the 
diameter of the propeller), the influence of the free surface 
is negligible [20]. In this section, the shaft immersion depth 
is 5.67D, which is much larger than 1.5D. So the free surface 
effect on the propeller can be ignored. The numerical grids 
of the self-propulsion test computation are shown in Fig. 19.

Fig. 19. Numerical grid of self-propulsion test computation

NUMERICAL RESULTS AND ANALYSIS

When the velocity is 5 knots and the draft is 600 mm, the 
total resistance of the USSV in calm water is 107.5 N. Setting 
the initial thrust deduction coefficient t0 equal to 0.11, the 
maximum efficiency point KT is 0.2425. At this moment, the 
initial speed N0 is 59.015 r/s. It is proposed to determine the 
self-propulsion point by changing the propeller revolving 
speed to get the thrust of the propeller and resistance of the 
USSV in calm water. The free surface waves of the USSV in 
calm water are shown in Fig. 20.
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Fig. 20. Free surface waves of the USSV in calm water

It can be seen from Fig. 20 above that, when the USSV sails 
near the free surface, a series of Kelvin waves are generated on 
the free surface. At the same time, there is a clear interaction 
between the free surface and the mast of the USSV. It can be 
seen from Fig. 20 that there is a significant deformation of 
the water surface at the position where the mast is in contact 
with the free surface.
Tab. 4. Thrust and resistance at different rotational velocities

N/rps V/kn D/mm J Resistance/N Thrust/N
59.015 5 92 0.4737 78.00 98.59
55.000 5 92 0.5083 76.31 82.41
52.500 5 92 0.5325 75.41 73.05

According to the simulation process shown in Fig. 3, the 
corresponding thrust and resistance are shown in Table 4 
above. In the light of the resistance and total thrust at different 
advance ratios J, two lines are drawn in Fig. 21 below, where 
the intersection point is the required self-propulsion point.

Fig. 21. Self-propulsion point

When the thrust is equal to the resistance, the self-
propulsion point is obtained. At this moment, the thrust and 
the resistance is 75.58 N, the advance coefficient J is 0.5258, 
and the thrust deduction coefficient t0 is 0.2888.

Fig. 22. Wake streamline scalar of the self-propulsion test

Fig. 22 shows the shape of the wake flowing through the 
hull and the propeller when the revolutions of the propeller 
equal 55 r/s. It can be clearly seen that the suction effect of the 
upstream fluid by the propeller, and the fluid in front of the 
propeller is accelerated to the downstream. Compared with 
the result of the propeller open water simulation, the wake 
flow is no longer constrained to a cylinder area where the 
duct is located, but tends to spread out at a certain distance 
behind the propeller, and the wake flow is partially close to 
the free surface under the interaction of the hull, appendages 
and the free surface.

(a) velocity distribution of the propeller at x/D = 0.4 from the propeller plane

(b) velocity distribution at the propeller plane

(c) velocity distribution of the propeller at x/D = -0.4 behind the propeller 
plane

Fig. 23. Velocity distributions at the propeller plane when n=55r/s

Fig. 23 above shows the velocity distributions at three 
different planes of the ducted propeller. The upper diagram 
is the upstream velocity distribution at the distance x/D = 0.4 
from the propeller plane. The middle diagram is the velocity 
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distribution at the propeller plane. And the lower diagram is 
the downstream velocity distribution behind the propeller 
plane at x/D=-0.4. It can be seen from the figure that the 
fluid flowing through the hull of the USSV causes an 
inhomogeneity in the flow field in front of the propeller, so 
the velocity distribution at the propeller plane is also non-
axisymmetric, which has a certain negative effect on the 
propulsion efficiency, and this can also result in increased 
noise and vibration of the propeller.

CONCLUSIONS

The paper embodies a series of numerical simulations of 
the propeller open water test and the self-propulsion test 
of an unmanned semi-submerged vehicle (USSV), using 
the CFD software Star-CCM+ and the RANS equations 
combined with the SST k-omega turbulence model. In order to 
validate the numerical approach, a standard propeller model 
JD7704+Ka4-70 was used to perform the simulations of an 
open water test and the CFD results were compared with 
the experimental results to evaluate the numerical method. 
The results showed a reasonable agreement, indicating the 
feasibility and effectiveness of the technique in the simulations. 

Afterwards, simulations of a ducted propeller designed 
based on the standard propeller model JD7704+Ka4-70 were 
carried out. The ducted propeller was designed to match 
with the USSV and the open water characteristic curves were 
obtained. The hydrodynamic coefficients were calculated and 
the wake streamlines of the ducted propeller were vividly 
obtained. The reason why the propulsion efficiency of the 
ducted propeller is much higher than the conventional 
propeller was gained from the diagram of streamlines.

Finally, a simulation of the self-propulsion test of the USSV 
with the designed ducted propeller was conducted. The self-
propulsion point was obtained by making the resistance equal 
to the thrust when the velocity was defined as 5 knots and 
the draft was 600 mm. At this moment, the thrust deduction 
coefficient t0 is 0.2888. The wake flow streamlines and the 
velocity distributions at different propeller planes were also 
simulated.

However, in the simulation of the self-propulsion test of 
the USSV, asymmetric velocity distribution at the propeller 
plane caused increased noise and vibration, thus affecting 
the propulsion efficiency and reducing the lifespan of the 
propeller. This adverse impact needs to be addressed in future 
works.
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ABSTRACT

Hydraulic cylinders play a vital role in the energy output (PTO) system of an oscillating float-type wave energy 
converter, whose function is to convert the mechanical energy captured by the float from the waves into hydraulic 
energy. The performance of the hydraulic cylinder determines the conversion efficiency of mechanical energy to 
hydraulic energy in the system; therefore, it is necessary to study the working mechanism of the hydraulic cylinder. 
This paper takes a self-developed oscillating float-type wave energy converter as the research object, and studies the 
working mechanism of its hydraulic cylinder, and uses the linear analysis method to derive the critical self-excited 
vibration curve of the hydraulic cylinder. In addition, the effects of the external load, hydraulic cylinder load mass, 
stroke length, spring stiffness and piston area on the performance of the hydraulic cylinder were studied by AMESim 
simulation software. According to the simulation results, a physical model of the hydraulic cylinder is established. 
Finally, the physical model is tested in a hydrodynamic pool. The test results show that the hydraulic cylinder can stably 
and efficiently convert mechanical energy into hydraulic energy even under small waves, thus verifying the rationality 
of the hydraulic cylinder design.

Keywords: wave energy converter,hydraulic cylinder,AMESim simulation,model experiment

INTRODUCTION

Ocean energy is a clean and renewable energy source. It 
is estimated that the global ocean energy reserves are about 
75 billion kW, of which the wave energy that can be developed 
is 2 to 3 billion kW [1]. In remote islands, wave power 
generation costs less than $0.05/(kW.h) under medium waves, 
while traditional power generation costs are typically greater 
than $0.19/(kW.h) [2]. Therefore, in terms of powering islands 
and offshore facilities, wave power generation can solve the 
high cost problems caused by inconvenient transportation 
compared with thermal power and hydropower.

At present, there are many types of oscillating float-type 
wave energy converters that, according to the transmission 
mode, can be divided into mechanical transmission and 
hydraulic transmission [3]. Compared with mechanical 
transmission, hydraulic transmission has the advantages 
of a low accident rate, stable transmission, convenient 
speed regulation and a large power-to-volume ratio [4]. 
Therefore, most wave energy converters have been hydraulic 
transmissions in recent years. Hydraulic cylinders are an 
important part of the hydraulic transmissions system. Their 
function is to convert the mechanical energy captured by the 
float from the waves into hydraulic energy.
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The development and research of wave energy converters 
is a multidisciplinary and complex problem involving 
computational fluid dynamics, hydraulic transmission, 
ocean engineering, control theory and mechanical design 
and manufacturing and so on [5]. 

At present, research hotspots on f loat-type wave 
energy converters mainly focus on the following aspects: 
1) Hydrodynamic performance of a float-type wave energy 
converter. Falnes [6] discusses in detail the basic theory of 
vibration systems and, based on the theory of linear waves, 
studies the interaction between waves and wave energy 
converters. Martins and Mei [7] conducted a theoretical study 
of the hydrodynamic characteristics of typical wave energy 
converters based on the basic theory of wave kinematics, 
including oscillating water column wave energy converters 
and float-type wave energy converters. 2) Mutual interference 
between the float-type wave energy converters. The wave 
energy captured by a single wave energy converter is relatively 
small, so arranging multiple float-type wave energy converters 
to form a farm is an inevitable trend in the future, which 
leads to the problem of the interaction between multiple 
floating bodies. Thomas and Evans [8] summarise the basic 
characteristics of the wave energy converters farm and find 
that beneficial interference and harmful interference between 
the wave energy converter floats occur simultaneously. 
Haren and Mei [9] theoretically studied the hydrodynamic 
characteristics of parallel-arranged float-type wave energy 
converters facing the waves on the front side. 3) The control 
problem of float-type wave energy converters. When the wave 
frequency is close to the natural frequency of the system, 
resonance occurs, and the conversion efficiency of the wave 
energy converter reaches a maximum. Falnes [10] found 
through theoretical analysis that the velocity of the float and 
the exciting force are also in the same phase when resonance 
occurs. Therefore, when designing a wave energy converter, 
the natural frequency should be as close as possible to the 
peak frequency of the ocean wave spectrum. Falcao et al. 
[11] first proposed a latching control method to improve the 
energy conversion efficiency of an oscillating wave energy 
converter. Later, many scholars have studied phase control 
through numerical models or model tests. 4) Storage and 
transportation of electrical energy. The float-type wave 
energy converter is usually far from the mainland, and the 
final purpose of the electric energy generated is to be sent to 
the mainland for residents to use. Therefore, many scholars 
have studied how to safely and efficiently deliver electrical 
energy. Lai et al. [12] found that the use of accumulators and 
a hydraulic energy grading control system can effectively 
convert unstable wave energy into stable hydraulic energy, 
thus obtaining a stable output power.

However, hydraulic cylinders, which are an important part 
of the hydraulic transmission systems, are rarely publicly 
studied and there are few related physical experiments either. 
The reason is that the design of the hydraulic cylinder is a core 
technology in the wave energy converter [13]. This article 
focuses on the study of the working mechanism of hydraulic 
cylinders to optimise the performance of hydraulic cylinders.

The first section of the article introduces the composition 
and working principle of the float-type wave energy converter; 
the second section introduces the composition and working 
principle of the hydraulic cylinder, and uses the linear analysis 
method to derive the equation of motion of the hydraulic 
cylinder; the third section is based on the working principle 
of the hydraulic cylinder, using AMESim to establish 
a simulation model and analyse the factors affecting the 
performance of the hydraulic cylinder; the fourth section 
is to establish the physical model of the hydraulic cylinder, 
and carry out model experiments on the hydraulic cylinder 
in the laboratory pool. The fifth section is the conclusion.

WORKING PRINCIPLE OF THE 
OSCILLATING FLOAT-TYPE WAVE ENERGY 

CONVERTER
Fig. 1 is an oscillating float-type wave energy converter. 

The device uses a tripod-type offshore platform as a technical 
carrier, and realises continuous and stable conversion of wave 
energy into electric energy through a three-stage energy 
conversion mechanism. In the first stage the float moves 
under the action of waves to complete the conversion of 
wave energy to mechanical energy; in the second stage the 
wave rack meshes with the group cylinder to complete the 
conversion of mechanical energy to hydraulic energy; in the 
third stage hydraulic energy is stably converted to electric 
energy by storing hydraulic energy and adjusting the speed 
of the hydraulic motor.

seabed

pile feet

operating platform

float

crank

group hydraulic cylinder
hydraulic motor

wave rack

hydraulic accumulator

wave

generator

Fig. 1. Oscillating float-type wave energy converter

In the process of converting mechanical energy into 
hydraulic energy, the device uses the technology of wave 
rack + group hydraulic cylinder, as shown in Fig. 2. The 
hydraulic cylinders are driven by the up and down movement 
of the wave rack, so that the group hydraulic cylinder can 
fully absorb the wave energy and eliminate the impact of 
wave disturbance, thereby achieving a smooth and efficient 
conversion of the mechanical energy to hydraulic energy.
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Fig. 2. Wave rack + group hydraulic cylinder

COMPOSITION AND WORKING PRINCIPLE 
OF HYDRAULIC CYLINDER

The hydraulic cylinder is composed of a spring, a piston, 
a piston rod, a cylinder casing, an inlet pipe, an outlet pipe, 
a check valve, etc., and its structure is shown in Fig. 3. In 
addition, there is a check valve at the inlet pipe and the outlet 
pipe respectively, so that the hydraulic oil in the oil tank 
can only flow in from the inlet pipe and flow out from the 
outlet pipe.

Stroke length
output

input

Spring

Oil tank

Cylinder housingpiston
Piston rodWavy rack

Q

Fig. 3. Hydraulic cylinder structure

The working principle is as follows: the wave rack moves 
up and down, thereby pushing the piston rod to move left and 
right. When the piston rod moves to the right, the check valve 
at the inlet is closed, the check valve at the outlet is opened, 
and the pressure in the hydraulic cylinder is increased, so that 
the hydraulic oil flows out of the outlet pipe. When the piston 
rod moves to the left, the check valve at the inlet is opened, 
the check valve at the outlet is closed, and the pressure in the 
hydraulic cylinder is reduced, so that the hydraulic oil flows 
in from the inlet pipe.

The hydraulic cylinder belongs to the mass spring system 
in principle [14] but, added to the constraints of the hydraulic 
oil and the cylinder housing, its working mechanism therefore 
becomes more complicated. In the system, the inclination 

angle of the wave rack is . Suppose the wave is a linear 
regular wave with an angular frequency of . When the float 
is subjected to a wave force of fcos t , then the piston rod 
receives a force of fcos tcos sin . Therefore, the equation 
of motion of the piston is:

Fcos = mx+ gx+ kx+ pSt   (1)

where: m is the sum of the mass of the piston rod and the 
piston, here referred to as the load mass;  is the damping 
coefficient; k is the spring stiffness; p is the internal pressure 
in the hydraulic cylinder; S is the cross-sectional area of 
the piston; F=fcos sin  is the maximum external force 
received by the piston rod.

During the movement of the piston to the right, the 
internal pressure p in the hydraulic cylinder is proportional 
to the external load F. Therefore, when the other parameters 
are constant, it can be assumed that the maximum pressure 
is P, then p=Pcos t .

Order: 2
0

k
m

; 2
m

; 0
F-PS =f

m
Then Eq. (1) becomes:

 2
0 0x+2 x+ x=f cos t  (2)

When the damping is small, the general solution of 
the equation is a general solution corresponding to the 
homogeneous equation plus a special solution [15].

 
2 2

0 0 0x=A cos( ) cos( )te t A t (3)

where the first term is a transient function, which tends to 
zero after a period of time. A0 and 0  are integral constants, 
determined by initial conditions; the second term is a stability 
function.

Ie:

x= cos( )A t  (4)

Bringing Eq. (4) into Eq. (1), we get:

0

2 2 2 2 2 2 2 2 2
0

f F-PS= =
( ) 4 (k m ) 4

A (5) 

1
2 2
0

2tan (6)

It can be seen from the above formula that the piston 
motion is a combination of damped vibration and cosine 
vibration. After a period of time, the damped vibration tends 
to zero, and the motion period is the period of the external 
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load. The amplitude and initial phase of the piston motion 
are not only related to the initial conditions, but also to the 
frequency and amplitude of the external load. When the 
frequency of the external load is close to the natural frequency 
of the system, its vibration amplitude reaches a maximum. 

Resonance frequency: 2 2
0= -2  

Resonance amplitude: 0

2 2
0

f
=

2
A  

Damping 0

S mall damping

Large damping

A

W 0
Wave frequency

Fig. 4. Self-excited vibration curve

The smaller the damping coefficient, the closer the 
resonance angular frequency is to the natural frequency of the 
system, and the larger the resonance amplitude. In addition, 
the resonance amplitude is also related to the external load, 
load mass, stroke length, spring stiffness, and piston area.

SIMULATION AND ANALYSIS

According to the working principle of the hydraulic 
cylinder, the simulation model is built by AMESim software, 
as shown in Fig. 5, where “1” can produce sine function 
values Fcos( t)   of different frequencies and sizes. By “2”, 
the function value in “1” can be converted to the function 
value Fcos( t)   that the piston is subjected to. Finally, the 
simulated force on the piston rod can be obtained by “3”.

The correct model structure is a prerequisite for studying 
the effects of the external loads, load mass, stroke length, 
spring stiffness and piston area on the hydraulic cylinder. 
Other parameters of the model are shown in Table 1.

Tab. 1. Other main parameters of the mode

Model Parameter
Check valve Opening pressure 0.1 MPa
Accumulator Maximum volume 20 L
Overflow valve Opening pressure 10 MPa
Variable motor Speed 500 r/min
Viscous friction coefficient 0.1Nm/(rev/min)

EFFECT OF EXTERNAL LOAD ON PERFORMANCE 
OF CYLINDER

When the angle of inclination of the wave rack is 
determined, the magnitude of the external load on the piston 
rod depends on the force acting on the float by the waves. 
In the model, different forces acting on the piston rod can 
be simulated by changing the F value in “1”. Fig. 6 shows the 
performance analysis of hydraulic cylinders under different 
external loads.

(a) Flow and pressure at different external loads

(b) Piston displacement and internal pressure of cylinder at different 
external loads

Fig. 6. The effect of different external loads on cylinder performance

Q

q

k

1. Signal source; 2. Function conversion; 3. Function value is converted into force; 4. Hydraulic cylinder; 5. Oil tank; 6. Check valve; 7. Accumulator; 8. Shut-off 
valve; 9. Overflow valve; 10. Throttle valve; 11. Flow sensor; 12. Pressure sensor; 13. Hydraulic motor; 14. Generator 

Fig. 5. AMESim model of hydraulic system
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Fig. 6(a) shows that as the external load increases, the flow 
and pressure entering the “13” hydraulic motor also gradually 
increase, and both exhibit a certain linear relationship with 
F. This indicates that the output power of the hydraulic 
system and the magnitude of the external load approach the 
square relationship. Fig. 6(b) shows that as the external load 
increases, the displacement amplitude A of the piston and the 
internal pressure P in the hydraulic cylinder also gradually 
increase, and both exhibit a linear relationship with F. This 
linear relationship between F and A verifies the correctness 
of the P-value hypothesis during the piston motion curve 
derivation process. This linear relationship between F and 
A verifies the correctness of Eq. (5).

EFFECT OF STROKE LENGTH ON PERFORMANCE 
OF CYLINDER

Fig. 7 shows the performance analysis of the hydraulic 
cylinder under different stroke lengths when F=10000 N.

(a) Flow and pressure at different stroke lengths

(b) Piston displacement and internal pressure of cylinder at different 
stroke lengths

Fig. 7. The effect of different stroke lengths on cylinder performance

Fig. 7(a) shows that, when the external force and other 
conditions are constant and the stroke length is less than 
28 cm, the flow and pressure entering the hydraulic motor 
increase as the stroke length increases. When the stroke 
length is greater than 28 cm, the flow and pressure into the 
hydraulic motor will no longer increase as the stroke length 
increases. This shows that when the external load and other 
conditions are constant, the piston movement has a maximum 
amplitude; when the stroke length exceeds this amplitude, 
the performance of the hydraulic cylinder will not change. 
Fig. 7(b) shows that the maximum displacement of the piston 
motion is 0.28 m. When the stroke length is less than 0.28 m, 

the stroke length limits the movement of the piston; when the 
stroke length is greater than 0.28 m, the increase in stroke 
length has no effect on the piston movement. And when the 
stroke length is greater than the maximum displacement of 
the piston, the increase in stroke length does not affect the 
change in the internal pressure of the cylinder.

EFFECT OF LOAD MASS ON PERFORMANCE 
OF CYLINDER

Fig. 8 shows the performance analysis of the hydraulic 
cylinder under different load masses when F=10000 N.
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(a) Flow and pressure at different load weights
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(b) Piston displacement and internal pressure of cylinder 
at different load weights

Fig. 8. The effect of different load weights on cylinder performance

Fig. 8 shows that when the external force and other 
conditions are constant, as the load mass increases, the 
flow and pressure entering the “13” hydraulic motor tend 
to increase as a whole, but the amplitude does not change 
much. This shows that the load mass has little effect on the 
performance of the hydraulic cylinder. Fig. 8(b) shows that 
as the mass of the load increases, the displacement of the 
piston also increases, but the amount of change is not large. 
The reason is as shown in Eq. (5); when the coefficient k of 
the spring stiffness is large and the value m of the load mass 
is small, the piston displacement A does not change much as 
the load mass m increases. In addition, when the load mass is 
small, its influence on the internal pressure of the hydraulic 
cylinder can be neglected.
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EFFECT OF SPRING STIFFNESS ON PERFORMANCE 
OF CYLINDER

Fig. 9 shows the performance analysis of the hydraulic 
cylinder under different spring stiffness when F=10000 N.

(a) Flow and pressure at different spring stiffness
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(b) Piston displacement and internal pressure of cylinder at different 
spring stiffness

Fig. 9. The effect of different spring stiffness on cylinder performance

Fig. 9 shows that when the external force and other 
conditions are constant, as the spring stiffness increases, 
the flow and pressure entering the “13” hydraulic motor tend 
to decrease as a whole. When the spring stiffness is less than 
3000 N/m, the flow and pressure remain the same or the 
downward trend is small; but when the spring stiffness is 
greater than 3000 N/m, the flow and pressure decrease rapidly. 
The reason is that when the spring stiffness is greater than 
3000 N/m, the piston displacement remains substantially the 
same but the spring stiffness increases linearly. According to 
the conservation of energy [16] and the spring potential energy 
formula 21E = k

2P x , when the work done by the external force 
is constant, the rapid increase of the spring potential energy 
must cause the hydraulic energy to decrease rapidly. When the 
spring stiffness is less than 3000 N/m, the spring displacement 
decreases rapidly with the increase of the spring stiffness, at 
which time the external force work and the spring potential 
energy are reduced, so that the hydraulic energy is maintained 
in a relatively stable range.

EFFECT OF PISTON AREA ON PERFORMANCE 
OF CYLINDER

Fig 10 shows the performance analysis of the hydraulic 
cylinder under different piston areas when F=10000N.

(a) Flow and pressure at different radius

(b)Piston displacement and internal pressure of the cylinder at different radius

Fig. 10. The effect of different piston area on cylinder performance

Fig. 10 shows that when the external force and other 
conditions are constant, as the piston area increases, the 
flow and pressure entering the “13” hydraulic motor first 
increase and then decrease. When the piston radius is equal 
to about 40 mm, the flow and pressure entering the “13” 
hydraulic motor reach a maximum. When the piston radius 
is 20 mm and 40 mm respectively, the flow and pressure of 
the latter are twice as high as the former. This shows that the 
piston area has a great influence on the performance of the 
cylinder. In addition, as the piston area increases, the piston 
displacement gradually decreases; the internal pressure in 
the cylinder first increases and then decreases. The flow and 
pressure change trend of entering the “13” hydraulic motor 
is consistent with the change trend of the internal pressure 
in the cylinder.

OPTIMISED DESIGN OF HYDRAULIC 
CYLINDER

According to the above simulation results, the load mass 
has little effect on the performance of the hydraulic cylinder, 
which is mainly affected by the stroke length, spring stiffness 
and piston area. In addition, the parameters of the stroke 
length, spring steel, and piston area are constrained by 
external loads. Therefore, the choice of these parameters is 
first determined by different sea conditions. In order to verify 
the accuracy of the simulation results, a hydraulic cylinder 
was designed according to the characteristics of the waves in 
the hydrodynamic pool (small waves). The parameters of the 
components of the hydraulic cylinder are shown in Table 2.
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Tab. 2. Hydraulic cylinder parameters

Component Parameter
Spring stiffness 3000 N/m
Stroke length 50 cm

Load mass 20 kg
Piston radius 40 mm

EXPERIMENT AND RESULT 
ANALYSIS

According to the optimised design of the hydraulic cylinder 
above, in order to further study the actual performance 
of the hydraulic cylinder under small waves, the physical 
model of the device is established as shown in Fig. 11. When 
the device is in operation, the output power of the device’s 
electrical energy can be obtained by measuring the current 
and voltage of the generator. In addition, the wave power per 
unit wavelength width can be calculated from the wave height, 
frequency, and water depth. Thereby, the energy conversion 
efficiency of the device can be calculated.

Fig. 11. Physical model of the device

Fig. 12 shows the output power of the device’s electrical 
energy at 0.24 m and 0.30 m wave height respectively.

Fig. 12. Physical model of the device

From Fig. 12, we can draw the conclusion that with the 
wave rack + group hydraulic cylinder technology, the device 
finally obtains a stable output power even under small waves. 
At a wave height of 0.24 m, the output power of the device 

is 70 W. At a wave height of 0.30 m, the output power of the 
device is 120 W.

EFFICIENCY EVALUATION OF DEVICE

In a linear regular wave, the surface equation of the wave 
is [17]:

0 ( , ) cos( )
2
Hx t kx t    (7)

where H is the wave height; if the mass of the fluid per unit 
width is dm, the potential energy of the fluid in the unit 
width is:

g    (8)

where 
1 ( )
2  is the barycentre height of the fluid and h 

is the water depth.
Thus, the average potential energy of the wave over the 

unit width is:

2
g

1 ( )
2

x
px

   (9)

Bringing Eq. (7) into Eq. (9), the potential energy of the 
wave can be derived as:

21
16p    (10)

where λ is the wavelength,
where

2 2
2

  (11)

In a regular wave, the kinetic energy dEk of the fluid mass 
dm can be expressed as:

2 2 2 21 1( ) ( )
2 2k    (12)

where u is the horizontal fractional velocity of the water 
particles:

sinh ( ) cos( )
2 sin

   (13)

v is the vertical fractional velocity of the water particles:

sinh ( ) sin( )
2 sin

    (14)

Bringing Eqs. (13) and (14) into Eq. (12), we get:

   

2

2

11 (cosh 2 ( )
2 22 cos

1cos 2( ))
16

x
k

 (15)
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Therefore, in unit width, the total energy of the wave within 
a wavelength is equal to the sum of the potential energy and 
kinetic energy of the wave, namely:

2 2 2
g

1 1 1
16 16 8k  (16)

The total power of the wave in unit width is:
2

0 8
P   (17)

The total power of the wave on the width of the float is:
2

wave 8
P B   (18)

1
2g tanh(kh)

k
C  (19)

where c is the wave propagation velocity; k is the wave number; 
T is the wave period; B is the width of the float.

In addition, the solution of the wave number k is derived 
from the formula:

2

ktanh(kh)
g

  (20)

When the wave period is 2.5 s and the water depth is 3.5 m, 
the wave number k is obtained from

2 2 2

2 2

4 4 3.14ktanh(kh) = = =0.6439
g g 2.5 9.8

k=0.6576

The wave propagation speed is:
1
2g tanh(kh) =3.821m /

k

The total power of the wave on the width of the float is:

2 2

wave=0.24
1000 9.8 0.24 3.821= 2 539.22

8 8
P B W

2 2

wave=0.30
1000 9.8 0.3 3.821= 2 842.53

8 8
P B W

From Fig. 12, we can see that the output power of the 
device at 0.24 m and 0.30 m wave height is 70 W and 120 W, 
respectively. Then the efficiency of the device is:

0.24
70 100%=13.0%

539.22H

0.30
120 100%=14.3%

842.53H

For different sea conditions, reasonable optimisation of the 
hydraulic cylinder can improve the conversion efficiency of 
the device and the stability of the output power.

CONCLUSION

This article focuses on the working mechanism of hydraulic 
cylinders, and then, based on the research results, designs 
a hydraulic cylinder for small waves. The device was then 
model tested in a laboratory hydrodynamic pool. The 
conclusions are as follows:
1) As the external load increases, the output power of the 

hydraulic cylinder increases, and the output power is 
squared with the external load.

2) If the stroke length in the hydraulic cylinder is too short, 
the movement of the piston will be restrained, thereby 
reducing the performance of the hydraulic cylinder. 
If the stroke length is too long, it will not increase the 
performance of the hydraulic cylinder, but will increase 
the waste of space. Therefore, the choice of stroke length 
needs to be based on the maximum displacement of the 
piston.

3) The sum of the mass of the piston and the piston rod is 
referred to in the article as the load mass. The load mass 
has an effect on the performance of the hydraulic cylinder, 
but the effect is not significant.

4) The spring stiffness has a great influence on the performance 
of the hydraulic cylinder. As the spring stiffness increases, 
the performance of the hydraulic cylinder first stabilises 
and then drops rapidly.

5) The cross-sectional area of the piston has a great influence 
on the performance of the hydraulic cylinder. As the piston 
area increases, the performance of the hydraulic cylinder 
first increases and then decreases, with a peak in the 
middle. In addition, a small change in piston area may 
cause several times the difference in performance of the 
hydraulic cylinder.

6) Model tests show that the output power of the device is 
stable and the efficiency is 14.3% even under small waves. 
The results show that the wave rack + group cylinder 
technology can fully absorb the wave energy and eliminate 
the impact of wave disturbance, which can achieve smooth 
and efficient energy conversion.
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ABSTRACT

Recently a new type of autonomous underwater vehicle uses artificial fins to imitate the movements of marine animals, 
e.g. fish. These vehicles are biomimetic and their driving system is an undulating propulsion. There are two main 
methods of reproducing undulating motion. The first method uses a flexible tail fin, which is connected to a rigid hull 
by a movable axis. The second method is based on the synchronised operation of several mechanical joints to imitate 
the tail movement that can be observed among real marine animals such as fish. This paper will examine the first 
method of reproducing tail fin movement. The goal of the research presented in the paper is to identify  the parameters 
of the one-piece flexible fin kinematics model. The model needs further analysis, e.g. using it with Computational 
Fluid Dynamics (CFD) in order to select the most suitable prototype for a Biomimetic Underwater Vehicle (BUV). 
The background of the work is explained in the first section of the paper and the kinematic model for the flexible fin 
is described in the next section. The following section is entitled Materials and Methods, and includes  a description 
of a laboratory test of a water tunnel, a description of a Vision Algorithm (VA)which was used to determine the 
positions of the fin, and a Genetic Algorithm (GA) which was used to find the parameters of the kinematic fin. In the 
next section, the results of the research are presented and discussed. At the end of the paper, the summary including 
main conclusions and a schedule of the future research is inserted.  

Keywords: Biomimetic Underwater Vehicle,flexible fin kinematics model,parameters identification using vision,Genetic Algorithm

INTRODUCTION

Biomimetic Underwater Vehicles (BUVs), like classical 
Autonomous Underwater Vehicles (AUVs), can be used in 
a wide variety of underwater applications such as monitoring, 
the investigation of a sea region, pollution detection, military 
operations and protection [14, 15]. The undulating propulsion 
system is being developed by scientific teams around the world 
and is becoming more popular in new designs of autonomous 
underwater vehicles [14]. This is due to the advantages 
of the undulating propulsion system, like its highly efficient 
locomotion and manoeuvring in water. Propulsion systems 
with rotary propellers have energy efficiency limited to 70% 

and they are 20% less efficient than the swimming mechanism 
of real fish [6]. What is more, the rotary propulsion system is 
noisier and less manoeuvrable than the bio-inspired system. 
Due to their shape and outer appearance, BUVs can operate 
more secretly than AUVs. This feature is important not only 
for military applications but also for civilian uses, e.g. for the 
inspection of underwater fauna.

Fig. 1 depicts three kinds of fish tail. The shape of the fins 
has a large influence on their efficiency [8], but the interaction 
with the undulating flexible body and the passive response 
of the fluid forces are still poorly understood [21, 22] and 
scientific research in this domain has mainly been done using 
empirical methods. 
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Fig. 1. The shape of the fish tail of: a) a tuna, b) a catfish, c) a shark

BUVs have been under investigation for almost ten years 
in Cracow University of Technology [12] and the Polish Naval 
Academy [18]. The first mentioned research team built a 
BUV with an undulating propulsion system based on the 
connection of the rigid bodies (Fig. 2), while the second 
research team was focused on a flexible tail fin (Fig. 3). The 
analysis of a travelling wave’s impact on the speed of the BUV 
with a tail fin created from joined multiple rigid bodies was 
presented in [12]. The undulating propulsion measurements 
of an artificial fish with one tail fin and an artificial seal with 
two tail fins were presented in [17]. In [6], a fish-like swimming 
robot was presented based on the behaviour of carp.

Fig.2. The BUV with two side fins and one tail fin as a chain of interconnected 
links [14]

Fig. 3. The BUV with two side fins and one tail flexible fin [17]

Although many links are needed to accurately reproduce 
fish-like behaviour, this makes  implementation and control 
of the robot more complicated. In addition, the increasing 

number of tail segments 
increases the likelihood 
of water leakage from the 
connection areas, which 
can lead to the destruction 
of the sensitive electronic 
components inside, and 
even submerge the vehicle. 
The cost rises significantly if 

a swarm of artificial fishes is taken into consideration. For 
these reasons, it was assumed that the fish movement should 
be reproduced by a one-piece flexible fin with a motor shaft 
mounted on the leading edge of the fin.

This approach demands the selection of the proper fin 
for imitation of the desired motion. A proper fin means not 
only the structural parameters of the fin, such as shape, 
dimensions, and stiffness, but also control parameters such as 
the frequency of oscillation, maximal deflection and even the 
type of the function of the fin motion [1]. In the opinion of the 
authors, the designed method for identifying the parameters 
of the flexible fin kinematics model (presented in the next 
part of the paper) can significantly shorten the time taken to 
achieve the final effect in the form of the proper fin selection 
for the BUV. Such fins can be used in the BUV as a tail fin or 
a pectoral fin, depending on the selected propulsion system.

In the following section, the mathematical description 
of the tail fin kinematics is presented. Then, the laboratory 
test stand of a water tunnel is described, and the VA and 
the GA optimisation respectively for determining the fin 
deflection and identifying the kinematics model parameters 
are depicted. Next, the results of research including both 
the subsequent determination of the fin positions and the 
identification of the fin kinematics model parameters using 
GA are presented. At the end of the paper, the conclusions 
and foreseen research are included.

KINEMATICS OF CAUDAL FLEXIBLE FIN

Considering the physiology and biomechanics of fish 
[16], two different types of undulating propulsion can be 
distinguished:
1. Median and/or Paired Fin propulsion (MPF) consisting 

of even, symmetric abdominal or breast fins, or the dorsal 
and/or anal fins. Species of fish belonging to the mentioned 
families are characterised by much lower manoeuvrability 
and speed in relation to fish moving with the use of a tail 
fin. Thus, the construction of robots imitating the above-
mentioned life forms will be characterised by similar 
features.

2. Body and/or Caudal Fin propulsion (BCF) using 
a coordinated movement of the body and caudal fin, or 
only movement of the caudal fin. Species of fish that move 
in this way are characterised by much faster speed and 
manoeuvrability in relation to the MPF fishes [10]. 
In [20] the comparison between MPF and BCF is included. 

In this paper, the most popular BCF is considered [11]. The 
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description of BCF fish body motion, originally proposed by 
Lighthill [9], approximates the travelling wave (Fig. 4) by the 
composition of polynomial and sinusoidal curves:

(1)

where:
y(x,t) – the transverse displacement of the tail unit;
x  – the independent spatial variable;
t   – time, a second independent variable;
c1 – the primary coefficient of the fish wave envelope;
c2 – the quadratic term coefficient of the fish wave envelope; 
k  = 2π/λ – the wave number;
λ  – the wavelength of the fish body; 
ω = 2πf  – the frequency of the fish wave.

Fig. 4. The fin undulating wave curve for discrete time and constant 
coefficients

The coefficients (c1, c2, k) in Lighthill’s model and the wave 
parameters of moving fish vary depending on the type of fish 
analysed and its kinetic status in water [23]. In Fig. 4, Eq. (1) 
is presented for discrete time and for the constant coefficients. 

In [7] and [12], the optimisation of the traditional 
kinematic model by introducing the head swinging equation 
and the swinging centre offset is presented, but the equation 
coefficients are still unknown and need to be identified.  

METHODS AND MATERIALS

THE LABORATORY TEST STAND

The tests were carried out on the laboratory test stand 
depicted in Fig. 5. Different types of flexible fins were driven by 
the servomechanism (Dynamixel AX-12+) with a maximum 
torque of 1.5 Nm. The servomechanism is mounted on 
a transparent polycarbonate plate with ball bearings. The 

wave drive parameters needed to determine the deflection of 
the fin and identify the equation parameters were recorded 
using a vision system. Measurements of the generated driving 
force can be realised by means of precision strain gauges 
mounted on both sides of the water channel. The additional 
forced fluid flow is carried out by means of an external pump 
with different fluid velocity. The fluid velocity is measured 
by a non-invasive method using an ultrasonic flowmeter. 

Fig. 5. The laboratory test stand: 1 – PC, 2 – microcontroller unit, 
3 – servomotor, 4 – fin, 5 – strain gauges, 6 – ball bearings, 7 – external water 

pump, 8 – ultrasonic flow meter, 9 – linear laser

The relationship between the three-dimensional wake 
created by different fin shapes and performance is very difficult 
to determine using the simulation model [2], which is why 
the vision system was implemented. The designed laboratory 
test stand gives the opportunity to analyse fin kinematics 
for a wide range of shapes and construction parameters. At 
the beginning, the rectangular fins were tested, followed by 
tuna fins (Fig. 6). The developed method will be used for 
assessing the impact of particular dimensions presented in 
Fig. 6 (L, h, w, R1, R2, R3, R4) on the coefficients c1, c2, and k 
in the equation of the kinematics model (1).

Fig. 6. Dimensions of tuna-shape fin



POLISH MARITIME RESEARCH, No 2/202042

Deflection of the fin was measured with a camera placed 
in the top view of the water channel. A sample image with 
a tuna-shape fin is shown in Fig. 7. 

Fig. 7. Top view of tuna-shape fin during experiments

In the designed laboratory test stand the vision system is 
calibrated and methods are developed for comparison of the 
one-piece fin kinematics with real fish behaviour. Moreover, in 
the laboratory test stand the propulsion force can be measured 
and fluid‒structure interaction can be investigated in greater 
depth using the Particle Imaginary Velocimetry method 
(PIV).

VA FOR FIN DEFLECTION DETERMINATION

During the research using the Vision Algorithm (VA), a 
video camera with the following parameters was used: 8 MP, 
f/2.4, 31 mm, AF with embedded correction of the optical 
distortion, and the following video recording parameters 
were applied: 1920 x 1080 pixels resolution with 30 frames 
per second.  

To design the VA, the classical video images processing 
methods were adopted. The designed VA consists of the 
following stages:
1.  Selection from the movie of the frames containing a full 

cycle of the fin motion.
2.  Image filtration using colour thresholding with additional 

binarisation.
3.  Mapping pixels of the image into the points in the Cartesian 

coordinate system.
At the beginning, the frames including a full cycle of the 

fin motion were selected. The full cycle began from the zero 
position of the servomechanism, i.e. the fin was positioned 
in the longitudinal axis of the tunnel symmetry. The servo 
worked to the right maximal deflection and then worked to 
the left maximal deflection. The full cycle of the fin motion 
ended in the zero position of the servomechanism. The 
number of frames was dependent on the frequency of the 
fin oscillation. Fig. 8a visualises an example of the frames.

The goal of the next stage of the VA was to isolate the red 
fin from the background of the image. This was done using 
colour thresholding [4, 5]. Due to the fact that some pixels of 
the surface water located close to the fin also had a quite large 

level of the red colour value, similar to the fin, the additional 
binarisation operation was applied. The effect of the operation 
is indicated in Fig. 8b.

The third stage of the VA was dedicated to mapping the 
pixels of the images into the points in the Cartesian coordinate 
system. After the calibration process, it was accepted that 69 
pixels correspond to 0.01 m distance. An example result of 
this stage is illustrated in Fig. 8c.

In order to plot the curve function corresponding to the 
deflection of the fin, a polynomial curve was determined. The 
coefficients of the nth degree polynomial were found using 
a least-squares method that best fits the data from the vision 
system. Based on the data analysis, it was decided that the 
best curve fit gives a polynomial degree equal to 18, because 
lower values caused matching errors, and higher values of 
the polynomial degree did not yield a better result. Then the 
polynomial function was used to obtain values of coordinate 
y for selected values of coordinate x. The values received from 
the polynomial function are reference values, because they 
were obtained from the real fin oscillation in the water tunnel.

Fig. 8. The following stages of image processing: a) the source image, b) the 
binary image, c) the image in the Cartesian coordinate system

As the final result of the VA, the mapping points in the 
Cartesian coordinate system were determined. The points 
were selected every 0.01 m distance in the x axis. In the first 
step of analysis, the parameter optimisation was done for 
every frame separately, then the analysis was performed 
for the full cycle. It is worth underlining that the full cycle 
consists of different numbers of frames depending on the 
frequency of oscillation. The details of the optimisation are 
included in the next subsection.
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GA FOR FIN MODEL PARAMETERS IDENTIFICATION 

The fluid structure interaction is a strongly nonlinear 
phenomenon [19], which is why the genetic algorithm (GA) 
was used [13, 24]. The goal of the GA is to find optimal values of 
the following parameters of the flexible fin kinematics model 
included in formula (1): c1, c2, k. The range of the decision 
variables (c1, c2 and k) and the nonlinearity of the kinematic 
model lead to the application of probabilistic algorithms.

The space for potential solutions in matching the searched 
for coefficients c1, c2 and k of the travelling wave equation is so 
large that it is not possible in a sufficiently short time to check 
all possible options in order to find the best solution. Therefore, 
it is justified to use probabilistic techniques based on random 
selection. One such technique is the genetic algorithm, which 
has been successfully used in the experiment.

In general, the GA is a heuristic search that mimics the 
process of natural selection. The GA is based on an iterative 
evolutionary procedure involving the selection of genotypes 
for reproduction based on their fitness, and then introducing 
genetically changed (by means of a mutation, a crossover and 
other genetic operators) offspring into the next population. 
The procedure ends after achieving satisfactory genotypes 
(a set of features of an individual) which correspond to 
phenotypes with the highest fitness function (the individual 
from a population) [3].

During the GA optimisation of the fin model parameters, 
the initial population was generated using a random generator. 
A population consisting of 15 individuals was accepted. The 
next generation of the population was computed using the 
following fitness function of the individuals in the current 
generation:
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where:
yy (xj(i)) – the coordinate y achieved from the vision system 
for the i-th fin position (the i-th frame taken in the discrete 
time) and j-th value of coordinate x;
yk(xj(i)) – the coordinate y for the i-th fin position and j-th 
value of coordinate x achieved using the travelling wave 
equation (1) in the following discrete form:
yk(xj(i)) = (c1xj(i) + c2xj(i)2) sin(kxj(i) + ωi); 
n – the number of fin positions taken in the following discrete 
time steps;
m – the number of discrete values of coordinate x taken into 
consideration.

After calculation of the fitness function, a reproduction 
algorithm creates children for the next generation. In the 
reproduction, the following operators were used:
• Rank fitness scaling.
• Stochastic uniform selection function.
• Crossover fraction equal to 0.8.
• Gaussian mutation equal to 0.2.

The fitness scaling converts the raw fitness scores that are 
returned by the fitness function to values in a range that is 
suitable for the selection function. The rank fitness scaling 
scales the raw scores based on the rank of each individual 
instead of its score. The rank of an individual is its position in 
the sorted scores. An individual with the rank r has a scaled 
score proportional to 1/ r.

The selection function specifies how the genetic algorithm 
chooses parents for the next generation. The stochastic 
uniform selection function lays out a line in which each parent 
corresponds to a section of the line of length proportional to 
its scaled value. The algorithm moves along the line in steps 
of an equal size. At each step, the algorithm allocates a parent 
from the section it lands on. The first step is a uniform random 
number less than the step size.

The crossover fraction specifies the fraction of the next 
generation, other than elite children, that are produced by 
the crossover, while the Gaussian mutation adds a random 
number taken from a Gaussian distribution with the mean 
0 to 0.2 part of the parent vector.

During the research, the GA used the following criteria 
for stopping the algorithm:
• The maximum number of 500 generations is reached.
• The detection of no change in the best fitness function 

value for a maximum 10 stall generations is achieved.
The upper and lower limits of the parameters searched for 

were obtained from the literature on fish behaviour [8, 9]. The 
positive value of lambda was assumed. 

RESULTS AND DISCUSSION

The different shapes of the fins were taken into consideration. 
The servomotor moved the fin with the frequency f of up to 
2 Hz and the angle Amax of up to 60°. The fin deflection depends 
on the length, the width and the shape of the fin as well. 

For one discrete position of the fin, the GA divergence as 
a function of the iteration number is presented in Fig. 9. The 
identification of the unknown coefficients from Eq. (1) was 
performed in over 100 iterations (Figs. 10‒12), while for the 
full cycle of the fin movement (Figs. 13‒14) more than 300 
iterations were generated.

Fig. 9. Fitness value as a function of iteration number

The experimental results achieved from the VA are 
presented in the red colour in Figs. 11‒12. The simulation 
results for discrete time are presented using blue lines. 
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The simulation tests were performed for the parameters 
achieved from the identification process using the GA. 

The first experiment (Fig.  11) was conducted for 
a rectangular-shaped fin made from polypropylene (Young’s 
modulus equal to 1.75 GPa) oscillating with f = 1.8 Hz and 
dimensions: L = 0.2 m, h = 0.015 m, w = 0.002 m. Fig. 10 
presents the comparisons between the simulation and 
experiment (a) during and (b) after finishing the optimisation 
process. The coefficients evaluated by the GA are c1 = 0.72 and 
c2 = -6.5, while the λ (k = 2pi/ λ) depends on the fluid velocity 
and  changes from λ = 9 (vfluid = 0 m/s) to λ = 0.7 (vfluid=0.3 m/s). 

The second experiment depicted in Fig. 12 was performed 
for a tuna-shaped fin made of acrylic glass and dimensions: 
L = 0.12 m, h = 0.015 m, w = 0.002 m, R1 = 0.05 m, R2 = 0.75, 
R3 = 0.05 m, for a sequence of discrete positions over time 
(fin oscillating with f = 1.5 Hz). The coefficients evaluated by 
the GA are the following: c1 = 0.46 and c2 = -0.3, while the 
λ (k = 2pi/ λ) changes from λ = 140 (vfluid = 0 m/s) to λ = 17 
(vfluid = 0.3 m/s).

Fig. 10. Fig, 10. Position of the following points of the fin achieved from vision 
system (blue diamonds) and from fin model (red circles) in the following steps 

of tha GA operation (a) and after finding optimal solution (b)

As shown in Fig. 10, the results of the experiment obtained 
from the visual system are well-matched compared with the 
simulation results. The value of the fitness function was lower 
than 0.75 [%]. Therefore it can be concluded that the presented 
VA is sufficient for the subsequent research. 

Fig. 11. The deflection of the rectangular-shaped fin in the discrete time 
obtained from the vision system (red markers) and from the kinematics model 

(blue lines)

Fig. 12. The deflection of the tuna-shaped fin in the discrete time obtained 
from the vision system (red markers) and from the kinematics model (blue 

lines)

In the next step, the GA was used to estimate unknown 
parameter values in the fin kinematics model for the full fin 
movement cycle. Fig. 13 presents the fin deflection (yy) for 
the full cycle in the i-th discrete time. For the servomotor 
frequency motion equal to 1.6 Hz, the sequence of 19 frames 
was achieved from the vision system (Fig. 13). Then, the 
GA with Eq. (2) was used for estimation of the unknown 
parameter values. For the estimated value the simulation was 
conducted. The results of the simulation in the form of the fin 
deflection for the i-th discrete time are presented in Fig. 14. 
In order to verify the simulation data with the experimental 
ones, the following formula was used:

*� !"�#$ �
�� !"�#$ % �&�!"�#

��������
� + ,

 (3)

where:
yy (xj(i)) – the coordinate y for the i-th fin position (the i-th 
frame taken in the discrete time) and j-th value of coordinate 
x achieved from the vision system (Fig. 13);
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yk(xj(i)) – the coordinate y for the i-th fin position and j-th 
value of coordinate x achieved using the travelling wave 
equation (1);
ffitness – the fitness function obtained using Eq. (2);
n – the number of fin positions taken in the following discrete 
time steps;
m – the number of discrete values of coordinate x taken into 
consideration.

Fig. 13.The fin deflection in the i-th discrete time measured by the VA

Fig. 14. The fin deflection in the i-th discrete time achieved from the simulation 
with optimised coefficients

The result of the method verification according to Eq. (3) 
for the rectangular-shaped fin is presented in Fig. 15. For 
every fin position in discrete time the error is compared to 
the value of the fitness function from the GA. The coefficients 
evaluated by the GA are: c1 = 0.48 and c2 = - 0.65, while the 
λ (k = 2pi/ λ) changes from λ = 7.8 (vfluid = 0 m/s) to λ = 0.63 
(vfluid = 0.3 m/s).

The mean value of the relative error does not exceed 3%. 
To summarise, it is possible to find out the coefficients of 
Eq. (1) for the undulating propulsion kinematics model with 
sufficient accuracy. Then, the dimension of the fin can be 
modified and the kinematics can be compared to real fish 
movement.

Fig. 15. Graph of differences between the results from the vision system and 
from the simulation model

SUMMARY

Fin kinematics depends on a combination of many non-
linear factors. Therefore, an experimental method was selected 
to analyse the impact of the construction parameters on the 
deflection of the fin. Although the structure‒fluid interaction 
is strongly non-linear, the presented method (VA + GA) gives 
the values of the kinematics equation parameters with the 
desired accuracy.

The designed algorithm provides the opportunity to 
establish the positions of the fin in different time steps 
and different spatial coordinates. The presented method of 
identifying the parameters of the undulating kinematics 
model allows us to assess the compatibility of the model 
coefficients with selected fish species. Afterwards, the use 
of the GA allows us to find the non-dominant minimum 
of the fitness function, and finally the searched for values of 
the decision variables. 

Therefore, in summary, the construction data can be 
analysed, and the influence of the shape factor on the fin 
kinematics can be studied using the proposed VA and GA. 
Moreover, a more sophisticated control algorithm can be 
implemented for the desired fin deflection. 

In the laboratory test stand, the propulsion force can 
be measured and the fluid‒structure interaction can be 
investigated in greater depth using the PIV method, which 
will be used in further studies.

The presented algorithm can also be used during tests 
in a large water reservoir, where a vision system is used to 
record tail deflection.
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PREDICTION OF VORTEX-INDUCED VIBRATION RESPONSE 
OF DEEP SEA TOP-TENSIONED RISER IN SHEARED FLOW 

CONSIDERING PARAMETRIC EXCITATIONS
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ABSTRACT

It is widely accepted that vortex-induced vibration (VIV) is a major concern in the design of deep sea top-tensioned 
risers, especially when the riser is subjected to axial parametric excitations. An improved time domain prediction 
model was proposed in this paper. The prediction model was based on classical van der Pol wake oscillator models, 
and the impacts of the riser in-line vibration and vessel heave motion were considered. The finite element, Newmark-β 
and Newton‒Raphson methods were adopted to solve the coupled nonlinear partial differential equations. The entire 
numerical solution process was realised by a self-developed program based on MATLAB. Comparisons between the 
numerical calculation and the published experimental test were conducted in this paper. The in-line and cross-flow 
VIV responses of a real size top-tensioned riser in linear sheared flow were analysed. The effects of the vessel heave 
amplitude and frequency on the riser VIV were also studied. The results show that the vibration displacements of the 
riser are larger than the case without vessel heave motion. The vibration modes and frequencies of the riser are also 
changed due to the vessel heave motion

Keywords: top-tensioned riser, vortex-induced vibration, wake oscillator model, time-varying axial tension force, sheared flow

INTRODUCTION

Since the vortex-induced vibrations (VIV) of deep sea 
top-tensioned risers can result in large amplitude responses 
in both the in-line (IL) and cross-flow (CF) directions, 
accurate prediction of the risers’ VIV response has attracted 
wide attention among researchers. Meanwhile, a riser’s axial 
tension force will change constantly with time due to the vessel 
heave motion. The time-varying axial tension force will cause 
transverse vibration of the riser, which is called parametric 
excitation vibration.

Wake oscillator models have been widely used to predict 
riser VIV responses in recent years. Nonlinear dynamic 
oscillators are adopted to predict the main features of vortex 
shedding in the wake region of the risers. Bishop and Hassan 
first put forward that the oscillator satisfied the van der Pol 
equation [1]. Hartlen and Currie first established the specific 
expression of the wake oscillator mode [2]. Then the wake 

oscillator model was improved by Balasubramanian and Skop 
and Krenk and Nielsen [3-4]. Facchinetti et al. created three 
expressions for the wake oscillator model. They found that the 
acceleration coupling term was the best expression to predict 
the cylinder VIV response [5].

So far, many researchers have focused their attention on 
the study of the coupled in-line and cross-flow VIV response 
of different riser models [6-11]. However, the axial parametric 
excitations have not been considered in these studies. Spanos 
et al. and Lei et al. established frequency domain analysis 
models to predict the riser’s transverse vibration considering 
the time-dependent axial tension force [12-13]. Considering 
the time-varying axial tension force, time domain analysis 
models to predict the riser transverse vibration have also been 
proposed in some works [14-18]. Some studies have investigated 
the effect of variable axial tension force on the vertical risers’ 
cross-flow VIV when subjected to uniform and sheared flows 
[19-21].
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From the above review, it can be seen that a number of 
works in the literature have analysed the effect of the time-
varying axial tension force on the transverse vibration response 
and the VIV response which are induced by the sea current 
and/or waves. However, there are few studies on the coupled 
IL and CF VIV of deep sea top-tensioned risers in sheared flow 
considering time-varying axial tension force. In this paper, an 
improved three-dimensional time domain prediction model 
was proposed. The effects of the riser’s in-line vibration and 
the vessel heave motion were considered in the prediction 
model. The coupled IL and CF VIV response of a real size 
top-tensioned riser was studied in this paper. The impact of 
the vessel heave amplitude and frequency on the riser’s VIV 
response has also been discussed.

MODEL DESCRIPTION

STRUCTURE MODEL AND EQUATIONS OF MOTION

A two-end pinned Euler‒Bernoulli beam model is used to 
simulate deep sea top-tensioned risers. A Cartesian coordinate 
system is defined, in which the x-axis is parallel to the direction 
of seawater flow and the -axis is parallel to the axial direction 
of the un-deformed riser. Fig. 1 shows the schematic model of 
a deep sea top-tensioned riser.

Fig. 1. Schematic model of deep sea top tensioned riser

The equations of the riser IL and CF vibrations can be 
written as [22-23]:
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In Eq. (1):
EI ‒ the riser bending stiffness;

( , ) ‒ the effective axial tension force of the riser;
‒ the wet weight of riser per unit length;
‒ the equivalent mass of riser per unit length;
‒ the damping coefficient;
( , )x , ( , )y ‒ the IL and CF fluctuating hydrodynamic 

forces acting on the riser.
The vessel heave motion is modelled by a harmonic 

fluctuation in the present study. The time-varying effective 
axial tension force of the riser can be written as [18, 24-25]:

top( , ) d sin( )
H

                  (2)

In Eq. (2):
top ‒ the static top tension force coefficient;

H ‒ the water depth;
‒ the equivalent spring stiffness of the heave compensator 

( c ), c is the critical amplitude associated with 
the heave compensator (usually set as 10 m);
A , ‒ the heave motion amplitude and frequency of the 

vessel.
The wet weight and mass of riser per unit length are:

               (3)

In Eq. (3):
‒ the gravity acceleration;

r f w, , ‒ the density of the riser, internal fluid and sea 
water;
D , d ‒ the riser’s outer and inner diameters;

aC ‒ the added mass coefficient.
The damping coefficients are as follows [9]:

s f
2

f f w

                                    (4)

In Eq. (4):
s ‒the structure damping coefficient;
f ‒ the fluid damping coefficient;
‒ the related coefficient 
f ‒ the vortex shedding angular frequency;

DC ‒ the mean drag force coefficient;
tS ‒ the Strouhal number.
Considering the effect of the riser’s in-line vibration, 

the modified vortex shedding frequency can be expressed 
as follows:

                                 (5)

In Eq. (5):
( ) ‒ the sea current velocity;
( , ) ‒ the riser’s IL vibration velocity.
Considering the effect of the riser’s in-line vibration, the 

fluctuating hydrodynamic forces can be expressed as follows:
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NUMERICAL SOLUTION METHOD

The coupled form of Eq. (1) with Eq. (7) is nonlinear 
partial differential equations with variable coefficients. Some 
coefficients in the coupled equations change continuously along 
the spatial position, and some coefficients change continuously 
with time. The coupled equations are very complicated and 
the analytical solution cannot be obtained. So, numerical 
solution methods are used in the present study to solve the 
coupled equations.

The Galerkin-type finite element method is used to 
conduct the spatial discretisation of the coupled equations. 
Based on the parameters of the riser and seawater, as well 
as the boundary and initial conditions, the Hermite cubic 
interpolation functions are used to obtain the system’s flexural 
stiffness matrix, geometric stiffness matrix, mass matrix, and 
damping matrix. Due to the uncertainty of the riser’s damping 
coefficient, the Rayleigh damping theory is adopted in this 
paper to obtain the structural damping matrix. It is assumed 
that the vibration shape functions of wake oscillators are 
trigonometric functions. Then the wake oscillators are used 
to obtain the damping matrix of the fluid and the dynamic 
load matrix at the initial moment.

The Newmark-β method is used to solve the coupled 
equations in the time domain. In each time step, the Newton‒
Raphson iterative method is used to solve the nonlinear 
equations. The system’s geometric stiffness matrix, mass 
matrix, damping matrix, dynamic load matrix and natural 
vibration frequency are all constantly updated at each time 
step. The entire numerical solution process is realised by a 
self-developed program based on MATLAB.

VALIDATION OF SIMULATION

In order to test the validity of the prediction models, 
comparisons with experimental results are carried out in this 
paper. The experiment was carried out at the Deep Sea Basin 
of the National Maritime Research Institute in Japan [26]. It 
should be pointed out that the water depth of the fluid flow 
in the experiment ranges from 0.4 m to 5 m, while the water 
depth of the fluid flow in the numerical calculation ranges 
from 0 to 5 m. The flow is stable and the flow velocity is set 
to 0.3 m/s in the water depth of 0 to 0.4 m in the numerical 
calculation. When the dynamic variation of the top tension 
is considered, two cases are calculated using the prediction 
model proposed in this paper. The added-tension/self-weight in 
the experiment is varied from 0.58 to 1.08 in a certain period. 
It should be pointed out that according to Eq. (2) and the 
equivalent principle, the top tension coefficient ( top) is set to 
1.83 and the  is set to 0.25 top in the numerical calculation.

Fig. 2 illustrates the experimental and numerical results 
of the model’s cross-flow maximum VIV amplitude at different 
top tension variation periods. It can be seen that the maximum 
VIV amplitudes calculated in this paper are a little larger 
than the experimental results, especially in the upper part of 
the riser model. Comparing the experimental and numerical 
results, it can be seen that the vibration mode of the upper part 
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In Eq. (6):
DC ‒ the IL VIV drag force coefficient;
LC ‒ the CF VIV lift force coefficient;
( , ) ‒ the riser’s CF vibration velocity.

WAKE OSCILLATOR MODEL AND EQUATIONS OF 
MOTION

According to the wake oscillator models [12, 16], DC  and 
LC can be simulated by the time-varying fluid vortex variables

p and q :
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p p p p
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In Eq. (7):
p , q ‒ the IL and CF wake fluid variable parameter                        

( D D02p C C , L L02q C C );
D0C , L0C ‒ the IL VIV drag force coefficient and CF VIV lift 

force coefficient of the fixed riser;
xA , yA , x , y ‒ the non-dimensional coefficients.

BOUNDARY AND INITIAL CONDITIONS

The boundary conditions are expressed as follows:

2 2 2 2

2 2 2 2

(0, ) (0, ) 0  ;   ( , ) ( , ) 0  
(0, ) (0, ) ( , ) ( , )0 ;  0

x t y t x H t y H t
x t y t x H t y H t         (8)

At the initial moment, the vibration displacement and 
velocity of the riser are assumed as zero. The values of the fluid 
variables p and q are set as 2.0, and their first derivatives with 
respect to time are set to zero.

MODEL PARAMETERS

According to [12, 13, 15, 16, 17], the values of the empirical 
coefficients are given in Table 1.

Tab. 1. Values of the empirical coefficients

Empirical coefficients Values

tS 0.17

D0C 1.2

D0C 0.1

L0C 0.3

xA , yA 12

x , y 0.3
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of the riser is comparatively consistent, but the vibration mode 
of the lower part of the riser is somewhat different. However, 
in general, the relative errors between the numerical and 
experimental results are acceptable in engineering applications. 
Overall, the prediction model proposed in this paper is valid 
in predicting the main features of the VIV response of large 
aspect (length/diameter) ratio top-tensioned risers.

(a) Period=2.27s

(b) Period=4.47s

Fig. 2. VIV amplitude of the riser model

CASE STUDY

In the present study, the VIV response of a real size top-
tensioned riser is studied. It is assumed that the current is 
a linear sheared flow. The main parameters of the riser and 
vessel are given in Table 2.

Tab. 2. Main parameters of the riser and vessel

Parameters Values

Water depth (m) 2000

Outer diameter (m) 0.5334

Inner diameter (m) 0.4826

Elastic modulus (N/m2) 2.1×1011

Riser density (kg/m3) 7850
Internal fluid density (kg/m3) 1200
Seawater density (kg/m3) 1030

Length/diameter ratio 3750

Static top tension coefficient 1.1~1.6

Sea surface current velocity (m/s) 0.5~1.5

Sea bottom current velocity (m/s) 0.2

Structural damping coefficient (%) 0.3

Vessel heave motion amplitude (m) 0.5~2.0
Vessel heave motion frequency (rad/s) 0.4~1.6

NATURAL FREQUENCIES OF THE RISER

Some key features of the riser’s VIV response can be 
illustrated by inspecting the transverse vibration natural 
frequencies of the riser. Hence, the subspace iteration method 
is first applied to calculate the riser’s natural frequencies. In 
this section, the time-varying dynamic component of axial 
tension is not considered. Fig. 3 shows the natural frequencies 
of the riser with the top tension coefficient of 1.6. As shown in 
Fig. 3, the natural frequencies of the riser are low and dense, 
which is a unique feature of the transverse vibration of deep 
sea top-tensioned risers.

Fig. 3. Natural frequencies of the riser
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DYNAMIC RESPONSE OF THE RISER

According to the element precision analysis, the riser is 
divided equally into 400 elements in the calculation. According 
to the maximum vortex shedding period and the calculation 
accuracy of the Newmark-  method, the interval time in the 
calculation is 0.01 s, and the total calculation time is 500 s. 
The top tension force coefficient is chosen to be 1.6 and the sea 
surface current velocity is chosen to be 1.5 m/s in the present 
study. In order to study the effect of the parametric excitation 
on the riser’s VIV response, two typical cases are calculated 
and they are specified as follows. Case A: A=2.0 m, =1.6 
rad/s; Case B: A=0 m, =0 rad/s. It is conformed such that the 
lock-in and parametric resonance in both cases does not occur.

Fig. 4 shows the root-mean square (RMS) of IL and CF 
displacements of the riser. It should be noted that the RMS of 
IL displacements of the riser were obtained after removing the 
mean displacement. It can be seen from Fig. 4 that whether or 
not the vessel heave motion is taken into account, the riser’s 
VIV modes are all a mixture of travelling and standing waves. 
Meanwhile, the dominant modes of the riser in the in-line 
direction are larger than the cross-flow direction in both cases. 
In each case, the riser’s VIV responses are all characterised by 
high order multi-mode vibrations in the non-locking region. 
As shown in Fig. 4, when considering the heave motion of 
the vessel, both the IL and CF vibration modes of the riser 
have changed remarkably. When the parametric excitation is 
considered, the fluctuation of the riser VIV is more intense. It 
can be seen that the VIV mode of the riser in linear sheared flow 
is very complicated when considering parametric excitations.

Fig. 4. RMS of IL and CF VIV displacements of the riser

According to the calculation results, when the heave 
motion of the vessel is not considered, the IL and CF maximum 
VIV amplitudes of the riser are 0.0754 m and 0.5184 m, 
respectively. In addition, when the heave motion of the vessel 
is considered, the IL and CF maximum VIV amplitudes of the 
riser are 0.0892 m and 0.5615 m, respectively. The IL and CF 
maximum VIV amplitudes of the riser are increased by 18.3% 
and 8.31%, respectively. It can be seen that the vessel heave 
motion has a greater effect on the riser IL VIV displacements. 
Overall, the heave motion of the vessel makes the riser VIV 
more severe.

Fig. 5 shows the amplitude spectrum of the riser vibration 
displacements at different water depths. It can be seen that, 
whether or not the vessel heave motion is considered, the bulks 
of the IL response are all between 0.021 Hz and 1.178 Hz, and 
the bulks of the CF response are all between 0.021 Hz and 0.594 
Hz. According to Fig. 3, the 1st, 26th and 44th modes’ natural 
frequencies are 0.024 Hz, 0.597 Hz and 1.177 Hz, respectively. 
It can be seen that the IL VIV participating modes reach the 
44th, and the CF VIV participating modes reach the 26th. At 
the same time, the riser IL and CF VIV response are all shown 
to be a high order multi-mode response at each position. This 
is because even at the same position, the frequency of the 
vortex shedding is constantly changing due to the motion 
of the riser in the in-line direction, which causes the riser’s 
vibration frequency to be constantly changing. As can be seen 
from Fig. 5, the highest peak frequencies at different positions 
of the riser are different, and the participating modes in the 
vibration are also different. This is because the sea current 
velocity and the axial tension force at different positions are all 
different, which makes the vortex shedding frequency different 
in different positions, thereby causing the above phenomenon. 
Meanwhile, the richness in frequency content indicates an 
irregular character of the VIV response of the riser. The IL 
response is much more irregular than the CF response, as can 
be seen from the width of the spectrum and the high number of 
participating modes. In addition, it can be seen from Fig. 5 that 



POLISH MARITIME RESEARCH, No 2/2020 53

when the heave motion of the vessel is considered, the IL and 
CF VIV dominant frequencies and participating frequencies 
at different positions of the riser are all changed. The heave 
motion of the vessel has different effects on the riser IL and 
CF VIV frequencies at different positions of the riser. It can be 
seen that the impact of the vessel heave motion on the IL and 
CF VIV response of the riser is very complicated.

Fig. 5. Amplitude spectrum of the riser VIV displacements

EFFECT OF VESSEL HEAVE AMPLITUDE

According to the environmental condition in the South 
China Sea, the heave period of the vessel is commonly between 
4 s and 15 s. So, the frequency of the axial parametric excitation 
falls into the range from 0.4 rad/s to 1.6 rad/s. The heave 
amplitude of the vessel is usually between 0.5 m and 2.0 m. 
In this section, four cases are studied to investigate how the 
vessel heave amplitude affects the riser’s VIV response. The 
vessel heave frequency is chosen to be 1.6 rad/s. Fig. 6 shows 

the riser IL and CF RMS displacements with different heave 
amplitudes.

Fig. 6. RMS of VIV displacements of the riser with different heave amplitudes

As is shown in Fig. 6, when the vessel heave frequency is 
1.6 rad/s, the effect of the variation of the vessel heave amplitude 
on the riser’s VIV mode is complicated. The riser IL and CF 
VIV modes are different at different heave amplitudes. It can 
also be seen that the variation of the heave amplitude has a 
more significant effect on the riser’s IL VIV mode than the 
CF. According to Eq. (2), the maximum axial tension force 
of the riser increases gradually with the increase of the heave 
amplitude, which causes the natural frequencies of the riser 
to change constantly. Therefore, at the same static top tension 
force and sea current velocity, the riser VIV mode changes 
gradually with the variation of the vessel heave amplitude.

According to the calculation results, the IL maximum 
VIV amplitudes of the riser in the four cases are 0.0744 m, 
0.0763 m, 0.0805 m and 0.0892 m, respectively. Meanwhile, 
the CF maximum VIV amplitudes of the riser in the four cases 
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are 0.5517 m, 0.5539 m, 0.5573 m and 0.5615 m, respectively. 
It can be seen that with the increase of the heave amplitude, 
the IL and CF maximum VIV amplitudes of the riser increase 
continuously.

The displacements of the riser midpoint under different 
heave amplitudes are analysed by spectrum analysis, and the 
spectrum curves are shown in Fig. 7. As shown in Fig. 7, the 
dominant frequencies and the participating frequencies of 
the riser VIV change continuously when the heave amplitude 
changes. It can be concluded that the variation of the heave 
amplitude has a great influence on the riser VIV frequency.

Fig. 7. Amplitude spectrum of the riser’s VIV displacements with different 
heave amplitudes

EFFECT OF VESSEL HEAVE FREQUENCY

In this section, four cases are studied to investigate how 
the vessel heave frequency affects the riser VIV response. The 
heave amplitude of the vessel is chosen to be 2.0 m. Fig. 8 shows 
the riser’s IL and CF RMS displacements with different heave 
frequencies. As shown in Fig. 8, when the heave frequency is 
small, the variation of the heave frequency has little effect on 
the riser’s IL and CF VIV modes. However, when the heave 
frequency is large, the variation of the heave frequency has a 
relatively large influence on the riser’s VIV mode, especially 
on its IL VIV mode.

According to the calculation results, the IL maximum 
VIV amplitudes of the riser in the four cases are 0.0813 m, 
0.0812 m, 0.0826 m and 0.0892 m, respectively. Meanwhile, the 
CF maximum VIV amplitudes of the riser in the four cases are 
0.5541 m, 0.5543 m, 0.5597 m and 0.5615 m, respectively. It can 
be seen that when the heave frequency changes from 0.4 rad/s 
to 0.8 rad/s, the IL and CF maximum VIV amplitudes of the 
riser basically remain unchanged. When the heave frequency 
is large, the IL and CF maximum VIV amplitudes of the riser 
increase gradually with the increase of the heave frequency.

The displacements of the riser midpoint under different 
heave amplitudes are analysed by spectrum analysis, and the 
spectrum curves are shown in Fig. 9. It can be seen from Fig. 
9 that the variation of the vessel heave frequency does not 
change the components of the riser VIV frequency. However, 
the proportions of the VIV dominant frequency of the riser 
increase gradually with the increase of the vessel heave 
frequency. It can be concluded that the dominant frequency 
of the riser VIV is strengthened by the larger vessel heave 
frequency.

Fig. 8. RMS of VIV displacements of the riser with different heave frequencies
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Fig. 9. Amplitude spectrum of the riser’s VIV displacements with different 
heave frequencies

From the above analysis, it can be concluded that when the 
lock-in and parametric resonance of the riser does not occur, 
the effect of the variation of the vessel heave amplitude and 
frequency on the VIV response of the riser is complicated. The 
impact of the variation of the heave amplitude and frequency 
on the IL and CF VIV response of the riser is different. It 
should be pointed out that the above analysis is based on the 
same static top tension force and current velocity. However, 
the impact of the variation of the vessel heave amplitude and 
frequency on the riser’s VIV response is different at different 
static top tension forces and current velocities. Hence, in 
practical operation, the relevant parameters should be adjusted 
in time to avoid serious VIV, which will lead to the damage 
of the riser.

CONCLUSIONS

An improved three-dimensional time domain prediction 
model of long flexible risers has been proposed in the present 
study to predict the IL and CF VIV response of top-tensioned 
risers. The impact of the riser’s in-line vibration is considered in 
the prediction model. The periodic time-varying axial tension 
force caused by the vessel heave motion is also considered in 
the prediction model. Comparisons between the numerical 
calculation and experimental test results have shown that the 

prediction model is reasonable to predict some main features 
of the riser’s VIV response. It is assumed that the sea current 
is linear sheared flow, and the attention is focused on the study 
of the riser’s VIV response when the lock-in and parametric 
resonance phenomenon does not occur. The time-domain 
simulation results show that the periodic time-varying axial 
tension force has a large effect on the IL and CF VIV response 
of the riser. At the same static top tension force and current 
velocity, when the periodic time-varying tension is considered, 
the VIV displacements of the riser increase and the VIV’s 
dominant frequency and the participating frequencies of the 
riser have changed. Meanwhile, the riser’s VIV mode has 
also changed when the periodic time-varying axial tension 
is considered. When the lock-in and parametric resonance 
phenomenon does not occur, the impact of the vessel heave 
amplitude and frequency on the riser’s VIV response is 
complicated. The impacts of the vessel heave amplitude and 
frequency on the IL and CF VIV responses of the riser are 
different. So, it requires a detailed analysis of the impact at 
different operating conditions.

It is well known that the lock-in phenomenon easily  occurs 
when the riser is subjected to VIV. The lock-in phenomenon is 
very complicated when the riser is in sheared flow. Meanwhile, 
parametric resonance of the riser is very likely to occur when 
the heave motion of the vessel is considered. To investigate 
the coupling between the VIV and parametric excitation will 
therefore be one of our research topics when the lock-in and 
parametric resonance occur simultaneously.
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ABSTRACT

The paper deals with issues connected with the behaviour of a streamer cable towed by a survey seismic vessel when 
the cable undergoes a strike triggered by collision with an underwater moving object. The consequences of such 
collisions may be both threat to the life of marine animals or damage to underwater units and large economic losses 
suffered by vessel owners. The risk of such collisions has increased over the last years as a result of increased offshore 
seismic survey operations. Therefore, a towed streamer should be very robust. To assure its robustness, we should 
know the deformation mechanism of a single streamer cable. This in turn requires the development of an appropriate 
mathematical model of such a phenomenon. 
In particular, the paper presents the characteristics of seismic survey vessels and streamers; an analysis of collisions 
that have occurred in the past; a statement of the problem, and a computer-aided system supporting simulation of the 
cable behaviour. To obtain all the necessary design parameters regarding the deformation mechanism of a streamer 
cable, we set up a dedicated computer-aided system that supports their calculation.

Keywords: towed steamer cable, collision, deformation mechanism, offshore seismic survey

INTRODUCTION

In recent years, there has been intense growth in geophysical 
surveys related to the exploration of hydrocarbon resources 
located below the seabed. For this purpose, research vessels 
towing a complex array of related wires called streamers are 
used. Such an arrangement can occupy a very large area of 
sea reaching about 15 km2. In accordance with the existing 
provisions, the entire search area is excluded from shipping. 
Therefore, other vessels must be informed about such an 
area by means of special warnings issued by Navtex and 
Inmarsat systems. These warnings are intended to avoid 
possible collisions between the research vessel and other 
floating units.

Nevertheless, there is still a possibility of collision with 
other objects occurring in the area of geophysical exploration, 
for example, with large-sized marine animals (cetaceans, 

dolphins) as well as underwater units (autonomous or remote-
controlled underwater units). Consequences of such collisions 
may be: 

–  on the one hand, threats to the life of marine animals 
or damage to underwater units, 

–  on the other hand, damage to streamers, which could 
lead to the suspension of the survey for a certain period 
of time and consequently to very large economic losses 
by the research vessel ship-owner. 

To minimize the effects of potential collisions, it would 
be useful to design a streamer system whose design would 
reduce the effects of possible collisions. This, in turn, requires 
knowledge of the deformation mechanism of a single streamer 
caused by impact during a collision.

The objective of this paper is to describe deformation 
mechanism of a single streamer triggered by a collision with 
underwater moving objects. There are several challenges to 
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this approach that the paper will outline in the next sections. 
In particular, the paper presents the characteristics of seismic 
survey vessels and streamers; an analysis of collisions that 
have occurred in the past; a statement of the problem, and 
a  computer-aided system supporting simulation of the 
cable behaviour. To obtain all necessary design parameters 
regarding the deformation mechanism of a single streamer, 
we set up a designed computer-aided system that supports 
their calculation.

The authors did not find any references in published journal 
papers that demonstrate the deformation mechanism of 
a single streamer triggered by a strike by underwater moving 
objects and techniques and would allow the calculation of 
the parameters of such a collision.

CHARACTERISTICS OF SEISMIC SURVEY 
VESSELS AND TOWED STREAMERS

Various offshore surveying techniques are used to locate 
geological structures that can trap oil or gas, namely seismic, 
magnetic, and gravity surveys [13]. Nevertheless, seismic survey 
techniques play a main role in locating of offshore oil and gas 
reserves [12]. All seismic surveys involve a source of hydro-
acoustic energy and some configuration of receivers or sensors. 
There are three main types of seismic survey techniques:

– ocean bottom seismic techniques,
– vertical seismic profiles (VSPs),
– towed array of streamers.
Ocean bottom seismic techniques are based on acquisition 

with nodes and sensors located on the sea bottom. Vertical 
seismic profiling refers to measurements made in a vertical 
wellbore using geophones inside the wellbore and a source 
at the surface near the well.

Towed streamer operations represent the most significant 
commercial activity. The towing equipment enables the 
multiple streamers and source arrays to be positioned 
accurately behind the vessel. In these kinds of operations:

–  The seismic survey vessel tows a “seismic streamer”, or 
a collection of cables with seismic-source hydrophones 
attached,

–  seismic acoustic sources use compressed air to produce 
hydroacoustic energy,

–  receivers capture the returning sound waves.
The recordings received from seismic surveys are transformed 

into visual images of the subsurface of the sea bottom in the 
area of the seismic survey. Depending on the sea depth and the 
distance from the survey area to land, there are two types of 
towed streamer operations: shallow water and offshore seismic 
surveys.

A shallow-water/transition-zone seismic survey is a complex 
seismic operation as it is undertaken in shallow water [1]. The 
transition zone environment extends from onshore, where the 
presence of swamps and river estuaries makes conventional land 
or offshore acquisition techniques difficult or impossible, out 
to shallow marine environments, where deep-water offshore 
vessels cannot operate.

Seismic Survey Vessels (SSVs) are offshore units intended 
exclusively for the exploration of oil and gas resources 
under the sea bottom. SSVs have different sizes and shapes 
according to their functions. In shallow water acquisition, 
small conventional vessels are used. As a rule, their decks 
are additionally equipped with installations which enable 
geophysical surveys to be carried out. The specially designed 
SSVs are used in offshore acquisition. The most distinguishable 
offshore unit of the SSV type is Titan-class Ramform Thetys 
operated by the Norwegian ship-owner PSG [9]. This design, 
with its delta hull and spacious broad beam (Fig. 1), provides 
high stability in all sea conditions. A sinusoidal waterline 
allows stable motion behaviour at the beam. Meanwhile, 
the vast back deck is perfect for storing and towing an 
unprecedented array of acquisition equipment.

This ship, like the other ships of the Titan class, has a fairly 
specific shape: looking from the top, it is similar to a triangle 
(Fig. 1a). It is 104.2 m long and 70 m wide in the stern, 
which contains 24 streamer reels (Fig. 1b): 16 abreast and 8 
in a second row. 

This solution of the SSV makes it possible to deploy 24 
streamers of 12 km in length with gaps of 100 m between 
them. Apparently, it is the largest moving object in the world 
created by mankind in terms of the surface covered. The 
towing force through the water can be compared with the 
towing capability of a bollard pull (300 tonnes) [9].

Fig. 1. Top view scheme of Seismic Survey Vessel –Ramform Thetys 
class Titan type: a) top view; a) back view
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length. Each section is filled with electrical isolating fluid, 
which has a specific gravity of less than one, to make the 
overall streamer neutrally buoyant. The insulating layer 
located between the outer layer and the reinforced fibreglass 
layer is made of material with vibration damping properties. 
Although this fluid was historically an organic compound, 
more recently a purely synthetic material has been used. 

The groups in the streamer are combined into sections, 
each 50–100 m in length, to allow modular replacement of 
damaged sections. Each section is terminated by a connector 
unit. The main task of electronic modules is to digitize and 
transmit the acquired signal along the streamer to the 
recording system on board the vessel where the data are 
stored. The stress members (steel or Kevlar) provide the 
physical strength required, allowing the streamer to be towed 
in the roughest of weather. The electrical transmission system 
makes it possible to transmit power to the streamer electronic 
modules and peripheral devices and to send telemetry data. 

A set of parallel columns of streamers creates a matrix 
relevant to the recording of the acoustic waves reflected from 
ground layers located under the sea bottom. The rows of this 
matrix are the measuring streamer modules (Fig. 3).

The number of streamers depends on the SSV beam 
and can reach 24 columns. They are towed with controlled 
submersion under water (Fig. 4). 

This immersion varies depending on the size and is
–  from 4 to 10 m in shallow waters; 
–  about 25 m on most offshore areas; 
–  up to 100 m in waters with a depth not exceeding 500 m.
The streamer length depends on the depth and type of 

the geological target for a given survey. Recent surveys in 
the North Sea have used streamer lengths of up to 8000 m, 

The key elements or areas of a typical offshore SSV are: 
–  an instrument room; 
–  a back deck, and;
–  a compressor room. 
The SSV instrument room is where the essential equipment 

necessary for a seismic survey is located, such as the computer 
aided system enabling data recording, the positioning system 
for the streamer array and sources of hydroacoustic energy, 
and the hydroacoustic wave activation system. The back deck 
of the SSV is designed for storage, deployment, and retrieval 
of the towed seismic equipment. Streamers are stored on 
large reels and, when acquisition is in progress, are deployed 
from the back of the vessel and towed directly behind the 
SSV (Fig. 1b). The compressor room of the SSV contains the 
compressor engines and compressors, which supply high-
pressure air to the source arrays.

Seismic acoustic sources are attached to the immersed 
towed cables and generate an explosive wave by means of 
air guns. This operation consists in the sudden release of 
compressed air from a set of gun chambers of different 
volumes. On the signal given by the SSV instrument room, 
the compressed air is released and violent decompression 
produces a high-energy acoustic wave. Air guns are connected 
into columns and form a small matrix (Fig. 1a).

Receivers capturing the returning sound waves are key 
components of the acoustic wave recording system. They 
are embedded in the measuring streamer module, which is 
a complex circular section sandwich system in the form of 
a long cable segment (Fig. 2). 

The streamer consists of four principal components: 
hydrophones, electronic modules, stress members, and 
electrical transmission systems.

The hydrophones convert the reflected pressure signals from 
a seismic source into electrical signals. Most hydrophones are 
based on a piezoelectric transducer that generates electricity 
when subjected to a pressure change. Hydrophones, grouped 
into several dozen units and assembled in a special housing, 
form a separate measuring module. Then, a set of hydrophones 
is embedded into the measuring modules in their insulation 
layer. The hydrophones are usually spaced about 1.0–3.0 m 
apart but are electrically coupled in groups 12.5 or 25.0 m in 

Fig. 2. Cross-section of the streamer cable structure

Fig. 3. Array of streamer cables towed by seismic survey vessel (top view)

Fig. 4. Seismic streamer cable towed by seismic survey vessel with 
controlled submersion (side view)
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whereas in the Gulf of Mexico and offshore West Africa some 
surveys used streamers of up to 12000 m in length.

To obtain the appropriate seismic data, it is necessary to 
configure and maintain the desired geometry of the towed 
streamer and air gun arrays. To control the arrangement of 
streamers in a water plane and their immersion, special floating 
units assuring adequate buoyancy are used, namely paravanes 
(diverters, deflectors, deflector straps), tailbuoys, and depth 
control units or birds. Paravanes are towed through the water to 
maintain the streamer and air gun arrays in a certain position 
relative to the towing SSV. These arrays are connected by means 
of a special rigging system containing cross-connect cables and 
towed ropes. Tailbuoys are floating devices used to identify 
the end of a streamer and allow the seismic acquisition crew 
to monitor the location and direction of streamers. Depth 
control units or birds are used to control the depth of the 
streamer to an accuracy of typically +/– 1 m. In addition to 
the internal components, there are different types of external 
devices, which are sometimes attached to the streamer, such 
as flux gate compasses (often integrated within depth control 
units) and acoustic positioning units. These units are mounted 
externally onto a marine seismic streamer cable.

The results of position measurements received from the 
individual components are displayed on the control system 
screen in the SSV instrument room. They enable an operator 
(a seismic navigator) to continuously preview the spatial 
layout of the streamer and air guns matrixes and correct 
their configurations.

Depending on both the SSV’s power and the sizes of the 
towed seismic survey equipment, the diameter of these cables 
varies from 14 to 70 cm [8], for example:

–  the Geometrics DHA-7 eight-channel mini-streamer [6] 
has a diameter 14 cm and includes 8 hydrophone groups 
with 12 hydrophones per group, spaced 6.25 m apart 
with a total length of 150 m, 

–  the Teledyne Marine SDS-55 240-channel streamer [11] 
has a diameter of 55 cm and utilizes liquid crystal polymer 
stress members, a novel spacer approach, waterproof 
hydrophones, and ingenious connector designs. 

OPERATIONAL PERFORMANCE  
AND COLLISION CONSEQUENCES  
OF OFFSHORE SEISMIC SURVEYS

The location, timing, and duration of an offshore seismic 
survey are dictated by the weather condition as well as the 
time of year when the survey is conducted. SSVs typically 
operate at a tow speed of between 4.5 and 5.0 knots. At this 
rate, they could conceivably cover some 200 km in a day and 
almost 6500 km in one month. As survey dimensions are not 
usually as great as 200 km, the SSV must turn at the end of 
each line before starting the next lap. With seismic streamers 
as long as 8000 m (with as many as 16 streamers being towed 
simultaneously behind the vessel), the time taken to change 
direction, or the line change time, may be up to 3 hours or 
more for the largest streamer configuration. For a survey with 
a line length of 45 km, which is fairly long even by today’s 

standards, the line acquisition time of 5 hours is then followed 
by a line change of 3 hours or 60% of the acquisition time [1].

The offshore seismic survey is usually accompanied by one 
or more stoppageoffshore support vessels (OSVs). They are 
designed to ensure that other floating units do not interfere 
with the survey.

While a SSV is on survey, because of the slow towing 
speeds involved, the possibility of a ship strike with a marine 
mammal becomes negligible. Collisions between an SSV at 
speed and any of these species would possibly result in the 
mortality of the individual marine mammal [4]. At a speed 
of 4 knots, the risk of a vessel–whale collision resulting in 
lethal outcome is estimated as < 10% [7].

In terms of SSV-associated impacts, the International 
Association of Geophysical Contractors (IAGC) has noted 
that total vessel traffic in an area where a SSV is operating 
typically decreases as fishing and recreational vessels move 
out of the survey area to avoid vessel conflicts. 

Collisions of seismic survey equipment with fixed objects 
are also rare. Unfortunately, when they happen, they can be 
quite expensive because the expenses of the offshore seismic 
survey are directly related to the costs of offshore operation. 
The main expense for these services is the vessel day rate. Day 
rates for a fully equipped and manned SSV are from 60000 
to 200000 USD for 3D vessels and from 15000 to 45000 USD 
for 2D vessels [10]. 

Every time a seismic vessel with towed streamers is forced 
to abort a line due to an unforeseen event, roughly 6 hours 
are lost by turning around and starting over or moving to 
another line. At a rate of 150000 USD per day, each 6-hour 
break-off would cost the company 25000 USD. An example 
of such an expense is when a container ship ran over the tail 
end of an 8-km towed streamer array during a seismic survey 
in the Gulf of Mexico, causing a reported 25 million USD 
worth of damages [3].

Therefore, economic factors should be taken into 
consideration even in the case of negligible probability of 
collisions between the SSV and other objects occurring in 
the area of geophysical exploration. Moreover, the risk of 
collision will increase over the years as a result of an increased 
number of offshore seismic survey operations. 

Therefore, a towed streamer should be highly robust, as 
mentioned above. To assure its robustness, we should know 
the deformation mechanism of a single streamer caused by 
a strike during a collision between the towed streamer and 
any obstacles moving underwater. This in turn requires the 
development of an appropriate mathematical model of such 
a phenomenon.

STATEMENT OF THE PROBLEM

Let us consider the case when a streamer is: 
–  towed with controlled submersion parallel to the seawater 

surface,
–  subjected to an impact load caused by a collision with 

any underwater obstacle, such as an underwater towed 
unit, marine mammal, submarine, and so on. 
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Moreover, we assume that the velocity of the towed streamer 
V01 is constant. A stress member of the connected streamer 
cable segments (hereafter called a cable) provides the physical 
strength required, allowing the streamer to be towed in the 
roughest of weather. The cable is terminated by connector 
units on both sides. A top view of the situation just before 
collision is presented in Fig. 5a. The cable can be considered 
as a string with fixed ends with a body of mass m1 which is 
stretched by the tension force T0. 

At a certain point in time, which is taken as the reference 
point t = 0, any underwater obstacles with a body of mass 
m2 moving perpendicularly to the cable at velocity V02 come 
into contact with it. A scheme of the considered situation is 
presented in Fig. 5b.

Let us also assume that the collision occurs in the middle of 
the cable. Our task is to find the cable’s additional tension force 
ΔT as a result of this collision. We can consider the cable as:

–  an expandable weightless thread and 
–  an expandable thread with a point mass located at the 

point of impact.
To solve this task, we have taken into account the following 

preliminary assumptions:
–  a lack of string motion associated with wave functions,
–  a lack of the medium resistance during the string motion 

in water.
In the first case, the application of the conservation of energy 

principle provides a powerful tool for solving the presented 
problem. The principle of the conservation of mechanical 
energy states that the total mechanical energy in a system 
(i.e., the sum of the potential plus kinetic energies) remains 
constant as long as the only forces acting are conservative forces.

In the considered case, the kinetic energy K of the colliding 
objects is converted into the potential energy Π. This potential 
energy is stored in the cable as a result of its deformation, 
like the stretching of a spring [14].

For the Cartesian coordinate system connected rigidly 
with the towing vessel:

–  the total kinetic energy Kmax of the underwater obstacle 
and the weightless cable after the elastic collision equals:

Kmax =         (1)

where V0 = V01 + V02 and m0 = m1 + m2.
–  the total potential energy Πmax of one section of the two 

equal parts of the stretched cable (Fig. 5b) caused by the 
additional tension force ΔT equals:

Πmax = 2∫0

Δlmax ΔTd(Δl)     (2)

where Δl is the elastic deformation (elongation) of each part 
of the cable as a result of the collision (Fig. 5b).

Within certain limits, the additional tension force ΔT 
caused by stretching of the expandable weightless cable is 
directly proportional to the extension of the spring. This is 
known as Hooke’s law and can be written as follows:

ΔT = c ·        (3)

where:
ΔT is an additional tension force,
l0 is the half length of the cable (Fig. 5a),
Δl is the elastic deformation of the cable,
c is a spring constant:

c = E · F        (4)

where:
E is the Young’s modulus of the cable,
F is the cross-sectional area of the cable stress member.

Fig. 5. Top view scheme of towed streamer with controlled submersion subjected to an impact load caused by a collision with any underwater obstacle: 
a) situation just before collision; a) situation after collision

(a) (b)
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Finally, the additional tension force ΔT is:

ΔT = E · F        (5)

It is worth noting that this additional tension ΔT depends 
on the geometric (F, l0) and material (E) properties of the 
cable only.

The elastic deformation Δl (elongation) of the cable can 
be determined from the geometrical relations presented in 
Fig. 5b:

Δl = l(t) – l0 =  – l0 =    (6)

The total deformation will be as follows:

Δlmax ≈       (7)

where: 
Δlmax is the maximal deformation of the cable triggered by 
the collision.

Now, the total potential energy Πmax caused by the 
additional tension force ΔT equals:

Πmax = 2∫0

Δlmaxc · Δld(Δl) = c · Δl 2
max   (8)

Now, taking into account that both the kinetic energy (1) 
and the potential energy (8) of the colliding objects are equal:

Kmax = Πmax       (9)

we get:

 = c · Δl 2
max      (10)

Then, the maximal deformation Δlmax of the cable is:

Δlmax =  = V0    (11)

whereas the maximal dynamic additional tension force (3) 
is equal to:

ΔTmax = c · Δlmax = V0    (12)

Now substituting the dependency for the spring constant 
c (4) in the obtained equation (12), we get:

ΔTmax = V0    (13)

After a series of transformations, we can obtain a slightly 
different representation for ΔT:

ΔT = ρ0 · V0 · a0      (14)

where:
ρ0 is the density of the cable stress member material.

In the second case, taking into account the inertial 
properties of the cable, we could consider the towing steamer 
segment as an extensible thread with an equivalent point 
mass m1 located at the point of impact.

To determine the equivalent mass of the cable m1 in the 
form of a concentrated load, we can use the equations of string 
and load motions respectively. The string motion equation 
(known as a simple harmonic oscillator) is as follows:

 + ω2
0 · y = 0      (15)

where ω0 is the angular frequency of string oscillations:

ω0 =        (16)

and q is the cable linear density (that is, the mass per unit 
length).

The load motion equation is expressed as:

 + k2 · y = 0      (17)

where k is the natural frequency of free vibration for a system 
without damping:

k =       (18)

Comparing the coefficients ω0 (16) and k (18) of both 
equations describing string motion, we can determine the 
equivalent mass of the load:

m1 =  · y ≈ 0,8 (ρ0 · l0 · F)   (19)

When an object of mass m2 moving at a speed of V02 strikes 
a cable with equivalent mass m1 moving at a speed of V01, the 
whole system will have a speed of:

V0 = (V01 + V02)     (20)

Therefore, the kinetic energy K of the whole system can 
be written as:

K = (m1 + m2)       (21)

The potential energy Π of the tensioned cable can be 
determined by (2) or can be expressed as follows:

Πm = c · l0        (22)

Comparing the energies expressed by (21) and (22) 
respectively, we obtain:

(m1 + m2)  = c · l0     (23)

Taking into consideration (4) and (20) and determining 
from (23) the cable’s fractional elongation, we get:
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 =     (24)

Substituting the above received relation (24) into (3) 
expresses the additional tension force ΔT, we obtain:

ΔT = (V01 + V02)    (25)

The value of the total cable tension is defined as the sum 
of the static and dynamic components is equal to:

T = T0 + ΔT       (26)

In this way, we obtain two equations that will allow us to 
calculate the total tension in the towed streamer segment as 
a result of its collision with the underwater obstacle when 
the cable is considered as:

–  an expandable weightless thread (14),
–  an expandable thread with a point mass located at the 

point of impact (25).
Based on the analysis of these equations, we can state that 

consideration of the cable mass leads to a decrease in the 
dynamic tension in the cable. 

It was mentioned earlier that both equations (14) and (25) 
are approximations, since they take into account neither the 
wave processes in the cable nor the water resistance during 
the cable motion. 

Now, our task is to justify the possibility of using Eq. (25) to 
determine the maximum tension force in the towed streamer 
segment as a result of its collision with the underwater 
obstacle. This equation assumed straightness of the streamer 
segment between the impact point of any underwater obstacle 
and the streamer connector units considered as string fixed 
ends, as well as the absence of losses due to the hydrodynamic 
friction of the towed streamer.

COMPUTER-AIDED SYSTEM SUPPORTING 
SIMULATION OF THE CABLE BEHAVIOUR 

AND DISCUSSION
To solve the problem formulated in the preceding paragraph, 

we apply: 
–  the developed mathematical model of two connected 

flexible components of the marine towed cable presented 
in [2, 16],

–  the computer-aided system presented in [15] to enable 
simulation and calculation of the dynamic tension in the 
cable obtained based on this developed mathematical 
model. 

The developed mathematical model described the dynamics 
of the marine towed system by means of a set of partial 
differential equations. This system includes the following 
components: a vessel, a streamer segment, and a whole towed 
cable. The applied set of equations depends on the parameters 
characterizing the properties of this system and the external 
impacts on it. 

Based on the developed mathematical model, we are able 
to observe the dynamics of the marine towed cable as a result 
of external forces and reactions of its elongation, bending, 
and turning. More information can be found in [2].

To demonstrate the working principle of the computer-
aided system for observation of the simulation process, let 
us assume that the towed streamer segment has a length of 
1000 m, a diameter of 14 mm, and a Young’s modulus of 
9.55 ∙ 108 Pa, the cable linear density is 0.15386 kg/m, and the 
normal and tangential coefficients of streamer hydrodynamic 
drag are zero. Moreover both the SSV and the towed streamer 
(TS) are motionless. At the initial moment of time, the 
streamer segment (SS) is at rest, located horizontally, and 
has the shape of a straight line. The value of its tension  is zero. 
Then, at the midpoint of its length, there is a collision with 
an object of mass m2, which moves perpendicular to the SS 
with the initial speed . A section of the computer-aided system 
with input parameters is shown in Fig. 6, while a section for 
observation of the simulation progress is presented in Fig. 7.

Fig. 6. Screen (fragment) of the computer-aided system with input 
parameters introduced
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The results of the simulation show that the shape of the SS 
during its interaction with the underwater obstacle (UO) 
differs significantly from a linear shape (Table 1). In the 
simulation, we assumed that the UO remains in permanent 
contact with the SS (it is not released from it) throughout the 
entire duration of its movement, in both the positive and the 
negative direction. The simulation time was chosen arbitrarily 
and amounted to 30 sec. 

The diagrams presented in Table 1 show the shapes of 
the SS that are the most characteristic of this case for the 
arbitrary chosen times. (Table 1, next page)

The SS tension force during the time of observation changed 
significantly (Fig. 8) and both the SS and UO performed 
damped oscillations, indicating a significant influence of 
fluid resistance forces.

The shape of the SS at its maximum tension force corresponds 
to the assumptions that were used in the development of 
Eq. (25) (for m = 100 tons and V0 = 15 m/s respectively). 

Taking into account the hydrodynamic resistance 
perpendicular to the horizontal axis, we can notice that 

the shape of the cable during its maximum tension differs 
significantly from the shape obtained from Eq.  (25). It 
depends on the UO mass, which is confirmed by the diagrams 
presented in Fig. 9.

Fig. 7. Screen (fragment) of the computer-aided system for observation of the simulation process

Fig. 9. The shape of the SS at its maximum deflection: a) for mass = 1 tons; b) for mass = 10 tons; c) for mass = 100 tons
(a) (b) (c) 

Fig. 8. Diagram showing the change of the SS tension force
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From of SS From of SS

1 2 1 2

0.0 26.3

2.1 26.7

3.6 27.1

4.3 27.3

5.8 27.5

14.4 28.4

25.9 56.0

Table 1. The simulation results of collision between SS and UO 
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For the previously adopted parameters (towed streamer 
segment = 1000 m, towed streamer diameter = 14 mm, 
Young’s modulus = 9.55 × 108 Pa), the results of calculations 
of the SS tension force ΔT obtained using both Eq. (25) and the 
dedicated computer-aided system respectively are presented 
in Table 2. 

The results of comparing the dependences of the  SS 
maximum tension force ΔT at the velocity V0 obtained 
by means of Eq. (25) and the computer-aided system are 
presented in Fig. 10. 

Based on these comparisons, we can state that the results 
obtained by means of Eq. (25) are applicable if the UO mass m 
is less than 10 tons and its initial speed V0, is less than 4 m/sec. 
Otherwise, use of Eq. (25) for calculation of the SS maximum 
tension force ΔT gives us significantly overestimated results.

CONCLUSIONS

The developed mathematical models and computer-aided 
system supporting simulation of the towed steamer cable 
behaviour as well as the performed analysis of the simulation 
results permitted us to formulate the following conclusions:

–  using both the developed mathematical model and the 
computer-aided system for description of the towed 
streamer dynamics after collision with the moving 
underwater obstacle allows clarification of the classical 
mathematical model used to calculate its maximum 
tension force,

–  the existing mathematical models have some limitations 
and can only be used for relatively small underwater 
obstacle masses and velocities,

–  the developed tools allow us to understand the 
deformation mechanism more deeply, which, in turn, 
could allow the design of towed streamer cables with 
the required robustness to withstand impact by any 
underwater floating obstacle.
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PARAMETRIC METHOD APPLICABLE IN ASSESSING BREAKOUT 
FORCE AND TIME FOR LIFTING SLENDER BODIES FROM SEABED 
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ABSTRACT

The article presents a parametric method applicable in assessing the suction force of a slender body to the seabed, and 
prognosing the body extrication time. Along with the body weight in water, the information on the suction force is 
essential for assessing the force needed to lift the object from the seabed. Based on the Foda theory and the resulting 
integral equation, which relates the maximum suction force with basic parameters of the issue of concern, the parametric 
method has been developed which can be widely applied in engineering practice of lifting objects. A set of discrete values 
of parameters selected from the range of typical values for engineering practice was the basis for developing algebraic 
formulas approximating the integral Foda equation for slender bodies. The included results of tests present the variability 
of suction force characteristics and the envelopes of maximum forces needed to extricate the body from the seabed. 

Keywords: lifting objects from the seabed, breakout force, force needed to extricate the object from the seabed

INTRODUCTION

The engineering practice in lifting objects from the seabed, 
such as a sunken shipwreck, a submarine, of a ballast anchor, 
for instance, reveals that the force needed to extricate the 
object from the seabed can be a multiple of its weight in 
water. The knowledge of this phenomenon and physical 
relations which describe it, along with the ability to predict 
the force, speed, and time needed to extricate the object from 
the seabed, is a useful tool in both preparing the recovery 
procedure and selecting necessary instrumentation.

The empirical observations quoted in [4] and [10], and 
experimental tests reported in [1] and [2] for instance, give the 
evidence that the phenomenon of object sucking to the seabed 
results from local pressure differences appearing in water 
and in the porous seabed soil when the object is extricated 
from the seabed.

F 

Fig. 1 Conceptual sketch of the phenomenon of slender body extrication from 
porous seabed
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The shape of the contact surface between the body and 
seabed is frequently slender and elongated, with the contact 
length much larger than width. This is the case of a sunken 
shipwreck, a pipeline laid on the sea bottom, or a submarine 
resting on the seabed. Preparing a relevant lifting procedure 
requires determining the force needed to extricate the body 
from the seabed and predicting the time duration of the 
entire operation. The shape of the body/seabed contact surface 
affects considerably the exact value of the acting suction force. 
The pressure distribution on this surface is different in the 
case of a slender body than for an axisymmetric object, due 
to different ratios between surface circumference and area, 
and different volumes of water inflowing over the edge to the 
space under the body during the pressure balancing process 
when the body is extricated from the seabed.

Due to specific geometric configuration, methods to 
determine the extrication force for axisymmetric objects, 
such as [3], [5], [9], and [10], for instance, are of very limited 
use for prognosing the suction force for a slender body. The 
elongated shape of the body requires a method which will 
take into account specific boundary conditions for this type of 
body/seabed contact surface. This requirement is considered 
in the Foda theory [3].

PURPOSE AND SCOPE

Methods to determine forces needed to lift an object 
resting on the seabed are either simple and based on empirical 
data, at the same time neglecting important aspects of the 
phenomenon, or take into account many essential parameters 
at the expense of higher complication of the mathematical 
model, for instance [3], [4], [9], and [12], with resulting 
difficulties in assessing parameters important in engineering 
practice.

The cognitive purpose of the study presented in this article 
was assessing and testing the characteristics of forces generated 
during extrication of a slender body from the seabed. These 
forces are related with the phenomenon of water suction from 
porous seabed structure during body extrication, with the 
resulting pressure drop in seabed structure pores. The study 
was based on the analytical theory formulated by Foda [3] 
for slender bodies.

The formulated practical goal consisted in developing 
a useful method to determine parameters of lifting a slender 
body from the seabed. This method was expected to have 
a form of a simple mathematical model with accuracy 
comparable with theoretical methods, and thus be easily 
applicable in engineering practice. The presented method 
refers to objects with elongated shapes, when the length of the 
object/seabed contact is larger than its width. The determined 
extrication force is the force value per unit length of object/
seabed contact.

The applicability of the method is limited by the range of the 
assumed parameters of the examined phenomenon, including 
the shape and dimensions of the lifted body, the extrication 
speed, as well as the degree of saturation and elasticity of 

the seabed structure. The values of these parameters affect 
considerably the final values of extrication force and time.

Beside the extrication force, when assessing the total force 
needed to lift an object from the seabed, the object weight in 
water should also be determined. However, this is a separate 
issue going beyond the scope of the present study. Its detailed 
description can be found in [7], among other publications. 
The prognostic value of the Foda theory, which can predict 
the appearance of a breakout phenomenon, well-known from 
practice, was the motivation for the present attempt to bring 
the theory closer to practical applications.

REVIEW OF CURRENT KNOWLEDGE 
ON THE SUBJECT

The force needed to extricate a body from the seabed 
can be assessed using empirical relations, such as the Poinc 
formula [7], for instance, which defines the relation between 
the force needed to extricate the object from the seabed and 
the weight of the object in water – depending on the type 
of seabed soil. In the Poinc formula, the suction force only 
depends on the type of seabed and the object weight in water, 
which is a major simplification, as both practical experience 
and performed experiments show that the in-depth structure 
of the seabed, as well as the speed and time of extrication, 
affect considerably the required final value of the extrication 
force and are mutually dependent.

It results from the laboratory tests performed by Basinski [1], 
[2] that the extrication force – directed opposite to the suction 
force – can reach a large value, which is also confirmed by 
reports from excavation works [8], [11]. Basinski examined 
objects with circular shapes and diameters of up to 30 cm, at 
different soil grain sizes. The phenomenon of object extrication 
from granular soil during the suction force action phase was 
explained by Basinski as follows. The applied external lifting 
force reduces the pressure under the rigid body base with respect 
to the surrounding hydrostatic pressure. The distribution of 
pressure drop under the object base is non-uniform when the 
object rests freely on the soil surface, and is uniform when 
it is embedded into the soil. The pressure drop caused by 
the object motion propagates into the soil, and the created 
pressure gradient initiates the flow of water in soil pores.

At object edges, the pressure difference makes that the 
water flows faster under the object base, as a result of which 
the soil becomes more liquefied and is washed out. The water 
flow generates relatively large forces of inertia of the accelerated 
water masses and friction forces between water particles 
moving up and soil grains, all this leading to the reduction 
of soil cohesion and lifting up of part of soil grains. With the 
increasing gap between the rigid body base and the soil, the 
resistance of motion in the gap decreases and the amount 
of water flowing through it increases.

Theoretical analyses of this phenomenon are based on the 
concept of boundary layer in porous medium. It is assumed 
that in direct vicinity of the seabed surface, the dynamics 
of motion of the water filling the soil pores differs from that 
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inside the soil. This assumption is justified by the fact that the 
value of the suction force depends on the speed of extricating 
the object from the seabed, as well as on the type and cohesion 
of the soil, the saturation degree, the geometry and dimensions 
of the object, and the depth of object embedment into the soil.

When analysing pressure changes in relation with the 
speed of body extrication from the seabed, Sawicki [9], [11], 
[12], three phases of the extrication phenomenon can be 
named. In the first phase, which lasts until the stability loss 
of the soil structure skeleton, the breakout force is mainly 
composed of adhesive and cohesive forces acting on the contact 
surface between the extricated body and the soil. In the second 
phase, which starts when the soil stability is lost, the dominating 
force is the resistance of the water flowing through the soil, while 
in the third phase – the resistance of the water flowing through 
the gap between the object and the seabed.

Foda [3] has proposed mathematical models of object 
extrication from seabed for both axisymmetric and slender 
bodies. After adopting a number of simplifying assumptions, 
he developed equations describing the pressure drop 
between the seabed structure and the extricated object 
during object motion initiation. Making use of Biot’s theory 
about properties of flows in porous-elastic bodies and the 
Darcy’s law, the author derived formulas describing the 
resultant force of object suction to the bottom of water 
reservoir. The obtained solutions referred to axisymmetric 
objects (with vertical symmetry axis) and slender bodies. 
The Foda theory and the resulting solutions reveal good 
prognostic properties. Among other aspects, they can 
predict the so-called breakout phenomenon, well-known 
from practice, which consists in the appearance of maximal 
breaking force after some time from the beginning of object 
detachment from the seabed, after which soil liquidation and 
fast decrease of sucking force take place. A detailed analysis of 
assumptions made and results obtained by Foda [4] was done 
by Mei et al. [7] who raised the issue of specific assumptions 
in the model describing the soil structure and the shape of 
the object/soil contact surface.

CONCEPT AND RESULTS OF THE STUDY

COGNITIVE ASPECT

The prognostic value of the Foda method [4] has justified 
initiating a systematic simulation study to develop an 
approximation model based method with much simpler 
mathematical structure than the original integral Foda 
equations, Eq. (1) or Eq. (2). This method could be easily 
applicable in engineering practice. Promising results 
of application of original Foda equations for practical 
calculations have been reported in [8], while experiments 
designed to verify the Foda theory have been conducted by Liu 
[4]. Unfortunately, the results of those experiments were only 
presented as an internal report and are not widely available.

The Foda theory is based on the assumption that the 
seabed soil has a porous structure and consists of linearly 
elastic (porous) skeleton with small channels filled with water. 
When the object starts moving, the water is sucked from these 
channels and flows into the space between the seabed and the 
object bottom. The seabed structure is modelled as a porous 
body filled with compressible liquid, the properties of which 
are defined by the volumetric pore fluid’s bulk modulus  
with values depending on the saturation degree of the pores. 
The elasticity of the porous body is given by its shear modulus 
G ; the value of which decides about the time of beginning of 
porous structure destruction caused by pressure drop [13]. 
The other important parameter is the seabed soil porosity 
coefficient n , which was assumed constant.

According to the Foda theory [4], for the motion with 
nonuniform extrication speed, the force F  with which 
a slender body is sucked to the seabed soil is given by Abel’s 
differential-integral equation:

 1/2
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2 1
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d d
t
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For body extrication with uniform speed , the time-
history of the extrication force F t related to the length 
of body adherence trace is given by the integral equation:
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The following symbols are used in the above equations:

1
72
4

3

6
o 1 2

n G k (4)

Nomenclature and adopted values of parameters:
 time;
 speed;
 half beam of the object;
 displacement distance;
 pore fluid’s bulk modulus,

7 210 N/mG  shear modulus of seabed soil;
10 310 m s/kgk  soil permeability coefficient;

0.3n  soil porosity coefficient;
1.325t/ m s  water viscosity;
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4 310 N/m  specific weight of water;
0.9  ratio of solid skeleton elasticity  

 to fluid elasticity;
0.333  Poisson’s ratio of solid-fluid system;

The following ranges of parameters were considered 
interesting from the point of view of engineering practice 
and used in the study:
– set of object widths (base beams):
 1.00 m,  5.00 m,  10.00 m ;B

– set of uniform extrication speeds:

 
3 4 5 610 m/s,  10 m/s,  10 m/s,  10 m/s ;

– set of pore fluid’s bulk moduli [12];
 7 2 9 210 N/m ; 10 N/m ;

For different combinations of parameters from the above 
sets, solutions to Eq. (2) were obtained using numerical 
methods, thus giving a set of discrete values of suction force 
F t  and gap size d t :

– , , ,i i i i ;

– , , ,i i i i ;

Graphic representations of the obtained results are given 
in Fig. 2, Fig. 3 and Fig. 4. In the diagrams, red lines refer 
to speed 3=10 m/s , blue lines to 4=10 m/s , green lines 
to 5=10 m/s , and claret lines to 6=10 m/s . Changes of 
the presented force characteristics range over several orders 
of magnitude, therefore these representations are shown in 
graphs with log scales.

Fig. 2. Extrication force characteristics for 1 mB ; 
7 2 9 210  and  10/ /

Fig. 3. Extrication force characteristics for 5 mB ; 
7 2 9 210  and  10/ /

Fig. 4. Extrication force characteristics for 10 mB  
7 2 9 210  and  10/ /

Solid lines in Fig. 2, Fig. 3 and Fig. 4 represent suction force 
characteristics expressed as functions of object extrication 
time and refer to the case when the volumetric water’s bulk 
modulus in the porous structure is equal to 7 210 N/m , 
which corresponds to saturation degree of 99%. The suction 
force increases with the increasing extrication speed. In each 
case, its maximum value, often referred to as the “breakout 
force” maxF , can occur either at the beginning of body motion, 
or after the “breakout time” . The former case takes 
place at higher extrication speeds (here: 310 m/s), while 
at lower speeds, (here: 610 m/s) the maximum force 
appears later.

Dashed lines in the graphs represent the extrication forces 
when the volumetric water’s bulk modulus in the porous 
structure is 9 210 N/m , which corresponds to saturation 
degree of 100%. The increase of the saturation degree from 
99% ( 7 210 N/m ) to 100% results in the increase of the 
extrication force maxF  by as much as two orders of magnitude.

It results from both the Foda theory, and the performed 
simulations that after the appearance of the maximum 
value maxF , the suction force clearly decreases, due to the 
destruction of the porous structure and loss of its stability 
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expressed by the shear modulus 7 210 N/mG , which 
corresponds to the seabed being a mixture of sand and silt 
[13]. The pressure drop-caused destruction of the seabed 
skeleton structure means its fluidisation and the beginning 
of intensive extrication motion. The performed simulations 
have revealed that this beginning time depends on both the 
extrication speed  and the /G  ratio, expressed by the 
parameter  in Eq. (4).

A practical conclusion from the obtained results is that the 
object excavation should be preceded by detailed examination 
of the saturation degree of the seabed structure [9], which 
is an essential condition for correct prognosis of the force 
needed to lift the object from the seabed.

PARAMETRIC METHOD

The maximum value of the suction force (the “breakout 
force”) maxF , and the breakout time , after which this 
force occurs depend on object dimensions and the extrication 
speed. The values of these two quantities were determined 
from the equation being the precondition for the existence 
of extremum of suction force characteristic:

 1/2
0

tanh
2 1 0

t
o

o

dF t d d
t

(5)

The solutions to Eq. (5), obtained in the form of sets of 
discrete extreme values:
– , , ;

– max , , , ;
were approximated with continuous functions of simple 
mathematical form, convenient for practical calculations. 
The adopted measure of accuracy of a given approximation 
was the sum of squares of relative mean errors. After testing 
selected approximation formulas, the following results were 
obtained.

For 7 210 N/m , the best approximation of the breakout 
force maxF  characteristic is given by the relation:

8.760.57 0.1
max

42331  0.041F Bp (6)

For 9 210 N/m , the best maxF approximation is given by:

max

1.160.6 1.227665  1.38 0.57F (7)

For 7 210 N/m , the best approximation of the breakout 
time max  characteristic is given by the relation:

0.86 0.5640.087 (8)

For 9 210 N/m , the best max approximation is given by:

(9)
0.720.86 0.810.024 2.5 0,045

In Eq. 6÷9, the extrication speed  is expressed in [mm/s], 
and object width (base beam) B  in [m]. The obtained breakout 
force maxF  is given in [kN/m], and the breakout time  

 in [s].
Graphic representation of the approximated breakout force 

maxF is shown in Fig. 5,
– solid lines represent envelopes of base beam-dependent 

maximal forces maxF for 7 210 N/m ;
– dashed lines represent envelopes of base beam-dependent 

maximal forces maxF  for 9 210 N/m ;
– dotted lines represent the breakout time  of occurrence 

of the breakout force maxF  when 7 210 N/m .

Fig. 5 Characteristics of breakout force maxF  and corresponding  
breakout time  max

SAMPLE METHOD APPLICATION

The breakout force maxF  and the breakout time  are 
to be assessed for the case of rectangular plate extricated 
from the seabed. The plate/seabed contact dimensions are: 
width 2.40B  m and length 10.00 mL . The assumed 
extrication speed is 0.001mm/s , while the pore fluid’s 
bulk modulus  takes the values of 7 210 N/m  and 

9 210 N/m .

For 7 210 N/m :

8.760.57 0.142

8.760.57 0.

max

142

331 0.041

331 0.0

F

10 1401 2.4 0.041 0 kN

L

This maximum suction force will occur after time :

0.86 0.564 0.86 0.5640.087 0.087 0.001 2.4 55 s
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For 9 210 N/m :

1.160.6 1.22
max

1.160.6 1.22

7665 1.38 0.57

10 7665 0.001 2.4 1.38 0.001 0.57 5150 kN

This maximum suction force will occur after time :
0.720.86 0.81

0.720.86 0.81

0.024 2.5 0.045

0.024 0.001 22.4 2.5 0.  0 1 0 4 s0 .0 5

The presented method has been developed based on the 
relations resulting from the theoretical description of the 
examined phenomenon. This approach is justified by the 
fact that building upon the results of experiments performed 
in laboratory conditions with small objects, such as [2] for 
instance, i.e. at a large scale with respect to real objects, faces 
certain difficulties, as the laws of similitude for this phenomenon 
have not been well-defined yet.

The reported results of simulations can make a basis 
for working out a programme of laboratory experimental 
tests to define the laws of similitude controlling the body 
extrication phenomenon, while practical applicability of the 
presented method consists in fact that these calculations can 
be performed using a simple calculator.

SUMMARY

The issue discussed in the article reflects the need for 
research to improve the technology of lifting objects from 
seabed. This issue gains in importance when considering the 
ecological threat caused by progressive plating degradation of 
shipwrecks sunk during World War I and II. A large number 
of these shipwrecks rest on the bottom of the Baltic Sea. 
Their tanks contain both oil derivatives and lethal chemicals, 
all creating an “ecological bomb”, especially dangerous for 
such a small water region as the Baltic Sea. The problem of 
counteracting this threat is a serious technological challenge 
for the Baltic coastal states.

The present method to calculate forces needed to lift objects 
resting on the seabed fills a gap between methods based on 
simple empirical relations, such as those proposed in [7], 
and complicated formulas taking into consideration basic 
theoretical relations, presented, for instance, in [3] and [9].
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ABSTRACT

A low-pressure gas supply system for dual fuel engines was designed to transport liquid natural gas from a storage 
tank to a dual fuel engine and gasify it during transportation. The heat exchange area and pressure drop in 
the spiral- wound heat exchanger, the volume of the buffer tank and the pressure drop in the pipeline of the gas 
supply system were calculated by programming using Python. Experiments were carried out during the process 
of starting and running the dual fuel engine using this gas supply system. Experimental data show that the gas 
supply system can supply gas stably during the process and ensure the stable operation of the dual fuel engine. 
The effects of the parameters of natural gas and ethylene glycol solution on the heat exchange area of the spiral-
wound heat exchanger and the volume of the buffer tank in the gas supply system were studied. The results show 
that the heat exchange area calculated according to pure methane can adapt to the case of non-pure methane. The 
temperature difference between natural gas and ethylene glycol solution should be increased in order to reduce 
the heat exchange area. The heat exchange area selected according to the high pressure of natural gas can adapt 
to the low pressure of natural gas. The volume of the buffer tank should be selected according to the situation of 
the minimum methane content to adapt to the situation of high methane content. The main influencing factor in 
selecting the volume of the buffer tank is the natural gas flow. The results can provide guidance for the design of 
the gas supply system for dual fuel engines.

Keywords: gas supply system, dual fuel engine, spiral-wound heat exchanger, buffer tank

INTRODUCTION

As a reliable fuel, diesel-oil has been used widely in large 
ships. However, SO2 and NOX released by diesel combustion are 
harmful to human beings and pollute the environment [1]. In 
order to control the emission of SO2, many countries [2, 3] have 
tested and analysed the amount of SO2 in air. If the amount of 
NOX and hydrocarbons in the atmosphere reaches a certain 
value under ultraviolet radiation, photochemical reactions will 
be caused, and finally photochemical smog will be formed. 
Photochemical smog is very harmful to human beings [4].

In order to reduce the amount of air pollutants from 
ships, the International Maritime Organization (IMO) has 
proposed that the sulphur content in ship fuel should be less 
than 0.5% from January 1, 2020 [5]. The NOX emission of 
a ship engine with a speed of 1000 rpm should be less than 
2.25 g/(kW·h) [6].

Using natural gas instead of diesel is an important way 
to reduce the emission of air pollutants. Dual fuel engines 
are used to enable natural gas to provide power to ships. The 
operation mode of the dual fuel engine is divided into oil 
mode and gas mode.
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In the oil mode, diesel is used and natural gas is not used. In 
the gas mode, natural gas is used mainly, and a small amount 
of diesel is used to ignite the natural gas. There are almost 
no SO2 emissions due to the low sulphur content of natural 
gas. In addition, the emission of SO2 from the combustion of 
diesel is very small relative to the total emission. In general, 
the emission of SO2 in the gas mode of a dual fuel engine is 
much lower than that of a diesel engine. Dual fuel engines 
also emit less nitrogen oxide than diesel engines [7, 8].In 
order to facilitate storage and transportation, natural gas is 
usually liquefied and stored in tanks at a certain pressure 
and gasified when needed. A dual fuel engine uses natural 
gas rather than liquid natural gas, so a gas supply system is 
needed to heat and gasify the liquid natural gas into gaseous, 
pressurised, temperature-controlled gas to be burned in dual 
fuel engines. Gas supply systems typically include gasifiers, 
buffer tanks, and accessory pipes. In addition, pumps are 
required in high-pressure gas supply systems to supply gas 
to two-stroke dual fuel engines [9].

This paper mainly discusses the low-pressure gas supply 
system as shown in Fig. 1. LNG from the storage tank is gasified 
and heated to a certain temperature in the gasifier, passing 
through the buffer tank and entering the GVU. The fluid used 
to exchange heat with the LNG in the gasifier is ethylene glycol 
aqueous solution, due to its high specific heat capacity, low risk 
and non-solidification at 0°C. After cooling with natural gas, 
the ethylene glycol solution is heated by hot water from the 
ship’s engine and pressurised by pump. There is no pump in 
the system to pressurise the natural gas due to the fact that the 
natural gas pressure has been reduced through the gasifier and 
pipeline. However, it is still higher than the allowable supply 
pressure of the dual fuel engine. The equipment gasifying the 

LNG in the system is a heat exchanger. Nowadays the widely 
used heat exchangers are plate heat exchangers [10], shell heat 
exchangers [11] and u-tube heat exchangers [12]. Compared 
with these heat exchangers, spiral-wound heat exchangers have 
a compact structure, high operating pressure in the tube and 
high heat exchange efficiency [13]. They have great advantages 
for ships which have limited equipment space. The spiral-
wound heat exchanger is mainly composed of the core tube, 
spacer, heat transfer tube and shell, and the working substance 
in it can be methane, ethane, propane, nitrogen, etc., which is 
used widely in the gasification and heating of natural gas. In 
addition, as the amount of LNG in the storage tank decreases, 
the pressure in the storage tank decreases. In order to maintain 
the stability of the pressure in the storage tank, a small amount 
of LNG needs to be gasified and transported back to the tank. 
Therefore, the gasifier is divided into two zones: the LNG 
gasified in zone 1 is transported to the dual fuel engine, and 
the LNG gasified in zone 2 is transported back to the storage 
tank. The spiral-wound heat exchanger is the most important 
equipment in the whole gas supply system. Selecting a buffer 
tank with the right volume can help to keep the supply pressure 
stable when the natural gas flow is increased. Without a buffer 
tank, the dual fuel engine will switch automatically from gas 
mode to oil mode when it is loaded.

In this paper, a low-pressure gas supply system is designed. 
In order to verify the reliability of the designed system, 
experiments on the start-up and operation of the gas supply 
system and dual fuel engine are carried out. By changing 
the composition, mass flow, temperature and pressure of 
the natural gas and the temperature of the ethylene glycol 
aqueous solution, the changes of the main components of the 
gas supply system are obtained, and the problems needing 

NOMENCLATURE

A – heat exchange area (m2)
D – shell side fluid equivalent diameter (m)
d – piping diameter (m)
do – piping outside diameter (m)
Gr – Grashof number
g – gravitational acceleration (m/s2)
h – heat transfer coefficient (W/m2/K)
hin – enthalpy of inlet natural gas (J/kg)
hout – enthalpy of outlet natural gas (J/kg)
il-g – latent heat of vaporisation (J/kg)
K – total heat transfer coefficient (W/m2/K)
Nu – Nusselt number
Pr – Prandtl number
Δp – pressure drop (MPa)
ΔQ – heat exchange (W)
qm – mass flow intensity of natural gas (kg/s)
R – gas constant (J/mol/K)
Ri – fouling thermal resistance in pipe (K/W)
Ro – fouling thermal resistance out of pipe (K/W)
Re – Reynolds number

T1 –  inlet temperature of ethylene glycol aqueous 
solution (K)

T2 –  outlet temperature of ethylene glycol aqueous 
solution (K)

t1 – inlet temperature of natural gas (K)
t2 – outlet temperature of natural gas (K)
u – velocity (m/s)
Vm – volume (m3)
Wg – mass flow of natural gas (kg/s)
Wl – mass flow of liquid natural gas (kg/s)
x – quality
α – coefficient of thermal expansion (K-1)
λ – thermal conductivity (W/m/K)
λf – resistance coefficient
ρg – density of natural gas (kg/m3)
ρl – density of liquid natural gas (kg/m3)
μg – dynamic viscosity of natural gas (Pa·s)
μl – dynamic viscosity of liquid natural gas (Pa·s)
μf – dynamic viscosity at flow temperature (Pa·s)
μw – dynamic viscosity at wall temperature (Pa·s)
ν – kinematic viscosity (m2/s)
ζ – coefficient of local resistance
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hs = λNu/d        (12)

The thermal resistances of the tube side, wall and shell 
side are determined as follows:

R1 = 1/hl        (13)

R2 = ln( )d/2λw      (14)

R3 = d/(do hs)       (15)

The total heat transfer coefficient is determined as follows:

K =  + R1 + do Ro/d   (16)

The frictional pressure drop in the tube is determined by 
the formula provided by Wang [23]:

Δplg = φ f G2l/(2ρld)c      (17)

c = 1 + x(  –1)      (18)

φ = (Re )0.05     (19)

f = 0.3164/Re0.25      (20)

Δpao = (  +  )o     (21)

Δpai = (  +  )i      (22)

Δpt = Δplg + Δpao – Δpai     (23)

The pressure of natural gas is 0.9 MPa and the corresponding 
saturation temperature is 144.41 K. Table 1 shows the data 
used in the calculation.

The result is calculated by programming using Python, 
and the heat exchange area of the heat exchanger is found 
to be 3.25 m2 and the pressure drop in the tube is 1.749 kPa.

In addition to the formulas used to design the heat 
exchanger, the formulas used to design the buffer tank are 
as follows: 

p =  –       (24)

Num = 0.48(GrPr)1/4     (25)

Gr = gαΔtd3/v2      (26)

attention in the design of the gas supply system are made 
clear. This provides a reference for the design of the gas supply 
system for the dual fuel engine.

DESIGN AND EXPERIMENT

DESIGN OF GAS SUPPLY SYSTEM

The gas supply system is mainly composed of the spiral-
wound heat exchanger, buffer tank and accessory pipes. The 
design method is shown below.

The design of the heat exchanger includes the calculation 
of the heat exchange area and pressure drop. 

The heat transfer model formula used in calculation is 
shown below [14–20]:

ΔQ = qm(hout – hin)     (1)

A = ΔQ/(KΔt)      (2)

Δt =       (3)

Re = ud/v       (4)

The saturation boiling heat transfer model provided by 
Shah is used to determine the heat transfer coefficient in the 
tube side [21]:

G = 4qm/(πd2)       (5)

FrIO = G2/gDρ2       (6)

N = (  –1)0.8(ρg/ρl)0.5     (7)

hc = 1.8hl /N 0.8       (8)

hl = 0.023Re 0.8Pr 0.4 λ/d     (9)

The shell side heat transfer coefficient is determined by 
the formula provided by Patil [22]: 

Nu = 0.36Re 0.55Pr 0.33 (μ/μw) 0.14    (10)

μ/μw = 0.95        (11)

Fig. 1. Low-pressure gas supply system

Tab. 1. Data used in the calculation

Inlet temperature of natural gas (K) 111.15

Outlet temperature of natural gas (K) 283.15

Flow intensity of natural gas (kg/h) 180

Flow of ethylene glycol aqueous solution (m3/h) 20

Inlet temperature of ethylene glycol aqueous solution (K) 285.45
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Table 2 shows the data used in the calculation.

The result calculated by programming using Python is 
that the buffer tank volume is 230 dm3.

The pressure loss in the pipelines transporting LNG is 
calculated according to the following formulas:

Δpl1 = λflρv2/2d      (27)

Δpl2 = ξρv2/2        (28)

Δpl = Δpl1 + Δpl2      (29)

Table 3 shows the pipeline parameters and calculation 
results.

EXPERIMENT 

A dual fuel engine made by Wartsila, model W6L20DF, 
was used in this experiment. The heat exchanger and dual 
fuel engine are shown in Fig. 2.

The dual fuel engine was started in oil mode. It was 
switched to gas mode manually when the load was 350 kW. 
At this time, the dual fuel engine was fuelled by gas and 
only a small amount of diesel-oil was injected to ignite the 

gas. After switching to the gas mode, the load was gradually 
increased from 350 kW to 900 kW. The dual fuel engine ran 
for 23 min at the load of 900 kW. Over time, the mass of 
natural gas in the storage tank decreased and the gas pressure 
decreased. When the gas pressure was lower than 0.5 MPa, 
the dual fuel engine switched automatically to oil mode.

DISCUSSION

During the period the load increased from 450 kW to 
900 kW. The inlet and outlet temperature of ethylene glycol 
aqueous solution, as well as the temperature and pressure of 
natural gas are shown in Fig. 3.

As shown in Fig. 3, the temperature of the gas changes very 
little in the first 200 seconds, but when the load increases to 
750 kW, the gas temperature shows a sudden dropping trend. 
This is because the residual natural gas in the heat exchangers 
and buffer tanks before the dual fuel engine start-up had 
been heated to a certain temperature. The dual fuel engine 
consumed this gas first. At this time, the flow of natural gas 
from the storage tank was small because of the small load, 
and the natural gas was heated to a higher temperature in the 
heat exchanger. With the passage of time and the increase 
of load, the residual natural gas was used up, and the flow of 
natural gas from the storage tank increased greatly. Compared 
with the residual gas, the temperature of this gas was lower, 
so the outlet temperature of the gas dropped suddenly. When 
the load changed, the pressure of the natural gas fluctuated 
but not greatly.

As the natural gas is consumed in the storage tank, the 
natural gas pressure decreases. If the pressure of the natural 
gas decreases to 0.5 MPa, the dual fuel engine will switch 
to oil mode. When the load is 900 kW, the inlet and outlet 
temperature of the ethylene glycol aqueous solution, as well 
as the temperature and pressure of the natural gas are as 
shown in Fig. 4.

As shown in Fig. 4, with the course of time, the pressure 
of the natural gas decreased gradually, and the inlet and 
outlet temperatures of the ethylene glycol aqueous solution 

Tab. 2. Data used in the calculation

Tab. 3. Pipeline parameters and calculation results

Inlet temperature of natural gas (K) 283.15

Inlet pressure of natural gas (MPa) 0.9

Outlet minimum pressure of natural gas (MPa) 0.85

Maximum flow of natural gas (kg/h) 200

Maximum surge rate 0.5

Length
(m)

Diameter
(mm) elbow Pressure 

drop(kPa)

Liquid 3 20 4 0.17

Gas 5 25 1 4.8

Fig. 2(a). Spiral-wound heat exchanger Fig. 2(b). Dual fuel engine
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were relatively stable. So, the gas supply system can supply 
gas stably before the dual fuel engine switches to oil mode. 
The gas temperature increased from 6.3°C to 6.4°C with the 
decrease of pressure. This is because the specific heat capacity 
decreased as the pressure decreased. In the process shown in 
Fig. 4, the inlet and outlet temperatures of the ethylene glycol 
aqueous solution were constant, so the heat exchange was 
constant. As the gas pressure decreased, this heat exchange 
raised the temperature of the natural gas to a higher level.

The cylinder pressure and exhaust temperature of the dual 
fuel engine during the experiment are shown in Fig. 5.

As shown in Fig. 5, the cylinder pressure increased from 
6.35 MPa to 15.45 MPa with the increase of load; the highest 
exhaust temperature was 480oC and the lowest was 460°C, 
with a variation range of only 4.17%. The dual fuel engine ran 
stably without stopping or switching to oil mode.

Concluding, the gas supply system can supply gas stably 
at the start-up and running process of the dual fuel engine.

When designing the gas supply system, the main issue is 
to design the heat exchange area of the spiral-wound heat 
exchanger and the volume of the buffer tank. Both these 
values are affected by the mass flow, temperature and pressure 
of the natural gas, as well as the temperature of the ethylene 
glycol solution. Although a heat exchanger having a large heat 
exchange area and a buffer tank having a large volume can 
adapt to various conditions, the cost is very high. Therefore, 
it is necessary to discuss the minimum heat exchange area 
required for the heat exchanger and the minimum volume 
required for the buffer tank. These are analysed below.

In order to investigate the applicability of the gas supply 
system, three variants of natural gas components are selected, 
and the gas content in each group is shown in Table 4.

Group 2 is from Shengli oil field, group 3 is from Pinghu 
oil and gas field.

With the change of natural gas flow, the change of the 
heat exchange area of the spiral- wound heat exchanger is 
shown in Fig. 6.

As shown in Fig. 6, the heat exchange area increases with 
the increase of the natural gas flow. Due to the increase of 
the natural gas flow, the amount of heat required per unit 
of time increases. According to the heat transfer model of 
the heat exchanger, increasing the heat exchange area can 
increase the heat exchange per time unit. In addition, different 
components of natural gas require different heat exchange 
areas. With the increase of the methane volume fraction, the 
heat exchange area of the heat exchanger increases. This is 
because of methane’s larger specific heat capacity compared 
with the other alkanes in natural gas. In order to make the 
three groups reach the same outlet temperature, a larger heat 
exchange area is needed by group 1 to obtain enough heat 
than group 2 and group 3. Therefore, the design of the gas 
supply process should be based on natural gas with a methane 
content of 100%. 

When the natural gas temperature is lower than the 
requirement for dual fuel engines, the dual fuel engine will 
stop or switch automatically to oil mode. In order to ensure 
that the dual fuel engine runs stably in the gas mode, the outlet 

Tab. 4. Natural gas components in three groups (%,volume)

Group methane ethane propane nitrogen other 

1 100 – – – –

2 87.75 3.78 3.74 0.02 4.71

3 77.76 9.74 3.85 1.27 7.38

Fig. 3. Parameters change with time

Fig. 4. Parameters changes before switching to oil mode

Fig. 5. Cylinder pressure and exhaust temperature vs. engine load
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temperature of the spiral- wound heat exchanger must be 
maintained within a certain range. As the outlet temperature 
of the heat exchanger changes, the heat exchange area of the 
spiral-wound heat exchanger changes as shown in Fig. 7.

As shown in Fig. 7, the heat exchange area increases with 
the increase of the outlet temperature of the heat exchanger. 
Because the higher outlet temperature needs more heat 
exchange, increasing the heat exchange area can increase the 
heat exchange per unit of time. In addition, with the increase 
of the outlet temperature, the heat exchange area of the heat 
exchanger increases sharply. This is because, with the small 
temperature difference between hot and cold fluids at the end 
section of the heat exchanger, resulting in the reduction of 
heat flow per unit area, the heat exchange area required by 
natural gas to absorb the same amount of heat is larger than 
the first section of the heat exchanger. 

The heat source for heating natural gas is ethylene glycol 
aqueous solution. Different temperatures of the ethylene 
glycol solution need a different heat exchange area of the 
spiral-wound heat exchanger to ensure that the temperature 
of the natural gas is at a certain value. It can be seen from 
the experiment that the temperature difference between 
the inlet and outlet of the ethylene glycol aqueous solution 
is small (about 2°C). Therefore, the change of temperature 
is reflected by the change of the average value of the inlet 
and outlet temperature. Under the premise that the outlet 

temperature of natural gas is 10°C, the relationship between 
the heat exchange area of the spiral-wound heat exchanger 
and the temperature of the ethylene glycol aqueous solution 
is shown in Fig. 8.

As shown in Fig. 8, the heat exchange area decreases with 
the increase of temperature of the ethylene glycol aqueous 
solution. This is because the temperature of the ethylene glycol 
solution increases and the temperature difference between 
hot and cold fluids increases, which leads to the increase of 
heat flow per unit area. When the same amount of heat is 
transferred, the larger the heat flow per unit area, the smaller 
the heat exchange area is required. 

In order to study whether the heat exchange area is affected 
by the natural gas pressure, the relationship between the heat 
exchange area of the spiral-wound heat exchanger and the 
natural gas pressure is shown in Fig. 9.

As shown in Fig. 9, the heat exchange area hardly changes 
with the change of natural gas pressure. This is because the 
change of natural gas pressure has little influence on the 
parameters that affect the heat exchange area. Take pure 
methane as an example: when the pressure of pure methane 
decreases from 0.9 MPa to 0.85 MPa and the temperature 
remains at –100°C, the specific heat capacity will decrease 
by 0.93%, the density will decrease by 6.13%, the dynamic 
viscosity will decrease by 0.11%, and the thermal conductivity 
will decrease by 0.48%. 

Fig. 6. Heat exchange area of heat exchanger varying with 
the natural gas flow

Fig. 8. Heat exchange area of heat exchanger varying with 
the temperature of the ethylene glycol solution

Fig. 7. Heat exchange area of the heat exchanger varying with 
the outlet temperature

Fig. 9. Heat exchange area of heat exchanger varying with 
natural gas pressure
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During the running process, the pressure of the natural gas 
will gradually drop. The variation of the buffer tank volume 
with the natural gas pressure is shown in Fig. 10.

As shown in Fig. 10, the volume of the buffer tank hardly 
decreases with the increase of the natural gas pressure. This 
is because the main factor influencing the buffer tank volume 
is the difference between the inlet and outlet natural gas 
flow. According to the van der Waals equation, pressure 
has little effect on mass. Therefore, when the natural gas 
pressure changes, the volume of the buffer tank changes 
very little. In addition, the buffer tank volume required for 
group 3 is larger than for group 1 and group 2. The buffer 
tank volume should be designed based on natural gas with 
a low methane content.

The natural gas flow of a dual fuel engine is different under 
different load conditions. The buffer tank needs to be adapted 
to sudden changes in natural gas flow. The variation of the 
buffer tank volume with natural gas flow is shown in Fig. 11.

As shown in Fig. 11, the buffer tank volume increases with 
increase of the natural gas flow. Due to the increase of the 
natural gas flow, the difference between the inlet and outlet 
flow increases, and a larger volume of buffer tank is needed 
to solve natural gas flow changes. In addition, the three 
groups of natural gas require the same buffer tank volume 
at different natural gas flows. The design of the buffer tank 
should consider the case of the maximum natural gas flow 
to avoid the shutdown of the dual fuel engine caused by the 
natural gas flow increasing suddenly.

CONCLUSION

A low-pressure gas supply system is designed for a dual 
fuel engine and experiments were conducted on it. The 
experimental data show that the system can supply gas stably 
during the start-up and running of the dual fuel engine, and 
that the dual fuel engine can run stably under various loads.

When designing the heat exchange area of the spiral-
wound heat exchanger in the low-pressure gas supply system, 
the case of pure methane should be taken into account, so 
the calculated heat exchange area will also apply to natural 

gas with a low methane content. A larger heat exchange area 
is required when increasing the natural gas flow, increasing 
the outlet temperature of the natural gas and decreasing the 
temperature of the ethylene glycol solution. Although the heat 
exchange area has little relation with the natural gas pressure, 
the maximum natural gas pressure should be considered 
when calculating the heat exchange area. The volume of the 
buffer tank should increase with the increase of the natural 
gas flow. In addition, the volume of the buffer tank should 
be determined according to the minimum methane content.
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ABSTRACT

The combustion and emission characteristics of homogeneous charge compression ignition (HCCI) fuelled by methyl 
decanoate (MD) with different engine speeds and dimethyl ether (DME) mixing ratios are investigated in this work. 
Engine data of a MAN B&W 6S70MC low-speed two-stroke marine diesel engine were used for the reactor. The 
results show that a decrease of engine speed has little effect on the in-cylinder temperature and pressure of the engine 
at  constant excess air coefficient of 1.5. Meanwhile, NOx emissions decrease with a decrease of engine speed in pure 
MD HCCI combustion. The results also indicate that NOx and CO2 emissions decrease significantly with an increase 
in the percentage of DME in MD and DME mixing combustion at a constant total mole fraction and engine speed 
of 85 revolutions per minute (r/min). 

Keywords: Homogeneous charge compression ignition (HCCI),Methyl decanoate (MD),Dimethyl ether (DME),Speed,NOx emission

INTRODUCTION

Nomenclature
HCCI  homogeneous charge compression ignition
MD  methyl decanoate
DME  dimethyl ether
r/min  revolutions per minute 
MB  methyl butanoate
VPFR  variable pressure flow reactor
JSR  jet-stirred reactor
NTC  negative temperature coefficient
MH  methyl heptanoate
MO  methyl octanoate
DICI  direct-injection compression-ignition
SI  spark ignition
HTR  high-temperature reaction
CASRN  Chemical Abstracts Service Registry Number
Ar  argon
TS t ransition states
LTR low-temperature reaction

It is well known that energy has a significant impact on 
both the economy and civilization. In future years, energy 
demands are predicted to increase constantly, especially in 
developing countries. Conventional diesel, which is derived 
from fossil fuel, is limited. Due to rapid consumption of 
fossil fuels, which are the most used source of energy, strong 
interest in exploring renewable sources and alternative energy 
solutions to the increasing demand for energy are being 
vigorously explored.[5][28]

At the same time, the widespread use of fossil fuels as 
a major source of energy has led to negative societal issues, 
such as energy security and climate change. The more energy 
obtained mainly from combustion, the more greenhouse 
gas, NOx, and acid rain there are. NOx, CO, and CO2 are 
the important emissions in the engine combustion process. 
The formation of NOx is very complex. Harmful NOx 
mainly includes NO, NO2, and N2O.[3][10][15] To reduce 
greenhouse gases and NOx emissions, the emission standards 
for diesel engines are becoming increasingly stringent. Clean 
combustion is difficult to achieve in current conditions. Thus, 
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to reduce dependence on fossil fuels and decrease emissions, 
clean alternative fuels are becoming increasingly crucial.

Over the past few decades considerable attention have been 
given to biodiesels, which – although a potentially renewable 
class of fuels – have similar properties to diesel.[1][14][24] 
Biodiesels normally come from the transesterification of 
a lipid (e.g., algal oil, waste oil) with alcohol, resulting in 
a long-chain mono-alkyl ester.[5] Several excellent advantages 
of biodiesels for use in diesel engines have been proposed 
in research studies. On the one hand, these biodiesels have 
a big advantage over conventional diesel because they are 
biodegradable, carbon-neutral, non-toxic, and free from 
sulphur. Biodiesels have lower emissions of particulate matter, 
CO, CO2, and unburned hydrocarbons than petrodiesel.[2]
[11][12][18][20][25][30] On the other hand, in addition to 
being used as standalone fuels,[38] they can be mixed with 
petroleum diesel in any proportion. At the same time, they 
can be used in current diesel engines with small modifications 
of the engine. Biodiesel is considered as the important fuel 
of the future; the use of biodiesel will increase quickly. 
Some countries have drawn up plans to promote biodiesel 
fuel production and the European Parliament has adopted 
a series of measures. Emissions of greenhouse gas should have 
decreased by 25–40% by 2020. By 2050, greenhouse gas should 
decrease by more than 80%.[6] All European Union member 
states are actively exploring and vigorously developing the 
production and use of biodiesel. 

Many detailed chemical kinetic mechanisms have been 
studied to simulate the combustion processes of biodiesels. 
Methyl butanoate (MB, C5H10O2), one of the earliest kinetic 
models, was proposed by Fisher et al.[8] as a surrogate of 
biodiesel. However, the study found that in a variable 
pressure flow reactor (VPFR) and a jet-stirred reactor (JSR), 
very little negative temperature coefficient (NTC) behaviour 
was observed either experimentally or theoretically.[9] 
Therefore, MB is not suitable as a biodiesel surrogate at 
low temperatures. A detailed chemical kinetic model of the 
five major components of rapeseed and soy biodiesel was 
proposed by Westbrook et al.[41] The reaction mechanism 
consisted of 5,000 species and 20,000 reactions. However, 
the mechanism is unfeasibly time-consuming and may 
not be used for flame simulations. Currently, larger methyl 
esters, such as methyl heptanoate (MH, C8H16O2) and methyl 
octanoate (MO, C9H18O2) have been proposed as surrogates of 
biodiesels.[4][37] Recently, a chemical kinetic model of methyl 
decanoate (MD, C11H22O2) was proposed as a surrogate of 
biodiesels by Herbinet et al.[13] The reaction kinetic model 
of MD is extremely close to actual biodiesel, because both 
the combustion process and early formation of CO2 are very 
similar to conventional diesel. 

Dimethyl ether (DME) has a low boiling point and superior 
auto-ignition ability.[17][33][36][39] Because of its non-toxic 
and environmentally friendly performance, it does not cause 
harm to human health. As a new type of alternative fuel, it 
can be used as an additive to biodiesel with some engine 
modifications. A DME injector is installed near the inlet port 
of the cylinder head, as shown by Yao et al. The DME injector 

is controlled by an electromagnetic valve. An electronically 
controlled fuel injection system allows adjustment of the 
injected amount of each fuel according to engine operating 
conditions. A homogeneous mixture of DME and methanol 
with air was formed during the compression stroke.[42] Low 
NOx emissions and almost smoke-free combustion have been 
proven in the combustion process.[27] At the same time, 
quite a few research studies have proven that a conventional 
direct-injection compression-ignition (DICI) engine would 
obtain high thermal efficiency by using DME.[40]

The HCCI model of internal combustion engines is 
attracting a lot of attention due to its low NOx emissions 
and high efficiency.[19] HCCI combustion includes the strong 
points of both spark ignition (SI) engines and direct-injection 
compression-ignition engines. The lean homogeneous fuel/
air mixture is essentially inducted into the cylinder without 
throttling losses. The mixture is compressed to autoignition. 
These characteristics lead to low NOx and PM emissions.[22] 
For these reasons, HCCI has been developed as a low emission 
mode to replace the traditional diesel combustion system.[34] 
HCCI ignition largely depends on chemical kinetics. Lots of 
methods have been used to control ignition and combustion 
rate.[43] Alternative fuels and fuel mixture can be used to 
control ignition and the combustion rate, relying on the 
properties of the engine.[21] Different fuels can be mixed in 
different proportions to adjust the ignition point at various 
load–speed areas.[26] Ethers and biodiesel have been applied 
to HCCI engines.[16][35] Fuel mixture can offer a measure 
to control HCCI ignition in a wider range than neat fuels.
[21] The mixture of n-heptane and isooctane has been used 
in HCCI engines.[26]

Therefore, the purpose of this research is to decrease NOx 
emissions of biodiesel HCCI combustion by mixing with 
DME. Methods of decreasing NOx emissions in MD HCCI 
combustion by decreasing engine speed or mixing with 
DME in a low-speed two-stroke marine diesel engine are 
first proposed in this study. 

KINETIC MODELS AND METHODS

In this research, a low-speed, two-stroke, in-line, direct-
injection marine diesel engine, MAN B&W 6S70MC, was 
used as the reaction model; the specifications and main 
parameters of engine are shown in Table 1.[29] 
Tab. 1. Test engine specifications

Item Data

Effective power 13364 kW

Engine speed 85 r/min

Mean effective pressure 15.27 bar

Number of cylinders 6

Stroke 2674 mm

Cylinder diameter 700 mm

Connecting rod length 3066 mm

Scavenging ports opening 39.3° BBDC
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Item Data

Scavenging ports closing 39.3° ABDC

Exhaust valve opening 119° ATDC

Exhaust valve closing 249° ATDC

Simulations of MD, DME, and their mixtures were 
conducted in the closed internal combustion engine reactor 
in CHEMKIN-PRO. The chemical reaction mechanism for 
MD developed by Herbinet et al. at the Lawrence Livermore 
National Laboratory was used as the major reaction 
mechanism.[13] The mechanism involved 3012 species and 
8820 reactions. All the reactions were considered at both 
low and high temperature reaction stages and the high-
temperature reaction (HTR) part of the mechanism was 
studied as the main reaction process in this work. The DME 
reaction mechanism model was developed and validated by 
Fischer et al.[7] At the same time, the NOx reaction mechanism 
developed by Zeldovich was added as a sub-mechanism.[44] 
Detailed kinetic and thermodynamic data were included in 
the mechanism. The properties of MD and DME are given 
in Table 2.[31] 
Tab. 2. Properties of MD and DME

Property MD DME

Molecular formula
Density (g/cm3 20°C)

C11H22O2
0.873

CH3OCH3
0.667

Relative molecular weight (kg/kmol) 186 46

Lower heating value (MJ/kg) 34 27.6

Oxygen content (weight %) 17.2 34.8

Flash point (°C) 94 - 42

Boiling point (°C) 224 - 24.5

Cetane number 58.6 60

The MD data came from a search of the Chemical 
Abstracts Service Registry (CASRN 110-42-9). In order 
to verify the reliability of the combined mechanism, 
combustion characteristic curves of DME, DME-NOx, 
MD-DME-NOx mechanisms were compared under the same 
initial conditions. Fig. 1 shows the effect of three reaction 
mechanisms on in-cylinder temperature and pressure for 
HCCI combustion. The combined mechanism has little effect 
on the peak in-cylinder temperature and end temperature at 
the same initial conditions (Fig. 1(a)). It also has little effect 
on peak in-cylinder pressure and exhaust pressure (Fig. 1(b)). 
Therefore, the simulation result indicates that the combined 
mechanism maintains a high degree of consistency with the 
original mechanism. For the purpose of achieving complete 
combustion, the excess air coefficient generally used is 1.4 
or 1.5 under normal operating conditions of a two-stroke 
diesel engine during voyage. The excess air coefficient is set 
at 1.5 to be consistent with the actual coefficient in this study.

Fig. 1. (a) Effect of combined mechanism on in-cylinder temperature (b) Effect 
of combined mechanism on in-cylinder pressure

First, at a constant excess air coefficient of 1.5 and the 
same input fuel energy, combustion of pure MD was carried 
out in HCCI mode. The combustion and emission processes 
were simulated with different engine speeds at 85, 75, 65, 
55 r/min. Then, at the same engine load, the engine speed 
was fixed at 85 r/min and the excess air coefficient was fixed 
at 1.5. DME was mixed with MD in different proportions; 
the total mole fraction of the mixtures remained unchanged; 
the composition and cetane number of the same total mole 
fraction mixtures are given in Table 3. To ensure the total 
mole fraction remained unchanged, argon (Ar) was used as 
the shielding gas or filling gas which did not participate in 
the reaction in the combustion process. 
Tab. 3. Composition and cetane number of the same total mole fraction mixtures

Mole 
fraction of 

MD 

Mole 
fraction of 

DME

Mole 
fraction of

 O2 

Mole 
fraction of 

N2 

Mole 
fraction of 

Ar 

Cetane 
number

1.0 0 23.25 87.46 0 58.60
0.8 0.2 19.50 73.36 17.85 58.88
0.6 0.4 15.75 59.25 35.71 59.16
0.4 0.6 12.0 45.14 53.57 59.44
0.2 0.8 8.25 31.04 71.42 59.72

RESULTS AND DISCUSSION

The first section of this paper deals with the effects of 
decreasing engine speed on MD HCCI combustion. Then, 
this study shows the combustion and emission characteristics 
of mixtures with different mixing ratios of MD and DME.

EFFECT OF DECREASING ENGINE SPEED ON MD HCCI 
COMBUSTION AND EMISSION CHARACTERISTICS

In-Cylinder Temperature and Pressure at Different Speeds
In-cylinder temperature and pressure have important 

effects in the engine combustion process. Fig. 2 shows the 
effect of decreasing engine speed on in-cylinder temperature 
and pressure of MD HCCI combustion. A decrease of engine 
speed from 85 to 55 r/min has little effect on the peak 
in-cylinder temperature and end temperature at a constant 
MD mole fraction (Fig. 2(a)). It also has little effect on the 
peak in-cylinder pressure and exhaust pressure at a constant 
MD mole fraction (Fig. 2(b)). Therefore, the simulation result 
indicates that a decrease of engine speed has little effect on 
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in-cylinder temperature and pressure; that is to say, a decrease 
of engine speed does not affect the efficiency of the engine.

Fig. 2. (a) Effect of decreasing engine speed on in-cylinder temperature (b) 
Effect of decreasing engine speed on in-cylinder pressure

The experimental results of cylinder pressure change 
in a marine diesel engine are shown in Fig. 3. The trend of 
changing pressure in the theoretical calculation agreed with 
the actual data from the YU KUN ship. Combustion pressure 
data were derived from an operational ship’s main engine and 
recorded by its monitoring system. The compression medium 
of the HCCI cycle is homogeneous premixed gas. It is assumed 
that when the temperature reaches the ignition point, the 
fuel is burned completely. Because the combustion model 
is ideal, when the temperature reaches the ignition point, 
the combustion process is completed immediately and the 
in-cylinder pressure rises abruptly. Combustion in a diesel 
cycle is gradual and only when reaction conditions are formed 
in turn can the fuel be burned completely. The combustion 
process needs some time; thus, the combustion reaction rate 
accelerates gradually and the in-cylinder pressure increases 
gradually. When compared with Fig. 2(b), it can be seen 
that HCCI theoretical calculations of peak in-cylinder and 
exhaust pressure maintain a positive consistency with the 
diesel experimental data. Therefore, the reliability of this 
simulation calculation is guaranteed.

Fig. 3. Cylinder pressure of marine diesel engine

NOx Emissions at Different Speeds
Fig. 4 illustrates the relationship between NOx emissions 

and engine speed in MD HCCI combustion. The NOx 

emissions at different engine speeds are shown by different 
coloured lines. When the constant excess air coefficient is 1.5, 
NO emissions decrease with a decrease in engine speed 
from 85 to 55 r/min (Fig. 4(a)). This trend is similar to that 
of NO emissions. The amount of NO2 emissions in HCCI 
combustion becomes less with a decrease of engine speed 
from 85 to 55 r/min, as shown in Fig. 4(b). Fig. 4(c) shows 
that a decrease of engine speed from 85 to 55 r/min has little 
effect on N2O emissions. A decrease of engine speed causes 
the perturbation of gas in the cylinder to weaken and the 
flame propagation speed to slow down. Thermal NOx is the 
main type of NOx emission in the engine combustion process. 
Temperature, oxygen content, and reaction time are major 
factors of thermal NOx formation. At a constant excess air 
coefficient of 1.5 the amount of fuel remains the same, so the 
oxygen content is unchanged. A decrease of engine speed 
from 85 to 55 r/min has little effect on the peak in-cylinder 
temperature and end temperature. Reaction time is prolonged 
with a decrease in engine speed. There is more reaction time 
for the destruction of NOx in the combustion process at 
a lower engine speed which eventually results in lower NOx. 
It can be concluded that the amount of NOx emissions in MD 
HCCI combustion becomes less with a decrease in engine 
speed. That is to say, low NOx emissions could be obtained by 
decreasing engine speed appropriately. The simulation result 
indicates that the most NOx is produced during the HTR, and 
it is obvious that the main reaction process of NOx occurs at a 
crank rotation angle range of 355° to 400°, as shown in Fig. 4.

Fig. 4. (a) Effect of decreasing engine speed on NO emissions (b) Effect 
of decreasing engine speed on NO2 emissions (c) Effect of decreasing engine 

speed on N2O emissions

Fig. 5 shows that in the main reaction process (crank 
rotation angle range of 355° to 400°) of MD combustion, 
the reaction path diagram of the greatest NOx mole fraction 
is produced with an engine speed of 85 r/min. The width 
of the arrow provides an intuitionistic optical indication 
of reaction rates of the NOx reaction path. The absolute rate 
of the greatest NO, NO2, N2O mole fractions produced are 
shown in Fig. 5.
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Fig. 5. Reaction path of NOx emissions for MD HCCI combustion

 In an attempt to understand the reaction process of NOx 
intuitively, transition states (TS) for the main reaction 
of NOx are given. Important reactions of NOx are extracted 
to analyse the reaction path in the study. The anharmonic 
effect is added to the reactant and transition states for high 
accuracy calculation. Calculation of the reaction channel and 
transition state were completed by the research group.[45] 
The calculated results of the rate constants were compared 
with the experimental data to observe the effect of adding 
anharmonic effect to the rate constant. The anharmonic effect 
cannot be ignored when the differences between the calculated 
results and the experimental data are large; however, small 
differences indicate that the anharmonic effect can be ignored. 
It is obvious that the production of NO comes mainly from 
the reaction of NO2. Fig. 6(a) shows energy and geometries 
of reactant, transition state, and products for the reaction P1. 
The reaction P1 has one reaction channel and one transition 
state. The ball-and-stick models of Channel 1 show that the 
oxygen atom approaches NO gradually and combines with 
NO to eventually produce NO2. The energy and geometries 
of the reactant, transition state, and products for reaction 
P2 are shown in Fig. 6(b). The reaction P2 has three reaction 
channels and seven transition states. Channel 2 shows that the 
hydrogen atom approaches NO2 and combines with a nitrogen 

atom. Then, the hydrogen atom detaches from the nitrogen 
atom and combines with an oxygen atom detached from NO2 
to produce NO and OH. Channel 3 and Channel 4 show that 
the hydrogen atom approaches NO2 and combines with an 
oxygen atom detached from NO2 to produce NO and OH. 

Fig. 6. (a) The optimized energy and geometries of reactant, transition state, 
and products for reaction P1 (b) The optimized energy and geometries of 

reactant, transition state, and products for reaction P2

The major reactions are shown according to the following 
chemical equations:

Channel1: NO2 + M 
-.)
/0 NO + O + M    (P1)

Channel2: NO2 + H 
-.�1-.21-.
1-.�1-.3
/4444444444444444440 NO + OH 

Channel3: NO2 + H 
-.51-.�1-.3
/4444444440 NO + OH 

Channel4: NO2 + H 
-.61-.�1-.3
/4444444440 NO + OH   

(P2)

The production of NO2 comes mainly from the reaction 
of NO. Fig. 7(a) shows energy and geometries of reactant, 
transition state, and products for reaction P3. The reaction 
P3 has one reaction channel and one transition state. The 
ball-and-stick models show that the oxygen atom on HO2 
approaches NO gradually, becomes detached from HO2, and 
combines with NO to eventually produce NO2. The energy 
and geometries of reactant, transition state, and products 
for reaction P4 are shown in Fig. 7(b). The reaction P4 has 
one reaction channel and one transition state. It shows that 
O2 approaches NO gradually, and one oxygen atom becomes 
detached from O2 and combines with NO to produce NO2 
and O. 

Fig. 7. (a) The optimized energy and geometries of reactant, transition state, 
and products for reaction P3 (b) The optimized energy and geometries of 

reactant, transition state, and products for reaction P4

The major reactions are shown according to the following 
chemical equations:
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Channel5: NO + HO2 
-.7
/0 NO2 + OH (P3)

Channel6: NO + O2 
-.)�
/40 NO2 + O (P4)

The production of N2O comes mainly from the reaction 
of N2; Fig. 8(a) shows energy and geometries of reactant, 
transition state, and products for reaction P5. The reaction P5 
has one reaction channel and one transition state. It shows that 
one oxygen atom becomes detached from HO2 and combines 
with N2 to eventually produce N2O and OH. The energy and 
geometries of reactant, transition state, and products for 
reaction P6 are shown in Fig. 8(b). The reaction P6 has one 
reaction channel and one transition state. It shows that N2 
approaches O2 gradually, and one oxygen atom becomes 
detached from O2 and combines with N2 to eventually produce 
N2O and O.

Fig. 8. (a) The optimized energy and geometries of reactant, transition state, 
and products for reaction P5 (b) The optimized energy and geometries of 

reactant, transition state, and products for reaction P6

The major reactions are shown according to the following 
chemical equations:

Channel7: N2 + HO2 
-.))
/40 N2O + OH (P5)

Channel8: N2 + O2 
-.)�
/40 N2O + O (P6)

CO and CO2 Emissions at Different Speeds
CO and CO2 are major emissions of the combustion 

process. Fig. 9 shows the effect of decreasing engine speed 
on CO and CO2 emissions in MD HCCI combustion. Fig. 9(a) 
shows that at a constant excess air coefficient 1.5, a decrease 
of engine speed from 85 to 55 r/min has little effect on CO 
emissions. Production of CO2 emissions has changed only by 
a small amount with a decrease of engine speed at a constant 
fuel–air ratio, as shown in Fig. 9(b). HCCI combustion of 
MD is completed at an excess air coefficient of 1.5; that is to 
say, carbon will burn completely to become CO2. A decrease 
of engine speed from 85 to 55 r/min has little effect on peak 
in-cylinder temperature and end temperature in Fig. 2(a). 
Thus, speed reduction will not result in poor combustion. 
Carbon is burned completely to become CO and CO2; 
then, CO is burned completely and finally oxidized to CO2. 

Because the complete combustion of carbon is not affected 
by a decrease of speed, the emissions of CO and CO2 remain 
almost unchanged. Therefore, the simulation result indicates 
that a decrease in engine speed has little effect on CO and 
CO2 emissions.

Fig. 9. (a) Effect of decreasing engine speed on CO emissions. (b) Effect of 
decreasing engine speed on CO2 emissions.

COMBUSTION AND EMISSION CHARACTERISTICS 
OF THE SAME TOTAL MOLE FRACTION MIXTURES 
WITH DIFFERENT MD AND DME BLENDING RATIOS

Effect of MD and DME Mixing Ratio on In-Cylinder 
Temperature and Pressure 

Fig. 10 shows, at an engine speed of 85 r/min, the profiles 
of in-cylinder combustion temperature and pressure during 
the HCCI combustion process for mixtures with different 
mixing ratios of MD and DME. Fig. 10(a) shows that the 
end temperature and maximum combustion temperature 
in-cylinder decrease with an increase of DME percentage 
at a constant engine speed of 85 r/min, which is because 
the DME has the lower heating value than MD(Table 2). 
The relative molecular weight of MD is much larger than the 
DME. At a constant total mole fraction, the total heating value 
reduces with an increase of DME percentage. Therefore, the 
temperature can be regulated in a suitable range by adjusting 
the mixing ratios of MD and DME. A decrease in the peak 
combustion temperature in the cylinder has an inhibitory 
effect on the formation of NOx.[23][32] The cetane number of 
dimethyl ether is higher than that of methyl decanoate (Table 
2), so the self-ignition combustion temperature of DME is 
lower than that of MD. As the DME mixture ratio increases, 
the cetane number of the mixed fuel increases (Table 3), while 
the self-ignition combustion temperature of the mixed fuel 
is reduced. As a result, the ignition delay time is shortened, 
and combustion efficiency is improved. At the same time, 
a decrease of end temperature can effectively reduce vibration 
and extend engine part life. The effect of DME percentage on 
in-cylinder pressure is shown in Fig. 10(b). It can be observed 
that the peak in-cylinder pressure undergoes a small decrease 
with an increase in the DME blending ratio, and the decrease 
of peak in-cylinder pressure can reduce the frequency of 
knocking. Therefore, the simulation result indicates that 
the percentage of MD and DME is an important factor that 
influences HCCI combustion. For the purpose of optimizing 
the combustion process, it is indispensable to adjust an 
appropriate mixing ratio of MD and DME.
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Fig. 10. (a) Effect of DME percentage on in-cylinder temperature (b) Effect 
of DME percentage on in-cylinder pressure

Effect of MD and DME Mixing Ratio on NOx Emissions
Fig. 11 shows, at a constant total mole fraction, the effect 

of MD and DME mixing ratio on NOx emissions. The amount 
of NO emissions is reduced significantly with an increase 
of DME percentage at the different proportion of mixtures 
(Fig. 11(a)). The trend is similar to that of NO emissions: 
with a rise of DME mixing ratio, NO2 emissions decrease 
significantly at a constant total mole fraction, as shown in 
Fig. 11(b). Fig. 11(c) shows that the maximum production of 
N2O decreases with an increase of the DME mixing ratio. The 
formation of NOx is related to the combustion temperature: 
the peak combustion temperature decreases with an increase 
of DME percentage. Thus, NO emissions are reduced with 
decreases in combustion temperature.[23][32]

Fig. 11.  
(a) Effect of DME percentage on NO emissions at a constant mole fraction  
(b) Effect of DME percentage on NO2 emissions at a constant mole fraction  
(c) Effect of DME percentage on N2O emissions at a constant mole fraction

Effect of MD and DME Mixing Ratio on NOx Reaction Rate 
Fig. 12 shows the effect of MD and DME blending ratio 

on NO reaction rate in the main reaction process which is 
mentioned above. It clearly indicates that the combustion 
reaction rate of NO is reduced with a rise of DME percentage, 
and the reason for the reduction of the NO reaction rate is due 
to a decrease of combustion temperature. The low temperature 
weakens the perturbation of gas in-cylinder; thus, the reaction 
rate of NO reduces, which leads to a decrease in NO emissions. 

Fig. 12. Effect of MD and DME mixing ratio on NO reaction rate at a constant 
mole fraction

The effect of MD and DME mixing ratio on NO2 reaction 
rate in the main reaction process at a constant total mole 
fraction is shown in Fig. 13. With the rise of DME percentage, 
the reaction rate of NO2 decreases due to the decrease of 
combustion temperature, which leads to a decrease of NO2 
emissions.

Fig. 13. Effect of MD and DME mixing ration on NO2 reaction rate 
at a constant mole fraction.

The trend is similar to that of the NO and NO2 reaction rate: 
the reaction rate of N2O decreases with an increase of DME 
mixing ratio in the main reaction process (Fig. 14). A high 
DME percentage leads to a low combustion temperature; 
thus, the reaction rate of N2O decreases, which means low 
NO2 emissions.

Fig. 14. Effect of MD and DME mixing ratio on N2O reaction rate at a 
constant mole fraction

Therefore, it is clear that the reaction rate of NOx decreases 
significantly with an increase of DME mixing ratio at 
a constant total mole fraction. That is to say, NOx emissions 
can be decreased by increasing DME percentage in a suitable 
range.
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Effect of MD and DME Mixing Ratio on CO and CO2 
Emissions 

Fig. 15 shows the effect of MD and DME mixing ratio on 
CO and CO2 emissions at a constant total mole fraction. The 
maximum production of CO decreases with an increase of 
DME mixing ratio, as shown in Fig. 15(a). Fig. 15(b) shows 
that the amount of CO2 emissions decreases significantly 
with an increase of DME percentage. The reason for the 
reduction of CO2 emissions is that the DME has lower 
C/H ratio relative to MD; an increase of DME mixing ratio 
can decrease the C/H ratio of the mixture and reduce CO2 
emissions effectively. Therefore, it can be concluded that the 
amount of CO2 emissions in HCCI combustion becomes less 
with an increase of DME mixing ratio.

Fig. 15. (a) Effect of DME percentage on CO emissions at a constant 
mole fraction (b) Effect of DME percentage on CO2 emissions at a constant 

mole fraction

Effect of MD and DME Mixing Ratio on Heat Release Rates
At a constant total mole fraction and engine speed of 85 

r/min, the heat release rate curves of MD and DME mixed 
at different mixing ratios are given in Fig. 16. There are two 
peak values in the curve of each mixture. The higher peak 
value appears in HTR; the other appears in low-temperature 
reaction (LTR). The releasing heat of HTR takes up to above 
95% of the total combustion process. Because the relative 
molecular weight of MD is much larger than DME, at 
a constant total mole fraction, heat release rates decrease with 
an increase of DME percentage. At a constant total heating 
value, the peak values of the mixture heat release rate curve 
have small distinctions. However, the amount of NO and 
NO2 emissions changes very little, so there is no significance 
when comparing the heat release rate curves.

Fig. 16. Heat release rate of MD and DME mix with different mixing ratios

CONCLUSIONS

A skeletal mechanism was completed by combining an MD 
mechanism, DME mechanism, and NOx mechanism. Through 
sensitivity analysis, changes of combustion temperature, 
pressure, and NOx, CO, and CO2 emissions during the 
combustion of methyl decanoate HCCI were obtained for 
different engine speeds and different DME mixture ratios. 
The main chemical reaction paths and chemical reaction 
rates of NO, NO2, and N2O could be observed accurately by 
analysis of the reaction path.

NOx emissions of MD HCCI combustion decrease with 
a decrease of engine speed from 85 to 55 r/min on low-speed 
two-stroke marine diesel engines. Therefore, NOx emissions 
can be reduced by adjusting diesel engine speed in a suitable 
range. The decrease of engine speed from 85 to 55 r/min 
has little effect on CO and CO2 emissions of MD HCCI 
combustion. Therefore, a decrease of engine speed does not 
cause a rise of CO and CO2 emissions at the same input fuel 
energy.

Different MD and DME mixing ratios were used at the 
same total mole fraction and, with an increase of DME ratio, 
the exhaust temperature and in-cylinder peak temperature 
decreased, the cetane number of the mixed fuel increased, 
ignition delay time was shortened, and combustion efficiency 
improved. The amount of NOx emissions decreased 
significantly with an increase of DME mixing ratio. The 
absolute reaction rate of NOx decreased significantly with 
an increase of the DME mixing ratio in the main reaction 
process. NOx emissions decreased due to a decrease of reaction 
rate. Therefore, NOx emissions of MD HCCI combustion can 
be reduced by DME addition in low-speed two-stroke marine 
diesel engines. At the same time, CO2 emissions experience 
a certain decline with an increase in DME percentage. CO2 
emissions of MD HCCI combustion can be reduced by DME 
addition in low-speed two-stroke marine diesel engines. 
Therefore, the combustion and emission process of MD HCCI 
combustion can be optimized by increasing the percentage 
of DME at the same engine load.
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ABSTRACT

A cylinder liner and piston ring running under starved lubrication near the top dead centre (TDC) and bottom dead 
centre (BDC) cause abnormal friction and wear during operation of a marine diesel engine. The method of laser 
texturing is proposed to improve the surface friction property under this condition. Spherical crown pits with different 
parameters were formed on the surface of samples by femtosecond laser processing. The BDC and TDC conditions 
of oil starvation were simulated in a reciprocating friction and wear experiment, and a numerical model of surface 
texture lubrication based on the Reynolds equation was established. The influence of the distribution density, diameter, 
and depth parameters of the texture on the surface properties was studied. In the BDC condition, compared with the 
untextured surface, the average coefficient of friction (COF) can be reduced by up to 24% and the average friction force 
can be reduced by up to 18%. In the TDC condition, the COF can be reduced by up to 19%, and the average friction 
force can be reduced by up to 18%. Therefore, the textures with various parameters should be arranged in different 
positions on the cylinder liner; more attention should be paid to the optimisation of diameter in the texture of the 
cylinder liner near the BDC, whereas more attention should be paid to the optimisation of distribution density in the 
texture of the cylinder liner near the TDC

Keywords: Marine diesel engine; Cylinder liner and piston ring; Friction reduction; Starved lubrication; Laser texturing 

INTRODUCTION

The internal combustion engine is the main power 
equipment widely used in ships. The piston runs at a low speed 
near the top dead centre (TDC) and bottom dead centre (BDC), 
especially in high-temperature and high-pressure conditions 
near the TDC. During the operation of low-speed two-stroke 
marine diesel engines, the local maximum temperature in the 
cylinder can reach up to 2200°C and the temperature of the 
exhaust gas can reach up to 300°C. Under the combined effects 
of combustion, friction, and cooling, the working temperature 
of the cylinder liner-piston ring friction pair can reach up to 
200°C [1]. The friction pair of the cylinder liner and the piston 
ring working in the state of mixed or boundary lubrication 
leads to serious problems of abnormal friction and wear [2]. 

Therefore, it is very important to improve the mechanical 
state of the friction pair, which has great potential to provide 
energy savings and emissions reductions.

Texturing is a modern surface treatment technology. The 
friction properties can be effectively improved by processing 
regular pits or grooves. At present, related researches mainly 
focus on the lubrication and friction mechanism of surface 
texture [3–6]. Etsion et al. [7] believed that each pit plays 
the role of a hydrodynamic bearing under full and mixed 
lubrication so as to improve the bearing capacity of the oil film. 
Arslan et al. [8] studied the tribological properties of different 
sizes  pits and found that performance enhancement could be 
obtained at an optimum pit diameter and depth. Wang et al. 
[9, 10] studied the bearing capacity of silicon carbide ceramics 
with surface texture under water lubrication and found that 



POLISH MARITIME RESEARCH, No 2/2020 97

different lubrication conditions required surface textures with 
different geometric features to achieve good results. Ronen 
et al. [11] established a mathematical model for reciprocating 
motion between the piston ring and the cylinder liner with 
surface texture and studied the influence of pit depth, diameter, 
and area ratio on friction performance. The results showed 
that the ratio of depth to diameter has a great influence on 
the friction performance.

During the working process of the internal combustion 
engine, the piston speed at the BDC is almost zero. The running 
state is worse at the position of the TDC (the piston speed is 
almost zero) and under conditions of high temperature and 
pressure. The oil film is extremely thin, and under mixed or 
boundary lubrication, more oil film bursts and changes to 
a dry friction condition [12]. The lubrication and friction 
state of a textured surface is influenced by various effects, 
which means that the mechanism is very complex and 
difficult to study [13–16]. At present, experimental research 
on the friction property of surface texture is mainly focused 
on the full oil condition, which is generally only applicable 
to simulation of the position near the middle of the piston 
stroke [17–20]. However, there are few researches on the 
friction characteristics of textured surfaces under the mixed 
or boundary lubrication state of the BDC and TDC. In this 
paper, the effects of different texture parameters on the friction 
properties of textured surfaces were studied by simulating 
high-temperature, high-pressure, and low-speed conditions 
in reciprocating experiments. From the results, the order of 
priority of parameters used to design texture under different 
working conditions is obtained, providing a reference for 
further optimisation of textured surfaces.

EXPERIMENTAL DESIGN

EXPERIMENTAL PLATFORM

The reciprocating test was carried out on a friction and 
wear test machine (UMT-TriboLab), and the structure of 
the experimental platform is shown in Fig. 1(a). The crank 

mechanism converts the rotary motion of the slider into 
a reciprocating motion, allowing simultaneous control of 
the reciprocating speed and the load applied on the contact 
surface of the sample. During the experiment, the real-time 
friction force and the load on the surface of the friction pair 
were measured by a high-performance sensor (DFH-5G, 
range: 0.5–50 N, resolution: 2.5 mN).

SAMPLE PREPARATION

In order to simulate the running conditions of the cylinder 
liner and the piston ring accurately, the samples were made 
of nodular cast iron. The material components are shown in 
Table 1. All samples had a hardness of 170 HBS. The samples 
included upper pin samples and lower plate samples. The 
upper samples were pins with a diameter of 6 mm and a length 
of 20 mm and were fixed. The size of the plate samples was 
34 mm * 40 mm, and the samples were fixed on the slider 
for reciprocating motion.

In order to explore the influence of texture parameters 
on the friction property of the surface, the femtosecond 
laser processing method was used to obtain high-precision 
spherical crown pits with diameters of 100, 150, and 200 μm, 
depths of 20, 30, and 40 μm and distribution densities of 3, 
5, and 8% on the surface of the samples, respectively. The 
surface distribution density was defined as the ratio of the 
area of the pit to the unit area in which it was located, as 
shown in Fig. 2 and Eq. 1. 

Sp =          (1)

where Sp is the distribution density, d is the diameter of the 
texture pit, and L is the side length of the unit.

Fig. 1. The tribometer (a) and air blowing on the surface of samples (b)

Table 1. Composition of experimental nodular cast iron 

C Si Mn P S Mg

3.62% 2.43% 0.182% 0.047% 0.004% 0.057%
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thin. In order to simulate the high-temperature and high-
pressure conditions near the TDC, the oil was scraped before 
the movement, and high-temperature compressed air was 
blown at the end of the reciprocating stroke. The pressure of 
the compressed air outlet was set to 0.5 MPa. The compressed 
air was constant and the blow area was limited by a bezel, 
as shown in Fig. 1(b). The temperature distribution on the 
plates was monitored by laser thermometer. Air blows were 
began when the pin samples reached the end of the stroke. 
Electric wire was arranged at the outlet of the compressed air to 
maintain the high-temperature blows of air. Under the purging 
by high-temperature compressed air, the oil film became much 
thinner than before and reached the mixed lubrication state.

Before each experiment, the pin-plate friction pairs were 
run for 20 minutes under the condition of 30 N and 8 Hz. 
The experiment was started after the friction coefficient had 
become stable. The low-speed and starved oil condition of the 
BDC was simulated in the front section of the experiment, 
and the experiment was conducted for 4 minutes after the 
oil had been scraped. Starting from the fifth minute, the 
condition of high temperature and high pressure of the TDC 
was simulated. The compressed air switch was turned on and 
the samples were purged intermittently with the reciprocating 
movement. After that, the compressed air switch was turned 
off and the experiment finished. During the experiment, the 
values of the friction force on the surface and the normal 
load force were measured. During the single experiment, the 
average value in the process was taken as the result.

LUBRICATION SIMULATION MODEL

Considering the single pit and the two-dimensional situation, 
the physical model of the spherical crown surface texture was 
established, as shown in Fig. 4. Among them, the upper surface 
remains relatively stationary, the sliding speed of the lower 

The morphology of the textured surface is shown in Fig. 3. 
The initial surface roughness of the samples was reduced to 
Ra 0.2 μm by polishing.

EXPERIMENTAL DETAILS

The friction and wear test machine was used to simulate 
the reciprocating movement of the cylinder liner and piston 
ring. The reciprocating stroke was set to 16 mm (one work 
cycle includes two strokes), and the reciprocating frequency 
was set to 6, 8, and 10 Hz, corresponding to average speeds 
of 0.192, 0.256, and 0.32 m/s, respectively. A constant load of 
30 N (corresponding to a contact pressure of 1.06 MPa) was 
chosen. Mobilgard 412 marine lubricating oil was selected to 
maintain the state of oil starvation. The kinematic viscosity of 
this brand of oil was 120 mm2/s at 40°C and 12 mm2/s at 100°C.

In order to simulate the condition of oil starvation near 
the BDC, only a thin oil film was retained on the surface of 
the friction pair in the experiment. Before each experiment, 
the residual oil on the surface was cleaned with gasoline, 
0.5 ml of lubricating oil was added, and the lubricating oil 
was spread out gently with rubber pieces. After scraping the 
oil several times, the oil film on the surface would be extremely 

Fig. 2. The geometric shape of texture pits

Fig. 3. The morphology of the textured surface 
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surface is , the initial distance between the two planes of the 
friction pair is , and the maximum pit depth is .

Based on the Reynolds equation, a numerical model for 
the lubrication of textured surfaces was established, as shown 
in Eqs. (2–4). In order to simplify and facilitate the analysis 
and calculation, the following assumptions were made: (1) the 
effect of bulk force could be ignored; (2) lubricating oil is 
an incompressible fluid with a constant viscosity; (3) steady 
state conditions were considered; (4) there was a symmetrical 
distribution along the z-plane, considering only a  two-
dimensional surface texture [21].

  (2)

where x1 and x2 are two coordinate directions; is the thickness 
of the lubricant film; p is the pressure of the oil film; u is the 
relative sliding speed between the surfaces of the two friction 
pairs; and η is the viscosity of the lubricant in the region of 
the texture unit.

The oil film thickness can be expressed by the equation:

    (3)

  (4)

where x1c and x2c are the distances from the node to the centre 
point of the texture pit in the directions of x1 and x2. The 
upper and lower borders adopt symmetrical conditions; that 
is, the pressure value of the grid nodes on the border is equal 
to the pressure of the adjacent grid nodes in the calculation 
area. The pressures at the left and right borders are taken as 
atmospheric pressure, and the Reynolds space is introduced 
into the calculation. The boundary conditions are modified 
to correct the pressure [22].

EXPERIMENTAL RESULTS  
AND DISCUSSION

COMPLETE EXPERIMENTAL RESULTS  
AND ANALYSIS

Figure 5 shows the variation trend of the average coefficient 
of friction (COF) under the conditions of the BDC and TDC. 
As can be seen in the figure, during the first four minutes of the 
experiment, the COF was relatively stable, within the range of 
0.07–0.10. According to Stribeck theory, under this working 
condition, the friction pair was in the state of mixed lubrication 
and there was viscous shear force inside the lubricating oil, as 
well as the local contact of the micro-convex body on the metal 
surface. Starting from the fifth minute, under the blowing of 
high-temperature compressed air, the oil film on the surface 
decreased sharply, the distance between the surfaces in relative 
movement decreased, the number of contact micro-convex 
bodies on the metal surface increased, and the friction pair was 
in the mixed or even boundary lubrication state [23]. At this 
time, the COF increased sharply, reaching about 0.12–0.14. 
After the compressed air switch was turned off, the oil film on 
the surface was no longer blown and began to flow back slowly. 
During this process, the amount of lubricating oil increased 
slowly, the thickness of the oil film gradually increased, and the 
distance between friction surfaces increased, so the number of 
micro-convex contacts decreased and the COF slowly dropped. 

Figure 6 shows a  comparison of the average oil film 
pressure distribution on the untextured surface and the 
textured surfaces calculated by the simulation model. The 
dimensionless parameters were used on the axes. The pit 

Fig. 4. The physical model of the spherical crown surface pit Fig. 5. Comparison of COF between untextured and textured surfaces 

Fig. 6. The pressure distribution of pits with different depths (a) and the pressure distribution of textures with different diameters (b) in a texture pit 
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diameter was normalized to –0.5 to 0.5. The x axis represents 
the geometric diameter of a single pit, and the y axis represents 
the average pressure generated. It can be found that different 
asymmetric oil-film support pressures can be generated 
near the pit texture with different parameters, showing 
different friction-reduction effects. But the trends of pressure 
distribution in Fig. 6 are different. The pressures generated 
in Fig. 6(a) appeared in the ranges of –0.2 to –0.1 and 0.1 
to 0.2, and the pressures generated in Fig. 6(b) appeared in 
the ranges of –0.5 to 0.5, indicating that the distributions of 
oil film pressure were affected by different factors in Fig. 6(a) 
and (b). The effects of depth and diameter on the oil film 
support pressures were different.

Comparing the average COF curves of the textured and 
untextured surfaces, it can be found that the COF of the 
textured surface was lower than that of the untextured surface 
in the whole process, which indicated that the surface texture 
plays a certain role in friction reduction. In the process of 
relative motion, the oil inside the surface texture formed an 
asymmetric oil-film pressure, which could play the role of 
a micro-bearing, increased the distance between the surfaces, 
and reduced the contact between micro-convex bodies. At the 

same time, under the action of high-temperature and high-
pressure air blowing, the surface texture played a role in oil 
storage [24] allowing more lubricating oil to be retained. 
After the compressed air switch was turned off, the oil storage 
function of the texture on the surface was further revealed. 
The regular textured surface can accelerate the returning flow 
of the oil, which makes the thickness of the oil film between 
the friction pair increase faster and reduces the time during 
which the friction pair are in bad working conditions.

EXPERIMENTAL RESULTS AND ANALYSIS  
OF THE WORKING CONDITION OF BDC

Figures 7, 8, and 9 show the change of COF and friction 
force with the various texture distribution densities (diameter 
of 150 μm, depth of 30 μm). In the experiment with densities 
of 3, 5, and 8%, the COF and friction force first decreased 
and then increased with the increase of texture density. 
The density of 5% gave the smallest COF and friction force, 
which were up to 11 and 7% lower, respectively, compared 
with the untextured surface, providing the optimal anti-
friction property in the experiment. Figures 10, 11, and 12, 

Fig. 7. The COF of surfaces with texture densities of 3, 5, and 8% Fig. 10. The COF of surfaces with pit diameters of 100, 150, and 200 μm

Fig. 8. The friction force of surfaces with texture densities of 3, 5, and 8% Fig. 11. The friction force of surfaces with pit diameters of 100, 150, and 200 μm

Fig. 9. The trend of friction characteristics of surfaces with texture 
densities of 3, 5, and 8%

Fig. 12. The trend of friction characteristics of surfaces with pit diameters 
of 100, 150, and 200 μm
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respectively, show the change of COF and friction force with 
various pits diameters (density of 5%, depth of 20 μm). Among 
the diameter parameters of 100, 150, and 200 μm, the COF 
and friction force first decreased and then increased with 
the increase of pits diameter. The 150-μm diameter gave 
the lowest COF and friction force, which were 24% and 18% 
lower, respectively, compared with the untextured surface. 

Figures 13, 14, and 15, respectively, show the change of COF 
and friction force with pit depth (density of 5%, diameter of 100 
μm). Among the three sample groups with depth parameters 
of 20, 30, and 40 μm, the COF and friction force show a trend 
of first increasing and then decreasing with increases in pit 
depth. The 30-μm depth gave the maximum COF and friction 
force, and the 20-μm depth gave the minimum COF and 
friction force, which were 17% and 9% lower, respectively, 
compared with the untextured surface. The support force of 
the surface oil film decreased significantly and then increased 
slightly with increases of the pits diameter. 

Figure 16 shows the oil film peak pressures of pits with 
different parameters. Dimensionless parameters were used 
on the axes. The x axis represents the diameter of pits, 
and the y axis represents the peak pressure of the oil film. 
The support force of the surface oil film increased with 
increases in the pits diameter but decreased significantly 
and then increased slightly with increases of the pits depth. 
The numerical calculation results show the same trend as 
in the literature [25] but are slightly different from the 
experimental results because the numerical model does 
not take into account the influence of complex factors such 
as the surface roughness of the sample on the state of the 
oil film during the experiment.

In the simulated BDC starved oil condition, thin oil film 
can be formed on the surface of the friction pair to support 
the surfaces in relative movement, and there will be a small 
amount of metal micro-convex contact. Compared with the 
untextured surface, the textured surface has an obvious anti-
friction effect. The asymmetric oil film pressure formed inside 
the surface texture can provide additional support force for 
the surface of the friction pair, which is beneficial for reducing 
wear. At the same time, the actual contact area of the friction 
surface can be reduced in the process of texture processing, 
which reduces the contact of the micro-convex body in the 
process of motion but also increases the macroscopic surface 
roughness [26].

During the process of a density increase, the number of 
textures per unit area increases, and the supporting force 
provided by the oil film also increases, so the contact of the 
surface micro-convex body is reduced, the surface friction 
property is improved, and the COF and friction force are 
reduced accordingly. When the density increased by more 
than 5%, the friction caused by the increase of surface 
roughness far exceeded the anti-friction effect caused by 
the supporting force of the oil film, thus leading to increases 
of the COF and friction force. As the diameter of the pits 
increased from 100 to 150 μm, more oil could be held in 
the pits and more oil film support could be provided, thus 
reducing the COF and friction force. When the diameter 
increased to more than 150 μm, the lubricating oil in the 
pits was distributed more strongly by the friction surface, 
leading to chaos of the flowing state in the pits, which had 
a negative impact on the supporting force of the lubricating 
oil film and also increased the viscous force in the fluid, 
resulting in an increase of the COF and friction force. In 
the process of increasing the depth of the pit from 20 to 30 

Fig. 13. The COF of surfaces with pits depths of 20, 30, and 40 μm

Fig. 14. The friction force of surfaces with pits depths of 20, 30, and 40 μm

Fig. 15. The trend of friction characteristics of surfaces with pits depths 
of 20, 30, and 40 μm

Fig. 16. The peak pressures of pits with different parameters 
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μm, although the oil quantity inside the pit increased, the 
flow distance between the surface and the bottom of the 
pits also increased. As a result, the supporting force of the 
oil film was greatly weakened, and the COF and friction 
force increased accordingly. When the depth continued 
to increase, the volume of oil held increased with a cubic 
trend. A large amount of oil can produce a strong oil-film 
supporting force, which can offset the negative effect caused 
by the flow distance. Therefore, the COF and friction force 
then decrease.

EXPERIMENTAL RESULTS AND ANALYSIS  
OF THE WORKING CONDITIONS OF THE TDC

As can be seen from Figs. 17–22, the variation trends of 
the COF and friction force with the distribution density and 
diameter were the same as those of the condition of the BDC, 
and the optimal anti-friction property was obtained under the 
parameters of 5% density and 150 μm diameter, respectively. 
The COF and friction force can be reduced by up to 19% and 
18% at the density of 5% and by up to 10% and 4% at the 
diameter of 150 μm.

In Figs. 23–25, the variation trends of the COF and friction 
force with pit depth are slightly different from those under 
the condition of the BDC. Although the COF and friction 
force first increased and then decreased, the optimal friction 
reduction property was obtained at 50 μm, which could 
reduce the COF and friction force by up to 13% and 12%. 
This is because when the depth of the pit reaches a certain 
value, a deep pit will be less affected by the blowing of high-
temperature compressed air and can retain more lubricating 
oil after the blowing. At the same time, the oil at the bottom of 
the pit is less disturbed and the flow state is more stable, which 
can provide a larger oil-film supporting force. Therefore, the 
effect of the depth parameter on the reduction in surface 
friction is more obvious.

EXPERIMENTAL RESULTS AND ANALYSIS  
OF THE OPTIMAL COMBINATION  
OF PARAMETERS 

The experimental results show that under the simulated 
conditions of the BDC, a distribution density of 5%, a diameter 
of 150 μm, and a depth of 20 μm are the parameters with the 

Fig. 17. The COF of surfaces with texture densities of 3, 5, and 8% Fig. 20. The COF of surfaces with pits diameters of 100, 150, and 200 μm

Fig. 18. The friction force of surfaces with texture densities of 3, 5, and 8% Fig. 21. The friction force of surfaces with pits diameters of 100, 150, and 200 μm

Fig. 19. The trend of friction characteristics of surfaces with texture densities 
of 3, 5, and 8%

Fig. 22. The trend of friction characteristics of surfaces with pits diameters 
of 100, 150, and 200 μm 
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best anti-friction property. Under the simulated condition of 
the TDC, a distribution density of 5%, a diameter of 150 μm, 
and a depth of 40 μm are the parameters with the best anti-
friction property. Therefore, the pits with these parameter 
configurations was processed on the surface of the samples 
made of the same material by laser processing, and the friction 
and wear experiments were carried out under the same 
simulated conditions. However, on comparing the COF and 
friction force under the working conditions of two kinds of 
simulations, the surfaces having a combination of three optimal 
parameters did not achieve the best anti-friction effect, which 
may be the result of the coupling of different mechanisms.

In this paper, the effect of texture parameters on the anti-
friction property under two kinds of working conditions was 
analysed, and the results are shown in Figs. 26–28. It can be seen 
that the diameter of the surface texture is the most important 
factor affecting the friction property under the condition of 
the simulated BDC. By changing the pits diameter in multiple 
experiments, the COF could be reduced by 24% on average 
and the friction force could be reduced by 18%. Secondly, the 
pits depth could reduce the COF by 17% on average and the 
friction force could be reduced by 9%. The distribution density 
had the least effect on the anti-friction performance, being 
able to reduce the COF and friction force by 11% and 7%, 
respectively. In the simulated TDC condition, the distribution 
density was the parameter that had the greatest influence 
on the anti-friction property of the texture. By changing the 
texture density in multiple experiments, the COF could be 
reduced by 19% on average and the friction could be reduced 
by 18%. The second was the depth, which could reduce the 
COF by 13% on average and could reduce the friction force by 
12%. The diameter had the least influence on the anti-friction 
performance, and the COF and the friction force could be 
reduced by 10% and 4%, respectively. 

In order to avoid a large amount of repetitive work, the 
priority parameters of texture design under two working 
conditions are given based on the analysis of multiple 
experimental data. It is concluded that with regard to the 
surface texture density of the cylinder liner near the BDC of 

Fig. 23. The COF of surfaces with pits depths of 20, 30, and 40 μm

Fig. 24. The friction force of surfaces with pits depths of 20, 30, and 40 μm

Fig. 26. The friction reduction performances of textures with different densities

Fig. 25. The trend of friction characteristics of surfaces with pits depths 
of 20, 30, and 40 μm
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the piston, more attention should be paid to the optimisation 
of pits diameter, whereas near the TDC of the piston, more 
attention should be paid to the optimisation of texture 
distribution density. Through the consideration of different 
parameters, the texture parameters of the upper, middle, and 
lower parts of the cylinder liner are reasonably configured to 
achieve the best friction reduction performance.

CONCLUSION

1.  In the experiment, the conditions of low-speed oil starvation 
near the BDC and the conditions of high-temperature, high-
pressure, and low-speed oil starvation near the TDC of an 
internal combustion engine were simulated. Comparing the 
average friction coefficient and friction force between the 
untextured surface and the surfaces with different textures, 
it was found that the textures with different parameters 
exhibited different degrees of anti-friction effect.

2.  In the simulated BDC condition, the diameter parameter 
of the pits in the experiment had the greatest influence on 

the friction property of the surface, being able to reduce 
the friction coefficient by up to 24% and the friction force 
by 18%. The second was the pits depth parameter, which 
could reduce the friction coefficient by up to 17% and the 
friction force by up to 9%. The influence of the texture 
distribution density parameter on the friction property 
of the surface was minimal: the friction coefficient could 
be reduced by 11% at most and the friction force could be 
reduced by 7%.

3.  In the simulated TDC condition, the distribution density 
parameter of the texture in the experiment had the greatest 
influence on the friction property of the surface, being able to 
reduce the friction coefficient by up to 19% and the friction 
force by 18%. The second most influential parameter was the 
pits depth, which could reduce the friction coefficient by up 
to 13% and the friction force by up to 12%. The influence 
of pits diameter on the friction property of the surface was 
minimal: the friction coefficient could be reduced by up to 
10% and the friction force by up to 4%.

4.  The friction pair of the cylinder liner and the piston ring 
are in different working and lubrication states at different 

Fig. 27. The friction reduction performances of pits with different diameters 

Fig. 28. The friction reduction performances of pits with different depths 
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positions of the piston in an internal combustion engine. 
Therefore, textures with various design parameters can 
be arranged in different positions of the cylinder liner 
to achieve optimal friction performance. Based on the 
analysis of the experimental data, the design of the surface 
texture on the cylinder liner near the BDC should be paid 
more attention than the optimisation of the pits diameter, 
while the optimisation of texture distribution should be 
paid more attention during the design of the texture on 
the cylinder liner near the TDC.
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PLANT IN STATIONARY AND MARINE APPLICATIONS
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ABSTRACT

The paper concerns the design analysis of a hybrid gas turbine power plant with a fuel cell (stack). The aim of this work 
was to find the most favourable variant of the medium capacity (approximately 10 MW) hybrid system. In the article, 
computational analysis of two variants of such a system was carried out. The analysis made it possible to calculate 
the capacity, efficiency of both variants and other parameters like the flue gas temperature. The paper shows that such 
hybrid cycles can theoretically achieve extremely high efficiency over 60%. The most favourable one was selected for 
further detailed thermodynamic and flow calculations. As part of this calculation, a multi-stage axial compressor, 
axial turbine, fuel cell (stack) and regenerative heat exchanger were designed. Then an analysis of the profitability 
of the installation was carried out, which showed that the current state of development of this technology and its 
cost make the project unprofitable. For several years, however, tendencies of decreasing prices of fuel cells have been 
observed, which allows the conclusion that hybrid systems will start to be created. This may apply to both stationary 
and marine applications. Hybrid solutions related to electrical power transmission, including fuel cells, are real and 
very promising for smaller car ferries and shorter ferry routes.

Keywords: gas turbine cycles, hybrid cycles, design of gas turbines, fuel cells

INTRODUCTION

CURRENT CONDITION OF POLISH POWER INDUSTRY

Nowadays, the Polish power industry is facing serious 
challenges related with various technological and economic 
aspects (power mix modification, for instance). Bearing in 
mind the EU regulations that Poland agreed to observe, the 
structure of primary fuel consumption should be radically 
changed. The restrictions to be introduced should aim at 
a considerable reduction in emissions of toxic compounds 
to the atmosphere, including carbon monoxide and dioxide, 
sulphur oxides, and nitrogen oxides, which accompany the 
combustion of fossil fuels. Bituminous coal and lignite 
are well-known to constitute the basis of the Polish power 

industry (in 2016, 81% of electricity was produced in coal-
fired power plants [22]). This situation can be changed in 
two ways. The first option consists in reducing the coal 
percentage in the domestic power mix, which can be achieved 
by decreasing electricity production in conventional power 
plants and/or by increasing its production in other, more 
environmentally friendly power units. This may refer to the 
utilisation of other working media [1, 8, 15, 21, 23] and power 
plants with microturbines [33, 34, 35]. The other option is 
the use of expensive systems for carbon dioxide capture and 
storage (CCS). At present, (March, 2019) the scenario which 
assumes a considerable reduction of electricity production 
in coal-fired power plants does not appear realistic. At the 
same time, the CCS systems are currently economically 
unprofitable, due to the still relatively low charges for carbon 
dioxide emission to the atmosphere. The outline plan of 
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domestic power industry development is presented in the 
document published by the Ministry of Energy and entitled 
“Energy Policy for Poland until 2040” (PEP2040) [17]. It 
results from this document that, in the more distant future, 
building electric power plants with CO2 emission close or 
exactly equal to zero seems inevitable. A priority will be 
intensive development of renewable energy sources (RES), 
but also the development of natural gas-fired plants [9, 10]. 
PEP2040 includes the information that these plants will 
provide control services for the National Power System 
(NPS). Moreover, it is indicated that natural gas, as a fuel 
which emits smaller amounts of toxic substances than coal, 
is expected to be the source of power in the interim period 
on the way to the low-emission RES-based power generation 
technology. This direction of development seems advisable, 
but some experts have provided evidence that the role of 
natural gas has been underestimated [24], as in the next 
10‒15 years a number of coal-fired blocks will need to be 
switched off due to their advanced age, and in this situation 
natural gas can be a good replacement for coal. Moreover, 
onshore wind power plants will be successively dismantled, 
and new ones will not be built due to unfavourable legal 
regulations [27]. Offshore wind power energy is planned to 
be utilised in Poland in the next 10‒20 years, but this energy 
source is well-known to be uncontrollable. At the same time, 
building a nuclear power plant is still questionable. In the 
context of the above problems of the NPS, it is advisable 
to look for modern electricity sources. A good example of 
such an unconventional approach is a hybrid system being 
a combination of fuel cell with gas turbine. 

HYBRID GAS TURBINE–FUEL CELL 
OPPORTUNITIES IN THE MARINE FIELD

Ships and vessels are responsible for 15% of the nitrogen 
oxide global emission and 6% of the carbon dioxide. What is 
more, ships and vessels are accountable for about 5–10% of 
acid rain in coastal regions [30, 31]. This has resulted in the 
imposition of international standards since 2015 for fuel with 
a maximum sulphur content below 0.1%. This forces vessels 
on the Baltic to use a fuel other than heavy fuel. This is an 
opportunity for a new type of vessel, e.g. hybrid drives with 
gas-powered units, such as LNG or fuel cells. DNV-GL experts 
observe that “zero-emission” technologies are becoming more 
and more popular in the marine world, together with the 
decision to implement a global sulphur emission reduction 
in 2020 and to include the North Sea and the Baltic Sea in the 
list of nitrous oxide (NOX) emission control areas. Natural 
gas (consisting of 70–90% methane) does not contain sulphur, 
but it sometimes contains a significant amount of nitrogen, 
but there are well known denitrogenation methods. This is 
why natural gas is often highlighted as the cleanest fossil fuel. 
Moreover, it is technically possible to feed a fuel cell with 
natural gas. It should be emphasised that the “zero emission” 
technology uses fuel cells as the main drive and source of 
energy in shipping. Direct conversion provides an electrical 
efficiency of up to 60%, depending on the type of fuel cells 

and the fuel used. Fuel cells offer a high potential to reduce 
emissions to air. An assessment of the potential and limitations 
of this technology was carried out on ro-pax vessels, as 
a result of which nearly 150 scenarios were examined, and 
additional risk mitigation measures were recommended for 
100 of these with respect to operational and human safety. 
Intensive research related to fuel cell technology has been 
carried out worldwide in more than 20 projects. Different 
fuels and types of fuel cells are being examined. The capacity 
of each project is between 12 kW and 2.5 MW. Projects such 
as RiverCell by the German consortium “e4ships” include 
feasibility studies and the future role of fuel cells (main or 
auxiliary power supply). Fuel cells are quiet, efficient and do 
not cause noticeable vibrations. 

Unfortunately, fuel cell technology is not without its 
disadvantages. The most significant problem is related to the 
fuel itself. Hydrogen – commonly used to feed the fuel cell – 
does not appear in a molecular form in nature. The methods 
of its production, although well-developed technologically, 
are still rather expensive [5, 31]. What is more, hydrogen is an 
extremely difficult gas to store, which seriously limits further 
development of hydrogen technologies. Because of its low 
density (0.07 g/cm3 at standard temperature and pressure), 
a hydrogen gas tank that contains a store of energy equivalent 
to a traditional fuel tank would be more than 3,000 times 
bigger. When choosing an appropriate storage system for 
marine application, the following aspects must be taken into 
consideration: cost, energy density and desired storage period. 
In the context of these requirements, the storage of liquefied 
hydrogen may appear to be the best storage option. 

The only gas that can be used onboard as accepted by 
classification societies is natural gas. The first rules for using 
fuel cells onboard were developed by Germanischer Lloyd (GL) 
in cooperation with The International Gas Code (IGC) in 2003. 
Other classification societies like Bureau Veritas (BV) and Det 
Norske Veritas (DNV) are working on a comprehensive set of 
guidelines for the use of fuel stacks and hydrogen fuel onboard 
commercial ships [32, 36]. The guidelines produced by BV are 
now being tested on pilot projects like the Hydrogen-Power 
Hybrid Electric Harbour Tug [30].

The marine environment would be challenging for fuel 
cells. There are certain requirements for the technology 
which are not so important in stationary applications: high 
power density related to weight and size, tolerance to salt 
air, quick start and load responding characteristics. Despite 
the technical performance of fuel cells, the ability to use 
commercially available fossil fuel with low sulphur content 
instead of pure hydrogen is another challenge of the fuel cell’s 
application in the maritime field. Therefore, fuel cells have 
also been developed which are fed with other fuels, such as 
methanol or methane.

PRINCIPLE OF FUEL CELL OPERATION

The fuel cell is a device which performs the electrochemical 
conversion of chemical energy stored in the fuel into 
electricity. Its major advantage is a shorter conversion chain 



POLISH MARITIME RESEARCH, No 2/2020 109

group includes Molten Carbonate Fuel Cells (MCFC) and 
Solid Oxide Fuel Cells (SOFC). The high temperature of the 
working medium makes it possible for these fuel cells to 
cooperate with other power systems, such as gas or steam 
turbines. The high-temperature fuel cells can also be used 
in combined heat and power (CHP) systems. Both the 
abovementioned types of fuel cells are fed with hydrogen, 
and their high working temperature provides an opportunity 
for hydrocarbon conversion to molecular hydrogen in the fuel 
cell or its vicinity. This conversion, known as steam reforming, 
takes place at temperatures ranging from 700 to 1100°C in 
the presence of a catalyser and consists in acting with steam 
on natural gas, for instance. The products of this reaction are 
hydrogen and carbon monoxide and dioxide. 

THEORY OF HYBRID SYSTEM

The idea of a hybrid system is to link thermodynamically 
a gas turbine system with a fuel cell (stack), with the latter 
device being the upper heat source for the turbine set. Various 
methods of linking these two systems are known. Basically, 
a distinction is made between indirect and direct systems. The 
former type is characterised by the lack of coupling between 
the working pressure in the fuel cell stack and that at the gas 
turbine set exit. The medium is first compressed in the gas 
turbine set and then heated by the exhaust gas leaving the fuel 
cell stack. Finally, the medium expands in the gas turbine. In 
the latter type, on the other hand, the stack pressure depends 
on that generated by the compressor being part of the gas 
turbine set, and the heat and mass transfer takes place between 
the subsystems. In both variants, a combustion chamber may 
be used, and in those cases, it is most frequently situated 
directly in front of the turbine. Its role is to increase the inlet 
temperature of the medium and to burn flammable substances 
still remaining in the exhaust gas. There have been a number 
of studies on both types of hybrid systems based on MCFC 
and SOFC fuel cells. The first attempt to use a hybrid design 
was made in 2000, when Siemens Westinghouse developed 
a system with SOFC of 200 kW in power and 50% in efficiency. 
Unfortunately, there is no data available in the internet on 
the investigations performed and their final conclusions. 
What is known is that the system was in operation for about 
2900 hours without serious failure [4]. Promising results 
have been published by Japanese researchers [18]. They built 
a system of 200 kW in electric power which was continuously 
in operation for 4000 h, at maximum efficiency of 50.2%. The 
most recent 250 kW installation, put into operation in 2017, 
works for Toyota, a Japanese car manufacturer. Its efficiency 
is estimated to be approximately 55%, and can be additionally 
increased by 10 percentage points by applying combined heat 
and power production. The centre of the system is the SOFC 
fuel cell stack in a tubular arrangement, which means that 
a single fuel cell has the shape of a tube inside which the fuel 
flows, and its outside is washed by air. This is a direct system, 
in which the pressure is generated by a radial compressor that 
is part of a single-shaft gas turbine set. The working medium 
flow direction in the turbine and the compressor is radial. 

from primary to final energy than that in the conventional 
thermal power plant (Fig. 1, Fig. 2). This, theoretically at least, 
results in higher efficiency of the fuel cell.

The fuel cell utilises the tendency of H2 and O2 molecules 
to reach the state of the lowest possible energy, i.e. when 
they are bound in the water molecule H2O. This tendency 
can be presented as two electrochemical half-reactions as in 
Eqs. (1) and (2) [20]:

2H2  4H+ + 4e–      (1)

O2 + 4H++ 4e–  2H2O     (2)

Adding up these two equations gives the reaction of 
hydrogen combustion in oxygen, with pure water as a final 
product. That is why, theoretically, the fuel cell is considered 
a source of electricity which does not emit toxic substances, 
such as the carbon oxides CO and CO2, and sulphur oxides. 
At idle, a single fuel cell can generate a voltage that rarely 
exceeds 1 V [20]. In operating (load) conditions, this voltage 
is even lower and depends on the temperature and current 
density. It cannot be used directly for supplying conventional 
receivers; therefore, fuel cells are connected in sets called 
stacks. The low voltage generated by the fuel cell provides 
a challenge for the material of electrodes which need to be very 
good electric conductors. The next technological challenge 
faced by fuel stack designers is the small rate of reactions 
taking place on the electrodes, which leads to low values of 
the electric current flowing in them. The acceleration of these 
reactions can be obtained in a number of ways (which are 
frequently executed simultaneously), such as: increasing the 
working temperature, increasing the working pressure, using 
catalysers and increasing the surface area of the electrodes 
(by using porous materials). Fuel cells can be classified 
in different ways, for instance with respect to the type of 
electrolyte or fuel, or the working temperature [2]. The most 
popular polymer fuel cells usually work at temperatures below 
120°C. The fuel cell is assumed to be of the high-temperature 
type when its working temperature exceeds 550°C. This 

Fig. 1. Energy transformation chain in a typical thermal power plant 
(useful forms of energy)

Fig. 2. A chain of energy transformations taking place in a fuel cell
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This installation shows that the hybrid technology is already 
so mature that it can be introduced on a large scale [25]. 
However, there is still a lack of significant applications of gas 
turbine–fuel cell hybrid systems in the maritime field (even 
on a small scale).

MATHEMATICAL ANALYSIS OF HYBRID 
SYSTEM CYCLES

FUEL CELL STACK

In this article, the hybrid system is presented in two 
variants: indirect and direct, for an assumed power of the 
fuel cell stack. The system is optimised to maximise the 
power of the attached gas turbine set, and thus the power of 
the entire hybrid system. The list of adopted assumptions is 
collated in Table 1. 

An assumption has been made that the system is fed with 
methane, so the integral part of the fuel cell stack is the 
reformer. Consequently, part of the heat generated by the 
stack is used in a series of chemical reactions which convert 
methane to hydrogen and carbon dioxide and monoxide, as 
in Eqs. (3) and (4).

CH4+ 2H2O  4H2 + CO2    (3)

H2 + CO2  CO + H2O     (4)

These reactions take place simultaneously. As can be 
seen, the latter reaction leads to the decrease of the amount 
of hydrogen in the reformate until the equilibrium state is 
reached between concentrations of individual compounds 
(their exact values depend on temperature and pressure). 

The gases leaving the fuel cell contain the following 
chemical compounds: hydrogen, carbon dioxide, carbon 
oxide, and steam, as calculated in [26]. This information 
on the chemical composition makes it possible to assess 
the condition and parameters (calorific value, temperature, 

specific enthalpy) of the working medium. From the point 
of view of the user, the most important working parameters 
of the fuel cell are its voltage and current. The current is the 
quantity which results from the fuel cell load and can be 
controlled. By contrast, the voltage is the resultant of different 
aspects, such as the working pressure, specific resistance of 
electrodes, working temperature, etc. [26, 30]. The quantities 
assumed as variables are current density i and stack pressure P. 
An individual analysis of the fuel cell stack has revealed that 
increasing the pressure leads to efficiency increase, but the 
energy expenditure in the blower drive more than consumes 
the profit resulting from the pressure increase (Fig. 3). On the 
other hand, increasing the blower pressure ratio increases the 
stack power generated per unit area (power density, Fig. 4). As 
a consequence, the fuel cell stack designer faces a conflicting 
problem of which criterion to choose: efficiency maximisation 
(lower costs of fuel), or maximisation of the working area of 
the fuel cell stack (lower construction costs). 

Tab. 1. Assumptions for the analysis of the hybrid system

Fig. 3. Influence of pressure and current density on the overall efficiency 
of the fuel stack

Fig. 4. Influence of current and pressure density on cell power density

Quantity Symbol [unit] Value

Electric power of the stack1 Nel,FC [kW] 10000

Dry air composition  
(molar shares) [18] N2/O2/Ar [%/%/%] 78.12/20.96/0.92

Air temperature1 tpow [°C] 20

Barometric pressure [6] pbar [kPa] 101.3

Air humidity [6] φ [%] 60

Fuel type1 – methane

Degree of fuel utilisation  
by the stack1 Uf [%] 85

Heat recovery efficiency1 σrek [–] 0.75

1 Arbitrarily chosen
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INDIRECT HYBRID SYSTEM

In the indirect variant (Fig. 5), the hybrid system is equipped 
with an after-combustion chamber, in which the amounts of 
hydrogen remaining after the reaction in the fuel cell stack are 
combusted. The advantage of this variant is higher reliability, 
compared to the direct variant, as possible switch-off (failure) 
of the gas turbine set does not stop the operation of the fuel 
cell stack. Then, the working pressure of each subsystem can 
be optimised individually. What is more, the working medium 
in the gas turbine system is air, which makes the turbine much 
less subject to corrosion than when operating with exhaust 
gas as the expanding medium.

The starting point for calculating the amount of fuel 
consumed by the stack is the equation of the chemical reaction 
taking place on the fuel cell anode (Eq. (5)). 

2H2  4H+ + 4e–      (5)

The above formula says that one mole of hydrogen can 
produce 2 moles of electrons. One mole of electrons has the 
charge of 96485 C (the Faraday constant [26]). This makes 
it possible to calculate the number of moles per unit electric 
charge (Eq. (6)), and then the mass of hydrogen per unit 
charge (Eq. (7)).

nH2 = 1A·  ·  ·  = 5,18 · 10–6  (6)

mH2 = nH2 · MH2 = 5,18 · 10–6  · 2,0158 =

= 1,04 · 10–8       (7)

The set of assumptions needed for performing the analysis 
is collated in Table 2. Having assumed the fuel cell power and 
current density, the fuel cell working area Scał (Eq. (8)) and 
the expected fuel consumption mH2 (Eq. (9)) are calculated.

Scał =         (8)

H2 = mH2 · i · Scał      (9)

In a fuel cell with internal reforming, three main reactions 
occur: a steam reforming reaction (Eq. (10)), fuel cell reaction 
(Eq. (11)) and water gas shift reaction (Eq. (12)).

CH4 + 2H2O  4H2 + CO2    (10)

2H2 + O2  2H2O      (11)

CO + 2H2O  CO2 + H2    (12)

Combining Eq. (10) and Eq. (11) gives Eq. (13), which is 
the base for calculation of the anode gas composition.

CH4 + O2  2H2O + CO2    (13)

A major assumption is the reformer inlet gas composition 
(fuel) – 100% methane. Firstly, the amount of hydrogen fed 
to the anode was calculated. That amount of hydrogen was 
used to calculate the quantity of methane. It is necessary to 
take into consideration the reformer and anode together, 
because these two parts affect each other. In the first step 
of calculation, the water shift reaction was not taken into 
consideration, so it was easy to evaluate the shares of the 
compounds (Table 3, next page). 

Table 3 contains an artificial solution that reflects two out 
of three reactions. In the next step, the shift water reaction 
(Eq. (12)) was taken into consideration. The reaction does 
not proceed completely to the left or to the right, but to an 
equilibrium point, where both products and reactants remain. 
The equilibrium concentration is defined by Eq. (14), where K 
represents the equilibrium constant. The variable x represents 
the extent of the reaction to proceed to the right.

Tab. 2. Assumptions for the analysis of an indirect hybrid system

Fig. 5. Indirect hybrid system (RHX – Regenerative Heat Exchanger)

Quantity Symbol [unit] Value

Electric power of the stack1 NFC,netto [kW] 10000

Pressure after the fan1 P1 [MPa] 0.12

The temperature of the 
medium before the turbine1 t2T [°C] 900

Mechanical efficiency  
of the gas turbine set [7] ηmech,TG [%] 99

Isentropic efficiency  
of the turbine [7] ηi,T [%] 88

Isentropic efficiency  
of the compressor [7] ηi,S [%] 90

Mechanical efficiency  
of the generator [7] ηmech,TG [%] 99

Electrical efficiency  
of the generator [7] ηmech,G [%] 99

Heat transfer efficiency1 ηelek,G [%] 97

Heat recovery efficiency1 σrek [%] 75

Throttling of the refrigerant  
in the after-burning chamber1 ΔpRWC [%] 1

Throttling the refrigerant  
in the fuel stack1 ΔpFC [%] 10

Relative heat loss in the stack1 ΔQukł [%] 5

1 Arbitrarily chosen
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Constant K depends on the average fuel cell temperature 
and is described by Eq. (15).

K =      (14)

K = exp (–2,4198 + 0,003855 · T +  )  (15)

The recast of Eq. (15) gives Eq. (16), which is the standard 
quadratic form of the square equation. 

(1 – K)x2 + {(CO2) + (H2) + K[(CO) + (H2O)]} ·

· x + {(CO2) · (H2) – (CO) · (H2O) · K} = 0  (16)

Eq. (16) usually gives two solutions and the one contained 
between –1 and 1 can be taken into consideration as the effect 
of the shift reaction in Table 4.

Behind the fuel cell stack, there is an after-combustion 
chamber, which burns the hydrogen remaining after the 
reaction in the stack. As a rule, more fuel than necessary is 
used, as this allows the fuel cell to maintain the maximum 
efficiency. Behind the stack, the chemical composition of the 
working medium changes, and its temperature increases. For 
material reasons, this temperature should not be too high, as 
when it exceeds 1000°C, the turbine first stage blades need 
cooling, which decreases the turbine efficiency. On the other 
hand, increasing the inlet temperature leads to an increase 
in the efficiency of the entire cycle [7].

The heat flux QFC generated by the fuel cell is calculated 
from Eq. (17).

FC = Wd,H2 · pal – Nel,FC    (17)

Part of this heat is lost to the environment, and another 
part is used in the reforming process. This fact is taken 
into account in Eq. (18). The reforming process consumes 
about 30% of the total heat generated in the fuel stack. The 
remaining part of the heat, which in this paper is referred 
to as the waste heat (Qodp), is used for heating the working 
medium flowing through the fuel cell.

odp = FC – reforming     (18)

Behind the after-combustion chamber, there is a heat 
exchanger which heats the compressed air leaving the 
compressor. The assumed temperature at the turbine inlet 
is equal to T2T = 900°C, although the effect of its change on 
system performance has been analysed. Like the compression, 
the expansion in the turbine is modelled as an irreversible 
adiabatic process, assuming some internal efficiency ηT of the 
machine. The final temperature of the conversion is given by 
Eq. (19) (taken from [7]).

T3T = T2T · 1 – ηT · 1 – ( )        (19)

where κT is the adiabatic exponent, averaged for the expansion 
in the entire turbine. Since it depends on both temperature 
and pressure, its value was calculated in an iterative manner in 
the study. The pressure and temperature values at the turbine 
inlet and exit make the basis for calculating the specific 
enthalpy h and the turbine power output NT (Eq. (20)). The 
power Nspr consumed by the compressor can be defined in the 
same way (Eq. (21)), while the power NTG,el of the gas turbine 
set is the difference between these quantities, corrected by 
mechanical and electric losses (Eq. (22)). In this case, ηe-mech,TG 
is the electromechanical efficiency of the generator.

NT = pow · (h3T – h2T)     (20)

Nspr = pow · (h1T – h0)     (21)

Tab 3. Spent fuel effluent calculation without shift reaction (for optimal point)

Tab. 4. Spent fuel effluent calculation with shift reaction (for optimal point)

FC inlet Reforming / FC reaction Reforming FC outlet

[% mol] [mol/s] [mol/s] [mol/s] [mol/s] [% mol]

Methane 100.0 20.98 –17.83 –3.15 0.00 0.0

Carbon monoxide 0.0 0.00 0.00 0.00 0.00 0.0

Carbon dioxide 0.0 0.00 17.83 3.15 20.98 33.3

Hydrogen 0.0 0.00 0.00 12.59 12.59 20.0

Water 0.0 0.00 35.66 –6.29 29.37 46.7

Sum 100.0 20.98 35.66 6.29 62.93 100.0

FC outlet without 
shift reaction

Effect 
of shift 

reaction
FC outlet

[% mol] [mol/s] [mol/s] [mol/s] [% mol]

Methane 0.0 0.00 0.00 0.00 0.0

Carbon monoxide 0.0 0.00 4.14 4.14 6.8

Carbon dioxide 33.3 20.98 –4.14 16.84 26.7

Hydrogen 20.0 12.59 –4.14 8.45 13.4

Water 46.7 29.37 4.14 33.51 53.2

Sum 100.0 62.93 0.00 62.93 100.0
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NTG,el = NT · ηe–mech,TG – Nspr   (22)

The efficiency of the entire system is calculated by summing 
up the net electric powers reached by the two subsystems and 
dividing this sum by the flux of chemical energy delivered 
with the fuel (Eq. (23)).

ηog =      (23)

Part of the heat flux is used for reforming purposes, 
while the remaining part constitutes a  loss in the case 
of a standalone fuel cell stack. The average temperature 
inside the fuel stack is the resulting value that depends on 
the fuel cell’s efficiency and pressure. In the present case, 
this heat is used as a  force driving the gas turbine set. 
As mentioned above, each of the two subsystems can be 
optimised individually. The parameters which are subject to 
control in the gas turbine set are the medium temperature 
at the turbine inlet and the compressor pressure ratio, while 
in the fuel cell, it is the efficiency which is the object of 
maximisation, with no attempt to optimise the current 
density. The first consequence of this situation is that the 
heat emission by the fuel cell is as low as possible, with the 
resultant relatively low temperature inside the fuel cell stack. 
The other effect is a relatively large working area of the stack. 
The pressure of the compressed air delivered to the fuel cell 
stack has been selected at a minimal level, which still allows 
the flow resistance through the system to be overcome. The 
turbine set was optimised with respect to the compressor 
pressure ratio. The effect of the air temperature at the turbine 
inlet on the compressor pressure ratio is shown in Fig. 6. 
Increasing the temperature leads to an increase of efficiency 
and the optimal pressure ratio values. The parameters finally 
obtained as a result of optimisation are collated in Table 5, 
while the system performance is presented in Table 6. The 
above analysis shows that combining the fuel cell stack with 
a gas turbine set has made it possible to increase the power 
output of the system by more than 1 MW, i.e. about 10%, 
with a simultaneous efficiency increase of several percent. It 
can be observed that two media leave the system: the air – 
point 3T, and the exhaust gas ‒ point 7 (nomenclature as 
in Fig. 5 and Table 5). The air temperature is above 480°C, 
but the possible application of heat regeneration in the gas 

turbine set could worsen the heat transfer (lower temperature 
difference) and increase the temperature of the exhaust gas 
leaving the heat exchanger, which in the analysed case was 
equal to 254°C. Therefore, the most effective utilisation of 
this waste heat seems to be to expand the power plant by 
a heating part. 

The fuel utilisation coefficient has an impact on the 
performance of the hybrid system (Fig 7). The more fuel 
reacts in the fuel cell, the less electricity is generated in the 
gas turbine set. On the other hand, when the fuel utilisation 
coefficient is close to 1, the overall hybrid system efficiency 
reaches the highest value (over 68%). These two phenomena 
take place because the SOFC converts chemical energy more 
effectively than the gas turbine does.

Tab. 5. Parameters of the factor at characteristic points of the indirect hybrid system (Tab. 5 → continued next page)

Fig. 6. The effect of compression in the compressor and the temperature 
of the medium before the turbine on the power of the hybrid system

Fig 7. The influence of fuel utilisation coefficient on power plant efficiency 
and turbine gas set electric power(compression ratio = 9)

Fuel cell stack

Point 0 1 2 3 4 5 6 7 P

Factor
(mass shares)

Air:
N2 75.6%

O2 23.2%, Ar 1.3%
H2O 0.9%

CO 7.84%
CO2 50.15%

H2 1.15%
H2O 40.85%

N2 86.89%
O2 10.65%
Ar 1.46%

H2O 1.00%

N2 71.99%, O2 7.26%
Ar 1.21%, CO 1.34%

CO2 8.60%, H2O 9.60%
CH4

Temperature [°C] 20 62.2 450.0 872.4 1029.7 579.3 254.6 20

Pressure [MPa] 0.102 0.15 0.143 0.128 0.128 0.122 0.116 0.65

Mass stream [kg/s] 8.212 1.478 7.142 8.620 0.35



POLISH MARITIME RESEARCH, No 2/2020114

DIRECT HYBRID SYSTEM

A distinctive feature of the direct hybrid system is that 
the pressure in the fuel cell stack depends on the pressure 
ratio in the gas turbine set compressor. From the point of 
view of the turbine set, this is a system with heat regeneration 
in which the fuel cell stack plays the role of a combustion 
chamber (Fig. 8). When analysing the schematic diagram, 
we can see the advantage of this system over the previous 
one, which is the presence of only one heat exchanger playing 
the role of a regenerative air heater. Moreover, there is no 
additional blower. 

The regenerative heat exchanger plays a key role and only 
the compact heat exchangers with passive techniques of the 
heat transfer augmentation are promoted. Noteworthy in this 
case are the modern, highly efficient constructions dedicated 
to the gas/vapour micro-CHP units – for example, heat 
exchangers with minichannels of cylindrical construction [3] 
and plate ones [16, 28]. The stainless steel radial recuperators 
[16] or the ceramic plate microchannel heat exchangers [14] 
are also considered. However, the most promising seem to be 
the heat exchangers with the micro-jets technology – intensive 
experimental [29] and numerical [11, 12] investigations of 
their development are being conducted at the moment. The 
direct hybrid system has one degree of freedom less than 
the indirect system. In this system, the quantities to be 
optimised are the compressor pressure ratio and the fuel 
cell stack current density. However, also in this case, the 
temperatures at the fuel cell and after-combustion chamber 
exits are to be taken into account, as they must not be too 
high for material reasons and possible turbine stage cooling 
problems. The calculation analysis is very similar to that 
performed for the previous variant. The pressure effect on 
the power output and efficiency is shown in Figs. 9 and 10. 
The maximum power output of the system corresponds to 
about 0.5 MPa, while the maximum efficiency is reached by 
the system at a pressure of 0.8 MPa. Both curves, especially the 
efficiency characteristic, are relatively flat, which has made it 
possible to select the working point as a compromise between 
the two indicators. It is noteworthy that the optimal pressure 
ratio is close to typical values of a gas turbine set with heat 
regeneration. Eventually, the current density has been left at 
the same level as in the previous variant (Table 7). The analysis 
has revealed that the direct variant makes it possible to reach 
much higher efficiency than the indirect variant. In the direct 
variant, the turbine set reached the power output of nearly 
1.6 MW, which is 50% more than in the indirect variant. 
The analysis included checking the effect of the compressor 
discharge pressure on the temperatures at the turbine inlet 
and exit (points 5 and 7). It turns out that, above some level, 
the temperature of the medium leaving the system practically 
does not change, as can be seen in Fig. 11. However, in absolute 
values, it is nearly 500°C, which suggests possible utilisation 
of this waste heat flow. An option proposed in [25] is to install 
a waste heat boiler which would be used to meet heating 
needs. Another possibility is to expand the hybrid system  

Tab. 5. Parameters of the factor at characteristic points of the indirect hybrid system

Gas turbine set

Point 0 1T 2T 3T

Factor (mass shares) Air: N2 75.6%, O2 23.2%, Ar 1.3%, H2O 0.9%

Temperature [°C] 20.0 341.0 900. 485.0

Pressure [MPa] 0.102 1.101 0.962 0.102

Mass stream [kg/s] 7,986

Tab. 6. The most important parameters of an indirect hybrid system

Fig. 8. Schematic diagram of a direct hybrid system with marked 
characteristic points (RHX – Regenerative Heat Exchanger)

Quantity Symbol [unit] Value

Current density i [mA/cm2] 120

Fan compression ratio πwent [–] 1.48

Compressor's optimal compression 
ratio πs [–] 9

Electrical power of a gas turbine set Nel,TG [kW] 1058

Net power of the unit Nukł,netto [kW] 11058

Overall efficiency ηFog [%] 62.6%
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a steam turbine. The analyses performed suggest that when 
a proper working medium is selected, the efficiency of such 
a triple hybrid system would increase to 78%, and the power 
output to about 900 kW.

In the case of the direct hybrid system, fuel utilisation close 
to 1 is not favourable for the performance of the gas turbine 
(Fig. 12), because of the low turbine inlet temperature (Fig. 13), 
which strongly depends on the fuel utilisation in the SOFC.

The cycle calculations were the basis for designing selected 
flow devices for the hybrid system, including a 1592 kW 
gas turbine set (Fig. 14), which consists of a 7-stage axial 

compressor and a 5-stage turbine. The designed turbine 
set is in a single-shaft arrangement and its nominal speed 
is 13,800 rpm. The basic component of the system is the 
fuel cell stack. It consists of individual fuel cells of tubular 
shape, the inner and outer parts of which play the roles of 
anode and cathode, respectively. Due to the large power of 
the stack, its working area is also large, so a decision was 
made to group the fuel cells into sets of 16 cylinders (detailed 
data in Table 8). One selected set is shown in Fig. 16, while 
for comparison purposes, Fig. 15 shows the regenerative air/
exhaust gas heat exchanger.

Tab. 7. The most important quantities describing the direct hybrid system

Fig. 9. The effect of pressure behind the compressor 
on the power of the hybrid system

Fig. 12. The influence of the fuel utilisation coefficient on the efficiency 
of the hybrid system and gas turbine set electric power (compression ratio=6.5)

Fig. 10. The effect of pressure behind the compressor 
on the efficiency of the hybrid system

Fig. 13. The influence of the fuel utilisation coefficient on the temperature 
of the medium at characteristic points of circulation (compression ratio=6.5)

Fig. 11. The influence of pressure behind the compressor on the temperature 
of the medium at characteristic points of circulation

Quantity Symbol [unit] Value

Current density i [mA/cm2] 120

Fan compression ratio πs [–] 6.5

Compressor's optimal compression 
ratio σ [mW/cm2] 96

Electrical power of a gas turbine set Nel,TG [kW] 1592

Net power of the unit Nukł,netto [kW] 11592

Overall efficiency ηog [%] 72.7
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Tab. 8. The most important quantities describing the fuel stack

Fig. 14. Designed gas turbine set (dimensions in mm) Fig. 15. Designed regenerative heat exchanger (dimensions in mm)

Tab. 9. Assumptions for economic analysis

Quantity Symbol [unit] Value

The internal diameter of the cell Dw [mm] 26.08

The average diameter of the cell Dśr [mm] 28.04

The total working surface of the stack As [m2] 10417

Number of individual links n 65694

Number of cells in one set k 3734

Number of sets m 16

Quantity Symbol [unit] Value

Power plant work time [h] tp 7500

Capacity utilisation factor [-] SWM 0.8

The lifetime of the cell stack [hour] tżycia 60000

Emission of CO2 [kg/MWh] CO2 208.4

Emission of CO [kg/MWh] CO 32.4

Unit cost of a fuel cell [$/kW] kFC 1500

Unit cost of a gas turbine set [$/kW] kTG 698

The wholesale price of electricity [$/MWh] kelek 44
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ECONOMIC ANALYSIS

Based on certain assumptions concerning: the operating 
time of the power plant, the capacity utilisation factor, 
expected lifetime of the fuel cell, etc. (Table 9), the profitability 
analysis was performed for the designed hybrid system when 
in operation in Poland. All investment expenditures were 
booked by default as for year 0 of investment existence. 
The discounted cash flows and the updated net value of 
the investment are shown in Fig. 17. The payback period 
of the investment, amounting to 17 years, is longer than 
the lifetime of the high-temperature fuel cell, which makes 
constructing such a power plant unprofitable. The aspects 
which considerably affect its profitability include the price 
of electricity, the unit cost of the fuel cell, and the price of 
fuel (natural gas). Fig. 18 shows the effect of changes in the 
values of the above quantities on the payback period (and, 
consequently, the profitability of the investment). It turns 
out that it is the price of electricity which affects the payback 
period most: increasing this price by 20% results in a decrease 
of the discounted payback period by about 33%. Since mid-
2018, an upward trend can be observed in electricity prices 

in long-term contracts at the Polish Power Exchange. If 
this trend continues, the hybrid system may turn out to be 
profitable within a few years.

The principal obstacle to the hybrid system’s successful 
commercialisation is the high cost of the SOFC. In marine 
applications the installed capital cost of SOFC–GT systems 
should be compared with current marine diesel and marine 
gas turbine power plants. The installed capital cost of diesel 
engines varies from 125 to 300 $/kW and that of gas turbines 
is in the range of 300–600 $/kW, whereas the installed capital 
cost of the SOFC is 1000–1500 $/kW [30].

CONCLUSIONS

The presented hybrid system is a  thermodynamic 
combination of two power systems: a  gas turbine and 
fuel cell (stack). Linking these systems together makes it 
possible to generate much more useful energy than in the 
case of individual operation of these devices at the same 
fuel consumption. The paper presents two variants of gas 
turbine/fuel cell linkage. The examined issues included the 

Fig. 17. Value of financial flows and NPV over the years 
of the designed power plant’s operation

Fig. 18. Impact of changes in the price of electricity / fuel cell / fuel price 
for the discounted investment return period

Fig. 16. Designed fuel cell stack (dimensions in mm)
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effect of the working pressure in the fuel cell stack and the 
current density on the performance of the entire system. 
The analysis has revealed that the direct variant is more 
favourable, due to the higher efficiency and slightly simpler 
structure (the absence of an air blower for the fuel cell). 
At present, this type of hybrid power plant is unprofitable 
due to the high production cost of fuel cells, although the 
increase in electricity prices at the Polish Power Exchange 
in 2018 and 2019 shows that this technology may turn out 
to be economically profitable within a few years. Moreover, 
the efficiency, which is higher than that of all other known 
power technologies in operation, provides an incentive for 
further attempts to develop hybrid systems on a smaller or 
larger scale. Lower emission of harmful compounds than 
conventional diesel engines, and high efficiency above 60%, 
makes the hybrid connection of the fuel cell with the gas 
turbine an excellent starting point for activities aimed at using 
these systems for the propulsion of ships and other mobile 
devices. The relatively large dimensions of both the heat 
exchanger and the fuel stack can present serious installation 
problems. However, these are the values resulting from the 
assumed 10 MW electric capacity. In the case of reduced 
power, the dimensions will be reduced, which will facilitate 
their use on ships.
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ENERGY ANALYSIS OF THE PROPULSION SHAFT FATIGUE PROCESS 
IN A ROTATING MECHANICAL SYSTEM 

PART II
IDENTIFICATION STUDIES – DEVELOPING THE FATIGUE 

DURABILITY MODEL OF A DRIVE SHAFT

Zbigniew Korczewski
Konrad Marszałkowski
Gdańsk University of Technology, Poland

ABSTRACT

The article presents a continuation of research carried out concerning identification of energy consequences of mechanical 
fatigue within a propeller shaft in a rotating mechanical system, while working under conditions of the loss of the 
required alignment of shaft lines. Experimental research was carried out on a physical model reflecting a full-sized 
real object: i.e., the propulsion system of the ship. It is proven, by means of an active experiment, that changes in 
propeller shaft deflection are reflected in the amount of dissipated kinetic energy of masses in rotational motion and 
the accumulated internal energy in its construction material. Adoption of a high-cycle fatigue syndrome, consisting 
of diagnostic symptoms determined from the action of the propeller shaft associated with the transformation of 
mechanical energy into work and heat, as well as with the generation of mechanical vibrations and elastic waves of 
acoustic emission, is proposed. To assess the diagnostic information quantity brought about by the defined features of 
propeller shaft fatigue, an experimental research program was developed and implemented, in which two statistical 
hypotheses are verified: the significance of the impact of the values   enforcing the fatigue process, presented in the first 
part of the article, and the adequacy of the regression equation describing the fatigue durability of the propeller shaft in 
the energy aspect, constituting the second part of the article. This finally gives us the opportunity, after the appropriate 
translation of the model test results into full-sized real objects, to develop a methodology to diagnose marine propeller 
shaft fatigue in operating conditions. The third part of the article is devoted to this issue

Keywords: rotating mechanical system, modelling energy processes, propulsion shaft fatigue, testing statistical hypotheses

INTRODUCTION

Identification tests of the rotating mechanical system 
experimentally confirmed the lack of significance of the 
impact of one variable (of two) enforcing the drive shaft fatigue 
process associated with its rotational speed (statistically 
proven in the first part of this article); while searching for a 
mathematical function describing the process of shaft fatigue 
with respect to its durability, only one significant quantity 
forcing its deflection (fatigue) was taken into account: 
specifically, the load mass mload [2,5,6].

Thus, an identification experiment based on the statically 
determined complete study plan of the physical system 

was carried out. In this plan, the range of changes in the 
input value mloadc was determined in the same way as for 
the elimination experiment – i.e., from 30 to 40 kg, at six 
levels of variability for the assumed values   (every 2 kg), as 
shown in Table 1. The experiment also anticipated keeping 
the propeller shaft rotational speed constant at 1500 min-1. 
In each experiment, five repetitions of the recording of the 
observed control parameters of the rotary mechanical system 
were performed. 
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Table 1. Plan for identification experiment.

No. Loading mass
mload   [kg]

Rotational speed of drive shaft
n [min-1]

1 30 1500

2 32 1500

3 34 1500

4 36 1500

5 38 1500

6 40 1500

IDENTIFICATION STUDIES

The main aim of the identification tests was to find a 
mathematical function describing the fatigue durability of 
the drive shaft τW in terms of input (forcing) quantity values 
associated with an action of the rotary mechanical system in 
the form of work DW, heat DU, mechanical vibration generation 
DV, and generation of acoustic emission elastic waves DEA [1,4]. 
Assuming that the values of the individual forms of action 
are determined from measurements as extortions affecting 
the propeller shaft, the physical model of its fatigue process 
might be presented as the physical model shown in Fig. 1.

Fig 1. Physical model of propeller shaft fatigue process in a rotating mechanical 
system developed to determine its durability: DW – propulsion shaft action 

associated with mechanical energy conversion in the form of working 
rotational motion; DU – propulsion shaft action associated with mechanical 

energy conversion in the form of heat; DV – propulsion shaft action associated 
with mechanical vibration generation; DEA – propulsion shaft action associated 

with the generation of acoustic emission elastic waves; τW – propeller shaft 
durability.

According to the adopted procedure, the determined plan 
of the experiment, and the set of input variables selected 
for the elaborated physical model, an analysis of their 
impact on the achieved fatigue durability of the propeller 
shaft was carried out. The results of testing the mechanical 
fatigue process of the shaft material, after conducting all the 
measurement sequences assumed in the experiment plan, are 
presented in Table 2. The result of each measurement series, 
each consisting of five repetitions, represents the arithmetic 
mean of the action value of the considered mechanical system 
expressed in J·s and its fatigue durability τWB, expressed in s.

Table 2. Results of identification tests of the drive shaft mechanical fatigue 
process.

mload
[kg] DW

[J·s]
DU

[J·s]
DV 

[J·s]
DEA 
[J·s]

τWB 
(tests)

[s]

30 2.91·105 3.53·107 3.84·10-2 1.73·10-2 8718.2

32 1.79·105 2.18·107 2.31·10-2 1.04·10-2 5348.8

34 1.76·105 1.77·107 1.12·10-2 9.91·10-3 4258.2

36 8.71·104 8.76·106 1.76·10-3 2.12·10-3 2086.2

38 8.23·104 7.74·106 1.50·10-3 1.21·10-3 1828.6

40 6.19·104 5.94·106 7.77·10-4 1.48·10-3 1372.4

The final result of the experimental tests performed on the 
physical model of a real object (made on a scale) is a function 
describing the fatigue durability of the propeller shaft, which 
in a general form is expressed as follows:

                     (1)

 In order to determine the fatigue durability function 
of the propeller shaft, the multiple regression analysis method 
was applied [9]. The purpose of a multiple regression is to 
quantify the relationships between many independent 
variables: i.e., the so-called explanatory ones. In the considered 
issue, there were variables characterising the action of the 
propeller shaft: DW, DU, DV and DEA. The dependent variable 
(the so-called explained one) is its fatigue durability τW. In 
order to assess the impact of the input factors on the fatigue 
durability of the propeller shaft (with six levels of variation), 
the function of the test object takes a linear form, which for 
the considered case can be written as follows:

(2)

where:
α0 ÷ α4 – estimated parameters of regression model;
i – level number of input factor variability;
ε – random component.
In the matrix form, this function is given by the following 

formula:

                                     (3)

where:
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for variance was used to assess the adequacy of the regression 
equation describing the considered fatigue process. Because 
these are tests with a one-sided critical area, verification of 
the hypotheses was based on Fisher–Snedecor F distribution 
statistics, comparing the calculated value of the Fcal test 
statistics with the critical (table) value Fcr of the distribution, 
calculated at the assumed significance level, α = 0.05, and the 
number of degrees of freedom, f1 and f2 [7].

The following null hypothesis (denoted by H0) was verified 
in statistical identification tests of the propulsion shaft fatigue 
process:

H0: The adopted mathematical model (regression 
equation) describing the fatigue durability of the 

propeller shaft is adequate. 
If the calculated value of the Fcal test (empirical) statistics 

is greater than or equal to the critical value Fcr specified from 
the statistical table for a given level of significance and the 
number of degrees of freedom (Fcal> Fcr), the null hypothesis 
should be rejected, considering that the adopted mathematical 
model is inadequate for the given significance level in the 
studied range of enforcing quantities.

The matching assessment of the model to the empirical 
data can be expressed by the determination coefficient which 
for this model is equal to R2 = 0.999998. The Fisher–Snedecor 
F function for the adopted model is equal to Fcal = 140576.7. 
The critical value of the statistical coefficient for the degrees 
of freedom of the model – respectively, f1 = 4 and f2 = 1 – is 
equal to Fcr = 224.583 [12]. Because Fcal>Fcr, the statistics are 
located within the critical area of   the distribution. Therefore, 
the zero hypothesis (H0) should be rejected in favour of the 
alternative hypothesis (H1). Thus, it can be concluded that 
at least one of the structural parameters of the shaft’s fatigue 
durability model significantly differs from zero and, thus, at 
least one explanatory variable does not significantly affect 
the explained variable τW. 

Adopting the model that is considered to be inadequate 
creates the possibility of making a second type of error. 
However, such an error was not made in assuming the model 
to be adequate, which is confirmed by the numerical values   of 
the fatigue durability of the propeller shaft τWB obtained from 
identification tests and the fatigue durability τW determined 
using the mathematical model (4), as shown for comparison 
in Table 3.

In order to perform a comparative analysis of the 
determined values of the propulsion shaft’s fatigue durability 
function and the results obtained from the experimental tests, 
the reference metric δT was applied [3]. Its dimensionless 
value constitutes a comparative indicator for all the developed 
mathematical models [10]. The smallest value of the reference 
metric indicates the mathematical model that best describes 
(in a quantitative sense) the fatigue durability of the propulsion 
shaft, as given in Table 3.

            (4)

In order to determine the parameters of the function 
describing the fatigue durability of the propeller shaft, 
the GRETL computer program, which is widely applied in 
econometrics [5], was used. The computational algorithms 
built into the program allow the user to quickly develop their 
own econometric models by means of using many methods 
of measurement data approximation. Due to the fact that 
the identification experiment program had only six levels of 
variability and the results obtained were characterised by a 
linear course, the least sum of squares method was applied 
to estimate the parameters of the linear model. As a result of 
the conducted analysis of many mathematical models using 
the GRETL program, only one was chosen because the best 
one describes statistically (with the highest coefficient of 
determination R2) the fatigue durability of a propeller shaft 
subjected to mechanical fatigue [10]. After taking into account 
the measurement data summarised in Table 2, the assumed 
function describing the fatigue durability of the propeller 
shaft is as follows:

  (4)

STATISTICAL ANALYSIS OF OBTAINED 
RESULTS

It was assumed a priori that the measurement results of all 
the control parameters (DW, DU, DV, and DEA) characterising the 
propulsion shaft’s fatigue are subject to random errors and the 
studied process is affected by various types of disturbances, 
also of an accidental nature [4]. Therefore, they were modelled 
as random variables of a normal distribution, with a specific, 
expected value and variation, as a measure of dispersion of 
the carried out measurements around the average value. It 
was also assumed that the variances of statistical data were 
equal or similar in value. Hence, a parametric statistical test 
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Table 3. Results of identification tests of the propulsion shaft’s mechanical 
fatigue process.

DW
[J·s]

DU
[J·s]

DV 
[J·s]

DEA 
[J·s]

τWB
(tests) 

[s]

τW
(model)

[s]

Reference 
metric
δT [%]

2.91·105 3.53·107 3.84·10-2 1.73·10-2 8718.2 8715.0

0.43

1.79·105 2.18·107 2.31·10-2 1.04·10-2 5348.8 5353.7

1.76·105 1.77·107 1.12·10-2 9.91·10-3 4258.2 4259.1

8.71·104 8.76·106 1.76·10-3 2.12·10-3 2086.2 2086.7

8.23·104 7.74·106 1.50·10-3 1.21·10-3 1828.6 1830.9

6.19·104 5.94·106 7.77·10-4 1.48·10-3 1372.4 1367.0

FINAL REMARKS AND CONCLUSIONS

The statistical regression model proposed in this article is 
based on the linear nature of the fatigue process. The linear 
character of the propulsion shaft’s fatigue durability model, 
subjected to a loss of required alignment (deflection), results 
from the application of an action function for its development. 
This function, in a physical sense, stands for the product 
of time and work of the fatigue destruction of the shaft’s 
material. Due to the fact that the duration of the experiment 
is the same and common component for all (four) types of 
action (input factors), the obtained results of the experiments 
are characterised with a strong linear relationship and high 
correlation. For this reason, the application of the least sum of 
squares method to determine the regression coefficients of the 
regression equation is justified and allows for determination 
of the regression equation with a very large (close to unity) 
determination coefficient R2.

The low value of the reference metric confirms the adequacy 
of the developed propulsion shaft fatigue model, which may 
be a prerequisite for further research on its application in 
diagnosing fatigue of propeller shafts of real objects [11,13]. 
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THE INFLUENCE OF WATER AND MINERAL OIL ON MECHANICAL 
LOSSES IN A HYDRAULIC MOTOR FOR OFFSHORE AND MARINE 

APPLICATIONS

Paweł Śliwiński
Gdansk University of Technology, Poland

ABSTRACT

In this paper, mechanical losses in a hydraulic motor supplied with water and mineral oil (two liquids having significantly 
different viscosity and lubricating properties) are described and compared. The experimental tests were conducted using 
a special design (prototype) of a hydraulic satellite motor. The design of the satellite motor is presented. This motor was 
developed to supply both with water and mineral oil and features a non-circular tooth working mechanism. The paper 
also characterizes sources of mechanical losses in this motor. On this basis, a mathematical model of these losses has 
been developed and presented. The results of calculation of mechanical losses according to the model are compared 
with the experimental results. Experimental studies have shown that the mechanical losses in the motor supplied with 
water are 2.8 times greater than those in the motor supplied with oil. The work demonstrates that the mechanical losses 
in both the motor supplied with water and the one supplied with oil are described well by the mathematical model. It 
has been found that for the loaded motor working at high speed, the simulation results differ from experimental ones 
by no more than 3% for oil and 4% for water.

Keywords: mechanical losses,satellite motor,water,oil

INTRODUCTION

The hydraulic motor in a hydraulic system is the executive 
element [5–9,35]. Its purpose is to convert hydraulic energy into 
mechanical energy. The energy carrier in the hydraulic system 
is liquid. The type of liquid is conditioned by the requirements 
for these systems. Mineral oil is a commonly used liquid in 
hydraulic systems. However, in some industrial sectors, the 
liquid must be non-flammable (mining, steel mills, etc.) or 
non-toxic (food industry). Then, non-flammable synthetic 
liquids, water, or water-based liquids (i.e. HFA-E emulsion) are 
used [26,33]. The viscosity, density, and lubrication properties 
of these liquids differ [15]. These parameters have a significant 
impact on the size of mechanical, volumetric, and pressure 

losses in hydraulic machines [30–32,36]. These losses have an 
impact on the energy conversion efficiency in these machines 
[1,16,21,23,29,34,36]. Furthermore, the design parameters of 
hydraulic components have an influence on energy conversion 
efficiency [2,3,10–12,18–20,32,38].

There is a growing trend worldwide towards research and 
development of components and hydraulic systems supplied 
with water [6,13,14,28,32,33,37]. Therefore, a hydraulic motor 
dedicated to oil systems should not be used in systems where 
the working medium is water [27]. In general, each hydraulic 
device is dedicated to a specific type of working liquid.

Studies of hydraulic systems where water is the working 
medium are especially important in marine technology. In 
offshore technology and marine applications, hydraulic power 
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circuits are used frequently and water is generally available as 
a working liquid [13]. Thus, in order to eliminate pollution of 
the environment and marine waters, it seems reasonable and 
justified to eliminate oil systems and replace them with water 
systems. Water hydraulics could be used especially in small 
vessels (yachts and small cruise ships) in regions of the world 
where there is no frost. To this end, it is necessary to develop 
and test innovative components for hydraulic water systems 
[25,26,28,29,37]. Thus, it was reasonable to develop a new 
hydraulic motor dedicated to supply with water. This motor, 
called the satellite motor and marked with the SM symbol, 
contains an innovative operating mechanism consisting of 
non-circular gears [25,27,29–32]. The construction of this 
motor is described in the next section. Such satellite motors 
can be widely used in the shipbuilding industry. For instance, 
they can be used as rudder drives, anchor hoists, and drives of 
various deck winches and davits. Motors with small working 
volumes are ideal drives for capstans and capstan winches 
on yachts (Fig. 1).

Fig. 1. Hydraulic motor driven capstan (top) and capstan winch (bottom) [39]

The development of the SM motor has made it possible 
to investigate the influence of types of working liquids, 
which differ in extreme viscosity and lubricity properties, 
on energetic losses that occur in this motor. This article is 
limited to the description of mechanical losses. Consequently, 
this article has the following objectives:
a) to indicate and describe the sources of mechanical losses 

in the satellite motor;
b) to describe the mathematical model of the mechanical 

losses;
c) to compare the mechanical losses in motors supplied with 

mineral oil and water;
d) to compare the results of experimental research with the 

mathematical model.

SATELLITE MOTOR

A prototype satellite motor marked with the symbol 
SM-0,75/25, with a theoretical displacement of 32.94 cm3/
rev, was selected for the experimental tests. The design of this 

motor is presented in Fig. 2. The working mechanism of the 
satellite motor is a specific gear mechanism in which the rotor 
revolves around the shaft axis and the revolving motion is 
made by satellites which are in gear with the curvature and 
the rotor (Fig. 3). 

Fig. 2. General view and axial cross-section of SM-0,75/25 motor: 1 – shaft, 
2 – casing, 3 – front casing, 4 – rear casing, 5 – inlet and outlet manifold, 
7 and 8 – compensation (distribution) plates, C – curvature, S – satellite, 

R – rotor [25,27,30–32] 

Fig. 3. The working mechanism of a satellite motor: C – curvature, S – satellite, 
R – rotor, 1–10 – working chambers, LPC and HPC – low-pressure and high-

pressure working chamber, Vk-min and Vk-max – working chamber with minimum 
and maximum area (Amin and Amax) [25,27,30–32]

The curvature is toothed inside and consists of six humps. 
The rotor is toothed outside and consists of four humps. Gear 
wheels called satellites work with the curvature and the rotor. 
Spaces, called working chambers, are formed between the 
satellites, the curvature, and the rotor. The number of working 
chambers is equal to the number of satellites.

During rotation of the rotor, the working chambers:
a) change their volume from minimum Vk-min to maximum 

Vk-max, forming a high pressure chamber (HPC). The 
chamber is filled with water;

b) change their volume from maximum Vk-max to minimum 
Vk-min, forming a low pressure chamber (LPC). The chamber 
is emptied of liquid.

Fig. 4. Distribution plate: OC – inflow/outflow hole [25,27,30–32]
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The working chambers in the satellite mechanism are 
closed by the compensation plates (Fig. 2 – elements 7 and 
8, and Fig. 4), which also play the role of distribution plates.

The number of filling and emptying cycles of the working 
chambers per rotation of the shaft is the product of the number 
of humps of the rotor and the curvature. Thus, 24 cycles 
correspond to one shaft revolution.

Satellite motors have the smallest mass and overall 
dimensions as compared to other hydraulic motors. The 
power density of these motors exceeds 4 kW/kg.

SOURCES OF MECHANICAL LOSSES

Mechanical  losses in a satellite motor result from [32]:
a) the rolling and sliding friction between the gear mechanism 

elements;
b) the compression of the liquid in the death volumes Vk-min 

of the satellite working mechanism (Fig. 3);
c) the compression of the liquid in the space between the 

teeth of the working mechanism elements;
d) the inertia of the working mechanism elements and 

the inertia of liquid in the working chambers;
e) the friction in the bearings and seals;
f) the viscous friction in the gaps of the working mechanism.

TORQUE OF LOSSES IN BEARINGS AND SEALS

The results of experimental studies of seals used in 
hydraulic machines show that the torque of friction in seals 
Ms mainly to the greatest extent depends on the pressure of 
the liquid contained in the seal chamber. The rotational speed 
of the shaft has a much smaller effect on Ms. In addition, Ms 
depends on the working fluid (lubricating properties) [28]. 
In a satellite motor, the rubbing speed of seals relative to the 
shaft neck exceeds 2 m/s. Additionally, the fluid pressure in 
the seal chamber is strictly dependent on the pressure in the 
motor low-pressure port (leaks from the working mechanism 
are discharged into the chamber of the shaft and further by 
a non-return valve to the outflow port). During the motor 
tests, the pressure in the outflow port reaches 2 MPa [28].

The results of seal tests have shown that the torque of 
friction in the motor seals (at a shaft speed range of up to 
1500 rpm and a pressure p2 of up to 2 MPa) does not exceed 
1 Nm. However, for simplicity, the model assumes that the 
torque of friction in the seals is a function of the pressure in 
the outflow port of the motor and does not depend on the 
rotational speed.

Bearings in satellite machines have no contact with the 
working liquid. Hence, the torque of losses in bearings Mb 
does not depend on the liquid lubricant type. Furthermore, 
for simplicity, it is assumed that the friction in the bearings is 
independent from the speed. The motor working mechanism 
is hydrostatically balanced. Therefore, the load M of the motor 
has no influence on the torque of losses in the bearings.

Thus, the torque of losses in the bearings and seals can be 
described by Equation [32]:

89� � 89 : 8� � 89 : ;� < =� > ;9� < =� (1)

in which Cs [
?'

@AB
] and Cbs [

?'

@AB
]  are constants. 

TORQUE OF LOSSES DEPENDENT ON INERTIA 
OF  SATELLITES AND INERTIA OF LIQUID IN 
WORKING CHAMBERS

During the operation of a satellite mechanism, the satellites 
are moving with a variable plane motion – there is a cyclic 
variation in speed of each satellite. Mechanical energy is 
supplied to the satellite during acceleration. Later, during 
deceleration, the energy is returned. The difference between 
the delivered energy and the returned energy is the energy 
consumed in the process of friction. Similarly, during the 
operation of a satellite mechanism, there is acceleration and 
deceleration of the liquid in the working chambers. Thus, 
the energy lost depends on the inertia of the liquid and the 
satellites. During the commutation change (e.g. at the time 
of opening of the inflow channel and cutting of the outflow 
channel by a satellite), inertial forces provide resistance to 
changes in the position of satellite teeth in the space between 
the rotor teeth and curvature. The inertia force of the satellite 
depends on its mass. Similarly, the inertia of the liquid 
depends on its mass in the working chamber.

Starting from the equations of energy conservation, it can 
be proved that the torque of losses Mid can be described by 
the simplified equation [32]:

8�C � ;�C < ,
 < D < �� (2)

where Cid [
?'

EF'G''H]  is a constant that depends on the type 
of satellite material and the type of liquid.

TORQUE OF LOSSES CAUSED BY COMPRESSION 
OF LIQUID IN DEATH VOLUMES AND IN SPACES 
BETWEEN TEETH

The process of compression of the liquid in the death 
volumes of a working mechanism occurs when the mechanism 
rotates and there is no flow from the death volume to either 
the outflow channel or the inflow channel. The increase in 
pressure in the working chamber occurs as follows: from the 
supply pressure pi-1 in the chamber as itincreases its volume 
to the pressure pi-max in the maximum volume Vk-max. Then 
the pressure drops to pi-2 in the working chamber, reducing 
its volume. The pressure pi-max depends on the height of the 
satellite axial gaps and the rotor axial gap and also on the 
rotational speed of the rotor. At low speeds, the pressure pi-max 
does not reach large values. It is estimated that as a result, the 
flow of liquid from the maximum dead chamber through the 
gaps to the low pressure chamber pi-max is close to pi-1. And at 
high speeds, the liquid does not have time to flow through 
the gaps to the low-pressure chamber. As a result, depending 
on the type of liquid, its viscosity and compressibility, the 
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pressure pi-max is much greater than pi-1. In the dead chamber 
Vk-min, there is a minimum pressure value pi-min, similar to pi-2. 
Thus, the value of pi-max will have an impact on the torque of 
mechanical losses in the motor.

The flow rate of liquid Qdc from the dead chamber through 
the gaps can be expressed by the formulas [32]:

�CI � *JCI < K (3)

�
LM

� ;LM%N <  *=
LM
$
O
 (4)

where:
– ΔVdc is the change in volume of the dead chamber during 

rotation of the shaft, which is approximately equal to the 
volume of liquid flowing from the space;

– ω is the angular velocity of the motor shaft;
– Δpdc is the pressure increase in a closed space between 

teeth;
– Cdc-1 [P 'Q

�<@AB
R
S

]  is a constant that depends on the 
geometrical dimensions of the gap through which liquid 
flows.

From the power balance:

TLM � �
LM

< *=
LM

� 8LM < K (5)

it follows that:

8LM � �*JCI
O:N

O < U
K

;LM%N

V

N
OW

 (6)

The value of ΔVdc is difficult to calculate. ΔVdc can be 
described by the simplified equation:

*JCI � XCIY� < Z� < D (7)

where Cdc-2 is the coefficient.

It is estimated that the changes of ΔVdc are minor. Hence, 
we can assume that the stream Qdc flowing through the gap is 
laminar, for which = 1. Thus, Equation (6) takes the form:

8LM � �XLM%[ < Z[ < D� <
K

;\]^_
  (8)

The above formula can be generalized to the form:

8LM � XLM < Z
` < D[ < a (9)

where Cdc [
?'

''b<EF'
]  is a constant.

By analogy, the torque of losses Mts caused by compression 
of the liquid in the death volumes of the working mechanism 
can be described by the formula [32]:

8cd � Xcd < Z
` < D[ < �  (10)

where Cts [
?'

''b<EF'
] is a constant. 

TORQUE OF LOSSES CAUSED BY VISCOUS FRICTION 
IN GAPS

During the rotation of the motor shaft, the walls of gaps 
of the working mechanism move relative to each other. This 
causes drift of the liquid layers in the gaps. Viscous friction in 
the liquid in the gaps can be expressed as the torque of losses 
Mv. This torque is proportional to the relative speed of the gap 
walls and proportional to the viscosity of liquid. Thus [32]:

8e � ;e < f < �  (11)

where Cv [
?'

'AB�<EF'
] is a constant.

THE REPLACEMENT COMPONENT MDSV OF THE 
TORQUE OF LOSSES

Taking into account that:
– the Mdc and Mts components are impossible to determine, 

and
– the Mv component reaches very small values [1],
it is proposed to introduce a replacement component Mdsv of 
the torque of losses, expressed by the formula [32]:

ghij � ghk : gli:gj � Xhij < Z
 < m� < a  (12)

where Cdsv [
?'

''b<EF'
]  is a constant.

TORQUE OF LOSSES MLM CAUSED BY MIXED FRICTION

In the satellite working mechanism, satellites can move 
freely in the backlash (satellites are not mounted on axles). 
Therefore, during the operation of the mechanism, there is 
a slip in the area of interaction of the teeth. Thus, a non-linear 
increase in torque Mlm is a result of the sliding friction and 
the rolling friction of teeth.

Dietrich [4] recommends adopting the coefficient of friction 
in the gear teeth, in accordance with ISO/DIS6336/IV, as:

� � noN[ < P
pq

r
R
�o��

< P
s

9<t<e
R
�o��

 (13)

where:
– F [N] is the circumferential force on the rolling circle:

u � [ <
@

�v
  (14)
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– b [mm] is the width of the gear wheel;
– Dp [m] is the gear pitch diameter;
– μ [mPas] is the dynamic viscosity of the liquid;
– v [m/s] is the total speed of the cooperating wheels;
– ρ [mm] is the replacement radius of the tooth profile at 

the pitch point;
– Ra [μm] is the mean surface roughness of the side gear of 

interacting teeth.

Hence, in a helical gear, the torque of losses MlM is the 
function:

8w' � x;w'
yy < zB

�o�� <  f < { < � < | < 	F$
Y�o��

<

8)o��  
(15)

where Clm" is the coefficient. It should be noted that the 
slippage within the cooperation of the teeth in the helical 
gear unit is very small.

According to Niemann [17], the mean friction coefficient 
can be described by the equation:

� � non`} < P
s

9<e<r
R
�o�

< fY�o�� < zB
�o�� < P

s

9
R
Y�o�3�

 (16)

In the above equation, there is no compatibility of the units 
of measurement. Thus, it is supposed that the above equation 
is purely hypothetical (or empirical).  

In satellite machines:
– the radius  of curvature of the teeth is dependent upon 

the modulus m of the teeth;
– the width b of the teeth is the same as tantamount to the 

height H of the satellite mechanism;
– the pitch diameter Dp is a function of the teeth modulus m; 
– the total speed v of cooperating wheels depends on the rotor 

(or shaft) rotational speed  and the size of the mechanism 
(and the size of the teeth modulus m).
Taking into account the above-mentioned dependence, it 

is proposed to describe the torque of losses Mlm in a satellite 
mechanism by the empirical relationship [32]:

8w' � x;w' < P
pq

t<~<'QR
�o��

< �Y� < 8S  (17)

where Clm is the factor.

MATHEMATICAL MODEL OF TORQUE 
OF LOSSES

K NOW N METHODS OF DESCR IPTION OF 
MECHANICAL LOSSES IN HYDRAULIC MOTOR

In the literature, mechanical losses in a motor are 
described as:
a) a function of the pressure drop in the motor and the 

rotational speed of the shaft Ml = f(Δp,n) [1]. In this case, it 

is assumed that the pressure drops in the internal channels 
are a component of mechanical losses. A description of 
mechanical losses in the form of Ml = f(Δp,n) is inaccurate. 
Nonetheless, it is clear that the pressure drop Δp in the 
motor is affected by the torque losses Ml;

b) a function of the motor load and speed Ml = f(M,n) 
[16,21,22,24]. This model does not refer to a source of 
mechanical losses in the motor. It is a simplified linear 
model. The influence of liquid viscosity  on the mechanical 
losses depends on the factor P �

��
R
S, where νn is the reference 

viscosity. Similarly, the impact of the rotational 
speed n of the motor shaft on the mechanical losses refers 
to the so-called theoretical (nominal) speed nt. Moreover, 
mechanical losses in an unloaded motor are expressed as 
a function of theoretical torque. This torque corresponds 
to the nominal pressure drop in the hydraulic system in 
which the motor is used. It has also been assumed that 
mechanical losses in the loaded motor are directly 
proportional to the motor load. Besides, this model does 
not describe mechanical losses during the motor start.
The results of the experimental research carried out by the 

author indicate that the torque corresponding to mechanical 
losses Ml in a satellite motor is a non-linear function of both 
the load M and the speed n. Therefore, it was desirable to 
develop a new mathematical model that would contain all 
the above-mentioned factors.

The parameters, independent of the motor, are the load M 
on the motor shaft and the flow rate Q of the liquid feeding 
the motor. Thus, it would be desirable to describe the torque 
of mechanical losses in the motor Ml as a function of M 
and Q. Describing the torque of losses Ml as a function of 
the load M is possible and correct. However, describing the 
torque of losses Ml in the motor as a function of the flow Q is 
extremely complicated. It is clear that it is the relative speed 
of the rubbing surface that influences the friction force value. 
It would be possible to describe Ml = f(Q) only in the case of 
a motor without volumetric losses. 

The new method described below is based on an analysis 
of sources of mechanical losses. The described mathematical 
model will provide a more accurate simulation of the 
characteristics of mechanical losses in a hydraulic motor.

TORQUE OF LOSSES IN UNLOADED MOTOR

In an unloaded motor, the torque of losses Ml (M=0) is 
calculated from the relationship:

8wx�@(� �
�<*F�

�<�
  (18)

Furthermore, Ml (M=0) is the sum (Fig. 5) [32]:

8wx�@(� � 89� : 8�C : 8CI :8�� : 8e�����������
@\��

 

:*8w'x�@(�xw�9x*F(�  
(19)
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where:
– Mbs is the torque of losses in the bearings and seals;
– Mid is the torque of losses dependent on the inertia of the 

working mechanism elements and the inertia of liquid in 
the working chambers;

– Mdc is the torque of losses caused by compression of liquid 
in death volumes;

– Mts is the torque of losses caused by compression of liquid 
in the spaces between the teeth;

– Mv is the torque of losses caused by viscous friction in the 
gaps of the working mechanism;

– Mlm (M=0) is the torque of losses at low speed, that is, in 
the range of speed from close to 0 (n = 0+) to a certain 
boundary speed n’. This component reaches a maximum 
value Mlm (n=0, M=0) for a speed close to zero (n = 0+).
It is proposed to simplify the problem and the Mlm (M=0) 

component to describe a linear function of rotational speed 
n as:

*8w'x�@(� � *8w'Y�x�@(� % ;*w'x�@(�
) < f���������
�*��x����

< �  (20)

where Clm (M=0) is a constant calculated from the equation 
of the trend line of characteristics Mlm (M=0) = f(n).

Fig. 5. The components of torque of losses in an unloaded motor [32]

After substituting (1), (2), (12), and (19) into (18), the 
following expression is obtained [32]:

8wx�@(� � ;�C < ,
 < D < �� : 

:�XC�e < Z
 < D� % ;*w'x�@(�
) < f���������
�*��x����

� < � 

        :;9� < =� : *8w'x��(�o@(� 

(21)

Hence, the equation describing the torque of losses in the 
unloaded motor is a square equation. 

TORQUE OF LOSSES IN LOADED MOTOR

The torque of mechanical losses Ml in a loaded motor is 
the sum [32]:

8wx � 89� :8�C : 8C�e : *8w'x�@(����������������������
@�x����

 

:*8w' : 8w'���������
@��

 
(22)

where Mlm is the torque of losses in a loaded motor occurring 
at low speeds (from n = 0 to a certain speed n = n”) and 
reaching the maximum value *8w'��(�  for a speed n close 
to 0; that is, n = 0+ (Fig. 6). Mlm is a function of load M and 
motor speed n. That is, for n < n”, Mlm should be described 
by the equation [32]:

8w' � 8w'��(� %x;w'x��� < f < � (23)

where  is the torque of losses for n = 0 and  is the 
factor.

Mlm can be described by the simplified function [32]:

*8w' � ;w'Y� < 8�������
*@��x����

% ;*w' < f < �  (24)

where CΔlm and Clm-0 are coefficients.

In order to determine Mlm, it should be assumed that 
for n < n", Mlm is a linear function (23). This causes an 
inconvenience in that:
– the speed limit n" should be found;
– Mlm is described by Equation (16) for n > n" and by Equation 

(22) for n < n". 

Fig. 6. Characteristic of Mmf component in loaded motor.  
The component ΔMlm = 0 for n = n” [32]

The mathematical analysis of formula (16) indicates that 
Mlm (n<n”) >> Mlm (n>n”). Therefore, it is proposed to simplify the 
model and abandon the separate determination of Mlm. 
Then [32]:

8'� � *8w' : 8w' � 8w'  

         �x;w' < P
pq

t<~<'QR
�o��

< �Y� < 8S 
(25)

The torque of losses Ml in a motor, expressed by the formula 
(20), in the expanded form is as follows [32]:
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8wx � *8w'Y�x�@(� % ;*w'x�@(� < ��������������������
��x���xEB���x��x�(������

: ;9� < =� 

 :;�C < ,
 < D < �� : XC�e < Z
 < D� < � 

       :;w' < P
pq

t<~<'QR
�o��

< �Y� < 8S 
(26)

THE TEST STAND AND MEASURING 
APPARATUS

The satellite motor was tested on a test stand with power 
recuperation. A diagram of the measurement system of this 
test stand is shown in Fig. 7.

Fig. 7. Diagram of the measurement system of the test stand: P – pump, 
M – tested hydraulic motor, PN – pump for filling the leaks in P and 

M, IP – impeller pump (pre-supply pump), SV – safety valve, F – filter, 
T – reservoir, IAG – intersecting axis gear, E1 and E2 – electric motors with 

frequency converters, T1 and TT – temperature sensors, Q2 – flowmeter, 
QLe – leakage measurement, FT – force transducer (torque measurement), 

n – inductive sensor (rotational speed measurement)

First, the satellite motor was tested using oil as the working 
medium. Next, the test was conducted using water. This motor 
was not disassembled between tests. During the tests of the 
motor supplied with both liquids, the same measurement 
apparatus was used. Only the tanks, pumps, valves, and tubes 
were changed. 

During the test of the motor, the following parameters 
were measured:
– the pressure p1 in the motor inlet port (strain gauge pressure 

transducers, range = 0–25 bars and 0–250 bars, accuracy 
= 0.3%);

– the pressure p2 in the motor outflow port (strain gauge 
pressure transducer, range = 0–10 bar, accuracy = 0.3%);

– the torque M on the motor shaft [strain gauge force 
transducer mounted on the arm at 0.5 m (arm attached 
to the motor body), range = 0–100 N, class 0.1];

– the motor absorbency Q (the flow rate to the motor) (piston 
flow meter, range = 0–200 l/min, class 0.2);

– the rotational speed of the motor shaft n (inductive sensor, 
accuracy of measurement = 1 rpm);

– the temperature T1 of liquid in the inlet port of the motor 
(RTD temperature sensor, class A, max. measurement 

error = 0.5 oC). The temperature of liquid was stabilized 
(for oil, T1 = 43  2 oC; for water, T1 = 27  2 oC).
The satellite motor was examined using:

– Total Azolla 46 oil ( = 40 mm2/s,  = 873 kg/m3, 
= 35 mPas);

– pure tap water ( = 0.853 mm2/s, = 999 kg/m3).
It should be added that in the satellite mechanism 

Ra = 0.1 μm.

RESULTS OF EXPERIMENT AND 
SIMULATION

TORQUE OF LOSSES IN UNLOADED MOTOR

The experimentally determined characteristics of 
mechanical losses Ml (M=0) in an unloaded motor are shown 
in Fig. 8 and Fig. 9.

Fig. 8. Characteristics of Ml(M=0) = f(n) in unloaded motor supplied with oil: 
results of experiment and simulation

Fig. 9. Characteristics of Ml(M=0) = f(n) in unloaded motor supplied with water: 
results of experiment and simulation

In the motor supplied with oil, Mbs-O = 0.38 Nm at 
p2 = 0.5 MPa. However, in the motor supplied with water, 
Mbs-W = 0.40 Nm. Thus, Mbs-W > Mbs-O due to the poorer 
lubricating properties of water. The values of the constant 
are given in Table 1.

The values of coefficients Cbs, Cid-m, and Cdsv can be 
calculated from the equation of the trend line of experimental 
characteristics (Fig. 8 and Fig. 9). These values are given in 
Table 1.
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TORQUE OF LOSSES IN LOADED MOTOR

The torque of mechanical losses Ml in a loaded motor was 
calculated according to the formula:

8w �
�<*F�

�<�
% 8  (27)

The experimentally determined characteristics of 
mechanical losses Ml as a function of rotational speed n of the 
motor shaft and the load M are shown in Fig. 10 and Fig. 11. 
The characteristics of component Mmf are shown in Fig. 12 
and Fig. 13. The coefficient Clm was selected so as to obtain 
the best fit of a curve to the results of the experiment and is 
given in Table 1.

Fig. 10. Characteristics of Ml = f(n) in motor supplied with oil: results of 
experiment and simulation

Fig. 11. Characteristics of Ml = f(n) in motor supplied with water: results of 
experiment and simulation

Fig. 12. Characteristics of Mmf = f(n) in motor supplied with oil: results of 
experiment and simulation

Fig. 13. Characteristics of Mmf = f(n) in motor supplied with water: results of 
experiment and simulation

Tab. 1. Values of coefficients in the model of mechanical losses

ΔMlm-0(M=0) Cbs Cid Cdsv Clm

[Nm]  �
��

 ¡¢
£  

¤
��

��H<¥¦�G
§ 

 
¤

��

��b<¥¦�
§ [–]

Oil 0.46 0.76 47.1̇ 10-9 5.41̇ 10-6 0.235

Water 0.53 0.80 59.68˙10-9 3.68˙10-6 0.265

For both oil and water: α = 1.25; β = 0.062

THE RATIO OF TORQUE OF LOSSES IN A MOTOR 
SUPPLIED WITH WATER AND WITH OIL

The test results have shown that the torque of losses Ml-W 
in the motor supplied with a liquid of low viscosity and 
poor lubricant properties (water) is greater than the torque 
of losses Ml-O in the motor supplied with oil. The ratio of 
these torques is:

¨@w �
@�^©

@�^ª
 (28)

The values of this ratio are shown in Fig. 14. 

Fig. 14. The ratio of torque of losses in the motor supplied with water 
and with oil

So, the mechanical losses in the motor supplied with water 
are as much as 2.8 times greater than the mechanical losses 
in the motor supplied with oil. 
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INCREASE OF PRESSURE IN MOTOR WORKING 
CHAMBERS

The mechanical losses have an impact on the pressure 
increase Δpi in the working chambers and on the pressure 
increase Δp in the motor. In effect, 

p
*= � =) % =� �

�<�

�
< �8 : 8w���������

*F�

: *=�I�   (29)

This is of great practical importance. The use of water 
instead of oil causes an increase of the pressure drop in the 
motor. For example:
a) for M = 10 Nm and n = 1500 rpm in a motor supplied with 

– water: Δpi = 3.1 MPa,
– oil: Δpi = 2.58 MPa.
The difference is 0.52 MPa.

b) for M = 150 Nm and n = 1500 rpm in motor supplied with 
– water: Δpi = 34.55 MPa,
– oil: Δpi = 31.1 MPa.
The difference is 3.45 MPa.
Thus, in relation to the motor supplied with oil, the supply 

with water results in:
a) a 20% increase of Δpi at a small load M of the motor;
b) an 11% increase of Δpi at a large load M of the motor.

As a result of the higher pressure drop in the motor 
supplied with water, there is an increase in internal leakage 
and a reduction in motor speed (with Q = const.).

CONCLUSIONS

Experimental studies have shown that the greatest  influence 
on the mechanical losses results from the friction between 
elements of the operating mechanism. In addition, the type 
of liquid has the biggest influence on the value of torque 
losses in this operating mechanism. Much smaller values of 
mechanical losses occur in the bearings and seals. The type of 
liquid has the least impact on the mechanical losses in these 
elements. The smallest component of the mechanical losses is 
the component depending on the viscosity of the liquid, that 
is, the mechanical losses caused by viscous friction in gaps.

The mathematical model of torque of mechanical losses has 
been developed based on the analysis of sources of these losses. 
It has been shown that on the basis of experimental results, 
it is possible to calculate the coefficients of the model. Based 
on the proposed mathematical model, the characteristics of 
the torque of losses have been calculated and then compared 
with the experimental results. It has been found that the 
simulation results differ from the results of the experiment:
a) at low speed (n = 50 rpm):

– for M = 10 Nm: about 40% for both oil and water;
– for M = 150 Nm: 21% for oil and 9% for water;

b) at high speed (n = 1500 rpm):
– for M = 10 Nm: about 10% for oil and 43% for water;
– for M = 150 Nm: 3% for oil and 4% for water.

Thus, the mathematical model describes the torque of 
losses in the motor supplied with mineral oil or water quite 
accurately. Therefore, the mechanical losses in the motor 
supplied with various liquids can be assessed by comparison 
of the model coefficients.

The model of mechanical losses presented in this 
publication is also suitable to describe mechanical losses in 
a satellite pump.
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ABSTRACT

The article presents the three-state semi-Markov model of the process {W(t): t > 0} of state transitions of a ship 
power plant machine, with the following interpretation of these states: s1 – state of full serviceability, s2 – state of 
partial serviceability, and s3 – state of unserviceability. These states are precisely defined for the ship main engine 
(ME). A hypothesis is proposed which explains the possibility of application of this model to examine models of real 
state transitions of ship power plant machines. Empirical data concerning ME were used for calculating limiting 
probabilities for the process {W(t): t > 0}. The applicability of these probabilities in decision making with the assistance 
of the Bayesian statistical theory is demonstrated. The probabilities were calculated using a procedure included in the 
computational software MATHEMATICA, taking into consideration the fact that the random variables representing 
state transition times of the process {W(t): t > 0} have gamma distributions. The usefulness of the Bayesian statistical 
theory in operational decision-making concerning ship power plants is shown using a decision dendrite which maps ME 
states and consequences of particular decisions, thus making it possible to choose between the following two decisions: 
d1 – first perform a relevant preventive service of the engine to restore its state and then perform the commissioned 
task within the time limit determined by the customer, and d2 – omit the preventive service and start performing the 
commissioned task. 

Keywords: decision, probability, ship power plant machine, semi-Markov process, ship internal combustion engine

INTRODUCTION

The operation of ship power plant machines on sea-going 
vessels is the phase of their existence which, compared to the 
remaining phases (design and production), consumes most 
energy and materials. That is why of utmost importance in this 
phase is solving their operational problems in the way which 
will lead to most effective performance of these machines. 
An essential problem of this type is developing relevant 
models and methods to control the process of appearance 
of consecutive technical states in their operation [4, 5, 11, 18].

The above process control can be considered as:
• Operator’s action on selected parameters of the 

constructional structure of a power plant machine 
(including adjustment) to initiate and maintain its faultless 
operation  [4, 16, 22, 24],

• Making operational decisions to ensure rational (optimal, 
if possible) execution of the process of appearance 
of consecutive technical states [1, 4, 9, 11, 24].
For ship power plant machines, the issue of control 

of parameters of their constructional structure with the 
assistance of technical diagnostics is now well established. 
This control makes it possible to shape energy states of these 
machines in the way ensuring their best durability and 
reliability. However, it still does not provide opportunities 
for rational control of the appearance of consecutive technical 
states of high importance in their operational phase.

Such control requires making relevant operational 
decisions. In turn, the literature review shows that this 
decision-making requires establishing, at least, a three-state 
set S of technical states si (i = 1, 2, 3) of ship power plant 
machines, with the following interpretation of these states:  
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s1 – state of full serviceability, s2 – state of partial serviceability, 
s3 – state of unserviceability. The experience gained by the 
author from past research indicates that the decision-making 
procedures can be developed based either on the theory 
of semi-Markov processes, or on the statistical theory of 
decision-making [1, 4, 11, 14, 17]. In both cases, there is a need 
to develop a semi-Markov model of transitions of technical 
states of a given ship power plant machine in which this 
machine may stay. These models are essential for defining 
relations required to assess the probability of existence of 
states si (i = 1, 2, 3). Justification for the applicability of semi-
Markov processes as models of technical state transitions of 
ship power plant machines is presented in [3, 4, 5, 24]. The 
hypotheses formulated in those articles are the proof that the 
following hypothesis can also be considered true: the state 
si+1 of an arbitrary ship power plant machine and the time 
Ti+1 of its duration depend significantly on state si(i = 1, 2) 
which existed directly before state si+1 and  not on earlier states 
and time durations, as after the time duration of each state, 
full recovery of functional properties of this machine takes 
place which restores its full serviceability (s1), the beginning 
of which depends of user’s capabilities. Hence, when the state 
s1 has place, the appearance of state s2 depends on the time 
duration of state s1 and not on whether the state s3 existed 
before state s1 or not. Then, the appearance of state s3 depends 
on the time duration of the directly preceding state s2, and 
not on the earlier presence or absence of state s1. This makes 
a basis for developing a three-state model of state transitions 
si   S (i = 1,  , 3) in the form of a semi-Markov process, discrete 
in states and continuous in time.

The application of the semi-Markov process as the model 
of transitions of the abovementioned technical states of 
an arbitrary ship power plant machine makes it possible 
to easily determine, inter alia, the limiting distribution of 
the appearance of states si(i = 1, 2, 3) of this machine after 
the elapse of time intervals Ti(i = 1, 2, 3). This distribution 
includes the probabilities: P1 = P(s1), P2 = P(s2) and P3 = P(s3) 
with their interpretations as: P1 – probability of appearance 
of state s1, P2 – probability of appearance of state s2 , and P3 – 
probability of appearance of state s3. These probabilities are 
used in operational decision-making processes taking into 
account an optimisation criterion, which can be, for instance, 
the expected value of the consequence of making a decision 
belonging to the set of possible decisions permissible in given 
circumstances [1, 4, 9, 10, 11].

The states si(i = 1, 2, 3) should have precise interpretations, 
individual for each type of machine, but the procedure of 
developing semi-Markov models for all machines is the same. 
It requires taking into account the operational status of the 
machine. 

OPERATIONAL STATUS OF SHIP POWER 
PLANT MACHINE AND PROBLEM 

FORMULATION 
During the operation of a ship power plant machine 

(main or auxiliary internal combustion engine, steam or 
water boiler, pump, compressor, electric motor, current 
generator, etc.), its technical state worsens as a result of wear. 
Consequently, its action (D) is characterised by lower ability 
to transmit energy and convert it to heat (Q) and work (L). 
This can be easily demonstrated by looking, for instance, at 
the action of the ship propulsion system with single engine 
and single propeller, the scheme of which is shown in  Fig. 1. 
The action of this system consist in energy conversion to heat 
and work, and transmitting this energy from the main engine 
(ME) to the screw propeller (SP) [16, 22, 25]. As a result of 
excessive wear, the available engine action (DM) can be smaller 
than the required action (DW) to perform the transport task 
by the ship. For the above propulsion system, this case can 
be expressed as [5, 6]:

Wo
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e

d)()(2d)(
00
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where, in general: 

eo NMn (2)

and:
DM  DLe– available ME action which allows effective work 
Le to be done 
DW– required ME action for performing the task by the ship,
Le – effective work done by ME,
n – rotational speed of ME,
Mo – average torque of  ME,
Ne – power output of ME,
t – time of ME action.

The ME power output Ne is needed to do the work Le (Fig. 1) 
[5, 22, 25]. This power output is an important index of ME 
operation, as it contains the information on how fast the 
work Le can be done.

Fig. 1. Constructional scheme of the propulsion system of a ship with two-
stroke high-power low-speed engine  and large-diameter screw propeller: 

T – thrust force, SP – screw propeller, ME – main engine, Nd – power 
transmitted to SP, Ne – ME power output,  – outboard seawater level 

indicator.  
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The increasing wear of ME, in particular of its tribological 
piston/cylinder liner system, causes the decrease of power 
output Ne and, consequently, of power Nd transmitted to 
the screw propeller SP. All this leads to the decrease of the 
thrust force T (Fig. 1), and ship‘s speed as the final result. In 
an extreme case, the wear of the abovementioned tribological 
system may cause broad damages of ME pistons and cylinder 
liners which will make further ME operation impossible. 
Such piston damage is shown in  Fig. 2, while Fig. 3 presents 
excessive damage of ME cylinder liner.

Fig. 2. View of damaged side surface of a piston due to its seizure in cylinder 
liner and breaking of sealing rings. [8, 23, 25]

Fig. 3. View of damaged inner sliding surface of a cylinder liner due 
to excessive wear caused by: 1 – friction corrosion, 2 – pitting corrosion 

[6, 21, 25]

ME damages similar to those shown in Fig. 2 and Fig. 3 
make that the technical state of this engine is to be considered 
as state of unserviceability (s3). This state can also be a source 
of other ME damages. On the other hand, the ME user 
should aim at maintaining the state of full serviceability 
(s1). Therefore, according to the suggestion presented in 
Introduction, the set S of states: 

 (3)

should be unambiguously defined. This can be done based 
on engine characteristics shown in Fig. 4.

Fig. 4. SG characteristics illustrating engine load changes according to the 
regulator characteristic NRnom = idem: Ne – ME power output, n – ME 

rotational speed, WZ – ambient conditions (WZ3 > WZ2 > WZ1),  
NRmin – minimal regulator setting, NRnom – nominal (rated) regulator setting, 

NRmax – maximal regulator setting, hmax – maximal setting of injection 
pumps, hnom – nominal (rated) setting of injection pumps, hmin – minimal 

setting of injection pumps, s1 – state of full serviceability, s2 – state of partial 
serviceability, s3 – state of unserviceability.

ME characteristics determine unambiguously possible 
ranges of engine loading with power output (Ne) and rotational 
speed (n). In the case shown in Fig. 4, the ME load is limited 
by screw propeller characteristics WZ3 = idem and WZ1 = 
idem, regulator characteristics  NRmin = idem and NRmax 
= idem, and the external characteristic hmax = idem along 
the segment from point B to the beginning of characteristic 
NRmax = idem. The screw propeller characteristic WZ3 = idem 
corresponds to the toughest ambient conditions (WZ) of 
ship navigation, while the characteristic WZ1 = idem – to 
most favourable conditions. The main engine operation 
according to the external characteristic hmax = idem provides 
an opportunity to load the engine with maximal power 
output (Nemax). ME can be loaded in this way only when in 
the state of full serviceability (s1). Progressing ME wear which 
takes place during its lifetime makes applying such a load 
impossible. A situation may occur that the engine can be 
loaded only according to the characteristic hnom = idem, or 
even to the characteristic Ne – n situated lower in the diagram 
(Fig. 4). According to this characteristic, the engine can only 
be loaded with rated power (Nnom). The main engine which 
can be loaded according to the characteristic hnom = idem is 
not any longer in the state of full serviceability, but only in 
the state of partial serviceability (s2). When the engine can 
be loaded only according to characteristics situated below 
the curve hnom = idem, its state should be considered as the 
state of unserviceability (s3), which results from the need to 
observe principles of rational engine operation. In general, the 
current technical state of ME can be classified to one of three, 
at least, classes of states si (i = 1, 2, 3), belonging to the set S 
(3) of states, with the following descriptive interpretations:
– state of full serviceability s1, i.e. the technical state which 

enables safe engine operation according to the external 
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characteristic hmax = idem, in arbitrary ambient conditions 
(WZ) and in the load range for which it was intended in 
the design and production phases (load field marked with 
green lines in Fig. 4),

– state of partial serviceability s2, i.e. the technical state which 
enables engine operation only according to the external 
characteristic hnom = idem in limited ambient conditions 
(WZ) and in the load range lower than that for which it 
was intended in the design and production phases (load 
field marked with blue lines in Fig. 4), 

– state of unserviceability s3, i.e. the technical state which 
does not make engine operation possible according to the 
external characteristic hnom = idem, i.e. in limited ambient 
conditions (WZ) and in the load range much lower than 
that for which it was intended in the design and production 
phases (load field marked with red lines in Fig. 4), or even 
makes it totally impossible due to, for instance, damage of 
pistons, rings, or cylinder liners, similar to those shown 
in Fig. 2 and Fig. 3.
In the main engine operation phase, the probabilities of 

occurrence of states si  S(i = 1, 2, 3) should be predicted. This 
can be done taking into account an arbitrary time t of engine 
operation (1), or a very long time interval t of its operation, 
theoretically t  .

Similar considerations can be done for other ship power 
plant machines, and for each machine, a relevant set of states 
si   S(i = 1, 2, 3) can be predicted. For a steam boiler, these 
states will result from its heating output. When the boiler is in 
the state of full serviceability (s1), it can be loaded to produce 
the maximal heating output to meet ship’s needs. With time, 
the thermal capacity of the boiler decreases due to a growing 
layer of limescale on its heated walls. As a consequence, its state 
will worsen initially to partial serviceability s2 , and then to 
unserviceability s3. This also refers to water boilers. For other 
machines: pumps, compressors, various heat exchangers, such 
as water and lubricating oil coolers or fuel and lubricating 
oil heaters, etc., the states si (i = 1, 2, 3) can be determined in 
a similar way. Like for ME, in the operation phase of these 
machines, the probability of occurrence of states si  S(i = 1, 
2, 3)  at arbitrary time t of machine operation, or in extremely 
long time interval, theoretically t  , should be assessed. 

However, these considerations are only possible once the 
models of transitions of the  states belonging to the set S 
of states have been developed. The review of the available 
literature suggests that these models can take a form of semi-
Markov processes which have a discrete set of states and are 
continuous in time t. For ME, the set of these states (3) has 
been unambiguously defined by giving interpretations of 
states si(i = 1, 2, 3). 

Further in the article, a model will be presented which 
refers not only to main engines (ME) composing the ship 
propulsion systems (Fig. 1), but also to other ship power plant 
machines.

For an arbitrary ship power plant machine, like for ME, it 
is possible to develop the semi-Markov model of transitions 
of states si(i = 1, 2, 3) in the form of a semi-Markov process, 
as for these states, when relevant technical diagnostics is 

applied, the time duration of state si (i = 1, 2, 3) existing at 
time  and the state sj(j = 1, 2, 3) which can appear at time  
do not depend stochastically on earlier states and their time 
durations [3, 4, 11, 13, 14, 17, 24].

SEMI-MARKOV PROCESS OF TECHNICAL 
STATE TRANSITIONS OF SHIP POWER 

PLANT MACHINE  
The technical state of an arbitrary ship power plant machine, 

not only ME, is determined by a set of technical features of its 
constructional structure which enables functioning of this 
machine as intended in the design and production phases. 
At arbitrary time t of machine operation, this state depends 
not only on this time, but also on the technical state of the 
machine at its start-up time t0 < t, as well as on changes of 
loads applied in time interval  [t0, t] and the course of control 
of various processes during this time interval. This control 
has a fundamental impact on technical state transitions of 
each ship power plant machine [4, 7, 8, 9, 16, 18, 20]. 

Technical state transition of a ship power plant machine 
which takes place at time t due to its wear is a stochastic 
process, continuous in states and time, which means that 
the realisations of possible types of technical states of this 
machine comprise an infinite set. 

Identifying all technical states of an arbitrary ship power 
plant machine is neither possible nor justified for both 
technical and economic reasons. Consequently, there is a need 
to define a small number of classes (subsets) of its technical 
states. Assuming the machine’s ability to perform intended 
tasks as the criterion for the above classification, the following 
classes (subsets) of technical states, further simply referred 
to as states, can be named [3, 4, 9, 10, 24]:
– state of full serviceability s1, which enables the machine 

to operate in all ambient conditions and in the entire 
load range for which it was intended in the design and 
production phases,

– stan of partial serviceability s2, which enables the machine 
to operate in limited ambient conditions and in the load 
range smaller than that for which it was  intended in the 
design and production phases,

– state of unserviceability s3, which does not allow the 
machine to operate as intended, for instance due to its 
damage, performing necessary preventing actions, etc.
These states should be precisely defined individually for 

each ship power plant machine. 
The technical states of ME, denoted as si  S(i = 1, 2, 3), were 

defined in the previous Section, see Fig. 4. Possible transitions 
of these states can be arranged in a graph [3, 4, 5, 10]. The  
graph of transitions of states si (i = 1, 2, 3) which is valid for 
an arbitrary ship power plant machine, including  ME, is 
shown in Fig. 5. 
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Fig. 5. Graph of technical state transitions of an arbitrary ship power plant 
machine: s1 – state of full serviceability, s2 – state of partial serviceability, s3 – 

state of unserviceability, pik  – probability of occurrence of state transition from  
si to sk,, Ti – time of unconditional existence of state si regardless of which state 

sk appears next, Tik – time duration of state si provided that then next state is sk; 
i, k = 1, 2, 3; i ≠ k

This graph illustrates the possibility of rational appearance 
of the abovementioned states, starting from state s1 which 
lasts from time t0 to time t1. These states appear consecutively 
at times t1, t2, t3, …, tn, where n = 1, 2, 3, ….(Fig. 6). State 
transitions of each ship power plant machine are characterised 
by probabilities pik of state transition from si to  sk(i, k = 1, 2, 3; 
i ≠ k) and random variables, which are time intervals Ti(i = 1, 
2, 3) of unconditional existence of state si regardless of which 
state sk appears next, and time intervals  Tik(i, k = 1, 2, 3; i ≠ k) 
of existence of state si provided that the next state is sk.

A machine staying in the state of full serviceability (s1) can 
change the state to partial serviceability (s2) after time T12 . 
This state transition may occur with probability p12. In case 
the crew during the voyage, or after returning to the port, 
restores the technical state of the machine, its state changes 
again to s1. This state transition will occur with probability 
p21 after time interval T21. During the voyage, the crew does 
not always have the opportunity to perform such a repair. 
Then, after time T23, the technical state of the machine may 
change to unserviceability (s3), and this state transition will 
occur with probability p23. When it refers to a machine having 
an essential impact on ship safety, the main engine  (ME) for 
instance, this may lead to a dangerous situation, and even 
catastrophic when in storm, as the ship may sink in those 
conditions. The machine staying in state s3 should undergo 
full overhaul, which will take place with probability p31 after 
time T31. In rational operation, partial repair of this machine 
to restore it to state s2 is not permitted, as this situation may 
again lead to the appearance of state s3 during the ship voyage, 
with the resulting threat of occurrence of dangerous, or even 
catastrophic threats. That is why the graph of state transitions 
in Fig. 5 does not include a curve illustrating state transition 
from s3 to s2. This means that the probability of this state 
transition is p32  = 0. 

We can assume that when neither state s2 nor state s3 has 
place, then the machine stays in state s1.

Particular machine states si  S(i = 1, 2, 3) can be identified 
using a relevant diagnostic system (SD) which consist of two 
subsystems: diagnosing subsystem (SDG), and the power 

plant machine being the diagnosed subsystem (SDN). The 
operating applicability of the diagnostic system (SD) depends 
on the quality of the applied subsystem SDG and adaptation 
of the power plant machine, i.e. subsystem SDN, to its state 
identification.

It results from the above considerations that states si  S(i 
= 1, 2, 3), which consecutively take place during the operation 
of the power plant machine, compose a set of transitions of 
these states {W(t): t  0}. An exemplary execution of this 
process is shown in Fig. 6.

Fig. 6. Execution of process {W(t): t > 0} for an arbitrary ship power plant 
machine: {W(t): t > 0} – technical state transition process, t – operating time, 
s1 – state of full serviceability, s2 – state of partial serviceability, s3 – state of 

unserviceability

In mathematical approach, the analysed process of 
technical state transitions of a ship power plant machine 
is the function which maps states si  S (i = 1, 2, 3) of this 
machine on the operating time.

Hence, the set S = {s1, s2, s3} of technical states can be 
considered as a set of values of the stochastic process {W(t): 
t 0} with realisations constant in intervals and continuous 
on the right (Fig. 6).

The initial distribution of this process (Fig. 7) is given by 
the formula [4, 9, 11]:
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where:
pij – probability of going a process W(t): t  0} from state si 
to state sj,
Fij – cumulative distribution function random variable Tij 
(i, j = 1, 2, 3; i ≠j)
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This case of a matrix (5) can occur if correctness all 
maintenance activities will be checked after their carrying 
out by running the ship power plant  machine.

Based on this matrix, we can determine transition 
probabilities that are significant in operation of the ship 
power plant machines. They are defined as the  conditional 
probability:

jijiWtWP ij ;3,2,1,,)0(|)( (6)

which, in turn, fulfill Fellera equations [11, 24]. 
As the time passes by, theoretically to t → ∞, the conditional 

probabilities Pij(t) given by formula (7) and the probabilities  
Pj(t) of states sj, j = 1, 2, 3

,)()( jj tWPtP (7)

stabilise and tend towards constant values. Consequently, 
these probabilities can be replaced by limiting probabilities 
[11, 13, 19]
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These values can be determined based on matrix (5) 
and making use of the corresponding matrix of transition 
probabilities of the Markov chain embedded in the process 
{W(t): t 0}. The matrix of the Markov chain embedded in 
the considered process SM has the form:
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We can determine these probabilities based on the matrix 
(5) using the corresponding probability matrix of going 
a process {W(t): t 0} of Markov chain. This chain that is 
embedded to a semi-Markov process will take a form:
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To specify the boundary distribution of the Markoy chain 
embedded in the process {W(t): t  0} we should to solve the 
following equations: 

� � � �321321 ,,,, ������ ��P  

�1 + �2 + �3 = 1     
(9)

The process {W(t): t  0} has boundary distribution 
3,2,1},)({lim ���

��
jstWPP jtj , because it is unpredicted [11, 

24] and the mentioned random variables Tj(j = 1, 2, 3) have 
finite positive expected values E(Tj). The limiting probabilities 
of the process can be calculated from formulas [11]
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where:
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is the boundary distribution of Markov chain {W(τn): n = 0, 
1, 2, ... } embedded to a process {W(t): t  0}.

Appearance of consecutive states 321 ,,  of the 
ship power plant machines is the result of the impact of 
the cumulative loads on them. This means that random 
variables  Tijhave approximately gamma distributions with 
the appropriate parameters [1, 2, 24].

The data published by companies producing ship engines, 
as well the empirical studies, [21, 22, 23, 24] have shown that 
some high-power main engines (ME) have the expected values 
mij of times of state transition from si to sj equal to:
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while the probabilities of these transitions (pij), being the 
elements of matrices (5) and (8),  are equal to:
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The limiting probabilities can be calculated using 
a procedure included in the computational software 
MATHEMATICA. The values of these probabilities calculated 
in the above way for the obtained estimates are:

0028,0)(
,0834,0)(
,9138,0)(

33
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��
��

sPP
sPP
sPP

     (11)

The limiting probabilities (10) with values (11) can be used 
in real operational decision-making with the assistance of 
the Bayesian statistical theory. This theory makes it possible 
to develop a decision-making model which, along with the 
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abovementioned probabilities, takes into account the expected 
value of consequence of a particular decision as a criterion. 

STATISTICAL MODEL 
OF DECISION-MAKING  

The information on the values of probabilities P1, P2 and P3 
(23a) and the consequences of  particular decisions makes it 
possible to apply the statistical decision-making theory when 
choosing, for instance, between the following two decisions 
[1, 4, 9]:
• decision d1 – first perform a relevant preventive service 

of the engine to restore its state, as a precondition for 
performing the commissioned task, and then start 
performing the task within the time limit determined by 
the customer,

• decision d2 – omit the preventive service and start 
performing the commissioned task. 
 Making a choice between these two decisions can be 

facilitated by the use of the statistical decision-making theory, 
which says that the expected value of a consequence (gain or 
loss) of each choice can be a criterion for making the most 
favourable choice from among the available options. However, 
this requires proper assessment of consequences of particular  
decisions and presenting these consequences as relative 
numbers. In particular, the gain resulting  from making 
a given decision will be expressed as a positive number, while 
loss – as negative [1, 4].

The Bayesian statistical theory says that in such a decision-
making situation, for instance for the considered process 
{W(t): t  0} of technical main engine state transitions, 
a decision dendrite can be used. The dendrite representative 
for the above situation is shown in Fig. 7.

Fig. 7. Decision dendrite for making decision d1 or d2: d1 – decision that 
preventive service of engine should be performed first, and then the 

commissioned task, d2 – decision that the commissioned task should be 
performed without prior preventive engine service, P(s1) – probability that the 
engine is in state s1, P(s2) – probability that the engine is in state s2, c(d1, s1) – 

consequence of decision d1 when the engine is in state s1, c(d2, s1) – consequence 
of decision d2 when the engine is in state s1, c(d2, s2) – consequence of decision 

d2 when the engine is in state s2

The decision dendrite in Fig. 7 shows that the expected 
value can be calculated from the relations [1, 4]:

E(c�d1) = c(d1, s1) 
E(c�d2) = P(s1)c(d2, s1) + P(s2)c(d2, s2)    (12)

taking into account the following relation (11):

The principle of decision-making is as follows: when 
, decision d1 is to be made, and when 
, decision d2 is considered correct.  

In such a simple decision-making situation, the probability 
P* of correct operation of an arbitrary machine (an internal 
combustion engine SG in this case) can be found for which, 
for formal reasons, it does not matter which decision will 
be made. For this probability the following relations are 
obtained:

 (13)

Hence, this probability can be calculated from the equation 
(Fig. 7):

(14)

since 
 (11).

Determining the values of consequences c(d1), c(d2, s1) 
and c(d2, s1) is not easy. However, to demonstrate that these 
values are of higher practical importance that the values of 
probabilities P(s1) and P(s2),  it is sufficient to assume that: c(d1) 
= 0,5jp, c(d2, s1) = 1jp while  c(d2, s2) = – 0,5jp (jp – monetary 
unit). The assumed values illustrate the fact that performing 
an unnecessary preventive service as a result of decision c(d1) 
leads to profit decrease from  1jp to 0,5jp, i.e. c(d1) = 0,5jp. 
At the same time, resigning from this service when the engine 
is in state s1 leads to profit amounting to c(d2, s1) = 1jp. On the 
other hand, when the service is not performed for the engine 
in state s2, it will result in not completing the task and the 
loss amounting to c(d2, s2) = – 0,5jp.

After some transformations, the formula (14) can be 
written as  

),(9927,0),(
),(9927,0)(

2212

221*

dd
ddP (15)

The rule of decision-making can be formulated as:

P < P* � d1 , because then  E(c/d1) > E(c/d2) 
P > P* � d2, because then  E(c/d1) < E(c/d2) 

(16)

The calculated values of probabilities P1, P2 and P3, along 
with the selected values of consequences c(d1), c(d2, s1) and  
c(d2, s1), make it possible to calculate, from formula (15), 
that P* = 0,6658. Since the inequality P1 > P* takes place, the 
decision-making rule (16) says that decision d2 should be 
made. The decision-making situation in Fig. 7 shows that the 
accuracy of assessment of probability P is not particularly 
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important. It results from this situation that decision  d2 – 
“omit preventive service and start performing the commissioned 
task” can be made when the values of probabilities range 
within P1 = P(s1) = 0,6658 1,0. Hence, when applying the 
presented decision-making model, the calculated probability 
P1 = 0,7832 leads to  making the above operational decision.

REMARKS AND CONCLUSIONS 

The article describes a relatively simple model of  technical 
state transitions of an arbitrary ship power plant machine, 
with the main engine (ME) and the three-state set of technical 
states: s1,  s2 and  s3 as an example. The model has been 
developed based on the theory of semi-Markov processes 
and therefore has the form of a semi-Markov process, 
discrete in states and continuous in time. This model made 
it possible to calculate values of limiting probabilities of 
the considered process, as a result of application of gamma 
distributions with different values of  shape parameter r and 
scale parameter λ referring to the times of machine operation 
and repair as random variables. Adopting these distributions 
was justified by cumulative action of loads on the machine 
which resulted in its gradual wear, and by the fact that the 
empirical distribution of repair times is a random variable 
which can take negative values and cannot be described by 
normal distribution.  

Semi-Markov processes as models of real processes of 
technical state transitions of ship power plant machines are a 
convenient tool in practical studies. This convenience results 
from the fact that their application as models of real processes 
allows making use of professional computer software for 
solving different equation systems describing real processes. 

The article demonstrates the applicability of limiting 
probabilities (P1, P2 and P3) of distribution of the stochastic 
process {W(t): t  0} when making operational decisions with 
the assistance of the Bayesian stochastic theory. It is shown 
that this theory is easy to apply once the abovementioned 
probabilities and consequences of particular decisions are 
known. This ease results from the existence of one well-
defined criterion for selecting the most favourable decision 
from among the available options. This criterion is the 
expected value of consequence (gain or loss) of making one 
or another decision. 
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ABSTRACT

A new T-type connection structure consisting of composite sandwich plates, reinforced cores and adhesive was proposed 
for the construction of lightweight ships to resolve connection problems between bulkheads and decks of composite 
lightweight ship superstructures. Based on the design principles and mechanical properties of composite structures, the 
mechanical behaviour of the structure under a dangerous loading condition was investigated. In addition, the ultimate 
bearing capacities and damage modes were examined, the results of which demonstrated that the strength of the structure 
is weak, and that the adhesive and reinforced core between the face plate and the web plate is the primary weakness of the 
structure. A numerical simulation method was verified using the results of the mechanical tests, and five characteristic 
paths at the connection area were established. The stresses and displacements along the five paths were calculated using 
the numerical method. Then, variations in the geometric parameter and the strength and weight of the connection were 
summarised. The optimal angle of the adhesive bonding area is approximately 60°, which supports the optimal design 
and practical application of the lightweight ship adhesive-bonded connection structure.

Keywords: T-type connection structure, composite structure design, test, mechanical analysis, marine structure

INTRODUCTION

Composites are structural-functional materials that have 
been used in a variety of industries, including the aerospace, 
automotive, shipbuilding, and chemical processing industries 
[6, 23]. Due to the ease with which they are mass-produced 
and their favourable properties, e.g., strength-to-weight ratios, 
composites are especially utilised for the construction of boats 
and ships that are less than 100 m long. An observational 
study found that ships constructed from foam sandwich 
composites were 36% and 10% lighter than similarly sized 
steel and aluminium ships, respectively [19].

To enhance the mechanical and physical performances of 
composite materials, most lightweight composite structures 
employ adhesive bonding  [10], which has been used in 
manufacturing for more than 50 years [9]. A variety of adhesive 
bonding forms have been used, including single-lap joints, 

double-lap joints, docking connections, bevel connections, 
and trapezoidal connections. Connections represent the 
primary weaknesses of a structure and have consequently 
been the focus of many scholars. With the continuous 
application of composite T-type adhesive-bonded structures 
in the shipbuilding, aerospace and automobile industries in 
recent years, the performances of T-type composites have 
attracted increasing attention from both domestic and foreign 
researchers [1–5, 7, 12, 15–17, 20–21]. For instance, Diler et al. 
studied six composite T-type connections comprising sandwich 
panels and summarised their mechanical properties under 
tension loads [7]. Toftegaard and Lystrup designed a new 
T-type adhesive joint composed of sandwich panels and 
discovered that the lost weight is more valuable by adjusting 
the design parameters under a certain strength [21]. Shenoi 
and Hawkins studied the mechanical performance of T-type 
connections constructed using laminated plates and found 
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that both the thickness and the geometrical configuration of 
the adhesive layer can significantly affect the performance 
of the connection [16]. Khalili and Ghaznavi investigated 
the influences of the geometric and material characteristics 
of T-type connections on their strength and failure modes 
through numerical analysis [11].

The advantages of T-type connection structures composed of 
sandwich composites include a flexible design, lighter weight, 
higher strength capacity and greater reliability. However, the 
mechanical properties and damage mechanisms of T-type 
connections are more complicated than those of traditional 
metal structures. Two research methods are primarily used by 
domestic and foreign scholars to study the characteristics of 
such structures: mechanical experimentation and numerical 
simulation. The primary subjects of current research are 
variations in the mechanical characteristics of connection 
structures under different load conditions, various important 
parameters (e.g., geometric and material properties) that affect 
connection performance (e.g., mechanical strength and damage 
mechanisms), and new types of connections. In this paper, a new 
T-joint consisting of composite sandwich plates, reinforced 
cores and adhesive is proposed for the connection structures 
between the bulkheads and decks of composite lightweight ship 
superstructures. Based on mechanical testing and numerical 
analysis, the ultimate bearing capacity and characteristic 
response parameters of the T-joint with respect to its strength 
and weight were investigated. The mechanical behaviour and 
damage modes under a dangerous working condition were 
examined. In addition, the optimal design value, which supports 
the joint design, lightweight design and practical application 
of composite ships, was obtained for the response parameters.

DESIGN OF THE COMPOSITE T-TYPE 
CONNECTION STRUCTURE

An alternative form of a composite connection structure 
was proposed in this study based on the traditional connection 
structure used between the deck and the bulkhead or between 
the bulkhead and the side of the superstructure of a ship. A new 
T-type composite connection constructed from composite 

sandwich panels was designed considering its spatial position, 
geometric shape and material properties, as shown in Fig. 1 
(left side). The main difference between the developed T-type 
connection structure and the traditional structure is that 
no skin laminates exist outside the reinforced cores. In 
the present study, our task is to develop a new composite 
T-joint for lightweight ship superstructures. A traditional 
design consisting of sandwich panels joined by adhesive and 
laminates has been proposed by foreign scholars [21] and 
is shown in Fig. 1 (right side). Various improved T-joints 
have been designed and investigated [21]. Some scholars 
have focused on improving strength (with laminate), while 
others have focused on reducing weight (without laminate) 
[8, 18, 22]; this article focuses on the latter. The present design 
without laminate represents a T-type connection, which has 
less weight and appropriate strength. Furthermore, this paper 
indicates that a T-type connection is a weak bearing structure 
used in superstructures and does not participate in the total 
longitudinal bending. 

The proposed composite T-type connection is constructed 
during a bonding process using the deck as a web plate and 
the bulkhead as a face plate. The structure is divided into three 
components: the face plate (see A, B, and C in Fig. 1), the 
web plate (see D and E in Fig. 1) and the connecting area 
(see F, G, and H in Fig. 1), which includes skin laminate  
( A, C, and D), a core ( B and E), adhesive ( F and H) 
and a reinforced core ( G). The skin laminate is composed of 
fibre-reinforced plastic (glass fibre-reinforced polymer (GFRP) 
or CFRP), and the core and reinforced core are composed of ship 
foam. A stronger material can be selected for the reinforced core 
to increase the strength of the T-type connection structure, and 
the adhesive is a suitable resin for ships. The T-type connection 
consists of 8 parts produced by the hand-lay-up process.

The innovation of the composite T-type connection is 
represented by the detailed design of the connecting area. 
A continuous, uninterrupted V-shaped skin was proposed for 
the web plate. The skin of the web plate and the core of the 
connecting area are bonded together directly, which is different 
from a previous design (a web plate-adhesive-reinforced core). 
The new GFRP design (i.e., a skin laminate  , D-adhesive  ,  
H-reinforced core  , G-reinforced core  , F) includes a protective 

Fig. 1. Scheme for the new T-type composite connection (left) and the traditional design (right)
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designed to investigate the mechanical properties of the T-type 
connection and to judge its applicability as a marine connection 
structure. Fig. 3 shows the boundary conditions applied to 
a T-type connection structure, where P and D represent the 
force and constrained distance, respectively.

MECHANICAL TESTS AND NUMERICAL 
SIMULATIONS

MATERIALS AND SPECIMENS

The main component of the proposed composite T-type 
connection is the sandwich structure, and the primary 
formation method is the bonding process. The composite 
sandwich structure has a special form: the outside includes 
two thin skins, and the inner structure is a single thick core. 
The outside skin is subjected to tensile and compressive 
stresses, while the local bending stiffness is small and can 
be considered negligible. FRP was selected to meet the 
requirements of the anisotropic mechanical properties, 
design freedom and the desired surface treatment. The 
purpose of the sandwich structure core is to support the 

function for the cores of the face and web plates; thus, since the 
overall weight and cost of the composite connection structure 
are reduced, lower-density core materials are optional. 

The geometric dimensions are shown in Fig. 2, and the 
meaning of each symbol is given in Table 1 together with 
a reference value for the initial proposed configuration. The 
coordinate system in Fig. 2 shows the x- and y-directions along 
the face plate and the web plate, respectively.

Due to the location and role of the T-type connection 
structure within the structure of a  ship, the connection 
between the deck and the bulkhead of the lightweight 
superstructure is dominated by vertical forces. Considering 
its geometric characteristics, the T-type connection structure 
has the strongest ability to withstand compression, followed 
by tensile strength, and its ability to withstand shear stress 
is the weakest [13]. Therefore, when the proposed composite 
T-type connection is used as a marine connection structure, 
the force characteristics of the specific position should be 
a primary consideration. In addition, according to the strength 
requirements of the T-type connection under different load 
conditions and the main structure of the T-type connection, 
the composite T-type connection can be expanded and 
strengthened to meet practical requirements for ship design 
and structural strength needs. Therefore, this condition was 

Tab. 1. Geometry variables for the composite T-type connection structure

Variable Unit Reference value Description

La (mm) 350 Length of the core for the face plate

Lb (mm) 153.5 Length of the core for the web plate

Ta (mm) 35 Thickness of the core for the face plate

Tb (mm) 34 Thickness of the core for the web plate

Tma (mm) 2.4 Thickness of the skin for the face plate

Tmb (mm) 2 Thickness of the skin for the web plate

Lo (mm) 5 Minimum core thickness for the web plate

Tj (mm) 3 Thickness of the adhesive

θ (°) 60 Angle of the reinforced core

W (mm) 100 Overall width of the T-type connection

Fig. 3. Loading condition of the composite T-type connection structureFig. 2. Geometric dimensions of the proposed composite T-type connection
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skin such that neither inward nor outward deformation is 
produced during loading and to maintain the skins in their 
appropriate positions. Low-density foam and balsawood were 
selected as cores. The composite T-type connection structure 
proposed in this study was designed for the superstructure 
of a ship. In addition to considering various mechanical 
properties, including the strength, stiffness and fatigue, the 
physical properties of the material itself are considered, such 
as corrosion and fire resistance and insulation. Due to its 
numerous advantageous properties, including its light weight, 
high strength, corrosion resistance and temperature and noise 
insulation, an E-glass woven roving fabric (EWR200, with 
a single-layer thickness of 0.4 mm) was selected for the skin 
material of the sandwich structure. MYcell MC080 structural 
foam, which is a closed-cell cross-linked polymer with a high 
strength/stiffness-weight ratio, low resin absorption, high 
impact and fatigue resistance, weak water absorption and high 
corrosion resistance with self-extinguishing noise and heat 
insulation, was selected for the core material of the sandwich 
structure. In addition, this particular core material, which is 
suitable for hand pasting/spraying, vacuum import, bonding, 
pre-impregnation and other moulding processes, is most 
commonly used as a lightweight core material for structures 
under static and dynamic loads. A high-performance methyl 
ethyl ketone peroxide (MEKP)-cured (2% w/v) polyurethane 
acrylic structural adhesive (Crystic Crestomer 1152PA) was 
selected for the bonding material, which has been certified 
by the Italian classification society RINA and is suitable for 
the bonding of GRP structures.

A 1/2-scale composite T-type connection specimen (shown 
in Fig. 4) was produced via hand lay-up moulding. The E-glass 
fibre cloth and resin combined with a curing agent were 
manually laid out in layers. The mould, which was coated 
with a release agent, was dripped onto the final layer to form 
a coat, and then the bubbles were removed. Laminating was 
performed to the specified thickness, followed by curing to 
form the specimen. Fig. 5 shows the construction process of 
the composite T-type connection specimen. The 8 parts were 

incorporated into the desired T-type connection specimen 
through a 9-step hand lay-up process. Three specimens were 
prepared according to the test conditions. 

TESTS AND RESULTS

No definitive reference standard is currently available 
for mechanical performance testing of T-type connection 
structures composed of composite sandwich material. 
Therefore, a  test scheme was designed according to the 
traditional test flow and application environment for a T-type 
connection structure. Fig. 6 shows the test performed on 
the specimens. Due to the special form of the proposed 
T-type connection structure, a special slot clamp was used 
to fix the face plate. The constrained distance D was 50 mm. 
A computer-controlled electronic universal testing machine 
(WDW3100) was used to apply a continuous displacement 
load to the side of the web plate (20 mm from the end) until 
the final failure of the specimen was reached. The loading 
rate was 0.2 mm/min. 

Fig. 4. Composite T-type connection specimen

Fig. 5. The hand lay-up process to construct the composite T-type connection specimen
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The load versus displacement curves are illustrated in Fig. 7, 
and the results demonstrate good consistency. At the initial stage 
of loading, the force and displacement were linearly related to 
a bending stiffness of approximately 0.125 kN/mm. With an 
increasing load, the three curves exhibited small fluctuations at 
P ≈ 0.24 kN, representing the initial failures of the specimens 
with a slight decrease in the overall stiffness. The specimens 
still had high carrying capacities, indicating that the failure 
zone was small. The load was continuously applied until the 
failure area suddenly expanded, and the failure propagated 
through the adhesive interface between the web plate and the 
upper reinforced core after the crack extending to the lower 
reinforced core of the specimen collapsed completely. Therefore, 
the ultimate loads of the three specimens were 1.35 kN, 1.36 kN 
and 1.38 kN.

The reason for this phenomenon is that the top of the 
web plate was subjected to a concentrated force, which was 
transmitted along the web plate and through the connection 
area. With increasing displacement at the top of the web 

plate, the web plate exhibited a cantilever bending state, and 
the face plate was subjected to a bending moment. At this 
time, in the connection area, shear stress and normal stress 
at the reinforced core‒skin laminate interface will develop to 
balance the concentrated load and clockwise bending moment 
at the top of the web plate. When this shear stress and normal 
stress reached the bonding strength and shear strength at the 
interface, respectively, a stripping phenomenon occurred and 
then gradually expanded. 

Because the failure processes of the three test specimens were 
similar, one specimen was selected for illustrative purposes. 
Corresponding to the failure modes shown in Fig. 8, the initial 
failure occurred at the connecting area near the web plate (i.e., the 
position in the white solid circle), and peeling occurred at the 
area between the upper reinforced core (part G) and the upper 
adhesive (part H). With increasing displacement, the damage 
continued to expand, and when the lower reinforced core cracked 
along a direction 30° to the normal direction of the face plate, 
structural collapse occurred. The failure process can be divided 
into the following three stages: initial failure, cracking and 
expansion, and final failure, as shown in Fig. 8. 

Since the time between initial failure and final peeling is very 
short, the initial failure point and the path of crack propagation 
during the test are difficult to observe directly. The damage 
pattern of the specimens is complicated and includes cohesive 
failure, adhesion failure and adherend failure (see Fig. 8).

The mechanical curves and ultimate loads of the three 
specimens are fundamentally similar, indicating that the 
production process of the specimens was relatively stable. In 
this paper, a mean value of 1.36 kN was selected as the ultimate 
load of the composite T-type connection with a local shear 
strength (σs) of 0.07 MPa; σs = P/A, where P and A represent 
the applied load and the area between the connection area and 
the panel, respectively. 

NUMERICAL SIMULATIONS

To save time and improve efficiency, an effective numerical 
simulation was employed to predict the ultimate bearing 
capacity of the new T-type connection. Based on the test results, 
a numerical analysis of the T-type connection specimen under 
the same condition was conducted using the common finite 
element calculation platform Ansys19.0 (ANSYS Inc.). To 
simplify the calculations and improve the operational efficiency, 
a two-dimensional model (see Fig. 9) was established within 
a Cartesian coordinate system. The structural characteristics of 
the skin laminate, core and adhesive layer were simulated using 

Fig. 6. Mechanical test for the T-type connection specimens

Fig. 7. Load versus displacement curves of the specimens 

Fig. 8. Failure modes of the tested specimen
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the structural element PLANE183 with a 2x2 Gauss integration 
scheme. PLANE183 is a higher-order 2-D, 8-node element 
with quadratic displacement behaviour and is well suited for 
modelling irregular meshes. Each node has two degrees of 
freedom: translations in the nodal x and y directions. The 
element can be used as a plane element (plane stress, plane strain 
and generalised plane strain) or as an axisymmetric element. 
The characteristics of the contact surface between the skin 
laminate, core and adhesive layer were simulated using the 
cohesive force models targe169 and conta171. ANSYS supports 
rigid and flexible body surface-to-surface contact elements, 
where the rigid surface is regarded as the target, targe169 is used 
to simulate the 2-D target surface, and the surface of the flexible 
body is used as a contact by conta171. The numbers of elements 
and nodes in this model are 30378 and 92157, respectively. Fig. 2 
shows the dimensions of the structure, and Fig. 3 demonstrates 
the loading condition. In addition, Table 2 displays the material 
properties of the different components (see [12]). 

The Hoffman criterion (see formula (1)) and the maximum 
stress criterion (see formula (2)) were used to simulate the 
failure of the skin laminate, core and adhesive layer [13, 14]. 
The Hoffman criterion considers the effects of materials with 
different tensile and compressive strengths on structure failure 
and adds the two odd function terms (σ1 and σ2) on the basis 
of the Tsai‒Hill criterion. Based on [14], the Hoffman criterion 
was used to evaluate the failure of the skin laminate. The 
adhesive layer is an important part of the bonding structure 
and serves as the connecting link between the composite skin 
laminate and the core. According to the experimental study, 
the mechanical properties of cured resin are similar to those of 

a brittle material; therefore, the resin can be regarded as a linear 
elastic material. Based on [13], the maximum stress criterion 
was used to evaluate the failure of the adhesive layer. The foam 
material is nearly quasi-isotropic, and the core material in this 
article is MC080. The test shows that MC080 has a certain 
brittleness; therefore, the maximum stress criterion was also 
used to determine whether the core material fails. 

F11σ11
2+ 2F12σ11σ22+ F12σ22

2+ F66σ66
2+ F1σ11+ F2σ22= 1

F1=  – , F2=  – , F11= , F12= – ,

F22= , F66= ,        (1)

σ11=Xt, σ22=Xt, |τ12|=S  or  |σ11|=Xc, |σ22|=Yc, |τ12|=S
 (2)

A stiffness reduction process was carried out using a complete 
attenuation moment unloading model. The Newton‒Raphson 
method with a tangent stiffness matrix and a load step was used 
to obtain the nonlinear solution. In summary, the numerical 
simulation of the composite T-type connection was designed 
to calculate the ultimate carrying capacity, as shown in Fig. 10.

Tab. 2 Material properties of each component in the composite T-type connection structure

Part Material Coordinate 
system Ex (MPa) Ey (MPa) Gxy (MPa) νxy X (MPa) Y (MPa) S (MPa)

Skin GRP Global 72000 72000 29800 0.21 240 120 200

Skin GRP Local 72000 72000 29800 0.21 240 120 200

Core MC080 Global 104 104 30 0.35 1.45 1.45 1.2

Core MC080 Local 104 104 30 0.35 1.45 1.45 1.2

Adhesive 1152PA Global 500 500 170 0.47 15 15 8.7

Fig. 9. Two-dimensional model of the composite T-type connection

Fig. 10. Numerical simulation algorithm
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The results of the mechanical tests demonstrate that the 
load versus displacement curves of the specimens exhibit good 
consistency, with similar ultimate load and stable formation 
processes. Therefore, an approximate mean curve of T-1, T-2 
and T-3 from the experiments was selected as the criterion 
for the numerical simulation. Fig. 11 shows that the simulated 
(FE) and approximate mean (test) curves are essentially similar 
in this scenario. The initial failure and the maximum load 
obtained through the numerical method (the FE curve) are 
0.251 kN and 1.388 kN, respectively, with errors of 4.6% and 
2.2%, respectively, compared with the test values. Therefore, 
the above results prove the validity of the numerical method 
for analysing the strength of the composite T-type connection 
and provide theoretical support for follow-up research on the 
corresponding response parameters.

RESPONSE PARAMETERS FOR  
THE STRENGTH AND WEIGHT

The experimental results reveal that the strength of the 
composite T-type connection is weak, that the bonding position 
between the core of the connection area and the web face is 
the primary source of weakness, and that the damage mode of 
the adhesive material is complicated. Based on the numerical 
simulation conducted in the numerical simulations section 
above, the mechanical properties of the composite T-type 
connection structure under the same loading condition were 
studied. The stress characteristics and the structural weight 
were investigated, the details of which are shown in Fig. 12. 

For T-type connections, the geometry of the reinforced 
core is directly related to the geometry of the adhesive layer, 
which has an important effect on the connection strength. Five 
characteristic paths were established (path 1: 1-2-3-4, path 2: 
A-B-C, path 3: D-E-F, path 4: B-E, and path 5: 5-6), as shown 
in Fig. 12. The influence of the geometric parameter on the 
mechanical properties and weight of the connecting structure 
was analysed with respect to variations in angle θ. Angle θ 
changed from 15° to 75° with an interval of 15°. Fig. 13 shows 
the geometries corresponding to different angles. In addition, 
the optimal angle θ was obtained to guide the design and 
optimisation of the connection structure. When selecting the 
optimal angle, the minimum weight was taken as the objective 
function, and the stress and displacement on the 5 paths were 
taken as the constraint conditions. 

The stress and displacement curves of the adhesive layer 
along path 1 were calculated through numerical simulation, 
as shown in Fig. 14. Since path 1 is geometrically symmetric 
and the force is asymmetric, its stresses are asymmetrical, while 
the total displacement is approximately asymmetric. First, we 
analysed the displacement characteristics. The trend of the 
total displacement was the same regardless of the value of θ; 
the maximum values were observed at the left end (Point 1) of 
the path, and the displacement decreased smoothly towards the 
middle. When θ increased from 15° to 60°, the corresponding 
value of the total displacement at the end increased sharply; 
however, when θ continued to increase, no significant effect on 
the total displacement was observed. Second, we analysed the 
stress characteristics. The trend of the stress relative to different 
values of θ was consistent and smooth except for regions of 
mutation at the ends and middle of the path. The ends (point 1 
and point 4) of path 1 are free ends representing the junctions 
of different materials, leading to concentration of the stresses. 
Local stress fluctuations were observed in the centres of the paths 
(point 2 and point 3) due to the existence of geometric mutations 
and the criticality of the PVC cores. Variations in θ (15° to 60°) 
exhibited a different influence on the stresses of path 1. In the 
region between point 2 and point 3, changes in θ had no effect 
on stresses. In other regions, the normal stress in the x-direction 
and the shear stress decreased with an increasing value of θ, while 
the normal stress in the y-direction increased with an increasing 
value of θ. In summary, the optimal value of θ is 60° considering 
the stresses and displacement of path 1 alone.

Fig. 11. Comparison of the test result and FE calculation

Fig. 12. Characteristic paths of the composite T-type connection Fig. 13. Geometries with different angles of the connection area (half)



POLISH MARITIME RESEARCH, No 2/2020152

Fig. 14. Stress and displacement curves for path 1 at different angles

(a) σx

(c) σxy

(b) σy

(d) Total displacement

Fig. 15. Stress and displacement curves for path 2 at different angles

(a) σx

(c) σxy

(b) σy

(d) Total displacement
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The calculation results for path 2 are shown in Fig. 15. The 
trends of the total displacement relative to different values of 
θ were the same, with the displacement decreasing with an 
increasing θ. Because of the geometrical mutation at point B, 
the displacement curve showed a mutation at point B. Smaller 
angles produced more obvious downward trends in the 
displacement. Meanwhile, the trends of the stresses relative 
to different values of θ were basically the same, with the stress 
values decreasing with an increasing θ, but different phenomena 
were detected at the ends of paths A and C and at the centre 
of path B due to end effects and material mutations. When θ 
increased from 15° to 45°, the stress value changed abruptly, 
and obvious concentrations of stress were noted at points B 
and C. When the value of θ was either 60° or 75°, the normal 
stress in the x-direction and the shear stress distribution tended 
to be gentler except for a stress peak at point B. In addition, the 
trend of the normal stress in the y-direction differed from the 
others, especially at point A, with the stress increasing with an 
increasing value of θ. Therefore, the optimal value of θ is 75° 
considering the stresses and total displacement along path 2.

The calculation results for path 3 are shown in Fig. 16. Since 
path 2 and path 3 are geometrically symmetric, their stress 
and displacement curves are fairly similar, especially the stress 
curves. The trends of the stresses relative to different values 
of θ were basically the same, with the stress values decreasing 
with an increasing θ, but different phenomena were detected 
at the ends of paths D and F and at the centre of path E due to 
end effects and material mutations. When θ increased from 

15° to 45°, the stress value changed abruptly, and obvious 
concentrations of stress were noted at points E and F. When 
the value of θ was either 60° or 75°, the normal stress in the 
x-direction and the shear stress distribution tended to be 
gentler except for a stress peak at point E. In addition, the 
trend of the normal stress in the y-direction differed from the 
others, especially at point D, with the stress increasing with 
an increasing value of θ. Meanwhile, the trends of the total 
displacement relative to different values of θ were the same, 
with the displacement increasing with an increasing θ. Because 
of the geometrical mutation at point E, the displacement 
curve showed a mutation at point E. Smaller angles produced 
more obvious upward trends in the displacement. Therefore, 
the optimal value of θ is 60° considering the stresses and 
displacement along path 3.

Path  4 is geometrically symmetric, and the force is 
asymmetrical; thus, the displacements and stresses are 
symmetrical, and the shear stresses are asymmetric. Fig. 17 
shows the calculation results for path 4, which demonstrate 
that the displacement and stress changes were consistent for 
different angles. The total displacement decreased sharply 
from the left end to the right end, and the displacement value 
did not substantially change with an increasing θ. Relative to 
displacement, the stress fluctuations along path 4 were more 
obvious; larger angles produced higher normal stress values 
in the y-direction and more active mutations. Stress peaks 
were detected near point 2 and point 3. The normal stress in 
the x-direction and the shear stress exhibited different trends, 

Fig. 16. Stress and displacement curves for path 3 at different angles

(a) σx

(c) σxy

(b) σy

(d) Total displacement
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Fig. 17. Stress and displacement curves for path 4 at different angles

(a) σx

(c) σxy

(b) σy

(d) Total displacement

Fig. 18. Stress and displacement curves for path 5 at different angles

(a) σx

(c) σxy

(b) σy

(d) Total displacement
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with the stress initially increasing and then decreasing as θ 
increased. The curve at 45° showed large mutations at point 2 
and point 3. In summary, the optimal value of θ is less than 
45° or greater than 60° considering the stresses and total 
displacement along path 4.

Path  5 and path  4 are fairly similar but have different 
geometric positions. The displacements and stresses along path 5 
are asymmetrical. Fig. 18 shows the calculation results for path 5, 
which demonstrate that the displacement and stress changes were 
consistent for different angles, except for the normal stress in the 
y-direction. The total displacement decreased rapidly from the 
left end to the right end, and the displacement value decreased 
slightly with an increasing θ. The stress fluctuations along path 5 
were more obvious; larger angles produced higher normal stress 
values in the y-direction and more active mutations. Stress peaks 
were detected near point 5 and point 6. The normal stress in 
the x-direction and the shear stress exhibited different trends, 
with the stress decreasing when θ increased from 15° to 75°. 
The curves between 45° and 75° displayed large mutations near 
the ends. In summary, the optimal value of θ is greater than 45° 
considering the stresses and total displacement along path 5.

The above five pictures are similar and emphasise the 
stress and displacement characteristics of the connection 
area under different paths and the influence of changes in the 
geometric parameter (angle θ) on the mechanical properties. 
The length and position of path 4 are fixed and do not change 
with angle θ. The stresses and displacement on different paths 
are the constraint conditions used to identify the lightweight 
connection structure or the optimal angle. In the process of 
selecting the optimal angle, a large stress concentration and 
displacement fluctuations are undesirable. In summary, 60° 
may be the optimal angle to satisfy the constraints.

The weights of the composite T-type connection at different 
angles were calculated, as shown in Fig. 19. The minimum weight 
was observed when the value of θ was 60°, and the maximum 
weight was 0.727 kg, which corresponded to an angle of 75°. 
Considering the displacement, stresses and weight of the 
composite T-type connection, the optimal value of θ should 
be approximately 60°. Based on specific weight and strength 
requirements, however, the value of θ can be adjusted accordingly.

CONCLUSIONS

In this paper, a new T-type connection structure composed 
of composite sandwich panels and triangular PVC cores 
was designed to resolve connection problems between 
the bulkheads and decks of composite lightweight ship 
superstructures. Because the T-type connection structure is 
a weak bearing structure in the superstructure and does not 
participate in the total longitudinal bending, we designed this 
T-type connection without laminates outside the reinforced 
cores to reduce the weight. Based on mechanical tests, the 
ultimate bearing capacity of this composite T-type adhesive 
connection was examined, and the results revealed that the 
damage mode of the adhesive is complex, and that the ability 
of the T-type connection to withstand this dangerous load 
is weak. Under this loading condition, the initial failure 
occurred at the connecting area near the web plate, and peeling 
occurred at the area between the upper reinforced core and 
the upper adhesive. The connection area experienced cohesive 
failure, adhesion failure and adherend failure simultaneously. 
The numerical simulation verified that using the results of 
mechanical tests is important for determining the strength 
properties of this T-type connection. Based on the FE analysis, 
the influences of the geometric parameter of the connection 
area on the strength and weight of this T-type connection were 
investigated. Considering the minimum weight and strength 
constraints of this T-type connection, the optimal value of the 
geometric response parameter (i.e., angle θ) is approximately 
60°. This paper therefore provides a reference for the design and 
analysis of a composite T-type bonded connection structure 
for marine composites. 
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VALIDATION PROCESS FOR COMPUTATIONAL MODEL  
OF FULL-SCALE SEGMENT FOR DESIGN  

OF COMPOSITE FOOTBRIDGE
Tomasz Ferenc
Tomasz Mikulski
Gdansk University of Technology, Poland

ABSTRACT

Experimental tests and numerical simulations of a full-scale segment of a foot and cycle bridge made of polymer 
composites are presented in the paper. The analysed structure is made of sandwich panels, which consist of glass fibre 
reinforced polymer (GFRP) multi-layered laminate faces and a PET foam (obtained from recycling) core. The dimensions 
of the segment cross-section are the same as for the target footbridge; however, span length was reduced to 3 m. 
The experimental tests were conducted in a laboratory of the Faculty of Ocean Engineering and Ship Technology at 
Gdansk University of Technology. A single vertical force was generated by a hydraulic cylinder and was applied to the 
platform of the structure. The experimental tests were supported by numerical analyses performed in Femap with NX 
Nastran software by means of the finite element method (FEM). Results obtained in the computational model were 
compared with results from experiments. Thus, the numerical model was validated and the obtained conclusions were 
used in the next step of the design process of a composite footbridge with a span length of 14.5 m. 

Keywords: Validation, numerical modelling, sandwich structure, polymer composites, GFRP laminates

INTRODUCTION

The design process of every engineering structure 
is realized in stages: from conception, through design 
assumption formulation, to calculations, technical drawings, 
and technological process development. A  properly 
carried out process is the basis for efficient investment 
implementation. This process is even more complicated 
when the structure is innovative or unusual. The purpose 
of experimental studies, in addition to obtaining information 
about the behaviour of the structure itself, is predominantly 
to validate the numerical model [1]. This process is about 
checking and possibly modifying the parameters describing 
a  mathematical model representing a  real structure to 
provide results similar to reality with sufficient accuracy 
[10, 11, 13]. Measured values (like displacement or strain) 
at various points in the real structure are checked and 
compared with those obtained from the numerical model 

at the beginning for the initial values of parameters. 
When results received from this comparison seem to be 
unsatisfactory, parameters of the numerical model have to 
be modified. This process is extensively used in every field 
of engineering – from the automotive industry, through the 
aviation and maritime industries [17, 18], to civil engineering 
[12, 14]. All abovementioned industries have in common one 
more thing: the rapidly increasing popularity of the usage 
of composite materials [7]. 

The paper consists of an analysis of a 3-m-long segment of 
a fully composite footbridge which is assumed to be a sandwich 
and shell structure. This kind of structure is very often used 
in the maritime industry, especially while constructing hulls, 
masts, or other elements of ships or yachts. Nowadays, a typical 
yacht or catamaran hull is made from polymer composite 
materials and works as a shell. Moreover, it is a sandwich 
structure which increases its flexural stiffness by increasing 
its thickness. Hence, the capacity of the structure is increased. 
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Fig. 1a presents a luxury yacht from Sunreef Yachts, Gdańsk, 
while Fig. 1b shows an A-class Exploder catamaran produced 
by Jakub Kopyłowicz, Tczew (Poland).

A simplified diagram of the design process of a composite 
pedestrian bridge [6] is shown in Fig. 2, in which one of the 
stages was validation of the numerical model of a 3-m-long 
segment with a full-sized cross-section. After the initial 
concepts (a) the numerical model was created and on this 
basis (1), the real structure of the segment was designed (b) 
and then manufactured (c). Based on the numerical model, an 
experimental test program was prepared (2). Results obtained 
from experiments allowed us to conduct the validation (3) of 
the numerical model of the segment. Therefore, the conclusions 
allowed us to create a numerical model of the target footbridge 
(4) and then to conduct numerical simulations to design the 
target structure (d).

DESCRIPTION OF SEGMENT

The analysed segment has the same cross-section 
dimensions as the target footbridge, with the exception that 
its length is reduced to 3 m. The usable width is 2.5 m and 
the handrail height is 1.3 m (Fig. 3). Hence, the legal and 
standard requirements for pedestrian and cycle traffic are 
met. The target footbridge will be erected over a two-lane 

motorway or railroad. The shape of the cross-section was 
assumed to be U-shaped; thus, the structure is a shell type. 

The segment, as well as the target footbridge, was assumed 
to be made only from composite materials. The first approach 
was to build walls and a platform as a multi-layered laminate. 
However, the numerical analysis showed a lack of capacity for 
such a structure. Thus, to increase the stiffness of elements 
of the segment, the walls and platform were assumed to 
be a sandwich structure that could to a greater extent take 
advantage of the benefits of high-strength laminate. 

The faces of the sandwich structure (Fig. 4) of the segment 
were built using multi-layered glass fibre reinforced polymer 
GFRP laminate. Two types of glass-stitched fabrics were 
used, denoted as BAT and GBX, with fibre orientations of 

Fig. 1. Examples of a yacht and catamaran made from composites (https://sunreef-yachts.com)

Fig. 3.Geometry of analysed segment

Fig. 2. A simplified diagram of the design process of a composite pedestrian bridge

(a) (b)
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ratio is v = 0.48. Although the total length of the segment is 
3 m, the theoretical length was assumed to be 2.5 m. 

EXPERIMENT

Experiments were conducted in the laboratory of the 
Faculty of Ocean Engineering and Ship Technology at Gdansk 
University of Technology. Although several load schemes 
were used, including static [2], dynamic, and cyclic tests [16], 
one was ultimately chosen as the most representative scheme 
for the validation process of the numerical model. In that 
scheme, a single vertical force was generated by a hydraulic 
cylinder and was applied on the platform of the segment. The 
level of force was assessed before conducting the experiment 
to avoid micro-cracking in laminates and destruction of the 
PET foam. Hence, a single force of 50 kN was applied at the 
middle of the platforms’ width and span lengths (Fig. 5). 
That load was established at a level that causes stress of about 

[0/90] and [+45/-45], respectively. The density of both fabrics 
is 800 g/m2. The laminate matrix is constituted of polymer 
and vinyl ester resin with an additional component that 
makes it flame retardant. The stack sequence of laminate 
in the whole structure is constant, as is its thickness. Both 
faces, in the walls and platform, have six layers [BAT/GBX/
BAT/BAT/GBX/BAT] and a total thickness of 3.978 mm 
which is the result of the multiplication of the thickness of 
a single laminate layer which is 0.663 mm. The density of the 
laminates is 1.71 g/cm3. In specific areas the stack sequence 
was reinforced by adding extra longitudinal and transverse 
ribs. Longitudinal ribs were added near handrails and near 
the connection of walls and platform for two reasons. First, 
for technological considerations, these were added between 
blocks of PET foam. The second reason was to increase the 
stiffness of the structure. Additionally, transverse ribs were 
used mainly because of the technology. The core is made of 
PET foam produced in blocks with a density of 100 kg/m3 
obtained from the recycling of plastic bottles. The thickness 
of the core is constant in the walls and platform at 10 cm. 
Furthermore, instead of typical PET foam, strengthened 
elements were used around the support zone (Fig. 4b).

Material parameters of laminates were determined within 
the project (by the Military University of Technology in 
Warsaw [3] and the Gdansk University of Technology [15]) and 
are listed in Table 1. Material parameters for PET foam were 
taken from the producer and are as follows: elastic modulus 
E = 70 MPa and Poisson’s ratio v = 0.4. Near the support 
zone, instead of PET foam, strengthened elements were used 
in the form of a composite block; material properties are 
listed in Table 2.

The segment was manufactured using an infusion process 
that involved placing dry constructive elements, like stitched 
fabrics and PET foam, on a  mould, and then covering 
everything with a bag and, finally, by applying liquid resins 
under pressure. The production of the segment was conducted 
under the same conditions as the target footbridge, which 
was itself a manufacturing test. 

The segment was supported on four rectangular rubber 
bearings with dimensions of 30x30x3 cm. The material 
parameters of the bearings were investigated in compressive 
tests – the stiffness modulus is E = 12.58 MPa and Poisson’s 

Fig. 4. Span and support cross-section of segment (after [2])

Tab. 1. Material parameters of single GFRP ply [2]

Tab. 2. Material parameters of single composite blocks [2]

Parameter Description Value Unit

E1 E2
longitudinal (1) and transverse (2)  

elastic moduli 23.4 [GPa]

ν12 Poisson’s ratio 0.153 [–]

G12 in-plane shear modulus 3.52 [GPa]

G13 G23 transverse shear moduli 1.36 [GPa]

Parameter Description Value Unit

E1 E2
longitudinal (1) and transverse (2)  

elastic moduli 8.25 [GPa]

E2 transverse (3) elastic modulus 4.15 [GPa]

ν12 in-plane Poisson’s ratio 0.39 [–]

ν13 transverse (23) Poisson’s ratio 0.235 [–]

ν31 transverse (31) Poisson’s ratio 0.118 [–]

G12 in-plane shear modulus 3.04 [GPa]

G13 G23 transverse shear moduli 3.1 [GPa]
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20% of the strength of the laminate, computed according to 
the Tsai–Wu criterion.

During the experiment, several measurement instruments 
were used to measure segment parameters. To obtain strain, 
15 strain gauges (T) were installed (Fig. 6a), to measure 
displacement, seven displacement sensors (U) were used 
(Fig. 6b) and to measure displacement around the support 
zone, four dial gauges (O) were attached – one next to each 
rubber bearing (Fig. 6c). 

To specify the location of each sensor (Fig. 7), preliminary 
calculations were carried out on the initial numerical model. 
The measuring points were chosen in order to obtain a high 
value of the measured parameter.

NUMERICAL MODEL OF THE SEGMENT

A  numerical model of the segment was created and 
analysed using Femap (with NX Nastran) environment by 
means of the finite element method (FEM). Geometry was 
assessed according to the dimensions of structure. Two kinds 
of finite elements were used – laminated faces of the sandwich 
were modelled using four node shell elements by means of 
the equivalent single layer (ESL) approach with first order 
shear deformation theory (FOSD) while a PET foam core was 
modelled as eight node solid elements Both types of elements 
have linear-shaped functions with full integration. Material 
parameters of elements, laminate, PET foam, composite 

Fig. 5. Force applied at the middle of platform’s width and length

Fig. 6. Sensors used during experiment: (a) strain gauge, (b) displacement sensor, (c) dial gauge with rubber bearing

Fig. 7. Location of sensors during experiment
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blocks, and rubber bearings were assumed according to 
Table 1, Table 2, and the information given before.

A regular mesh was created which assumed the distance 
between nodes at the lever was about 25 mm. An overall view 
of the model is presented in Fig. 8a. Additionally, details of 
the load applied at the middle of the platform are shown in 
Fig. 8b. The load was applied through a stiff element of area 
30x30 cm. Moreover, Fig. 8c presents one of four rubber 
bearings with FEM discretization. On the upper side, bearings 
are merged with the segment, while on the bottom side the 
translations in all three directions are blocked. 

VALIDATION PROCESS AND RESULTS 
COMPARISON

Values of various parameters obtained from experiments 
were compared with those from the initial numerical model 
and are listed in Table 3. Strain values and displacement were 
measured at nine and five representative points, respectively. 
The relative error reached a maximum of 74% taking into 
account measure strain (in sensor T9/5) and 308% considering 
displacement in inductive sensor U8/3. 

Values of various parameters seemed to be unsatisfactory; 
thus, parameters of the numerical model had to be modified. 
Three main reasons that caused these differences were discerned. 

Firstly, the dimensions of the real segment were slightly 
different than assumed. Besides conducting experiments, 
manufacturing of the segment itself was also a technological 
test because it was the first full-scale element produced during 
the FOBRIDGE project. Therefore, some mistakes could not 
be avoided: e.g., the foam blocks moved lengthwise and thus 
the segment was extended by 10 cm. That had an impact of 
increasing the assumed weight. Hence, the geometry of the 
numerical model had to be updated. 

Furthermore, full contact between the segment and the 
squared rubber bearing was assumed, with merged nodes. 
This did not take place in the real construction due to the 
possibility of peeling. Moreover, at the stage of assumptions 
of the research program and preliminary calculations, the 
contact surface was to be square, like the shape of the rubber 
bearings. However, the real contact surfaces we encountered 
during experiments (presented in Fig. 9) are slightly different. 
Grey areas represent contact surface, while white areas show 
no-contact fields. Due to the play between the segment and 
the rubber bearings, modifications for the rubber bearing 
material parameters were conducted. In order to achieve 
greater accuracy, displacements obtained from dial gauges 
located around support zones (O1, O2, O3, and O4) were 
compared with those obtained from numerical simulations 
and then stiffness moduli of rubber bearings were updated. 
The equivalent bearing parameters recorded this way are 
summarized in Table 4. Additionally, all bearings were 
assumed to be non-sliding.

Fig. 8. Computational model: (a) overall view, (b) applied force, 
(c) rubber bearing

Tab. 3. Comparison of values obtained at measuring 
points in experiment and initial model

Tab. 4. Updated elastic moduli of rubber bearings [2]

Sensor Experiment
Model  
before 

validation
Relative  

error

Strain [μm/m]

T9/1 668 336 –98.8%

T5/2 605 519 –16.6%

T5/3 121 201 39.8%

T6/3 1240 1834 32.4%

T8/3 167 583 71.4%

T9/3 118 128 7.8%

T15/3 835 1137 26.6%

T5/4 640 513 –24.8%

T9/5 585 335 –74.6%

Displacement [mm]

U7/3 –11.10 –5.27 –110.6%

U8/3 1.96 0.48 –308.3%

U9/3 14.60 17.27 15.5%

U10/3 1.42 0.47 –202.1%

U11/3 –11.21 –5.33 –110.3%
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In addition, as mentioned before, the segment is 
a sandwich structure with laminate inner and outer faces and 
a PET foam core. Moreover, the construction also consists 
of longitudinal and transverse ribs. Generally, longitudinal 
ribs are added to provide higher stiffness in specific segment 
areas (more layers of laminates), while transverse ones are 
used due to requirements of the production technology. At 
the stage of preliminary calculations, the extra margin of 
the ribs, presented in Fig. 10, were not taken into account. 
In fact, the stacking of the structure laminate was enriched 
by additional layers. 

Finally, after the abovementioned modifications of 
the computational model, it consisted of 155779 nodes 
and 227082 elements in total. The results obtained from 
the numerical analysis and experiment were compared 
again. This comparison showed increased agreement of 
results, which means that accuracy also increased. Table 5 
presents a list of values obtained from the numerical model 
analysis after the validation process and experiment were 
conducted. 

The relative error, taking into account strain, reaches 
a maximum of 30% in sensor T15/3, but mostly it is much 

smaller. Considering displacement, maximum relative 
error is about 100%, but here measured values are relatively 
small; thus, even a little variation causes high error. For 
the more representative points – U7/1, U9/3, and U11/3 – 
relative error is about 10%. Additionally, Fig. 11 presents 
a graphical comparison of obtained values which can be 
considered a good confirmation that the agreement of the 
results increased after the mentioned modifications.

Fig. 9. The real contact surface between segment and bearings

Fig. 10. Ribs used in the segment production

Tab. 5. Comparison of values obtained at measurement points in 
experiment and model after validation [2]

Sensor Experiment
Model  
after 

 validation
Relative  

error

Strain [μm/m]

T9/1 668 545 –22.6%

T5/2 605 627 3.6%

T5/3 121 112 –7.6%

T6/3 1240 1451 14.6%

T8/3 167 213 21.6%

T9/3 118 113 –4.0%

T15/3 835 641 –30.3%

T5/4 640 622 –2.8%

T9/5 585 549 –6.5%

Displacement [mm]

U7/3 –11.10 –12.6 11.9%

U8/3 1.96 0.98 –99.5%

U9/3 14.60 16.27 10.3%

U10/3 1.42 1 –41.5%

U11/3 –11.21 –12.86 12.8%

(a) (b)
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Furthermore, Fig.  12–Fig.  23 show graphs of the 
force-strain and force-displacement relations at chosen 
points obtained from the experiment and both numerical 
models. Black and blue lines represent the experiments 
while light green and dark green show model behaviour 
before and after the validation process, respectively. 
Except increased agreement of received values in model 

after validation, the graphs show linear behaviour of 
the segment under the applied load which confirmed 
assumptions made before tests. 

Finally, a  visualization of the deformation of the 
model after validation is presented in Fig. 24, including 
strain in transverse (Fig. 24a) and longitudinal (Fig. 24b) 
directions. 

Fig. 11. Comparison of results obtained from experiment and model before and after validation process

Fig. 14. Strain T5/3 in force function

Fig. 12. Strain T9/1 in force function Fig. 13.Strain T5/2 in force function

Fig. 15. Strain T6/3 in force function

(a) (b)
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Fig. 17. Strain T9/3 in force function

Fig. 19. Strain T5/4 in force function

Fig. 21. Displacement U7/3 in force function

Fig. 13. Displacement U11/3 in force function

Fig. 16. Strain T8/3 in force function

Fig. 18. Strain U15/3 in force function

Fig. 20. Strain T9/5 in force function

Fig. 22. Displacement T9/3 in force function
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CONCLUSIONS

Experiments conducted together with a  numerical 
analysis of the segment allow us to determine behaviour of 
the structure under applied load. The information obtained 
from the first comparison instigated some modifications 
of the numerical model which are shown in the paper. 
Comparisons after the validation show increased agreement 
of results which allowed us to extend the numerical model 
to the size of the target designed composite footbridge and 
conduct a numerical analysis of it, which was necessary in 
the design process and in preparation for experiments which 
were planned to be carried out within the FOBRIDGE project. 
The experiments were conducted on campus at the Gdansk 
University of Technology [4,  5].

Despite some differences in obtained results (relative error 
up to 30% in one sensor), the comparison of results showed 
the correctness of assumptions made at the stage of building 
a numerical model of the segment: i.e., the sandwich structure 
could be modelled using a hybrid method, with shell faces 
and a solid core. Moreover, the conducted analysis shows that 
multi-layered laminates can be modelled by means of the ESL 
approach using FOSD theory. This approach gives satisfying 
results with sufficient accuracy and is effective.

The presented analysis, which consists of validation of 
a computational model – just one stage in the design process 
of a composite bridge – could be enriched by the use of more 
sophisticated numerical analysis, such as sensitivity analysis 
[9] or optimization [8].
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DETECTION OF FLOATING OBJECTS BASED  
ON HYDROACOUSTIC AND HYDRODYNAMIC PRESSURE 

MEASUREMENTS IN THE COASTAL ZONE
Krystian Buszman
Małgorzata Gloza
Polish Naval Acedemy, Gdynia, Poland

ABSTRACT

The development of coastal infrastructure and related maritime transport necessitatesthe intensification of vessel 
traffic monitoring. Navigation systems used in this research are traditionally based on the information transmitted 
by radio waves. Marine traffic safety requires constant supervision carried out by dedicated systems, the operation 
of which may be limitedby difficult environmental conditions. The possibilities of supporting navigation systems with 
underwater observation systems are explored here. The research was carried out using an underwater measurement 
system. Local disturbances of the hydroacoustic and hydrodynamic field from the moving vessels were analysed. The 
potential for identifying a moving vessel, for example for offshore infrastructure security purposes, is demonstrated.

Keywords: marine safety, coastal zone, marine traffic, underwater pressure research

INTRODUCTION

The economic development of coastal zones in recent 
years has led to increased coastal infrastructure. This in turn 
requires appropriate security measures and environmental 
monitoring to carry out a  long-term assessment of the 
impact of investments on the marine environment [1, 2]. 
Economic development in the coastal area is associatedwith 
the development of ports and the increase in the volume 
of goods sent by the sea, thus affecting the dynamics of the 
transport.

The Vessel Traffic Service (VTS) aggregates data 
from on-boardreporting systems such as the Automatic 
Identification System (AIS). The International Convention for 
the Safety of Life at Sea (SOLAS) obliges the implementation 
of AIS on all passenger vessels, and on all vessels of 300 gt 
and upwards [3].Data received from AIS are one of the main 
sources of information on the trajectory ofvessel movements. 
The main disadvantage of this system is its susceptibility to 
manipulation, in that, for example, reports can be intentionally 
fakedor jammed. Moreover, data entered manually by the 

crew can contain errors, and systems can be switched off to 
cover illicit operations [4, 5].

Maritime transport is considered to beone of the most 
ecologically friendly, with a high level of safety, but any 
accident in maritime traffic can have serious environmental 
consequences [6, 7]. The development of VTS systems with 
underwater modules will enable the detection of anomalies 
related to avessel’s reported movement and position data, and 
as such contribute to the improvement of safety in the offshore 
zone. Validation of data received from AIS and other VTS 
systems by data from an underwater stationary measurement 
system will increase VTS reliability.

In the context of the impact on offshore coastal 
development, observations of shipping tend to focus on 
such aspects as traffic safety [8], the impact of vessels on the 
coastal zone [9, 10], and the impact of fixed infrastructure 
in the area of increased traffic [10, 11]. When examining the 
impact of vessels on the coastal zone, one should also take 
into account the fact that each object moving on the water 
surface is a source of disturbances of the local pressure fields. 
In the literature, the pressure perturbations are separated into 
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hydroacoustic pressure [12, 13] and hydrodynamic pressure 
[14, 15] signals. These might be used synergisticallyto improve 
the detection and identification opportunities for objects 
floating on the water surface, compared to the capability 
provided by each signal individually. Concurrent analysis of 
two different physical fields in realtime will allow observation 
of the environment and detection of objects based on the 
perturbations in those fields. Information thus acquired on 
a potential object may be transferred to the master system 
in realtime. The main target of the solution described is to 
support the decision-making process of marine navigation 
in severe environmental conditions. 

This article will present the possibility of detecting a moving 
object in a specific water body using a passive underwater 
multi-sensor measuring system. The research was conducted 
using information acquired about sources of disturbances 
to assess the possibilities for detecting unknown floating 
objects. The collected data can be used to simulate and build 
a mathematical model of the observed phenomena [16, 17].

EXPERIMENT

CHARACTERISTICS OF THE MEASURED SIGNAL

Disturbances of the local pressure field caused by the 
motion of the vessel have the character of vibrations with 
frequencies ranging from Hz to several kHz [18, 19]. In the 
case of a hydroacoustic field, disturbances in the form of noise 
are caused by the operation ofvessel devices [20], propeller 
rotation and to a lesser extent by the flow of water around the 
hull [21, 22]. The noise source components listed above give 
an overall picture of the disturbance of the hydroacoustic 
field by the moving object.

Movement of the underwater part of the hull is responsible 
for changing the hydrostatic pressure at a specific measuring 
point located at the bottom of the water body. The pressure 
change of the water column caused by the movement of the 
object is a feature of thehydrodynamics of this object [23], 
which is characteristic for a given type of object.

MEASURING SYSTEM

For the investigation of the described signals, a measuring 
system based on three sensors was used: a hydrophone for 
measuring the hydroacoustic field, a pressure sensor for 
measuring the hydrodynamic field and a sound speed sensor 
with a built-in hydrostatic pressure sensor as an additional 
element of hydroacoustic measurements [24].

The measurements of the hydroacoustic field were made 
using the RESON TC4032 hydrophone. The hydrophone 
is equipped with a preamplifier with 10 dB gain of high 
sensitivity, which enablesthe detection ofa low-level signal, 
below the sea level. The main parameters of the sensor used 
in the measuring platform are presented in the table below 
(Table 1).

Disturbances in the hydrodynamic field were recorded 
using a Honeywell high-precision pressure sensor. It is used 
to measure the dynamic pressure changes associated with 
a moving object near the measuring platform. The Precision 
Pressure Transducer Ruggedized (PPTR)is a deep-sea sensor 
for use in difficult environmental conditions. The sensor has 
a digital data output through the RS-485 serial interface, 
which additionally provides the possibility of full sensor 
configuration in the field of changes in operating parameters. 
The main parameters of the sensor used at the measuring 
platform arepresented in the table below (Table 2).

Ameasurement of the velocity of sound in water wasan 
additional source of metadata about the measurement 
conditions. If the results of research were inconsistent with 
expectations, information about detailed environmental 
conditions would be relevant. A ValeportminiSVS probe was 
used for measurements. The sensor calculatesthe velocity of 
sound based on the measurement of the pulse travel time 
between the transmitter and the receiver at a known, fixed 
distance. Communication with the probe was carried out 
through the RS-485 serial interface due to the requirements 
of the low frequency of measurement. The main parameters 
of the sensor used in the measuring platform arepresented 
in Table 3.

This configuration does notallow the measurement of the 
vertical profile of sound velocity in water. It does, however, 
provide information on the sound velocity in water at the 
measuring platform’s location near the seabed. This additional 
information was included in metadata for each measurement 
and may be used in future modelling. Furthermore, the 
integrated hydrostatic pressure sensor acquires information 
on the measuring platform’s current depth.

Tab 1. Main parameters of the hydrophone

Tab 2. Main parameters of the hydrodynamic pressure sensor 

Tab 3. Main parameters of sound velocity with the hydrostatic pressure sensor 

Hydrophone – RESON TC4032

Useful frequency band 5 Hz – 120 kHz

Sensitivity –170 dB re 1V/ μPa

Horizontal directional characteristic Omnidirectional

Vertical directional characteristic 270°

Hydrodynamic pressure sensor – Honeywell PPTR0100AP5VN-R120

Measurement range 0 MPa – 0,68947 MPa (100 PSI)

Resolution 6.89 Pa

Accuracy ±0.02% full scale

Sound velocity with hydrostatic pressure sensor – ValeportminiSVS

Measurement range 1375 m/s – 1900 m/s

Resolution 0.001 m/s

Accuracy ±0.02 m/s
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SPL = 20log  ,      (1)

where:
      (2)

pRMS – sound pressure level of 1s signal duration, 
N – number of samples corresponding to 1s of signal,
Xn – signal sample discrete values.

The analysis was performed in the range from 5 Hz to 
25 kHz. The high frequency limit of the band was determined 
by the sampling frequency of the A/D converter (so that an 
anti-aliasing built-in filter was used). The low frequency limit 
was determined by the type of hydrophone used.

The noise level of the hydrodynamic pressure was calculated 
using Eq. (3),where the average value of the signal (measured 
for 60 s) was subtracted from the current pressure value as 
follows:

pHD = p – ,       (3)

where:
.       (4)

Vessel measurements were carried out for meteorological 
conditions corresponding to sea state conditions of 1‒2. 
A chosen vessel with a  length of 60 m passed over the 
measuring system. The unit had a GPS satellite navigation 
system installed on board, supported by ASG-EUPOS 
reference stations [26,  27]. This system allowed precise 
determination of the trajectory of the vessel’s movement 
with respect to the underwater measurement module. The 
vessel was moving along a given course and counter-course, 
setting the motion parameters from the position 400 m before 
the module to the position 400 m behind the module (Fig. 3). 
For each recoding, the speed of the vessel was fixed.

The measurement system was built around an industrial 
computer with a real-time system and an FPGA processing 
unit. This approach enabled the implementation of the 
algorithms used directly on the logic system, thus shortening 
the processing time of the signals. The computer had several 
input and output interfaces adapted individually to the needs 
of the measurement platform. The recording and processing of 
analog signals required A/D converters. The 24-bit dynamic 
range enabled the recording of signals with a large variation 
in voltage levels, and the internal clock synchronised the 
operation of the transducers, resulting in signals starting at 
the same time and being recorded for the same duration. The 
serial communication in the RS-232 and RS-485 standard has 
been used for the measurement of the hydrodynamic field and 
the sound velocity probe. The schematic of the measurement 
system is shown in Fig. 1. The land and underwater stations 
were connected with a hybrid underwater cable.

The sensors of the measuring platform were carefully 
selected from those adapted to the requirements and 
assumptions of the system. The ranges of measured quantities 
were adjusted to the marine environment of the Baltic Sea 
and other waters with the operational depth not exceeding 
100 m. The transmission losses mainly related to water 
salinity in the examined water area were analysed in [25].

METHODOLOGY OF MEASUREMENTS

The research was carried out in the Gulf of Gdansk, where 
the measurement system was placed at depth of 10 m at 
a distance of 700 m from the land-based measurement 
control station. The measurements were planned for 
specific hydrometeorological conditions and subject to the 
assumption that there is no other disturbance source within 
a 1 nautical mile radius. The layout of the measurement 
system is shown in Fig. 2.

The measurements of the impact of the object’s movement 
on changes in the local pressure fields were preceded by 
background measurement of 7 days in the target measurement 
position. Every day, attempts were made to provide information 
on weather conditions in the area of the conducted tests. The 
hydroacoustic background level was determined based on 
the sound pressure level (SPL) dependence (1):

Fig.1. Diagram of the measurement system divided into  
underwater and land parts

Fig. 2. The arrangement of the measurement system. 1 – underwater 
measurement system,2 – land control station, 3 – object measured

Fig. 3. Vessel trajectory movement during investigations
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In addition, the changes in hydrodynamic and hydroacoustic 
pressure were recorded for two other vessels (of 170 m and 
40 m length) to allow comparison ofthe disturbances made 
by different objects. The vessels were passing at a speed of 
3.5 m/s and the distance between the vessel keel and sensors 
could not be greater than 10 m.

RESULTS

Monitoring changes in hydroacoustic and hydrodynamic 
pressure in real conditions requires knowledge of the current 
environmental conditions. The waters of the Gulf of Gdańsk are 
characterised by highly variable weather. Changes in weather 
conditions can directly affect the values of themeasured 
physical quantities. This fact was taken into consideration 
during the tests, so that recordings were made of the pressure 
disturbancesover a few days, duringwhich period significant 
differences in hydrometeorological conditions were noted. 
Three days with different conditions (sea conditions, wind 
speed, and atmospheric pressure) were selected (Table 4).

Fig. 4 shows selected segments (of 60 s duration, made 
in the absence of a vessel passage) to illustrate the effect 
of the changing weather conditions on the hydroacoustic 
background level during 3 consecutive days. 

Based on the data of which Fig. 4 show a selected section, 
it can be concluded that the hydroacoustic background level 
increases with worsening weather conditions [28], presumably 
due to the associated increased eddy activity. Comparison 
of the hydrodynamic pressure background recorded (in the 
absence of a vessel passage) by the pressure sensor for the 3 
different measurement days is shown in Fig. 5.

Just as Fig. 4 illustrated for the hydroacoustic background, 
Fig. 5 shows that when the weather conditions deteriorate 
and the waveforms increase, the level of the hydrodynamic 
background amplitude increases [29, 30, 31]. The determination 
of hydroacoustic and hydrodynamic background levels will be 
an important factor in determining the detection threshold 
for vessels from hydroacoustic and hydrodynamic signals 
under severe weather conditions.

Tests of changes in local pressure fields depending on 
moving objects were carried out under favourable weather 
conditions and sea conditions 1–2. Three different vessels were 
used as sources of perturbation, to see what effect the change of 
vessel had on the time history of the measuredacoustic pressure 
disturbances (Fig. 6). The dedicated vessel was measured at 
3 different test speeds: 2.3 m/s, 3.5 m/s and 5 m/s (Fig. 7). 
Analogously for the hydrodynamic perturbation comparison, 
three different types of vessel were used (Fig. 8). The same 

Tab 4. Meteorological conditions during measurements

Day Sea condition Wind speed  
[m/s] Wind direction Air temperature  

[°C]
Atmospheric pressure  

[hPa]
Rainfall rate  

[mm/h]

1 5‒6 13.2 N 10 984 0

2 1‒2 4.2 N 16 1017 0

3 4‒5 11.5 N 12 1003 0

Fig. 4. Comparison of hydroacoustic background levels during 3 
measurement days according to Table 4

Fig. 5. Comparison of hydrodynamic background levels during 3 
measurement days according to Table 4

Fig. 6. Sound pressure levels for objects of diverse typesat speed 3.5 m/s
(vessel 1 with length 170 m, vessel 2 withlength 40 m, vessel 3 with 

length 60 m) for sea condition 1‒2
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dedicated vessel runs were used for the hydrodynamic analysis 
as for acoustic pressure, when the vessel was passing at 3 test 
speeds: 2.3 m/s, 3.5 m/s and 5 m/s (Fig. 9).

For the hydroacoustic field, the level of noise generated by 
vessels significantly exceeded the level of background noise. 
The increased noise level was noticeable for every passage 
before the point located 400 m from the measuring system.
Although at first sight the SPL recorded (when the vessel is 
above the sensor in sea states 1–2) exceeds the background 
in the absence of the vessel at sea states 5–6, it cannot simply 
be assumed that this system could detect a vessel passage in 

the higher sea states without taking the actual measurement, 
because the coupling between the vessel and the water column 
can change at a higher sea state (e.g. more bubbly water can 
better absorb the pressure perturbations, preventing them 
from propagating to range).

Fig. 8 above shows disturbances of the hydrodynamic 
field of three objects with various hull sizes and shapes in 
the vicinity of the measurement system. The vessel with the 
largest length and draught caused the largest disturbances 
of hydrodynamic overpressure and underpressure alike. The 
dedicated vessel caused the smallest disturbance. For this 
vessel only, the disturbances could have been measured for 
various velocities, as shown in Fig. 9.

In the case of a hydrodynamic field, faultless detection of 
thededicated object was obtained at a distance of 50 m before 
the measurement system for sea condition 1–2. The value of 
the overpressures and hydrodynamic underpressure would 
not be distinguishable for the sea condition 5–6 for the same 
object. Noting the comment made above about the coupling 
between the vessel and water column changing with the sea 
state, necessitating actual measurements, it seems likely from 
these data at sea state 1–2 that only vessels with a length of 
more than 200 m and a draught of more than 7 m, travelling 
at these speeds, would be detectable through hydrodynamic 
pressure fluctuations in such unfavourable meteorological 
conditions [29, 30].

DISCUSSION

This paper conducted research and analysis on a passive 
detector that might be used to enhance the safety of maritime 
transport in the coastal zone. The development of offshore 
infrastructure is forcing the development of existing traffic 
monitoring systems fora given water body and the search for 
alternative solutions.

An object moving on the surface of the water is the 
source of changes in the local pressure field, notably 
the hydrodynamic and hydroacoustic fields. Analysis of 
hydrometeorological conditions is essential in the process 
of testing the ability of the system to detect vessels using 
such underwater pressure changes.

Nowadays existing and developing systems used for 
integrating navigational data from monitored reservoirs 
are responsible for information distribution and maritime 
traffic safety. The data collected continuously, together with 
historical data, allow the detection ofanomalies, which 
might occurfor various reasons. Such anomalies may 
refer to the movement of the vessel within the assumed 
trajectory, specified speed and course. In the case of any 
inconsistency between the reported geographical position 
and the actual vessel position, the incorrect determination 
of the destination and the appearance of a foreign vessel in 
the zone of interest may be included. Anomalies may also 
refer tothe type of vessel, cargo, and its quantity. Each of 
these situations is a threat to maritime traffic and should be 
prevented. The solution proposed here is based on the analysis 

Fig. 7. Hydroacoustic pressure values for different speeds of the same vessel 
(v1 – 2.5 m/s,v2 – 3.5 m/s and v3 – 5 m/s)for sea condition 1–2

Fig. 8. Hydrodynamic pressure changes for three floating objectsat 
speed 3.5 m/s (vessel 1 with length 60 m, vessel 2 with length 150 m, 

vessel 3 with length 230 m) for sea condition 1–2.

Fig. 9. Hydrodynamic pressure values for different speeds of the same vessel 
(v1 – 2.5 m/s, v2 – 3.5 m/s and v3 – 5 m/s) for sea condition 1‒2
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of pressure field disturbances in the low-frequency range 
(hydrodynamics) and in the wider band (hydroacoustics). 
Data taken in sea states 1–2 showed that it can be used forthe 
detection of anomalies in realtime. The described method 
of measuring these quantities, and connecting results to 
a specific vessel and its movement parameters, could be used 
to supplement existing methods of monitoring maritime 
traffic. The use of an underwater stationary measurement 
system in a distributed configuration in a water body near 
critical infrastructure will also assist in providing data from 
an underwater environment. The safety of transport, and in 
this case sea transport, requires continuous development of 
existing systems, which is the basis for the implementation 
of new solutions.

CONCLUSIONS

The analysis of underwater pressure disturbances in 
respect of objects detection as reported in this article, and 
its results,have shown the need to develop monitoring systems 
not only in the airspace but also underwater. It should not 
be forgotten that suchresearch in real conditions requires 
consideration of the environmental conditions prevailing 
in the space covered by the research.

This research has indicated that, when there is an increased 
acoustic background resulting from the stronger sea conditions 
and increased wave activity, the detection of floating objects 
may be limited. Vessels with small hull dimensions and a small 
draught would be difficult to detect in large waves using 
hydrodynamic sensors only. This has been shown in Fig. 5 for 
day 1 and in Fig. 9 for velocities v1 and v2, where the object-
generated disturbance is comparable to that generated by waves 
when the sea is in condition 5–6. However, as noted earlier, this 
only indicates that such large vessels might be detectable by this 
method in such high sea states: measurement will be needed to 
test this. The system would be enhanced, and potentially made 
more reliable in high sea states, with the use of a pair (or more) 
of sensors with a hydrophone, thus increasing the possibility, 
and range, of detection. False positives and false negatives 
will need to be considered. The different characteristics of the 
disturbances for the different units that were observed might 
also be used to separate out the vessel signature from that 
of the wave action. The results show not only the possibility 
of detecting the objects using the underwater measurement 
system but also their distinguishability in a certain range of 
vessel types, as shown in Figs. 6 and 8. In the future, a detailed 
analysis of the disturbance shape will enable not only detection 
but also identification of the source. The article points out 
the possibility of detecting various objects moving directly 
beyond the designed measurement system. Further research 
is planned with the use of the same measurement system 
configuration of objects moving with specific parameters at 
various distances from the measurement system. The data 
thus acquired will make it possible in the future to analyse 
the feasibility of detecting objects moving farther away from 
the measurement platform. 
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ULTRASONIC DETECTION OF THE INTRAVASCULAR FREE GAS 
PHASE IN RESEARCH ON DIVING

Ryszard Kłos
Polish Naval Acedemy, Gdynia, Poland

ABSTRACT

The article presents a unique atypical application of the sonography technique and a methodological description of the 
introduction of this technique to research. The Bayesian approach applied to validation of the Doppler method for intravascular 
detection of the free gas phase instead of typical statistical inference has been demonstrated in the article. It describes the 
place of this method in the diving research work conducted in the Polish Naval Academy without any detailed analysis of 
the results achieved in the studies on decompression supported by ultrasonic detection of the free gas phase in venous vessels.
It is a commonly held opinion that Doppler ultrasonic detection of the intravascular free gas phase is not a procedure that can 
be particularly useful in decompression research. The main objection is that detection of the free gas phase in venous vessels 
is a weak function to predict the presence of the free gas phase in tissues and arterial blood, so this method is not suitable 
for assessing the risk of decompression. Only a few countries disagree with this commonly held view and use this method to 
assess the risk of decompression in decompression studies. France has introduced detection of the free gas phase in venous 
vessels for diving research and then, together with Canada, improved this method, and developed it to a standard form. 
Based on the published results of the Canadian research, the technique was evaluated at the Naval Academy using statistical 
methods. The Academy accepted and adopted the results of this research and started to use this method in its own research 
on decompression over 25 years ago and continues to use it to great effect.

Keywords: diving, decompression, decompression investigation

INTRODUCTION

CONTEXT

In ocean engineering and underwater technology diving 
technologies still play an important role, especially in 
offshore industries and search and rescue at sea. Combat 
and police divers are powerful forces who play a key role 
as response tactical teams, reconnaissance units, and for 
mine countermeasures, submarine rescue, combat search and 
rescue and so on. Recreational diving is also an important 
segment of the sports market. 

Diving apparatuses are still important appliances on board 
marine vessels that can be used in emergency situations, such 

as shipboard damage control, evacuation of people cut off by 
water in ship compartments and still alive in air pillows, etc. 
Decompression sickness DCS is dangerous from the depth 
of 12 mH2O, and prevention of DCS symptoms involves the 
implementation of effective decompression procedures.

As it follows from the above, despite the huge market for 
the unmanned technologies, it is still important to improve 
diving technology through scientific progress.

PROBLEMS RELATED TO MODELLING

Navies constantly want to increase operational security. 
One possible way is to look for factors that have a decisive 
impact on the safety of diving. In an analytical approach, the 
diving schedule model can be divided into several sub-models. 
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Our perception of reality is gained only by building models, 
because the reality is too complicated for us. The model is 
a maximally simplified system, reflecting a real system that 
is able to ensure the reproducibility of the process we are 
interested in with the required precision and accuracy.

The system is a set of distinct elements with links between 
them. Elements and connections between them form the 
structure. In the structure relations and arrangement can 
be distinguished. The arrangement can be distinguished by 
series and order. The subsequent activities that are aimed at 
achieving a specific target are a process. The process can occur 
in a system whose elements ensure its sustainability.

The theoretical model is a  deductive model resulting 
from the knowledge of the system and processes occurring 
in it. Theoretical models are most often based on structural 
isomorphism to the known systems, homology with the known 
processes or structural and process analogy. Cybernetic logical 
models reflect the basic structure of the system, ensuring 
analogous information exchange inside and outside the 
modelled system (Fig. 1). The economic model is used to assess 
the profitability of developing a model of the system that is of 
interest to us, for example in the form of a feasibility study.

The most frequent models are statistical or deterministic 
models. Validation models are most often the former. Before 
commencing the validation process, its feasibility should 
be reconsidered, taking into account the economic model. 

A positive result of the validation process allows the model 
to be implemented. Validation of the received decompression 
schedules is based on the stochastic model.

STUDIES ON NEW DECOMPRESSION TABLES

The processes accompanying decompression constitute 
a complex problem for scientific research, because of the 
lack of precise measurement methods to monitor processes 
taking place in body tissues. The mathematical models 
applied to describe the decompression process reflect only 
a small part of the total phenomena taking place and they do 
not reflect the physiological processes taking place during 
decompression. Such mathematical models should be treated 
only as computational methods for the approximation of safe 
decompression procedures, because they are developed by 
matching experimental data to relatively simple mathematical 
functions.

Collecting data used to develop decompression procedures 
through experimental diving investigations is difficult, 
consuming much time and money. The data obtained 
are sometimes controversial and susceptible to various 
interpretations. However, it is the only way to obtain and 
validate such procedures.

In the laboratory research phase, new mathematical models 
of decompression are developed or already existing models 

Fig. 1. Scheme of the research project conducted to determine, validate and approve the model
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and Canadians, and the achievements of the latter have been 
adopted and developed in Poland [2, 3].

The simple Doppler Bubble Monitoring DBM application 
(ultrasound detection of free gas phase signals transformed 
using the electronics into an audible beep) is useful in 
experimental studies of decompression profiles. DBM is 
a standard tool used by several laboratories conducting 
research on decompression [4, 5]. Its main advantage is that 
it can be used outside the laboratory in an actual time under 
pressure. The Naval Academy has used Doppler ultrasonic 
detection of the intravascular free gas phase as a method for 
monitoring decompression safety in the course of diving 
technology-focused research and development for over 
25 years to great effect [6].

METHOD

DECOMPRESSION RESEARCH

The article presents the role of the Doppler ultrasonic 
detection of the intravascular free gas phase based on the 
example of the organisation of research on using diving 
apparatus type SCR-CRABE (Semi-Closed Circuit Rebreather 
Complete Range Autonomous Breathing Equipment). 
A similar approach was presented earlier [7].

In the classic approach, the modelling of decompression 
schedules is based on the homology of ventilation models of 
the breathing space in the diving apparatus and decompression 
model. The decompression and ventilation models are 
exponential, so it is possible to consolidate them [8]. In 
the new approach, the main model of diving technology is 
divided into several component models. The decompression 
model is divided into several sub-models, most of which are 
deterministic models (cause and effect models) (Fig. 2). Among 
these sub-models, the most important is the ventilation model 
of the breathing space in the diving apparatus. 

The theoretical model of breathing space ventilation in 
the diving apparatus comes from the differential balance of 
the mass of oxygen and the mass of the breathing mixture 
as a whole (Fig. 3) [9]:

are modified. The proposed procedure thus obtained is tested. 
The experimental process is established in accordance with 
the principles specified in the Helsinki Declaration. Chamber 
tests, where most of the process parameters can be accurately 
controlled, are essential for the laboratory research phase, but 
pool tests and open water tests may also be performed. Such 
experiments should be continued until the results, based on 
medical and scientific considerations, justify a transition 
to the implementation phase. The laboratory phase may be 
stopped at any time. The number of laboratory tests required 
to start the implementation phase may vary, according to the 
model being tested. If an entirely new model is being tested, 
then the number of trials must be large enough to achieve an 
adequate confidence level for acceptance of the results. On 
the other hand, if the model had been previously tested and 
only minor changes were introduced, then the number of tests 
needed may be smaller. After completing the test program, 
the decision to terminate the laboratory research phase and 
begin the implementation phase is taken. 

In the implementation phase, the validation tests are 
performed under the proposed operational diving conditions 
together with a high concern for diver safety. Management 
of the dives is given to the most experienced operational 
diving teams, with the assistance of well-equipped medical 
and scientific teams to monitor the medical and physiological 
status of the dive subjects and the safety of the dive procedures 
being tested. This is to ensure that a sufficiently large quantity 
of high quality data is obtained while maintaining a high 
level of safety for the experimental divers. This will also 
form the basis for the decision to subsequently approve the 
decompression tables for operational use.

However, this is not the end of the research process. During 
operational use, the decompression procedures and the results 
of the dives carried out will be monitored. If any problems 
appear, they should be investigated in the research phase 
again. If a decision about the withdrawal of the decompression 
procedure or about its modification is made, the process will 
have to start anew.

EXISTING SOLUTIONS

Traditionally the decompression risk assessment has 
been conducted using statistical inference methods. The 
classic approach is based on statistical inference based on 
experimental dives. The collected results are used to assess 
the risk of decompression sickness DSC, expressed as the 
likelihood of occurrence of DSC symptoms in the future by 
statistical inference based on a binomial distribution or using 
classical sequential analysis [1].

A conclusion based only on the occurrence or absence 
of DSC symptoms seems to be quite primitive, which is 
why methods were sought that could be used to determine, 
according to a  more accurate scale, the likelihood of 
occurrence of DSC symptoms. The method of determining 
the concentration of the free gas phase in venous vessels 
by Doppler ultrasonography detection was chosen. This 
popular method was adopted and developed by the French 

Fig. 2. The models of phenomena that affect a decompression schedule 
or contribute to the decompression model [15]
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where: 
xw –  molar fraction of oxygen in fresh breathing gas, 
εp=  –  pressure module, 
p –  pressure at diving depth, 
p0 –  normal pressure, 
ε =  –  breathing module (ventilation equivalent for the 

oxygen),
 –  stream of consumed oxygen, 
E –  ventilation of lungs, 

εk=  –  module representing structural solution of breathing 
space in the diving apparatus, 

r –  volume ratio of the small bag to the large bag r =  , 
U –  volume of the large bag, 
u –  volume of the small bag, 
x0 –  molar fraction of oxygen breathing space before 

diving apparatus is started, 
t –  ventilation time.

The ventilation model contains some criterial numbers. 
Among them is a ventilation equivalent for oxygen ε (breathing 
module). The ventilation equivalent for the oxygen empirical 
model has a significant impact on the ventilation model of 
the diving apparatus breathing space. The parameters of this 

model were collected from the measured stable state of the 
oxygen concentration in the breathing loop (Fig. 4).

The consolidated model of ventilation and ventilation 
equivalent for oxygen has been confirmed in simulation 
conditions. To check the ventilation model, the combination 
of three simulators: respiratory, metabolic and hyperbaric, 
was used (Fig. 5). 

Under stable conditions, astonishingly good compatibility 
of the ventilation model and experimental measurements for 
real diving apparatus has been achieved (Fig. 6).

x(t) = xw – εp · ε · εk + (x0 – xw + εp · ε · εk ) · exp (–  · t)   (1)

Fig. 3. The theoretical ventilation model for an example of a diving apparatus

Fig. 5. The set-up of combined simulators: respiratory, metabolic and hyperbaric

Fig. 6. Example of one result received from combined simulators: respiratory, metabolic and hyperbaric

Fig. 4. Data from real experimental dive
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The consolidated model of ventilation, risk of oxygen 
toxicity and decompression was tested manned under 
simulation conditions in the hyperbaric simulator. For 
assessing safe decompression, the ZH-L12 decompression 
model was used [10,  11]. The adequacy of the assumed 
mathematical model at the limits of oxygen partial pressures 
was tested during pressure tests with the use of diving 
apparatuses. The experiments were carried out in parallel 
with verification experiments of the decompression procedure 
based on the experiments carried out in the hyperbaric 
swimming simulator (Fig. 7). The sample results are shown 
in Fig. 4.

ULTRASONIC DETECTION OF INTRAVASCULAR 
FREE GAS PHASE

The adequacy of the decompression schedule is assessed 
under the control of the Doppler ultrasonic detection of the 
intravascular free gas phase by the Doppler Bubble Monitoring 
system DBM9008 [12] (see Appendix).

The symptoms of decompression sickness DCS are not 
necessarily accompanied by the formation of the free gas phase 
in venous blood as measured by the DBM9008 instrument. 
Measuring the concentration of the free gas phase in tissues 
is much more suitable for assessing the development of DCS 
risk symptoms. As for the results of the Canadian research, 
good statistical agreement between DCS symptoms and the 
concentration of the free gas phase in veins is recorded. 

The Polish research on decompression safety is based 
on measurements performed with the DBM9008 carried 
out to predict the risk of DCS in the intravascular free gas 
phase. These long-term studies seem to have confirmed the 
usefulness of this method. 

A description of the statistical inference procedures used 
for decompression sickness risk and the measurement scores 
of intravascularly free gas phase were presented earlier [13].

In practice, three places are used for determining the free 
gas phase. These are the precordial and both subclavian veins 
(see Appendix).

The precordial area should be monitored from the vena cava 
side, because any vein gas from the venous system should pass 

through this area before it is removed from the lungs. The free 
gas phase is rarely observed on the arterial side. Gas bubbles 
reach the arterial side only when the bubbles of the free gas 
phase on the vein side are so numerous that they exceed the 
capacity to filter their entire population through the lungs. By 
monitoring the precordial area it is possible to estimate the 
total number of bubbles entering from the whole of the vein 
blood at a given time.

In practice, not all gas bubbles can be detected because the 
amplitude of the signal coming from smaller bubbles may be 
smaller than the amplitude of the basic background signal 
derived from the heart rate and blood flow.

Proper placement of an ultrasound transducer over 
the heart is very important from the point of view of the 
techniques for detecting gas bubbles in vein blood. The 
operation of the tricuspid valve may help locate the optimal 
placement of the probe, but its movement tends to mask the 
signals coming from the free gas phase bubbles, so it should 
not be allowed to dominate in the listening signal.

In some divers, especially those with a massive physique, 
it may be difficult to get a good signal around the heart area. 
In this case, the diver should lean forward, causing the heart 
to move closer to the chest wall. This will increase the signal 
strength.

Sometimes it is difficult to get a  good signal in the 
precordial area. In this case, the gas bubble may not be 
detected in this place. Therefore, it is recommended that 
other places be monitored as well. Subclavian veins are 
easy to monitor, and gas bubbles are easily detected there. 
For this reason, it has been routine to study the presence 
of bubbles in both the subclavian veins and the precordial 
region. It is often possible to detect the free gas phase in the 
subclavian veins when it is not possible to detect them in the 
precordial region. However, monitoring only the subclavian 
veins is not sufficient, because gas bubbles flowing from other 
parts of the body could then be undetected. The subclavian 
vein is located close to the subclavian artery, so it is easy to 
find by searching for a pulsating sound coming from the 
artery. The probe should be positioned so as to obtain the 
maximum venous signal and the minimal signal from the 
artery. Monitoring of the subclavian veins is accompanied 
by a characteristic Doppler signal, similar to a blowing wind. 
This sound becomes louder when the blood flow through 
the vein increases as a result of clenching of the fist by the 
subject on the monitored side.

RESULTS AND DISCUSSION

PREVIOUSLY OBTAINED SOLUTIONS

Despite the earlier validation, the method based on the 
intravascular free gas phase measurements for predicting DCS 
risk had to be validated in Poland. The Bayesian approach 
was chosen for the validation process [14]. In the inference 
process the physiological symptoms of DCS and the results of 

Fig. 7. The hyperbaric swimming simulator



POLISH MARITIME RESEARCH, No 2/2020 181

measurements of the presence of free gas phase in the blood 
veins at 1726 exposures in DR-DC Toronto were compared 
[4, 15] (Table 1).

In the investigations described, the acceptable safe gradient 
was taken as < II + [2, 3]. Estimation of the probability of 
events involving the absence of the signal designated as 
dangerous B:{¬G} with the subsequent onset of DCS for air 
and Nitrox decompression A:{DCS}, is: P(¬G|DCS)    = 

   0.12(Table 1). For the case of lack of diagnosis by non-
detection of intravascular free gas phase B:{¬G} for air and the 
other nitrogen-oxygen decompression procedure with the DCS 
occurrence A:{DCS} the appropriate probability is P(DCS|¬G)

     0.004 and this is small enough for us to recommend 
this method for use in support of decompression research.

In accordance with the global trends, the Polish Navy 
has adopted measures to encourage the development of 
decompression systems, for which the DCS risk is less than 
1% [16]. Hence, for the evaluation of experimental dives, the 
adoption of this assumption level seems to be P(DCS) = 0.01. 
Using this assumption, data from Table 1 and the Bayesian 
approach, it is possible to calculate the probability of an event 
in which, despite exceeding the boundary for an undetected 
signal originated from the intravascular free gas phase during 
motion or at rest, the diver will have the symptoms P(DCS|¬G)

   · 0.37   0.0041<< 1% Fig. 8) [17]. 

These results suggest that the diagnostic techniques when 
using DBM9008 are highly reliable and sufficient to assess 
the DCS risks during experimental dives. These results are 
entirely consistent with the previous observations recorded 
by the Polish Navy. Other researchers have drawn similar 
conclusions by using other inference methods [18, 19]. 

CONCLUSIONS

In Poland, the Ethics Committee does not accept delay 
when DCS symptoms occur, therefore all potentially 
dangerous situations identified by the DBM9008 measuring 
system have been corrected by the oxygen flush procedures 
(normobaric or hyperbaric). 

The DBM9008 system is used to measure signals from 
the precordial and subclavian regions only with the use of 
a precordial probe. It is difficult to get a good signal in the 
precordial area, so it has been routine to study the presence 
of bubbles in both the subclavian veins and the precordial 
region. The latest research validates our approach [17]. 

Monitoring always takes place after the defined 
movement (see Appendix). The measurements are carried 
out at 30-minute intervals, up to 3 hours after the end of 
decompression or longer, until the free gas phase signal 
disappears. Three measurements are made in the heart 
area and each subclavian vein during the one test period. 
The highest value is selected, and later converted into the 
degree of gas bubble gradation according to the table in the 
Appendix. A signal above II+ degree of gas bubble gradation 
is considered dangerous and the diver needs an additional 
decompression (normo- or hyperbaric with the use of oxygen 
or not). A description of the statistical inference procedures 
used for decompression sickness risk and the measurements 
scores of the intravascularly free gas phase was presented 
earlier [13].

Since 2009, over 250 experimental dives have been performed 
using a SCR–CRABE dive device. These experimental dives 
have been carried out using gas mixtures of nitrogen-oxygen 
and nitrogen-helium-oxygen in the range between the surface 
and 80 mH2O depth. Several dive technologies have been 
launched, including new decompression schedules dedicated 
to the SCR–CRABE mine countermeasure diving system. 
While using the DBM9008 system, potentially dangerous 
decompression situations have been recorded three times. 
All of them have been corrected by oxygen flushing. 

Whenever the potential risk of DCS was theoretically 
increased, the bubble score also increased. This relationship 
was valid below and inside the so-called “grey area” in which 
it is difficult to clearly determine the risk of decompression. 
This method has not been tested in Poland for the region 
with a high probability of DCS (over 10%). 

Over 400 experimental dives under the control of the 
DBM9008 system have been carried out without any symptoms 
of DCS in the last 20 years. Thus, the Naval Academy can 
recommend ultrasonic detection of the intravascular free 
gas phase as very useful in research on diving.

Tab. 1. The cumulative frequency distribution of DSC and measurements 
of the signal from DBM for air and other nitrogen-oxygen decompression, 
where: ¬DSC – represents the number of the absence of DSC symptoms, 

DSC – represents the number of the onset DSC symptoms, ¬ G – represents 
the number of signals from DBM suggesting the absence of DSCV symptoms,

 G  – signal from DBM indicating conditions for onset of DSC symptoms
 for the free gas phase in the precordial zone or in the subclavian vein 

obtained by selecting the larger of the signals

Fig. 8. Probability P(DCS|¬G) that, despite the fact that a free gas phase was not 
detected during motion or at rest B:{¬G}, a diver will have DCS symptoms A:{DCS} 
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APPENDIX Ultrasonic detection  
of intravascular free gas phase

The Naval Academy has used the Doppler ultrasonic 
detection of the intravascular free gas phase as a method for 
monitoring decompression safety in the course of diving 
technology-focused research and development for over 
25 years to great effect.

In the Naval Academy, the Doppler Bubble Monitoring 
DBM9008 system (Fig. 9 and Table 2) is used in the procedure 
for ultrasonic detection of the intravascular free gas phase. 
The simple DBM application1 is useful in experimental studies 
of decompression profiles. DBM is a standard tool used by 
several laboratories conducting research on decompression 
[4, 5]. Its main advantage is that it can be used outside the 
laboratory in real time under pressure.

1  Ultrasound detection of free gas phase signals transformed using the 
electronics into audible beeps.

The DBM measuring system is a simple and inexpensive 
device, but using this technique requires a  skilled and 
experienced operator. The operators of the auscultatory 
DBM device require about 3 months of intensive training, 
which, in the case of the interpretation of clinical ultrasound 
imaging, is much longer and depends on the scope of the 
authorisation granted. All the Academy operators completed 
a course conducted by DR-DC Toronto (former Defence and 
Civil Institute of Environmental Medicine, Toronto). The 
experimental results are easily understood by other scientists 
because of the application of a standard K-M code procedure 
which has been used for signals classification [3, 22].

In practice, certain places are used for determining the 
free gas phase. During the research described, the precordial 
and both of the subclavian veins are used for determining 
the free gas phase.

The precordial area should be monitored from the vena 
cava side, because any vein gas from the venous system should 
pass through this area before it is removed from the lungs. 
The free gas phase is rarely observed on the arterial side. 
Gas bubbles reach the arterial side only when the bubbles of 
the free gas phase on the vein side are so numerous that the 
capacity to filter their entire population through the lungs 
is exceeded. By monitoring the precordial area, it is possible 
to estimate the total number of bubbles entering from the 
whole of the vein blood at a given time.

Fig. 9. Doppler Bubble Monitor DBM9008 (photo: TECHNO SCIENTIFIC INC.)

Tab. 2. Description of Doppler Bubble Monitor shown in Fig. 9

Probe

Two piezoelectric ceramic elements (transmit 
and receive) are both rigidly and permanently 

situated inside the head of the sensor 
assembly. Two styles of probes are: a pencil 

probe for the subclavian region and precordial 
type with variable focal lengths for the 

precordial region

Operation mode Continued wave

Operating frequency 2.5 MHz 

Acoustical pressure 15 mW ∙ cm–1 

Power supply Batteries 4 × AA

Mechanical features Rugged splash proof sealer container

Focal length Precordial: 7.9 cm and 10.5 cm;  
subclavian: 1 cm
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In practice, not all gas bubbles can be detected, because 
the amplitude of the signal coming from smaller bubbles may 
be smaller than the amplitude of the basic background signal 
derived from the heart rate and blood flow.

Proper placement of an ultrasound transducer over the 
heart is very important from the point of view of the techniques 
for detecting gas bubbles in vein blood. The operation of the 
tricuspid valve may help locate the optimal placement of the 
probe, but its movement tends to mask the signals coming 
from the free gas phase bubbles, so it should not be allowed 
to dominate in the listening signal.

In some divers, especially those with a massive physique, it 
may be difficult to get a good signal around the heart area. In this 
case, the diver should lean forward, causing the heart to move 
closer to the chest wall. This will increase the signal strength.

Sometimes it is difficult to get a good signal in the precordial 
area. In this case, the gas bubble may not be detected in this 
place. Therefore, it is recommended that other places be 
monitored as well. Subclavian veins are easy to monitor, and 
gas bubbles are easily detected there. For this reason, it has 
been routine to study the presence of bubbles in both the 
subclavian veins and the precordial region. It is often possible 
to detect the free gas phase in subclavian veins when it is not 
possible to detect them in the precordial region. However, 
monitoring only subclavian veins is not sufficient, because 
gas bubbles flowing from other parts of the body could 
then be undetected. The subclavian vein is located close to 
the subclavian artery so it is easy to find it by searching for  
a pulsating sound coming from the artery. The probe should be 
positioned so as to obtain the maximum venous signal and the 
minimal signal from the artery. Monitoring of the subclavian 
veins is accompanied by a characteristic Doppler signal, similar 
to a blowing wind. This sound becomes louder when the blood 
flow through the vein increases as a result of clenching of the 
fist by the subject on the monitored side.

It is also possible to monitor other places such as femoral veins 
and main veins. Femoral veins may be examined for the presence 
of the free gas phase in legs. Main veins are hard to access.  
The lower main vein is available for examination. In this case, 
the probe must be pushed deep into the abdominal wall. It is 
important not to confuse signals coming from the intestines 
with signals coming from the free gas phase in the inferior 
vena cava. Checking for bubbles in the brain can be achieved 
by monitoring the jugular veins. If there are plenty of bubbles 
in the precordial region, the jugular vein is worth examining. 

Identifying the bubbles in the precordial region in the 
course of ultrasonic detection of the free gas phase is the 
most difficult task because the signals are masked by the signal 
coming from the movement of the structural elements of the 
heart. And unfortunately, this skill can only be mastered over 
a sufficiently long period of practice. It is recommended that 
people learning the Doppler technique of detecting the free 
gas phase are instructed by an experienced person. Monitoring 
should be carried out in two cases: standing at rest and after 
a well-defined movement. The goal of the movement is to 
temporarily increase the number of bubbles squeezed out of 
the tissues into the bloodstream. This is especially useful when 

there are small numbers of bubbles. In the case of monitoring 
located in the precordial region, this movement is defined as 
a deep knee bend and squat. The subject has to bend his knees 
deeply and then immediately get up, keeping the transducer 
probe in the selected location so that the probe will not move. 
In the case of monitoring located in the subclavian region, this 
movement tightens the fist on the monitored side, followed by 
rest. If femoral veins or lower veins are examined, the subject 
is asked to raise first one then the other leg or do a calf raise.

It is advisable to record a reference signal for each diver 
before each dive. If later on the observers are not sure about 
the presence of the free gas phase, they can listen to the 
reference signal. Recording the reference signal helps the 
observer to familiarise himself with the characteristic sounds 
of each diver’s heart.

Divers can be monitored in different stages of staying 
under pressure, but most often monitoring is done after the 
dive. After the pressure exposure is over, the divers should be 
monitored at half-hour intervals, for at least 3 hours after the 
end of decompression, or until the free gas phase disappears. 
As experience shows, the formation of the free gas phase can 
occur 1‒4 hours after the end of decompression.

It is advisable that the monitored signals be recorded and 
recommended that a complete commentary on the recording 
be made. Parallel to the commentary, written documentation 
should also be collected. During sound recording, signal level 
indicators should be observed to ensure that the amplitude of 
the signal is adequate. In order to make sure that the signal 
has been saved correctly, it should be played back. If it is 
possible, investigators should work in pairs. One places the 
probe and maintains the signal at the appropriate level, while 
the other one records the signals. Both should interpret the 
signals and cooperate with each other.

Three parameters are used to describe the signal coming 
from the free gas phase. Each parameter is classified on 
a relative scale from 0 to 4. The frequency and amplitude 
are classified on an identical scale for rest and movement. The 
third parameter for rest and movement is defined in a different 
manner. For rest, it is expressed on the percentage scale, while 
for movement, on the duration scale. The combination of 
these three code parameters can be reduced to a single-digit  
K-M code.

The first parameter is the frequency representing the 
number of gas bubbles per one heartbeat. The method for 
determining this parameter is given in Table 3, where for 
the relative code 4 the bubbles are so numerous that their 
numbers cannot be estimated.

Tab. 3. Frequency parameter for K-M code

Code Frequency [numbers]

0 No bubbles 0

1 Single bubbles 1–2

2 Single bubbles 3–8

3 Waving and rumbling signal 9–14

4 Continuous signal
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Time duration represents the ratio of the time of occurrence 
of the signal from the free gas phase in relation to the duration 
of the measurement, expressed as a percentage. The method 
of estimating this parameter is presented in Table 4. For 
example, if 1‒2 gas bubbles (frequency parameter is 1 from 
Table 3) occurred during 20 out of 100 heartbeats, the time 
duration parameter would be 2 from Table 4.

If the same signal, 3‒8 bubbles, coming from the free gas 
phase occurs during 20 heartbeats per 100, and if during an 
additional 40 heartbeats 1‒2 gas bubbles occur, the frequency 
parameter can be chosen as 2 from Table 3, and the time 
duration can be chosen as 2 from Table 4, because the signal has 
been observed for 20% of the heartbeats or the time duration 
parameter will be 3 from Table 4 for the frequency code 1 from 
Table 3, because for more than 50% of the signal occurrence 
(ratio is 60 to 100) its frequency code can be assigned as 1 from 
Table 3. As shown in Table 7, almost the same final effect of 
signal classification can be achieved in several ways.

Movement is a transient event, while rest is treated as 
a quasi-permanent event. Due to this difference, for movement, 
the second parameter will not be expressed as the percentage 
of time duration, but as the time of cycle duration.

The duration of measurement refers to 10 heartbeats 
starting from the end of the movement and counting as the 
number of heartbeats attributable when the number of gas 
bubbles as defined in Table 3 is recorded. The measurement 
cycle consists of 10 heartbeats for measurements located in 
the precordial area or as the percentage of heartbeats when the 
signal from gas bubbles is recorded for other places (Table 5). 

For example, if 9‒14 gas bubbles are observed in each of 
the first 4 heartbeats per 10 heartbeats after movement, then 
the code of the time duration parameter from Table 5 is 2 for 
the frequency parameter code 3 from Table 3, provided that 
the number of bubbles has the tendency to decrease. If the 
number of gas bubbles for the next 4 heartbeats falls to 3–8, 
the duration code will be 3 for the frequency code 2.

The amplitude Ab of the signal produced by the gas 
bubbles compares to the amplitude Ac of the normal signal 

coming from the heartbeat or flowing blood. The method 
for determining the amplitude parameter is given in Table 6.

The three designated codes are presented in the order of 
the parameters: frequency, time duration and amplitude. The 
resulting K-M code is stored in the form of fpa for rest and 
fda for the movement case.

Table 7 shows the method for converting the recorded 
three-parameter K-M code into a single-parameter code of 
bubble gradation. This method is convenient, but the original 
K-M code contains more information and should also be 
stored. In addition to the recommended recording of audio 
signals, the data on diving and descriptions of the symptoms 
of decompression sickness should be recorded.

It is often possible to assign more than one classification to 
one signal. To decide which classification to use, the bubble 
gradation should be determined for individual signals and 
the highest value should be selected. For example, for codes 
232 and 322, the gradation is: III– and II+ respectively, so 
code 232 should be chosen.

For movement, each measurement should be classified 
and the most representative code should be selected out of 
them. If codes 222, 232 and 332 have been assigned to three 
measurements, then the central value of 232 should be chosen. 
A deviation from this rule occurs when two measurements 
give a value of 0, while in the third one the free gas phase 
is observed. In this case, the higher classification should be 
chosen, because the most important effect of measurements is 
to distinguish between cases when there is the free gas phase 
and when there is no gas phase.

Tab. 4. Time duration parameter for K-M code for rest 

Tab. 5. Time duration parameter for K-M code for movement 

Tab. 6. Amplitude parameter for the K-M code

Tab. 7. Conversion of the K-M code to the degree of gas bubble gradation

Code Time duration [%]

0 No bubbles 0%

1 1%–10%

2 10%–50%

3 50%–99%

4 100%

Code Duration of bubbles [heartbeats (percent)]

0 0 (0%)

1 1–2 (10%–20%)

2 3–5 (30%–50%)

3 6–10 (60%–100%)

4 Continuous >10 (100%)

Code Amplitude

0 No bubbles

1 barely perceptible Ab<<Ac

2 moderate amplitude Ab<Ac

3 comparable amplitude Ab≈Ac

4 maximum amplitude Ab>Ac

fpa g fpa g fpa g fpa g

111
112
113
114

I-
I
I
I+

211
212
213
214

I-
I
I+
II+

311
312
313
314

I
II-
II
II

411
412
413
414

II-
II
II+
III-

121
122
123
124

I+
II
II
II

221
222
223
224

II-
II
II+
II+

321
322
323
324

II
II+
III-
III

421
422
423
424

III-
III
III
III+

131
132
133
134

II
II
III-
III-

231
232
233
234

II
III-
III
III

331
332
333
334

III-
III
III
III+

431
432
433
434

III
III+
IV-
IV

141
142
143
144

II
III-
III
III

241
242
243
244

III-
III
III
III+

341
342
343
344

III
III+
III+
IV-

441
442
443
444

III+
IV
IV
IV

fp(d)a – code K-M
g – degree of gas bubble gradation
f – frequency parameter
p or d – time duration parameter for rest or movement
a – amplitude parameter
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ABSTRACT

The classification of low signal-to-noise ratio (SNR) underwater acoustic signals in complex acoustic environments 
and increasingly small target radiation noise is a hot research topic. . This paper proposes a new method for signal 
processing—low SNR underwater acoustic signal classification method (LSUASC)—based on intrinsic modal features 
maintaining dimensionality reduction. Using the LSUASC method, the underwater acoustic signal was first transformed 
with the Hilbert-Huang Transform (HHT) and the intrinsic mode was extracted. the intrinsic mode was then transformed 
into a corresponding Mel-frequency cepstrum coefficient (MFCC) to form a multidimensional  feature vector of the 
low SNR acoustic signal. Next, a semi-supervised fuzzy rough Laplacian Eigenmap (SSFRLE) method was proposed 
to perform manifold dimension reduction (local sparse and discrete features of underwater acoustic signals can be 
maintained in the dimension reduction process) and principal component analysis (PCA) was adopted in the process 
of dimension reduction to define the reduced dimension adaptively. Finally, Fuzzy C-Means (FCMs), which are able 
to classify data with weak features was adopted to cluster the signal features after dimensionality reduction. The 
experimental results presented here show that the LSUASC method is able to classify low SNR underwater acoustic 
signals with high accuracy.

Keywords: Acoustic,Low SNR,Signal classification,Feature maintain,Dimension reduction

INTRODUCTION

Underwater acoustic signal processing is widely 
used in marine exploration to map the topography and 
geomorphology of the seafloor, monitor biological factors, 
and search and rescue operations at sea. Computer processing 
of underwater acoustic signals is continuously advancing, 
and acoustic signal classification and recognition are of great 
theoretical significance and application value [8, 18, 20], and 
the requirements for signal classification and recognition 
are increasing [7]. Due to the complex background noise 

in marine environments and the improvement of acoustic 
stealth technology, underwater acoustic signals comprise 
a complicated physical process. With the decrease of target 
radiation noise, the SNR of underwater military targets (such 
as torpedoes, mines, submarines, etc.) is decreasing, which 
presents new challenges for research into the classification 
and recognition of acoustic signals underwater. Therefore, 
as a precondition of acoustic signal analysis and underwater 
target detection and recognition, the classification of low 
SNR underwater acoustic signals in complex acoustic 
environments along with decreasing target radiation noise 
has become a hot topic in acoustic signal processing [4, 16].
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Traditional classification methods of acoustic signals have 
serious limitations. When we analysed data produced by 
nonlinear and nonstationary processes, we hoped to obtain 
frequency information and detailed information about signal 
features and characteristics. The time-frequency analysis 
method represented by the early short time Fourier transform 
(STFT) and the Wigner-Ville distribution obviously lack 
this ability to produce frequency data and greater detail [7, 
19]. Although the appearance of the Wavelet Transform 
(WT) [1] was once favoured by scientists, it is essentially 
a window-adjustable Fourier transform and thus subject 
to the limitations of the Fourier transform. Huang et al. 
[10] proposed the HHT, a new adaptive time-frequency 
analysis method especially suited for analysis and processing 
of nonlinear and nonstationary signals, described by the 
National Aeronautics and Space Administration (NASA) as 
the most important research discovery in the field of applied 
mathematics in the last 200 years. At present, some scholars 
apply HHT and EMD(empirical mode decompositon) 
to acoustic signal processing [9, 12]. The classification of 
underwater acoustic signals requires the extraction of the  
feature parameters of the original signal so as to achieve fast, 
accurate, and  stable decisions on signal classification. The 
feature parameters currently used are: (1) the time domain 
waveform feature parameter and (2) the spectral analysis 
feature parameter, including such widely used methods 
as the line spectral feature, LOFAR spectrum diagram, 
DEMON spectrogram, stealth features, high-order spectra, 
and so on [5, 14]; (3) the time-frequency analysis feature 
parameter; (4) the nonlinear feature parameter, which is 
the reflection of attractor topological structures in the 
reconstructed phase space of the target noise signal; and 
(5) the auditory feature parameter extraction including the 
auditory cepstrum coefficient (ACC), the MFCC, the linear 
prediction cepstrum coefficient (LPCC), and so on [2, 21, 22]. 
Extraction of these feature parameters is a method for the 
classification and recognition of underwater acoustic signals 
according to the mechanism of human hearing based on 
bionics, which is one of the main research directions in the 
processing of underwater acoustic signals. In the classification 
and recognition of underwater acoustic signals, common 
classification methods are: support vector machine (SVM), 
back propagation neural network (BPNN), k-nearest neighbor 
(KNN), FCM  [3, 11, 13 ,15 ,17]. However, with low SNR 
underwater acoustic signals, it is a challenge to develop the 
classification method for a  signal class that is nonlinear, 
non-Gaussian and nonstationary.

This paper presents the challenges to accurate classification 
of low SNR underwater acoustic signals and proposes 
a new method (LSUASC) based on intrinsic modal features 
maintaining dimensionality reduction. The method  makes 
two main contributions. First, HHT is adopted in this method 
because it is suitable for processing nonlinear nonstationary 
signals, and EMD is used to extract the intrinsic mode 
because it is able to make full use of the local sparse and 
discrete features of the signals. The ability to represent the 
features of underwater noise excitation sources, underwater 

acoustic channels, and auditory laws, MFCCs are used as 
the feature vector set of low SNR underwater acoustic signal 
classification and recognition. Manifold dimension reduction 
feature maintenance is used to reduce the dimensionality 
of the feature vector set, and FCM is used to identify  the 
weak fuzzy feature data so as to evaluate and classify 
low SNR signals. Based on the dimensionality reduction 
problem of the feature vector set in low SNR underwater 
acoustic signal classification, a new semi-supervised local 
feature maintenance manifold dimension reduction method 
SSFRLE is proposed in which sparse, discrete, fuzzy, and 
weak local features can be maintained effectively. In addition, 
in dimension reduction processing, PCA is used to define 
the reduced dimensionality adaptively. With the innovative 
points, the LSUASC was formed. The experimental results 
show that this method is feasible with high classification 
accuracy.

The rest of the paper is structured as follows: Section 2 
describes related works. Section 3 introduces the HHT of low 
SNR underwater acoustic signals. Section 4 introduces the 
extracted MFCCs of underwater acoustic signals. Section 5 
describes the semi-supervised local feature maintenance 
manifold dimension reduction method. Section 6 introduces 
the FCM-based signal classification method. Section 7 
presents the experiment and results of our study. Finally, 
Section 8 presents the conclusions.

RELATED WORKS

 Acoustics researchers have given the classification and 
recognition of underwater acoustic signals their attention 
and studied the matter from different angles, classification of 
underwater noise targets has applications in many fields. For 
long-range detection, background noise in the environment 
decreases recognition accuracy [20]. the classification of 
underwater acoustic signals have been summarized, and 
the classification of underwater acoustic sensor signals with 
low SNR has become a hot research topic in underwater signal 
processing and a key issue to be solved [4].

Because underwater acoustic signals are nonlinear, non-
Gaussian, and nonstationary, and target features are discrete, 
sparse, fuzzy, and weak, HHT was used to classify and 
recognise acoustic signals because HHT is especially suited 
for analysis and processing of nonlinear and nonstationary 
signals. Wang et al. [20] presented a time-frequency analysis 
method that combined Bark-wavelet analysis and HHT. Using 
this combination of methods, instantaneous frequencies and 
amplitudes were extracted with the help of HHT [20]. Song 
et al. [16] presented an automatic identification algorithm 
for the Yangtze finless porpoise based on an HHT and a BP 
artificial neural network [16]. 

The new Ensemble Empirical Mode Decomposition 
(EEMD) method was used with HHT to analyse underwater 
target signals [9]. Using EEMD and HHT, certain features can 
be extracted and applied in the classification, including (1) the 
central frequency of the strongest intrinsic mode function, 
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(2) the energy difference between high and low frequencies, 
and (3) the instantaneous energy variation range. Li et al. 
[12] demonstrated the difference in properties between the 
Hilbert spectrums of a target echo and reverberation. Because 
the Hilbert marginal spectrum can reduce reverberation, 
the HHT is an effective method for extracting the features 
of underwater targets.

Used in the classification and recognition of underwater 
acoustic signals according to the mechanism of human  
hearing based on bionics, MFCCs represent one of the main 
research directions in the processing of underwater acoustic 
signals. Chinchu and Supriya [2]   constructed a real time 
underwater target recognition system in which MFCCs were 
used for feature extraction, the SVM method was employed 
as the classification algorithm and the entire system was 
implemented using Labview. Wang et al. [21] presented a 
feature extraction algorithm which focused on the MFCC 
feature coefficients of underwater targets and the radiated 
noise of different marine life (whales, sea lions, dolphins), 
divers, boats, and ships were studied, demonstrating that 
MFCCs can be effective in feature extraction and recognition. 
Zhang et al. [22] showed that the features of MFCCs, first-
order differential MFCCs, and second-order differential 
MFCCs can be effectively used to recognise different 
underwater targets, and the recognition rate can be improved 
by combining features.

In recent years, manifold learning has been introduced 
to feature extraction of acoustic targets and dimensionality 
reduction. Liu et al. [13] studied the low dimensional manifold 
in the frequency domain of acoustic signals based on the 
classical algorithm of manifold learning, and found that 
manifold learning can be used to identify intrinsic features 
and increase the accuracy and robustness of a low altitude 
passive acoustic target recognition system. Sun et al. [17] 
proposed a novel method termed ‘Robust sEmi-supervised 
multi-lAbel DimEnsion Reduction’ (READER) . The READER 
method finds a feature subspace to keep original neighbor 
distances  close and embed labels into a low-dimensional 
latent space so as to realise the dimensionality reduction of 
feature maintenance. 

In the classification and recognition of underwater acoustic 
signals, the common classification methods are SVM, BP 
neural network, KNN, FCM . The SVM method was used 
as a classifier in Wang and Zeng  [20]. In Song et al. [16], the 
BP artificial neural network was trained in 11 dimensions 
and a signal feature vector based on HHT was extracted. 
In Sherin and Supriya [15]  , SVM was used as a classifier to 
distinguish the acoustic signatures of four different target 
types. Li et al. [11] used a wavelet packets-fractal and SVM 
for underwater target recognition.

From these related works, we drew the following 
conclusions: (1) there is little research on the classification 
and recognition of low SNR underwater acoustic signals. The 
classification and recognition methods thus far proposed are 
mainly for underwater acoustic signals with distinct features 
and high SNR. As for low SNR signals in which nonlinearity, 
non-Gaussianity, and nonstationary conditions are prominent 

and the target features are discrete, sparse, fuzzy, and weak, 
there is a lack of effective classification and recognition 
methods. (2) Regarding the problem of feature vector set 
dimensionality reduction in classification, the question of how 
to maintain sparse and discrete target features requires special 
research. (3) An effective low SNR underwater acoustic signal 
classification and recognition system has yet to be developed.

HILBERT-HUANG TRANSFORM OF LOW 
SNR UNDERWATER ACOUSTIC SIGNALS

The HHT) was proposed by Huang et al. [10]  to solve the 
Hilbert Transform of nonlinear and nonstationary signals. 
Based on the uniqueness of the instantaneous frequency 
required by the Hilbert Transform, it is able to directly 
obtain instantaneous frequencies of physical significance 
from the derivative of the phase by reconstructing the signal 
space. After many experiments, the upper envelopes (u(t)) 
and lower envelopes (l(t)) of the original signals were fitted 
to the maximum point set and the minimum point set of 
the signal by cubic spline interpolation, and the envelope 
averaging ml(t) was ml(t) = (u(t) + l(t))/2. next, the original 
signal is used to reduce the average envelope. By sheltering 
the intrinsic mode, the original signal is decomposed into 
several intrinsic modes, while the instantaneous frequency 
of the intrinsic modes remains the same, and so the original 
signal is decomposed.

The main part of HHT is the EMD algorithm, the principle 
of which is to select  the intrinsic mode [10]. The decision 
conditions are as follows:
a). The average value of the upper and lower envelopes of the 

signal tends to be 0 (generally, the difference between the 
average and 0 is less than 0.1).

b). The difference between the number of extreme value points 
in the original signal (including the number of maximum 
and minimum value points) and the number of joint points 
in the original signal (when y = 0) should not be greater 
than 1 . The EMD algorithm is as shown in Figure 1.

First, find the maximum and 
minimum value points

Make the envelope for the  
value points

Calculate the average value 
for the envelope

Original signal-envelope 
average value to obtain IMF

Deciding IMF whether 
meets two conditions

Current IMF as the 
highest

Original signal-current 
IMF to obtain new 

original signal

End if the new 
original signal is 

monotonicity

Back to step 2

Current IMF is not 
the highest

Take the current IMF 
as original signal
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Step1: Find the maximum 
and minimum value points

Step2: Make the envelope 
for the  value points

Calculate the average value 
for the envelope

Original signal-envelope 
average value to obtain IMF

Deciding IMF whether 
meets two conditions

Current IMF as the 
highest

Original signal-current 
IMF to obtain new 

original signal

End if the new 
original signal is 

monotonicity

Back to Step 2

Current IMF is not 
the highest

Take the current IMF 
as original signal

Fig. 1 EMD Algorithm Process

Underwater acoustic signals with low SNR have fuzzy, 
sparse, discrete, and weak features, and their nonlinearity, 
non-Gaussianity, and nonstationarity are prominent; as 
such, HHT is able to extract the intrinsic modes formed by 
the intrinsic mode function (IMF) of underwater acoustic 
signals with low SNR and provide input data for accurate 
classification. 

MEL-FREQUENCY CEPSTRUM 
COEFFICIENTS OF UNDERWATER 

ACOUSTIC SIGNALS
After the HHT of low SNR underwater acoustic signals, 

a Mel-frequency cepstrum transformation is performed on 
the extracted intrinsic mode and its MFCCs are extracted. 
The multiple-dimension MFCCs are used as decisive features 
for classification. The Mel-frequency cepstrum is intended to 
simulate the principle of human hearing based on bionics, 
then curve the spectrum to construct the Mel-frequency 
cepstrum and achieve the function  of human hearing. The 
difference between the cepstrum and Mel-frequency cepstrum 
is that the frequency band division of the Mel-frequency 
cepstrum is based on the Mel-scale, which is closer to the 
human auditory system than the linear division band used 
in the common cepstrum; moreover, the frequency curve 
better represents the human  auditory features. The extraction 
process of MFCCs is shown in Figure 2.

Pre-processing(Pre-weighting, 
framing and windowing)

Calculating energy spectrum

Mel filtering

Take logarithm

DCT calculate the cepstral

Pre-processing(Pre-weighting, 
framing and windowing)

Calculating energy spectrum

Mel filtering

Take logarithm

Calculating the 
cepstrum

Fig. 2 Extraction Process of MFCCs

In the process of extracting MFCCs, the input signal 
is first pre-processed (pre-weighting, framing, and 
windowing), then fast Fourier is performed on the basis of the 
windowing function. Next, the norm length and logarithm 
of the transformed results are taken, and the discrete cosine 
transform (DCT) is adopted to obtain MFCCs, in which the 
Mel-frequency spectrum is used to replace the frequency 
spectrum in performing the transformation, while all the 
transformations are conducted with the transform method 
of the cepstrum. Therefore, the features obtained are not only 
stable in the frequency spectrum, but also agree with the the 
principle of human hearing . The specific process includes 
the following five steps:

Step 1. Pre-processing. Pre-weighting, framing, and 
windowing are done to steady underwater acoustic signals 
within a suitable sampling length; in fact, underwater acoustic 
signals have a time-changing characteristic which can be 
regarded as sound signals to be analysed and processed. 

Step 2. Calculating the energy spectrum. The fast Fourier 
transform (fft) is adopted in the preprocessed signals to obtain 
a square amplitude energy spectrum: 

nxXp (1)

Step 3. Mel filtering. The energy spectrum p(f) is filtered 
using the Mel filter. The frequency f of the Mel filter group is 
greater than 0 up to fs (fs is the sampling frequency):

N

k
HpE (2)

where N is the total number of framing signals and m is the 
number of filters. 

Step 4. . The logarithm. The logarithm of the obtained filter 
energy spectrum is taken. The nonlinearity of the underwater 
acoustic signal is then calculated with this logarithm:

� � � � � �� ��


�

��
N

k
m fHfpmE (3)
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Step 5. Calculating the cepstrum. The DCT is adopted for 
the obtained logarithm energy spectrum in order to obtain 
the MFCCs:

M

k M
nkEnC (4)

where n = 1, 2, …, p, and p is the order of magnitude of 
MFCCs. After adopting the MFCC transform in the intrinsic 
mode of underwater acoustic signals, the multiple feature 
vector set of low SNR signal classification is obtained and in 
which the relevance between intrinsic modes is maintained, 
making it conducive to reducing the dimensionality of low 
SNR underwater acoustic signals. 

SEMI-SUPERVISED LOCAL FEATURE 
MAINTAINING MANIFOLD DIMENSION 

REDUCTION
For the extracted MFCC feature vector set of underwater 

acoustic signals, the semi-supervised local feature maintaining 
manifold dimension reduction method SSFRLE is proposed to 
reduce the dimensionality of the feature vector set of MFCCs, 
and the reduced dimensionality is decided by PCA adaptively. 

The main process of SSFRLE is to construct the feature 
significance of a data set with fuzzy similarity, then 
comprehend all the information and make use of the data with 
feature significance to construct a similarity matrix. After 
that, neighbouring rough fuzzy sets are constructed on the 
basis of the fuzzy similarity matrix to define the membership 
degree of each kind of sample. Tthe membership degree, 
nuclear distance, and classification information are combined 
in order to construct the weight value as follows: 

a) = 1, if ix and jx  have the same classification, and 
jki xNx  or ikj xNx ;

b) , if there is one has been not labelled 

in ix and jx  and jki xNx  or ikj xNx ; and 

c) = 0, for all others.

On this basis, the following optimisation problem is 
constructed:
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where  is a real parameter and 10 . In order to weight 
the effect of the distance between adjacent samples and the 
distance between sample and center class on function value, 
it is organised as follows:
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where dR21  is the class centre of data set X
in low dimension space used to make the following:
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where D is a diagonal matrix of nn , and L=D-W 
is a semi-defined Laplace matrix of nn .

To ensure that there are solutions to the optimisation 
problems, add two constraint conditions:

� � 1�DZZtr T 01 �DZ T (9)

The optimisation problem is obtained with the Lagrange 
multiplier method:

� � � � � �� � � �� � ### ��� ZDLZtrDZZtrLZZtrZF TTT 1 (10)

derivative of F is calculated as:
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making 0
Z
ZF  and 0ZDLZDL  

because DL  is a symmetrical matrix. Therefore, the 
optimisation problem can be transformed into the generalised 
given values problem as:

(12)

The column vectors d21  can be obtained 
to give the corresponding feature vector of the previous d 
minimum nonnegative eigenvalues d210 , 
the previous  lines of the matrix d21  are the class 
centre of data set X in low dimensional space, and the latter 
n lines of the matrix d21  represent data set X in low 
dimensional space. 

The SSFRLE method is adopted to perform manifold 
dimensionality reduction on the MFCC intrinsic mode of 
underwater acoustic signals. In this process, PCA is used 
to define the reduced dimensionality adaptively. For data in 
different hydrophones, high feature value can be maintained 
effectively when the dimensionality of the data is reduced, 
helping to enhance classification accuracy. The FCM method 
is used for classification when the feature vector of the acoustic 
signal is maintained by dimensionality reduction.

FUZZY C-MEANS-BASED SIGNAL 
CLASSIFICATION METHOD OF 

UNDERWATER ACOUSTIC SIGNALS
Although the MFCCs of underwater acoustic signals are 

able to maintain sparse and discrete features of target noise 
after dimensionality reduction, these features are still weak 
and fuzzy. To this end, FCM can be used to classify these 
feature vectors with improved accuracy. The FCM method is 
an unsupervised dynamic clustering method which requires 
the stipulation that there are certain classes of data sets and C 
classes. For each class of data, the membership degree of each 
class can form a fuzzy classification matrix, the requirements 
for which are as follows:
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where μik is the membership degree of kth data in ith class; 
therefore, Eq. (13) represents a membership degree sum for 
each data point of 1, and Eq. (14) implies that there is at least 
one and at most n points in each class. 

The energy function can be defined according to distance 
based on membership degree as in shown in Eq. (15):

� � 1
1 1

2 '� ��
� �

mdvUJ
n

k

c

i
ik

m
ik% (15)

where the distance between the kth point, and the class centre 
of the ith class is defined as the Euclidean distance ( ij  is the 
jth dimension of the ith cluster centre):
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Minimise formula (15) with a gradient descent:
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Equation (17) is now the optimal expression of the cluster 
centre, and the iterative method is used to update the cluster 
centre . By clustering the features maintained by underwater 
acoustic signals after dimensionality reduction using FCM, 
each kind of signal can be classified with high degree of  
accuracy from data classes with different features.

EXPERIMENT AND ANALYSIS

To verify the classification performance of the LSUASC  
method for underwater acoustic signals with low SNR, 
experiments were carried out. The experimental data was 
obtained in the anechoic tank at Harbin Engineering 
University, then the LSUASC  method and common methods 
were adopted to analyse the data.

EXPERIMENTAL DATA COLLECTION

The experimental data was collected in the anechoic tank at 
Harbin Engineering University. The sound absorption rubbers 
were in the tank , and the sands were layered at the bottom, 
and the sound absorption wedges were placed on the surface 
of the water, so the sound absorption coefficient was about 
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0.99, and acoustic reflections were effectively eliminated. 
Underwater acoustic signals with low SNR were simulated. 
The related equipment and layout are shown in Figure 3:

pool length: 45 m

pool deep: 5m

stern to hydrophone: 16.8m

boat length 6m with a 
vibrating equipment

2m

propeller

hydrophone array 
length: 4.5m

a) Arrangement of Experimental Tank and Equipment 
b) The Experiment

b) Phase-uniformity of line array in 3kHz 
 

Fig. 3. Experimental Equipment Layout (a)  
and Phase-uniformity of Line Array (b)

In Figure 2, the acoustic sensor consists of 18 bottom-
ranked hydrophones. No. 1 hydrophone is 0.5 m from the 
bottom of the pool and each subsequent hydrophone is spaced 
at a distance of 0.25 m, making a total length of 4.5 m. Each 
hydrophone corresponds to the same coded channel (signal), 
and the phase shifts for all 18 hydrophones were tested and 
adjusted and controlled within 1.5°. The phase-uniformity of 
line array at 3 kHz is shown in Figure 3c. The vessel was fixed 
along the centre line of the pool (Fig. 3b) over the hydrophones 
with vibrating equipment inside to simulate low SNR noise. 
The data was recorded in accordance with the station and 
group as shown in Table 1.
Tab. 1. Data Collection Table

Station 1 Station 2 Station 3 Station 4 Station 5

Group 1 Background-
pure

Background 
Stall-0

Background 
Stall-20

Background 
Stall-50

Background 
Stall-80

Group 2
Vibe-

equipment 
working

Stall-0 and 
working

Stall-20 and 
working

Stall-50 and 
working

Stall-80 and 
working

In Table 1, ‘Background Stall-0’ is the stalled vessel at 0% 
power but running (i.e., engine idles, but propeller does not 
turn), ‘Background Stall-20’ is the vessel at 20% power and 
stalled but working, and ‘Stall-0 and working’ is the vessel at 
0% power and stalled, but working along with the vibrating 

equipment. During the experiments, 10 min of acoustic 
signals were collected in different groups at different stations, 
with a sampling frequency of 25.8 kHz. Because the sound 
of the vessel (Stations 2 to 5 in Group 1) was greater than the 
noise of the vibrating equipment, the stations in Group 1 were 
used as the background noise. The vessel noise in Group 1 
was also high, so the noise of the vessel and the vibrations 
were compared with that of Group 1, and an acoustic signal 
with low SNR was obtained in the laboratory. Acoustic signal 
classification with low SNR was obtained through an analysis 
of the data in Groups 1 and 2.

EXPERIMENTAL DATA ANALYSIS

In the classification experiment involving two groups of 
underwater acoustic signals in the same station (Groups 1 
and 2), 100,000 sampling points were selected at different 
starting points for each hydrophone in the two data groups, 
then the LSUASC method was adopted for the classification 
of the data. First, the data from each hydrophone was 
transformed with HTT and the MFCC was extracted. For 
MFCC, the pre-weighting coefficient was 0.97. In the framing 
division, 1024 sampling points were used as a frame, and the 
overlapping area between the two frames had 256 sampling 
points. The Hamming window was used, and the order of 
the Mel filter was 18. The length of FFT was 1024, and the 
Hamming window was used too. Second, the classification 
feature vector was then formed with manifold dimensionality 
reduction, and classification accuracy was obtained with 
FCM. The classification experiments at each station were 
performed three times (Calculation 1, Calculation 2 and 
Calculation 3). The experimental results are shown in Figures 
4–8. The hydrophone number is on the horizontal axis and 
the classification accuracy is on the vertical axis. 

Fig. 4 Classification Accuracy of Two Data Groups under Station 1
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Fig. 5 Classification Accuracy of Two Data Groups under Station 2

Fig. 6 Classification Accuracy of Two Data Groups under Station 3

Fig. 7 Classification Accuracy of Two Data Groups under Station 4

Fig. 8 Classification Accuracy of Two Data Groups under Station 5

The classification performance of the two data groups 
under Station 1 and Station 2 was good, while classification 
accuracy decreased as the SNR decreased. The mean values 
under Stations 3, 4, and 5 were 0.8948, 0.7444, and 0.7182, 
respectively. In order to enhance classification accuracy, the 
signals of the 18 hydrophones at Stations 3, 4, and 5 were 
combined (i.e., in the data selection process, the signals 
were not selected from a single hydrophone but from 18 
hydrophones evenly and respectively by using the same 
time point). The classification experiment at each station was 
performed five times. The classification results are shown in 
Figure 9, plotted by classification number on the horizontal 
axis and accuracy on the vertical axis.

Fig. 9 Combined Classification Results of 18 Hydrophones under Three 
Stations

Compared with single hydrophone classification, the 
combined results of the signals in 18 hydrophones greatly 
enhanced the accuracy under stations 4 and 5 (Figs. 6–9). 
The average value under Station 3 increased from 0.8948 to 
0.9977, that under Station 4 increased from 0.7444 to 0.9757, 
and that under Station 5 increased from 0.7181 to 0.9856. The 
percentage of increase in classification accuracy was 11.5, 
31.1, and 37.2%, respectively. On this basis, we analysed the  
results. The EMD algorithm was  adapted to select 10,000 
sampling points in the 5th hydrophone corresponding to 
Group 2 Station 3, and the 12-dimension IMF was extracted 
(Figs. 10–12). It can be seen that the main feature of the 
acoustic signal focuses on the 1–4-dimension IMF and the 
signal feature decreases gradually in the 5–8-dimension IMF, 
while there is almost no signal feature in the 9–12-dimension 
IMF. If we want to classify the acoustic signal data in each 
hydrophone, each IMF in the energy set should be analysed 
individually; however, if we want a comprehensive analysis 
of the acoustic signal data from all 18 hydrophones, then the 
LSUASC  method is not only able to overlay the feature value 
of the same IMF, but it also complements the feature values of 
different IMFs, even if the dimensionality has been reduced. 
As such, this method can greatly improve the comprehensive 
classification accuracy of acoustic sensor signals. 
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Fig. 10 1–4-dimension IMF and Corresponding Frequency Spectrums

Fig. 11 5–8-dimension IMF and Corresponding Frequency Spectrums

Fig. 12 9–12-dimension IMF and Corresponding Frequency Spectrums

After analysis of the experimental data, comparison 
experiments were performed using the same acoustic sensor 
signal with LSUASC, SVM of work [8] , and BP artificial neural 
network of work [18]. The experimental results are shown in 
Figure 13, plotted by station number on the horizontal axis 
and accuracy on the vertical axis.

Fig. 13. Classification Accuracy of LSUASC, SVM, and BP nueral network 
methods

From the analysis of the results in Figures 9 and 13, and 
the comparison between LSUASC, SVM, and BP methods, 
we drew the following conclusions:
a) In Stations 1 and 2, the classification accuracy of all the  

methods tested were high, and there was little difference 
among them, mainly because the SNR of the acoustic signal 
was higher under two stations (Station 1: -1.86 dB and 
Station 2: -16.86 dB), and all these methods made accurate 
classifications according to the feature differences among 
the acoustic signals. 

b) In Stations 3, 4, and 5, the classification accuracy of 
the LSUASC method was higher than that of SVM and 
BP methods for two reasons. On the one hand, in our 
experiment, a very small target noise was used in an 
environment with very high background noise, so the 
SNR of the acoustic signal was low (Station 3: -31.36 
dB, Station 4: -41.24 dB, Station 5: -41.53 dB). On the 
other hand, the processed underwater acoustic signal 
was characterised by nonlinearity, non-Gaussianity, and 
nonstationarity; therefore, the LSUASC method was able 
to extract multiple intrinsic modes of acoustic signals with 
low SNR. In the process of dimension reduction, it was also 
able to maintain the sparse and discrete features of low 
SNR signals effectively, and the FCM method performed 
well in the classification of the fuzzy feature data set. As 
such, the performance of the LSUASC method was better 
than that of SVM and BP. 

c) However, it should be mentioned that according to the 
experiment design , the classification performance of 
Station 4 should have surpassed that of Station 5, while 
in fact, the classification performance of Station 5 was 
better than that of Station 4 under the proposed method 
and all other methods alike. There may be two reasons for 
this. First, the SNR of the acoustic signals under these two 
stations was lower and the difference between them was not 
so great; and second, the sensitivity of  the LSUASC method 
to acoustic sensor signals with low SNR was decreased.
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RIVER EXPERIMENT

We conducted an experiment on the Songhua River to 
test the ability of the LSUASC method to classify low SNR 
underwater acoustic signals in a natural environment. In the 
experiment, two targets (a small boat and a big boat) were 
used to obtain underwater acoustic signals. We collected three 
kinds of underwater acoustic signals: (1) when the small boat 
sailed alone, (2) when the big boat sailed alone, and (3) when 
the two boats sailed side by side. The experimental equipment 
layout and station are shown in Figure 14 (with the two boats 
side by side). The classification results using LSUASC, SVM, 
and BP are shown in Table 2 and Figure 15.

About 20mAbout 220mBase 
station

River width about 450m

river deep about 
5m,hydrophone 
array deep is 3m

Small boat Big boat 

=2.5m/s

a) Experimental Equipment Layout and Station

b) Small Boat                                                    c) Big Boat

Fig. 14. Diagram of Experimental Layout on the Songhua River (a) and Photos 
of Small (c) and Large (d) Boats used to Collect Underwater Acoustic Signals

Tab. 2. Classification Results as a Function of Signal Processing Method

 LSUASC SVM BP

Small boat alone 0.9262 0.9165 0.8333

Big boat alone 0.8782 0.6391 0.6865

Two boats together 0.8239 0.5887 0.6931

Fig. 15. Classification Results from Experimental Data Collected 
on the Songhua River

From Table 2 and Figure 15, we can see that these methods 
show good results in the classification of the underwater 
acoustic signals collected by the small boat sailing alone. The 
highest classification result for the BP method reached 83.33%. 
However, for the classification results from the big boat sailing 
alone and the two boats sailing side by side, the target noise 
features were similar for both these scenarios (big boat alone 
and 2 boats side by side) , we obtained low SNR signals. This 
is why the LSUASC method obtained better results than the 
other  two methods. The results of the experiment conducted 
in a natural environment verified the conclusions of the pool 
experiment while demonstrating the practical use of the 
proposed LSUASC method.

CONCLUSIONS

As technology advances, target radiation noise will 
continue to decrease and the SNR of underwater military 
targets (such as torpedoes, mines, submarines, etc.) will 
consequently decrease as well, introducing new challenges 
for research into the classification and recognition of acoustic 
signals. For low SNR underwater acoustic signals, features 
such as nonlinearity, non-Gaussianity, and nonstationarity 
are more prominent, while the target features are discrete, 
sparse, fuzzy, and weak; therefore, classifying low SNR 
underwater acoustic signals is a great challenge. 

This paper proposes a new method—LSUASC—based 
on intrinsic modal features maintaining dimensionality 
reduction. The HHT was adopted for this method by virtue 
of its suitability for processing nonlinear and nonstationary 
acoustic signals, and EMD was used to extract the intrinsic 
modes of the low SNR signals. In addition, MFCCs were used 
as the feature vector set for low SNR underwater acoustic 
signal classification and recognition by virtue of its ability 
to represent the features of underwater noise excitation 
sources, underwater acoustic channels, and the principle of 
hearing . The new SSFRLE method was also used to reduce 
the dimensionality of the feature vector set, and the FCM was 
used to recognise  the weak fuzzy feature data so as to evaluate 
and classify the low SNR signals. The experiments show that 
the LSUASC method has higher classification accuracy and 
feasibility.
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In future work, we will mainly focus on how to improve 
the classification efficiency and decrease the processing time 
of the LSUASC method. In addition, we hope to prove the 
feasibility of this method in experiments at sea. We will then 
adaptively improve LSUASC and SSFRLE in other feature 
vector sets such as LPCC, LOFAR, and DEMON for low SNR 
underwater acoustic signal classification.
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