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LYAPUNOV FUNCTION BASED CRITERIA
FOR SHIP ROLLING IN RANDOM BEAM SEAS
Erdem Üçer
Istanbul Technical University, Faculty of Naval Architecture and Ocean Engineering, Turkey

ABSTRACT

The aim of this study is to present a Lyapunov function which can be used to derive an intact stability criterion for a ship
in random beam seas. First, the mathematical model of the rolling motion of ships in random beam seas is introduced.
The random wave excitation is described by a spectrum which is depended on the wave energy spectrum and the
amplitude of the moment of roll. This spectrum is generated by a second order linear filter. Second, the methodology
of creating a Lyapunov function is explained briefly. Then, there is outlined the way by which Lyapunov function can
be used as the intact stability criterion for a ship. The proposed criterion is derived by considering the weather criteria
for German naval vessels. Finally, the coherence of the boundary of safe basin obtained by Lyapunov function with
the numerical results obtained by Euler-Maruyama Method is presented. From the results it can be deduced that the
Lyapunov function can be used to define an intact stability criterion.

Keywords: random beam sea, wave energy spectrum, Lyapunov function, intact stability criterion

INTRODUCTION
Modelling the dynamic behaviour of ships and offshore
structures in their real working environment such as random
seas and winds have always been a popular study subject
since 1960s [3].
The earliest milestones on the investigation of ship rolling
in random seas are the studies of Haddara [11], Odabasi [21]
and Roberts [24].
Lyapunov Direct Method or Lyapunov functions [18, 25]
are used since 1970s to determine the conditions of stability
against capsizing of ships. The studies of Odabasi [21], Ozkan
[22] and Caldeira-Sariava [4] are the earliest examples of
the usage of Lyapunov functions to investigate the rolling
motions of ships. The more recent studies are the studies
of Yilmaz [29] and Ucer [28].
The form parameters of fishing ships are analyzed by
Yılmaz [29] to establish a practical stability criterion in
preliminary design stage.
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In the study of Ucer [28], the transverse stability of BSRA
trawlers are analyzed by using both numerical and analytical
safe basin concepts and it is also demonstrated how the
concept of safe basin can be utilized for the assessment of
the stability of trawlers in regular beam seas.
The dynamic behaviour of elastic ocean structures
of single degree of freedom is treated by an analytical
approach based on the stochastic averaging of the energy
envelope according to Moshchuk et al. [20]. The system
is considered to be subject to a narrow-band random
process modelled as the output of shaping filter. Three
different shaping filters (first, second and fourth order)
possessing Pierson-Moskowitz spectrum are employed to
model Gaussian random sea waves.
The large-amplitude rolling and capsize dynamics of ships
in random beam seas are investigated by using a nonlinear
single-degree-of-freedom model by Jiang et al. [13]. In their
work a criterion of capsizing is derived by using Melnikov
function and phase-space transport techniques.

The general non-linear model of parametric excited roll
motions in head or following random seas is derived in the study
of Dostal and Kreuzer [9]. The irregular waves are modelled
in terms of a continuous time autoregressive moving average
process. The resulting model of stochastic differential equations
is investigated numerically by local statistical linearization.
An analytical criterion is provided by Dostal et al. [10]
for ship and sea state parameters, which indicates the large
roll amplitudes or capsizing and determines the mean time
to these events.
The subject of this study, the rolling motion of a ship in
random beam seas is recently investigated by Chai et al. [5–8].
The stochastic roll response and reliability of a ship in
random beam seas is studied by using a four-dimensional
(4D) path integration (PI) approach in the studies of Chai
et al. [5–8] where a 4D Markov dynamic system is established
by combining the single-degree-of freedom model used to
represent the ship rolling behaviour in random beam seas
with a second-order linear filter used to approximate the
stationary roll excitation moment.
In this study, firstly the roll motion in beam seas is
represented by the mathematical model derived by Chai et al.
[5–8]. Secondly, the methodology of constructing a Lyapunov
function of randomly exerted system is outlined. Then, it is
presented how that Lyapunov function can be used as a tool
for intact stability criterion similar to the weather criteria
for German naval vessels [2]. Finally, the coherence of the
boundary of safe basin of the ship, obtained by Lyapunov
function, with the numerically determined safe basin is
presented for two ships and three sea states.

MATHEMATICAL MODEL

(t) + B44q( )

+Δ GZ(Ø) = M(t)

(t)|

Smm(ω)=|Froll(ω)| Sξξ(ω)

(2)

where |Froll(ω)| represents amplitude of the moment of the
roll motion per unit wave height at frequency ω and S ξξ(ω) is
the wave energy spectrum [5–9].
The equation (3) is the spectrum of the relative wave
excitation moment Smm(ω) generated by a second-order linear
filter shown in equation (4) and (5) [5-9].
(3)

dx3 = (x4 – βx3) dt + γ dW

(4)

dx4 = –α x3 dt

(5)

where x3 and x4 are the state variables in filter equation with
x3 representing the output term m(t), dW(t) = W(t + dt) – W(t)
represents an infinitesimal increment of a standard Wiener
process, α, β and γ are the parameters of the linear filter [5–9].
With the aid of linear filtering technique, the roll motion
equation (1) is described by the following four dimensional
state space equations (6–9) [5–8].

dx1 = x2 dt

While establishing the mathematical model, the couplings
between the roll motion and other modes of ship motion are
ignored to make the equation of roll motion simpler [5–9]. This
assumption is based on the idea that roll motion has a greater
influence on the ship stability in beam seas rather than the other
modes of ship motion. Another reason for this simplification are
the difficulties encountered when the complete hydrodynamic
forces are accurately determined [15]. Although the coupling
between the roll and sway motions is strong, it is possible to
reduce one DOF by defining a virtual roll centre as indicated in
the studies of Jiang [14], Hutchison [12] and Balcer [1].
The single degree of freedom (SDOF) roll motion equation
in random beam seas can be represented by the equation
(1) [5–8].

I( ) (t) + B44( )

coefficients, respectively, Δ is the displacement of the ship,
ω is the wave circular frequency, GZ is the righting arm as
a function of the roll angle which can be defined by a single
cubic polynomial and M(t) is the external random wave
excitation moment described by the spectrum Smm(ω). The
excitation moment spectrum is related to the wave energy
spectrum by the relationship shown in Eq. (2).

(6)

dx2 = (– b44x2– b44q x2 | x2 | – c1x1
+ c3x13 + x3) dt

(7)

dx3 = (x4 – βx3) dt + γ dW

(8)

dx4 = –α x3

(9)

Where x1 is the roll angle ϕ(t), x2 is the roll angular velocity
x2 = (t), x3 is the ratio of the external random wave excitation
moment and the virtual mass moment of inertia x3 = M(t)/I, the
damping moment coefficients b44 and b44q are equal to B44/I and
B44q/I , respectively, the righting arm coefficients c1 and c3 are
equal to ΔGM/I, and –ΔGM/(Iϕv2) = c1/ϕv2, respectively.

(t)|
(1)

where ϕ is the rolling angle with respect to calm sea surface
(rad), roll angular velocity (rad/s), I denotes the virtual mass
moment of inertia including the added mass moment in roll,
B44( ) and B44q( ) are the linear and quadratic damping

LYAPUNOV FUNCTION
OF RANDOM PROCESS
Let the dx = f(x,t)dt + σ(x,t)dz be the stochastic differential
(Ito) equation.
In order to derive a Lyapunov function, V(x), the following
assumptions are made [16]:
POLISH MARITIME RESEARCH, No 3/2019
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• V(x) should be a non-negative and continuous function,
satisfying V(0) = 0, V(x) > 0 at x ≠ 0
• V(x) should have continuous first partial derivatives in
Qm {x:V(x) < m} m < ∞.
When the derivative of Lyapunov function L V(x) is smaller
and equal to a continuous positive function k(x), the system
is stable.
The differential generator of the random process is given
by the following equation [16, 25]:

equation (14). When the expression given by the equation (14)
is smaller and equal to zero, the system is stable.

(14)

When the both sides of the above given equation is divided
by K positive constant and after regrouping the parentheses,
the following expression is obtained:

(10)
(15)

where S(x) = {Sij(x)} = σ' (x) σ(x)
where k1* = k1/K and k3* = k3/K
Let’s assume x3m is the greatest value of x3 and put into the
equation (15) in the place of x3. Then, the equation (15) turns
into the equation (16).

CONSTRUCTION OF LYAPUNOV
FUNCTION OF RANDOM ROLL
MOTION OF A SHIP
In this section the determination of analytical safe basin
for forced non-linear rolling motion by using Lyapunov
function is presented. Firstly, a positive analytical function
is determined [4, 21–22, 25, 28–29]. Secondly, the derivative
of this analytical function is obtained. When the derivative
of this analytical function is negative, the ship is assumed
to be stable [28].
The positive analytical function, Lyapunov function of the
equation system (6–9), is assumed as the expression given in
equation (11).
(11)

The above given function is non-negative continuous
and satisfying V(0) = 0 and V(x) > 0 at x ≠ 0 and also has
continuous first partial derivatives.
By using the differential generator (10), the derivative of
the Lyapunov function is found as:

(16)

After regrouping parentheses and dividing both sides of
the equation (16) by x2, the equation (17) is obtained.

(17)

When the above given condition is satisfied, the ship can
be assumed stable. Hence, the two unknown parameters
of the equation (17), k1* and k3*, should be determined. The
determination of the parameters is explained in the next
section.

LYAPUNOV FUNCTION
BASED CRITERIA

(12)

When the coefficient k3 is assumed equal to αk 4, the
equation (12) is simplified and the following expression is
obtained:

(13)

Let 1 + k3x32 + k 4 x 42 be smaller than any positive real
number K smaller than infinity. On this assumption and
regrouping the parentheses the equation (13) turns into the

8
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The graphical representation of the right hand side of the
equation (17) is shown in Fig. 1.
In the figure, x1st (ϕst) is the static heel angle which is
represented by the intersection point of the line of maximum
value of the external excitation x3m and the modified restoring
arm curve (gz* = (c1 – k1*) x1 – c3x13). According to the weather
criteria for German naval vessels, x1ref (ϕref ), the reference
angle and hres, the residual arm between the restoring and the
excitation moment are determined by means of the equation
(18) or (19) [2].

ϕref = 35° and hres = 0.1 m for ϕst ≤ 15°

(18)

ϕref=2×ϕst+5° and hres= 0.01×ϕst–0.05, ϕst > 15°

(19)

where both ϕst and ϕref are expressed in degrees.

here xv is the vanishing stability angle, the coefficients k1* and
k3* should be positive.
The input values to the above equation system are the
restoring and damping coefficients, second order linear filter
parameters and the maximum external excitation value x3m.
The output of the equation system is x1st, x2m, xa and k3*. It is
also possible to easily obtain xb by putting the values of x1st
and xa into the equation (25).
Whether the ship has a safe region or not can easily be
understood by looking at the values x2m and xb.
Fig. 1. Modified restoring arm curve with external excitation

The unknown parameters k1* and k3* are determined by the
numerical solution of the system of the equations (20)–(25)
which are derived by making the following assumptions:
• x1st is the intersection point of the modified gz curve and
the maximum external excitation lever x3m determined
by the equation (20).
• The roll angular velocity x2 gets its highest value (x2m)
when the roll angle is zero. Then, the equation (21)
is obtained by putting x2m and 0 instead of x2 and x1,
respectively, in the equation (17).
• It is assumed that the ship must have the half of the
maximum roll angular velocity (x2m) at the reference
angle of heel (x1ref ). Then, the equation (22) is obtained by
putting (x2m/2) and x1ref instead of x2 and x1, respectively,
in the equation (17).
• In the equation (23), it is stated that the ship must have
the residual arm hres at the roll angle xa. The value of hres
is determined by the following condition:
x1st ≤ 15° then hres = 0.01
x1st > 15° then hres = 0.01 x1st – 0.05.
• The equation (24) shows that the coefficient k1* depends on
x2m and xb and is obtained by dividing the equation (11) by
K constant and assuming that the energy on the boundary
is equal to (x2m2/2) and the width of safe basin is xb.
• The width of the safe basin (xb) is assumed to be equal to
the expression represented by the equation (25). When
x 4 and x1st get higher values, the width of safe basin
decreases.

(c1 – k1* ) x1st – c3x31st – x3m = 0

(20)

DATA FOR ROLLING MOTION
EQUATION
In this study, the data of a fishery research vessel [6] is used
to test the criteria based on Lyapunov function. The main
parameters of the ship model are given in Tab. 1.
Tab. 1. List of ship parameters
I

5540 × 107 kg m2

Δ

2017 × 107 N

b44

0.095 s-1

b44q

0.0519

c1

1.153 s-2

c3

0.915 s-2

ω0

1.074 rad/s

xv

1.1 rad

The parameters α, β and γ in the second order linear filter
equation (4) and (5) are presented in Tab. 2 [6].
Tab. 2. List of second order linear filter parameters
Sea States

Hs(m)

Tp(s)

α

β

γ

Sea State 1

4.0

11.0

0.495

0.366

0.0432

Sea State 2

5.0

12.0

0.441

0.364

0.0498

Sea State 3

6.0

13.0

0.390

0.365

0.0555

RESULTS
(21)

(22)

(c1 – k1* ) xa – c3 xa3 – x3m – hres = 0

(23)

k1* = (x2m ⁄ xb )2

(24)

xb = 0.8 xv – x1st – xa

(25)

In this section, for three sea states [6], the safe basins of
roll motion of the fishery vessel are obtained from both the
numerical solutions of the equation system (6)–(9) and the
equation system (20)–(25) created by means of Lyapunov
Direct Method. Then, the safe basins of roll motion of the
fishery vessel, obtained in different ways, are compared.
Firstly, the equation system (20)–(25) are numerically
solved with different initial conditions of x2m, xa and x3m.
The output of the equation system (20)–(25) for the fishery
vessel is presented for different initial conditions in Tab. 3–6
for Sea state 1 and Tab. 7–8 for Sea state 3. In each table, the
highest values of x2m and xb which gives the largest safe basin
are marked bold.
POLISH MARITIME RESEARCH, No 3/2019
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Tab. 3. The outputs for Sea state 1 with the initial
values of x1st = 0.1, k3=0.2, xa = 0.5 and x3m = γ ⁄ (2α√2β)

Tab. 6. The outputs for Sea state 1 with the initial
values of x1st = 0.1, k3=0.2, xa = 0.75 and x3m = γ ⁄ (α√2β)

Initial
x2m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

Initial
x2m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

0.1

0.126

0.301

0.397

0.357

0.1

0.182

0.210

0.433

0.265

0.2

0.119

0.308

0.397

0.364

0.2

0.191

0.207

0.431

0.259

0.3

0.114

0.312

0.397

0.369

0.3

0.191

0.204

0.432

0.257

0.4

0.104

0.322

0.396

0.380

0.4

0.168

0.219

0.436

0.276

0.5

0.119

0.311

0.395

0.366

0.5

0.176

0.210

0.439

0.265

0.6

0.108

0.326

0.388

0.384

0.6

0.173

0.211

0.440

0.266

0.7

0.106

0.323

0.394

0.380

0.7

0.178

0.212

0.435

0.267

0.8

0.122

0.311

0.392

0.366

0.8

0.199

0.198

0.433

0.248

0.9

0.121

0.312

0.393

0.366

0.9

0.161

0.229

0.431

0.288

1.0

0.114

0.318

0.394

0.373

1.0

0.193

0.204

0.431

0.256

Tab. 4. The outputs for Sea state 1 with the initial
values of x1st = 0.1, k3 = 0.2, xa = 0.75 and x3m = γ ⁄ (2α√2β)

Tab. 7. The outputs for Sea state 3 with the initial
values of x1st = 0.1, k3 = 0.2, xa = 0.5 and x3m = γ ⁄ (2α√2β)

Initial
x2m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

Initial
x2m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

0.1

0.131

0.304

0.393

0.356

0.1

0.165

0.234

0.425

0.289

0.2

0.105

0.323

0.394

0.381

0.2

0.169

0.233

0.423

0.288

0.3

0.108

0.320

0.395

0.377

0.3

0.162

0.236

0.426

0.292

0.4

0.114

0.312

0.397

0.369

0.4

0.158

0.243

0.423

0.299

0.5

0.121

0.309

0.395

0.364

0.5

0.155

0.246

0.423

0.302

0.6

0.119

0.310

0.395

0.366

0.6

0.154

0.247

0.422

0.304

0.7

0.122

0.308

0.394

0.363

0.7

0.167

0.238

0.421

0.292

0.8

0.123

0.308

0.394

0.363

0.8

0.174

0.235

0.419

0.287

0.9

0.123

0.309

0.394

0.364

0.9

0.173

0.235

0.419

0.288

1.0

0.125

0.303

0.399

0.356

1.0

0.173

0.235

0.419

0.288

Tab. 5. The outputs for Sea state 1 with the initial
values of x1st = 0.1, k3=0.2, xa = 0.5 and x3m = γ ⁄ (α√2β)

Tab. 8. The outputs for Sea state 3 with the initial
values of x1st = 0.1, k3=0.2, xa = 0.75 and x3m = γ ⁄ (2α√2β)

Initial
x2m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

Initial
x2m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

0.1

0.178

0.203

0.443

0.259

0.1

0.177

0.234

0.417

0.285

0.2

0.182

0.203

0.441

0.257

0.2

0.200

0.218

0.415

0.265

0.3

0.185

0.206

0.434

0.261

0.3

0.170

0.238

0.419

0.292

0.4

0.171

0.214

0.437

0.272

0.4

0.169

0.238

0.420

0.292

0.5

0.182

0.209

0.434

0.264

0.5

0.152

0.251

0.420

0.308

0.6

0.174

0.213

0.436

0.270

0.6

0.157

0.244

0.423

0.301

0.7

0.182

0.210

0.433

0.264

0.7

0.176

0.233

0.419

0.285

0.8

0.180

0.210

0.436

0.264

0.8

0.177

0.232

0.419

0.285

0.9

0.193

0.206

0.429

0.258

0.9

0.167

0.239

0.420

0.293

1.0

0.193

0.201

0.434

0.253

1.0

0.158

0.246

0.420

0.302
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The highest values of x2m and xb are presented for different
maximum excitation levers (x3m) in Tab. 9–14 for Sea state 1,
Sea state 2 and 3, respectively. As can be seen from the
tables, the percentage difference between the highest values
of x2m and xb obtained by using the initial value of xa = 0.5
and xa = 0.75 is less than 2. The solution of the equation
system shows the same characteristics for different initial
conditions.
The size of the safe basins is highly dependent on the
selection of the value of x 3m which is the greatest value of x 3
(the ratio of the external random wave excitation moment
and the virtual mass moment of inertia). Selecting small
value of x 3m results in not representing of sea state and
also that the safe basin is greater than expected whereas
selecting bigger value of x3m causes safe basin smaller than
expected.
While comparing the safe basins obtained by the numerical
solutions of the equation system (3)–(6) and equation system
(19)–(25), the value of x3m is assumed equal to γ / (
).
The values of x2m and xb used for obtaining the safe basins
are presented in Tab. 15.

The boundary of the analytical safe basin is determined
by Eq. (26).

Tab. 9. The highest values of x2m and xb for Sea state 1
with the initial values of x1st = 0.1, k3 = 0.2 and xa = 0.5

Tab. 12. The highest values of x2m and xb for Sea state 2
with the initial values of x1st = 0.1, k3 = 0.2 and xa = 0.75

(26)

Secondly, the initial condition for rolling is selected by
defining the bounded area (AB) as follows:

AB = {(x1, x2): 0 ≤ x1 ≤ 1,0 ≤ x2 ≤ 1}

(27)

where AB is divided into the mesh of 58 × 58 points which
are taken as the initial values for the solutions of the fourdimensional state space equations (6–9).
The equation system of rolling motion in random beam
seas are numerically integrated by using the Euler Maruyama
(EM) method [17] for different initial conditions as defined in
Eq. (27) in order to investigate existence of a safe basin until
either the roll angle exceeds a capsizing criterion reaching the
point where the ship is assumed to capsize or the simulation
end time (equal to 3000s in this study) is reached, in which it is
assumed that the ship will remain upright [15, 19, 23, 26–28].

x3m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

x3m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

γ ⁄ (3α√2β)

0.062

0.383

0.377

0.441

γ ⁄ (3α√2β)

0.082

0.346

0.394

0.404

γ ⁄ (2α√2β)

0.108

0.326

0.388

0.384

γ ⁄ (2α√2β)

0.112

0.299

0.410

0.358

γ ⁄ (α√2β)

0.171

0.214

0.437

0.272

γ ⁄ (α√2β)

0.190

0.176

0.458

0.232

3γ ⁄ (2α√2β)

0.199

0.156

0.467

0.213

3γ ⁄ (2α√2β)

Tab. 10. The highest values of x2m and xb for Sea state 1
with the initial values of x1st = 0.1, k3 = 0.2 and xa = 0.75

No Region for some initial conditions (x2m = 0.7)

Tab. 13. The highest values of x2m and xb for Sea state 3
with the initial values of x1st = 0.1, k3 = 0.2 and xa = 0.5

x3m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

x3m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

γ ⁄ (3α√2β)

0.064

0.375

0.382

0.434

γ ⁄ (3α√2β)

0.100

0.327

0.393

0.387

γ ⁄ (2α√2β)

0.105

0.323

0.394

0.381

γ ⁄ (2α√2β)

0.154

0.247

0.422

0.304

γ ⁄ (α√2β)

0.161

0.229

0.431

0.288

γ ⁄ (α√2β)

0.216

0.138

0.473

0.192

3γ ⁄ (2α√2β)

0.208

0.145

0.474

0.198

3γ ⁄ (2α√2β)

Tab. 11. The highest values of x2m and xb for Sea state 2
with the initial values of x1st = 0.1, k3 = 0.2 and xa = 0.5

No Region for some initial conditions (x2m = 0.8)

Tab. 14. The highest values of x2m and xb for Sea state 3
with the initial values of x1st = 0.1, k3 = 0.2 and xa = 0.75

x3m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

x3m

x1st
(rad)

x2m
(rad/s)

xa
(rad)

xb
(rad)

γ ⁄ (3α√2β)

0.083

0.355

0.383

0.414

γ ⁄ (3α√2β)

0.104

0.319

0.399

0.376

γ ⁄ (2α√2β)

0.115

0.291

0.413

0.352

γ ⁄ (2α√2β)

0.152

0.251

0.420

0.308

γ ⁄ (α√2β)

0.182

0.183

0.457

0.241

γ ⁄ (α√2β)

0.213

0.134

0.481

0.186

3γ ⁄ (2α√2β)

No Region for some initial conditions (x2m = 0.8)

3γ ⁄ (2α√2β)

No Region for some initial conditions (x2m=0.8)
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Safe basin is a set of initial conditions defined in the space
of roll angle and roll angular phase [15, 19, 23, 26–28]. The safe
initial conditions which are represented by white points do
not cause the ship to capsize, whereas unsafe initial conditions
leading to capsizing of the ship are represented by black points
[15, 23, 26–28].
The numerically and analytically obtained safe basins of
the ship are shown in Figs. 2–4. In the figures the analytically
determined boundaries are represented by a black line and
the black points are the unsafe initial conditions. As can be
seen from these figures, the number of the initial conditions
causing the ship to capsize rapidly increases by the increment
of sea state and also the analytically obtained safe basin appears
smaller. It can be deduced from these figures that the boundary
of safe basin obtained by Lyapunov’s function is coherent with
the numerical results, though more conservative.

Fig. 2. Boundary of safe basin for Ship 1 and Sea state 1

• x1st is the intersection point of modified restoring arm
and maximum value of external excitation arm.
• The roll angular velocity reaches its highest value (x2m)
when the roll angle is zero.
• The ship must have the half of the maximum roll angular
velocity at the reference angle of heel determined by x1st.
• The ship must have a residual arm of hres at the roll angle
xa. The magnitude of hres is determined by x1st.
The Lyapunov function is derived by the maximum roll
angular velocity (x2m) and the width of safe basin (xb). Values
of x2m and xb are obtained from the solution of the equation
system (20)–(25).
The necessary parameters of the equation system are:
the restoring moment coefficients (c1, c3), damping moment
coefficients (b44, b44q), linear filter parameters (α, β, γ), the
greatest value of the ratio of the external random wave
excitation moment and the virtual mass moment of inertia
(x3m), as well as initial values of x2, x1st, k3* and xa. The way
of selection of x3m and initial values of x2, x1st, k3* and xa is
explained in Section 5.
With the existence and size of the safe basin obtained by
Lyapunov function, it is possible to define whether the ship
is stable or not in an examined sea state.
From the results of this study it can be concluded that the
existence and size of the safe basin obtained by Lyapunov
function can be used to derive an intact stability criterion
to define a rule for the intact stability of ships.

REFERENCES
1. Balcer L.: Location of ship rolling axis, Polish Maritime
Research, vol. 11, no. 1, pp. 3–7, 2004.
2. Biran, A. B.: Ship Hydrostatics and stability. ButterworthHeinemann, Oxford, 2003.

Fig. 3. Boundary of safe basin for Ship 1 and Sea state 2

3. Belenky, V. L. and N. B. Sevastianov Stability and Safety of
Ships: Risk of Capsizing (2nd ed), SNAME, Jersey City, 2007.
4. Caldeira-Sariava, F.: The boundedness of solutions of a Leinard
Equation arising in the theory of ship rolling. IMA J. Appl.
Math, 36, pp. 126–139.
5. Chai W., Naess A. and Leira B. J.: Filter models for prediction
of stochastic ship roll response, Probab. Eng. Mech., 41,
pp. 104–114, 2015.

Fig. 4. Boundary of safe basin for Ship 1 and Sea state 3

CONCLUSIONS
In this study, the Lyapunov function is derived for the 4D
system describing the roll motion in beam seas. The Lyapunov
function is derived under the following assumptions:

12

POLISH MARITIME RESEARCH, No 3/2019

6. Chai W., Naess A., and Leira B. J.: Stochastic dynamic analysis
and reliability of a vessel rolling in random beam seas, J. Ship
Res., 59(2), pp. 113–131, 2015.
7. Chai W., Naess A. and Leira B. J.: Stochastic nonlinear ship
rolling in random beam seas by the path integration method,
Probab. Eng. Mech., 44, pp. 43–52, 2016.
8. Chai W., Naess A. and Leira B. J.: Long-term extreme response

and reliability of a vessel rolling in random beam sea, J.
Offshore Mech. and Arctic Eng., 140, 11601, pp. 1–9, 2018.

diagram- a new method of quantifying stability analysis. J.
Ship Res. 35 (1), pp. 58–92. 1991.

9. Dostal L. and Kreuzer E.: Probabilistic approach to large
amplitude ship rolling in random seas, Proceedings of the
Institution of Mechanical Engineers. Part C, Journal of
Mechanical Engineering Science, 225, pp. 2464–2476, 2011.

24. Roberts J.: A Stochastic Theory for Nonlinear Ship Rolling in
Irregular Seas, J. Ship Res., 26(4), pp. 229–245, 1982.

10. Dostal L., Kreuzer E. and Namachchivaya: Non-standard
stochastic averaging of large-amplitude ship rolling in random
seas, Proceedings of the Royal Society A, 258, pp. 1–25, 2012.
11. Haddara M.: Modified approach for the application of Fokker
– Plank equation to the nonlinear ship motions in random
waves. Int. Shipbuilding Prog., 21(242), pp. 283–288, 1974.
12. Hutchison B. L.: The transverse plane motions of ships,
SNAME Marine Tech., vol. 28, No. 2, pp. 55–72, 1991.
13. Jiang C., Troesch A. and Shaw, S.: Capsize criteria for ship
models with Memory-Dependent Hydrodynamics and
Random Excitation, Philos. Trans. R. Soc. Lond. Ser. A,
358(1771), pp. 1761–1791, 2000.
14. Jiang C.: Highly nonlinear rolling motion leading to capsize,
University of Michigan, Ann Arbor, 1995.

25. Schurz H.: Verification of Lyapunov functions for the analysis
of stochastic Lienard equations. J Sound Vib., 325: pp. 938–49,
2009.
26. Soliman, M.S., Thompson, J.M.T.: Transient and steady state
analysis of capsize phenomena. Appl. Ocean Res. 13 (2),
82–92, 1991.
27. Thompson, J.M.T.: Loss of engineering integrity due to
the erosion of absolute and transient basin boundaries,
Proceedings of IUTAM Symposium on the Dynamics of
Marine Vehicles and Structures in Waves, pp. 313–320, 1989.
28. Ucer E.: Examination of the trawlers in beam seas using safe
basins, Ocean Eng., 38(17-18), pp. 1908–1915, 2011.
29. Yilmaz H.: Analyzing form parameters of fishing vessels point
of view of practical stability criteria in preliminary design
stage, Yildiz Technical University, Istanbul, 1998.

15. Karakas S. C., Pesman E. and Ucer E.: Control design of ﬁn
roll stabilization in beam seas based on Lyapunov’s direct
method, Polish Maritime Research, No 2(73) Vol. 19,
pp. 25–30, 2012.
16. Kushner H. J.: Stochastic stability and control, Academic
Press, New York, 1967.
17. Kloden PE, Platen E: Numerical solution of stochastic
differential equations. New York: Springer; 1995.
18. La Salle, J.P. and Lefschetz, S.: 1961. Stability by Lyapunov’s
Direct Method with Applications. Academic Press, New York.
19. Long, Z.Z., Lee, S.K., Kim, J.Y.: Estimation of survival
probability for a ship in beam seas using the safe basin, Ocean
Eng. Vol: 37, 418–424, 2010.
20. Moshchuk N., Ibrahim R. A. and Khasminskii R.: Response
statics of ocean structures to nonlinear hydrodynamics loading
Part I: Gaussian ocean waves, Jounal of Sound and Vibration,
184(4), pp. 681–701, 1995.
21. Odabasi, A.Y.: Stochastic stability of ships in following seas,
Schiff &Hafen, 3, pp. 223–226, 1979.
22. Ozkan, I.R.: Total (practical) Stability of ships, Ocean Eng.,
8, pp. 551–598.
23. Rainey, R.C.T., Thompson, J.M.T.: The transient capsize
POLISH MARITIME RESEARCH, No 3/2019

13

CONTACT WITH THE AUTHORS
Erdem Üçer
e-mail: ucerer@itu.edu.tr
Istanbul Technical University
Faculty of Naval Architecture and Ocean Engineering
Ayazaga Campus, 34469 Istanbul
Turkey

14

POLISH MARITIME RESEARCH, No 3/2019

POLISH MARITIME RESEARCH 3 (103) 2019 Vol. 26; pp. 15-21
10.2478/pomr-2019-0041

ANALYSIS AND EXPERIMENTS OF EMBEDDED GRIPPING
MECHANISM USED IN LARGE-SCALE TOOLS HOLDING
UP PILE FOUNDATION IN OCEAN
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ABSTRACT

With the rapid development of the marine economy and continuous improvement of the industry, the scale of the
offshore engineering is increasing. This raises interest in studying, theoretically and experimentally, gripping and
bearing mechanisms for large-scale holding and lifting tools used in foundation pile installations. In this paper, the
embedded gripping mechanism is studied based on the theory of elastic-plastic mechanics. The embedded and bearing
performance of the tooth is simulated and the influence factors are studied. In addition, the device used in the simplified
embedded experiment on the tooth of the embedded block is designed. The relationship between embedded depth, load,
and tooth profile angle is identified and validated. Meanwhile, the embedded performance of linear and ring type
teeth is compared experimentally in order to select the suitable type of tooth for various situations. This comparison
makes the basis for designing an upending gripper for the marine pile foundation, which can realize the operation of
holding the pile to prevent its falling.

Keywords: pile foundation; gripping; embedded mechanism; embedded depth; upending gripper

INTRODUCTION
With the development of economy, the demand for
energy increases. The exploitation of offshore oil and wind
becomes an important direction of energy development [1, 2].
Underwater installation of marine foundation piles is one of
the key technologies used in installation of offshore platforms
and wind turbines [3]. Since the marine foundation piles
have several characteristic features, such as large diameter,
length, and weight, large-scale holding and lifting tools are
used for their installation [4]. In this context, it is advisable to
study, theoretically and experimentally, gripping and bearing
mechanisms for large-scale holding and lifting tools used for
installation of foundation piles in offshore areas.
There are numerous foreign large-scale holding and lifting
tools, but their specific principles and research methods are
seldom available [5, 6, 7]. In China, many domestic scholars
have done theoretical and experimental research in this area

[8, 9, 10]. The contact pressure and extrusion conditions of the
pressing block tooth have been obtained based on the finite
element analysis. In 2006, an optimal design was introduced
into the structure of the pressing block tooth for underwater
skirt pile gripper by some scholars from Harbin Engineering
University. In 2007, Liang, F.H. et al. of Tianjin University
proposed making a tooth or groove on the piston surface to
increase friction. In that paper, the finite element analysis
was used to choose the number of hydraulic pressure vats
distributed in the pile gripper [11]. In 2008, Jiang, Y.C. et al.
of Tianjin University put forward a design of the controlled
friction skirt pile gripper, and used ANSYS software to obtain
the relationship between stress, strain, and force for different
pile diameters and wall thickness [12]. In 2009, Li, H.L.
et al. of CNOOC completed the experimental examination
of mechanical performance of the clamping block [13]. The
ultimate load experiment was concluded with the relation
between the clamping force and the maximum lifting force
POLISH MARITIME RESEARCH, No 3/2019
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for clamping blocks made of different materials. In 2011, the
mechanical model of contact between pressing block teeth and
a steel pile was developed by Jiang, P.R. and Fang, X.M. of Harbin
Engineering University [14]. The mechanical performance of
the pressing block teeth and the steel pile was examined. In
2013, Li, T.Q. of CNOOC worked out the structural design
of the suspension tool. He also analyzed variations of the
clamping force, which increased with the increase of the angle
between the pile and the horizontal plane [15]. The clamping
performance of the Pile Pending Device (PPD) was researched
by the company IHC in 2015 [16]. The conclusion from their
research was that when the number of uniformly distributed
wedge assemblies covers more than 50% of the circumference
of the base ring, the clamping effect is better [17].
Up to the present, most researches have focused on the
principle and feasibility of large-scale holding and lifting tools,
and on contact problems between the pressing block teeth
and the steel pile. Another research issue was optimization of
pressing block tooth type via the finite element analysis and
experimental validation. A few researches investigated damages
to the foundation piles and their bearing capacity introduced by
the embedded gripping mechanism. In this paper, the damage to
the foundation piles is researched in the simplified experiment
on the tooth of the embedded block. Moreover, the embedded
performance of linear and ring type teeth is compared. The
embedding process performed with the embedded gripping
mechanism is analyzed using the finite element simulation.

material. As shown in the figure, different embedded blocks
with different types of teeth and tooth profile angles were
examined to find the relationship between the embedded
performance and the tooth type and profile angle.

SIMPLIFIED METHOD OF EXPERIMENT
ON EMBEDDED BLOCK TOOTH

Fig. 3. Diagram of indirect measurement of embedded depth

As Fig. 1 shows, the device used in the simplified experiment
on the tooth of the embedded block was designed not only to
simulate the force acting between the tooth and the pile, but
also to examine the pile deformation and damage.

Fig. 2. Plates of piles and embedded block

During the experiment, the embedded block was placed
on the wedge-shaped slider which was installed respectively
on both sides of the fixed wedge block, as shown in Fig. 3.

The plate representing the pile was placed in the main
framework to contact with the tooth of the embedded block.
The hydraulic jack was installed on the main framework to
apply load, which then was measured by the pressure sensor.
The embedded depth was calculated by measuring the distance
between the wedge-shaped slider and the pile plate before and
after the experiment. To extend the range of generality of the
results of the experiment, different embedded blocks with
different tooth types and profile angles were used.

RESULTS OF THE EXPERIMENT
ON EMBEDDED BLOCK TOOTH

Fig. 1. Device used in simplified embedded experiment

In practice, the diameter of the pile is very large, compared
to the size of the embedded block. Therefore, plates were
used in the experiment instead of piles, as shown in Fig. 2.
When measuring the embedded depth, the material of the
used plates was Q235, the yield strength of which is relatively
low and the embedded depth was larger than that of the pile
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As shown in Tab. 1, in the simplified experiment on the
tooth of the embedded block, the embedded blocks of the same
linear tooth type but with different tooth profile angles were
examined under different pressures. The embedded depth
corresponding to each load step was recorded. The average
value was obtained from the data of several experiments.
Finally, the curve representing the relationship between the
load and the embedded depth was drawn.
When the tooth profile angle was the same, the load
increase resulted in the increase of the embedded block depth.
When the load was the same, the increase of the tooth profile
angle resulted in the decrease of the embedded block depth,
as shown in Fig. 4.

Tab. 1. .Embedded depth of different angle of tooth profile
Angle
of tooth
profile
(°)

Load
(T)

Embedded
depth
(mm)

75

1.20
1.50
1.60
1.68
1.78
2.02
2.09
2.44
2.60
2.83
3.00
3.17
3.47

0.12
0.20
0.23
0.25
0.28
0.31
0.33
0.35
0.38
0.40
0.42
0.45
0.47

1.15
1.35
1.50
1.69
1.80
2.02
2.36
2.54
2.69
2.97
3.14
3.30
3.55

0.08
0.11
0.14
0.16
0.18
0.21
0.24
0.25
0.27
0.30
0.32
0.34
0.37

95

Tab. 2. Embedded depth of different type of the tooth

Angle
of tooth
profile
(°)

Load
(T)

Embedded
depth
(mm)

85

1.20
1.48
1.62
1.72
1.84
2.10
2.20
2.44
2.67
2.80
2.96
3.36
3.55

0.10
0.16
0.18
0.20
0.22
0.26
0.28
0.31
0.33
0.35
0.38
0.42
0.44

1.18
1.48
1.57
1.67
1.81
2.07
2.38
2.52
2.65
2.95
3.13
3.40
3.53

0.06
0.09
0.11
0.12
0.13
0.16
0.18
0.20
0.22
0.24
0.27
0.29
0.30

105

Fig. 4. Curve between the load and the embedded depth

During the experiment, no embedded block breakup was
recorded, as shown in Fig. 5. The indentation of the embedded
block for the tooth profile angle of 75° was deep and narrow,
while for the angle of 105° it was shallow and wide. In practice,
deep and narrow indentation has higher stress concentration,
therefore a larger tooth profile angle should be chosen,
provided that the bearing load condition is met.

Linear
type of
tooth

Load
(T)

Embedded
depth
(mm)

Load
(T)

Embedded
depth
(mm)

1.20

0.10

1.37

0.09

1.48

0.16

1.50

0.11

1.62

0.18

1.61

0.13

1.72

0.20

1.74

0.14

1.84

0.22

1.93

0.15

2.10

0.26

2.05

0.17

2.20

0.28

2.26

0.19

2.44

0.31

2.48

0.21

2.67

0.33

2.66

0.23

2.80

0.35

2.77

0.24

2.96

0.38

2.98

0.27

3.36

0.42

3.36

0.31

3.55

0.44

3.50

0.32

Ring
type of
tooth

The experimental data shown in Tab. 2 reveal that the
embedded depth of the ring type tooth is significantly smaller
than that of the linear type tooth. The reason is that the contact
length of the ring type tooth is longer than that of the linear
type tooth, consequently the damage of the plate is smaller
under the same load.
When the parallelism between the tooth and the pile plate
was deteriorated in the experiment, the phenomenon of
uneven contact occurred. Since the contact trace of the linear
type tooth was a straight line, this reduced the phenomenon
of uneven contact to a certain extent, as shown in Fig. 6.

Fig. 6. Uneven indentation of embedded blocks

Fig. 5. Indentation of embedded blocks

The embedded performance of the linear and ring type
teeth was compared experimentally. The embedded blocks
with the same tooth profile angles but of different tooth type
were examined under the same pressure. The embedded depth
corresponding to each load step was recorded.

In practice, the plate damage caused by the ring type tooth
was small, and the ring type tooth could withstand forces
in all directions. In cases when the load changes in various
directions, the ring type tooth should be chosen. The ring
type tooth is structurally simple and convenient in processing.
When the parallelism between the tooth and the pile plate is
poor but the direction of load does not change, the linear type
tooth should be chosen.
POLISH MARITIME RESEARCH, No 3/2019
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ALYSIS AND DISCUSSION
ON THE EMBEDDED GRIPPING
MECHANISM
The analysis on the embedded mechanism between the
embedded block tooth and the pile. The embedded block
increased the friction and provided the bearing capacity for
the pile by embedding into the pile. The embedded mechanism
between the tooth of the embedded block and the pile had
the following characteristics:
1) Compared to the size of the pile, the size of the tooth was
very small and sharp.
2) The stress in the pile caused by the tooth was larger than
the yield strength of the pile, as a consequence of which
the tooth embedded into the pile.
When the pile was clamped, it formed the interactive
compression between the tooth and the pile. Therefore, the
pile yielded and the tooth embedded into the pile. With the
increase of the embedded depth, the metal of the pile slipped
on the face of the tooth and the contact area increased. Once
the limit load was reached, the plastic deformation of the pile
stopped and the metal stopped slipping. Meanwhile, the tooth
stopped embedding into the pile and the process reached the
equilibrium state.
The embedding process between the tooth and the pile is
a complex contact process. It can be simplified to the plane
contact problem. The formula of the embedded depth can be
obtained using the slip line method.
As shown in Fig. 7 (a) and (b), the embedded block with
tooth profile angle 2γ was under the pressure Nn to embed into
the pile. The embedded depth was t, and the normal stress of
the contact surface was q. Considering the frictional force of
the contact surface, the friction shear stress was k.

σ = σn + τs sin2(θ – φ) = – τs

(1)

σ = σn + τs sin2(θ – φ) = – q

(2)

Along with the slip line, the equation can take the form
of the Hencky equation:

σ + 2kθ = Cβ

(3)

By considering (1), (2) and (3), the equations can be set
up as:

(4)

If the slip line is straight, σ, θ, Cα, and Cβ are constant along
the line. Consequently, Cβ1 = Cβ2 = constant.
Therefore, the equation can take the form:
(5)

Based on the known condition, the force equilibrium
equation was set up:

Nn = (lOA + lOB) (q sin γ + τs cos γ)

(6)

where, lOA = lOB =
The formula of the embedded depth can be obtained after
substituting (5) into (6):

(7)

The curved surface shown in Fig. 8 represents the
relationship between the embedded depth of the block, the
applied load, and the used tooth profile angle.

a)

b)
Fig. 7. Force diagram between the tooth and the pile

Due to the symmetry of the problem, the direction of
the pile slip line was determined by examining half of the
tooth. AD was the slip line of the area ADC, according to the
direction of the maximum principal stress. Then, AO was the
slip line of the area AOD, according to the direction of the
maximum shear stress.
The average stress on the boundaries AC and AO can be
illustrated by the boundary normal stress component σn, the
yield stress of pile material τs, the angle θ between the slip
line and the x-axis, and the angle φ between the boundary
normal and the x-axis.
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Fig. 8. Curve of the embedded depth

It reveals that the embedded block depth increases with
the increase of load and the decrease of tooth profile angle.
This result is consistent with the experiment, on the whole. In
order to avoid pile failure and the decrease of ultimate bearing
capacity of the tooth caused by improper embedded depth,
the embedded blocks with appropriate tooth profile angles
should be chosen, and appropriate loads should be applied.
The simulation analysis on the embedding process of
embedded block tooth. The embedding process of the tooth

a)

a)

b)

b)
Fig. 9. Elastic and plastic strain of the pile

Fig. 10. Equivalent stress of the pile and embedded depth

belongs to the category of nonlinear processes, which not only
require advanced and time-consuming calculations, but are
also difficult to converge. Therefore, the finite element models
of the tooth and the pile were described by plane elements. To
improve the calculation accuracy and speed, the mesh was
refined at the location where the tooth embedded into the
pile, while in other places, a coarsened grid was used. The
contact model between the tooth and the pile was established,
in which the tooth and the pile were the contact body and
the target body for each other.
The simulation analysis was carried out with the tooth
of the embedded block and the pile. In the simulation, the
embedded block with tooth profile angle of 90° was under
the pressure of 30 MPa. To find the embedded depth of the
tooth, the pile was analyzed separately.
The pile generated elastic deformation at the location where
the tooth embedded into it under the applied load. When the
elastic deformation reached the maximum, the pile entered
the stage of plastic deformation. The elastic and plastic strain
regions are shown in Fig. 9. The region of elastic strain is
obviously larger than that of plastic strain. The maximum of
elastic strain was 0.0033, and the maximum of plastic strain
was 0.495, as shown in the figure.
The equivalent stress of the pile gradually increased along
the direction of thickness at the location where the tooth
was embedded under the applied load, as shown in Fig. 10.
The equivalent stress reached a maximum of 657.18 MPa
and was above the yield strength of the pile material, as
a consequence of which the tooth embedded into the pile
to the depth of 0.186 mm.
A small axial displacement was subjected to the top of the
pile. The ultimate bearing capacity of the tooth was obtained

by applying the constraint force in the simulation. It was equal
to 313.93 kN under the pressure of 30 MPa.
Similarly, different loads were applied to the embedded
blocks with different tooth profile angles to simulate the
embedding process. The curved surface of the embedded
depth, load, and tooth profile angle obtained from the
simulations is shown in Fig. 11.

Fig. 11. Curve of the embedded depth

Changes of the theoretical value, the simulation value,
and the experimental value of the embedded depth were
basically the same. However, the experimental value was
larger than the theoretical value and the simulation value.
The theoretical value, which was studied by the slip line
method, was closer to the experimental value. The embedded
depth measured in the experiment included not only the
deformation of the pile, but also the elastic deformation of the
tooth. Besides, the embedded depth was obtained by indirect
measurement in the experiment. The measurement errors
made the experimental value larger than the theoretical
value and the simulation value.
POLISH MARITIME RESEARCH, No 3/2019
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Design of the pile upending gripper. During pile
installation, the pile upending gripper clamps the pile and
turns it from horizontal to vertical position. This reduces
difficulties and improves the efficiency of the installation
process. When the gripper upends the pile, it clamps the pile
to prevent pile dropping.

effectively increase friction. With the increase of load and the
decrease of tooth profile angle, the embedded block depth
increases. The embedding performance of the linear and
ring type teeth is different. Therefore, they should be used
in different situations.
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CONDITIONS OF SAFE SHIP OPERATION IN SEAPORTS –
OPTIMIZATION OF PORT WATERWAY PARAMETERS
Stanisław Gucma
Maritime University of Szczecin, Poland

ABSTRACT

A seaport is presented in this article as a system composed of various types of waterways. The author has defined
relationships between port waterway system elements and conditions of safe operation of ships in port. Relationships
were determined between the conditions of safe operation of ships and the parameters of the following port waterways:
anchorage, fairways (approach and inner channels, port entrances), turning area and port basin. The identified
relationships between port waterway system and conditions of safe ship operation provided a basis for formulating
the objective function of waterway parameter optimization during port design. In practice, these relations were used
to determine the parameters of the Outer Container Terminal being built in Świnoujście, where two optimization
problems were to be solved:
1. The optimization of approach channel parameters,
2. The optimization of parameters of the port entrance, turning area and port basin.
The Outer Container Terminal in Świnoujście is expected to handle ocean-going ships with a length overall Lo = 400 m,
and its projected capacity is estimated at 1.5 million TEU per year, a figure that can be doubled in the future.

Keywords: marine traffic engineering, sea port, waterways, optimization of port parameters, simulation methods of optimization.

INTRODUCTION
The seaport is a system consisting of set of various
waterways (harbour areas) such as: anchorages, fairways,
turning areas and basins. The parameters of individual types
of waterways are a function of the safe operation of ships
manoeuvring in these waterways [Gucma S. 2015].
Conditions for the safe operation of ships are defined
by basic parameters of a ‘maximum ship’ that can safely
maneuver on a given waterway in the allowable for this
manoeuvre hydrometeorological conditions. Conditions for
the safe operation of ships in particular types of waterways
differ and are otherwise determined.
Conditions for the safe operation of ships in port regarded
as a system composed of various types of waterways are
dependent on the conditions of safe operation of ships on
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each specific waterway within the port, while the parameters
of each waterway belonging to the port are determined by
the conditions of safe operation of ships manoeuvring in
that area.
The article defines and determines the above relations, i.e.:
• conditions for safe operation of ships manoeuvring in
a port as a waterway system,
• conditions for safe operation of port waterways,
• relationships between port waterway parameters and the
conditions for their safe operation.
These relationships enable optimisation of port parameters,
i.e. the functional division of the port, formulation of the
objective function of the functional parts and the optimization
of individual waterways, components of the port.
The defined dependencies of waterway parameters on the
conditions for safe operation of the port and port waterways

were used in the optimization of the parameters of the Outer
Container Terminal under construction in Świnoujście.

THE SEAPORT AS A SYSTEM COMPOSED
OF VARIOUS WATERWAYS

The parameters of elements (subsystems) of each port
waterway section define conditions for safe operation of ships
in the port system. Therefore, the vector of the conditions of
safe ship operation is a function of the port waterway system
parameters:
(1)

The seaport in terms of marine traffic engineering is
a system consisting of a set of the following types of
waterways (port areas), where ships perform characteristic
maneuvers (Fig.1):

where
Wi − vector of safe ship operating conditions in i-th section
of the port waterway,
Ai − subsystem of the area (the i-th section of the port
waterway),
Ni − navigational subsystem (of i-th section of the port
waterway).
Conditions for the safe operation of ships in ports are
subject to two restrictions [IMO 2002; Tsinker G.P. 2004;
Thoresen C.A. 2014; Gucma S. 2015]:
1. The principal maximum parameters (length, breadth,
draft) of vessels that can safely enter the port must be
the same in all waterway sections,
2. Hydrometeorological conditions that allow ships to
manoeuvre are identical for all port waterway sections
except for anchorage (roadstead).
Sea going ferries are considered separately, as allowable
hydro – meteorological conditions for ferries are stricter and
established individually for each ferry, depending on their
parameters and manoeuvrability.
Given the above limitations, conditions for safe operation
of ships in port regarded as a waterway system can be written
in the form of a vector [Gucma S. 2015]:

Wp = [L o , B, T, H p]

(2)

Fig. 1. System of port waterways

• anchorage (roadstead) – anchoring manoeuvre,
• approach channel – passage along the channel,
• port entrance – port entry manoeuvre
• internal fairway (port channel) – port channel passage
manoeuvre,
• turning basin – turning maneuver
• port basin and berth – berth approach and berthing
manoeuvres.
In the port regarded as a system of sea waterways, different
port areas make up separate waterway sections that can be
classed by a number of criteria [Gucma S. et al.: 2015]:
• technical parameters of the port area,
• technical parameters of navigation systems used,
• prevailing hydrometeorological conditions,
• conditions of safe operation.
Each of the sections of the waterway is composed of two
basic elements [Gucma S. 2014]:
1. waterway subsystem,
2. navigational subsystem (ship position determination
subsystem).
These elements affect each other and have an important
impact on the system properties.

where:
Wp − vector of safe ship operating conditions for the whole
port as a waterway system,
Lo − maximum length overall of the ship that can safely
enter the port,
B − maximum breadth of the ship that can safely enter
the port,
T − maximum draft of the ship that can safely enter the
port,
H p − set of hydrometeorological conditions acceptable for
port manoeuvres of a ‘maximum ship’, i.e. ship whose
at least parameter: Lo, B, T has the maximum value.
wherein:

H p = [s, Vw, Vc , Δh]

(3)

where:
s
− allowable visibility,
Vw − allowable wind speed,
Vc − allowable current speed,
Δh − allowable drop of water level.
For anchorages, values Vw, Vc and Δh are adopted without
restrictions concerning the conditions prevailing in the
anchorage area.
POLISH MARITIME RESEARCH, No 3/2019
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CONDITIONS OF THE SAFE OPERATION
OF SHIPS IN PORT WATERWAYS
The subsystems of port waterway areas (Ai) and the vectors
of safe ship operating conditions (Wi) are defined differently
depending on the type of waterway, which involves different
kind of manoeuvres performed by the ship. Port waterways
are divided into four differently defined groups: These are:
1. Anchorages,
2. Fairways, approach channels, innner channels and port
entrances
3. Turning basins,
4. Port basins with quays (berths).
An anchorage is defined by two system components (area
and navigation subsystems), which are a function of the
conditions of safe operation of vessel performing anchoring
manoeuvre:
(4)

The anchorage area subsystem is described by a set of
parameters:
(5)

where:
D a − available navigable area of the anchorage (meeting
a condition of minimum depth),
h a − minimum depth of anchorage.
The navigation subsystem of the anchorage is defined by
a set of parameters:
(6)

where:
M oj − circular error of ship position determined at anchorage
using the j-th navigation system,
m j − availability of j-th navigational system at any time of
day for various visibility conditions.
The conditions of safe ship operation at anchorage during
anchoring manoeuvres and staying at anchor are expressed by
the vector of the ‘maximum ship’ safe operating conditions.

Wa = [L o , B, T, H a]

(7)

where:
H a − the set of hydrometeorological conditions acceptable
for manoeuvring of a ‘maximum ship’ at anchorage.
The set of allowable hydrometeorological conditions of
anchoring H a is limited for some anchorages only by allowable
maximum wind speed (Vwa) and allowable water level drop
(Δha); in such a case:

H a = [Vwa, Δha]

(8)

Fairways and port entrances, like anchorages, are defined
by the area and navigation subsystems, a function of the
conditions of safe operation of vessels manoeuvring therein.
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(9)

The area subsystem is described by this set of parameters:

(10)

where:
ti
− type of i-th fairway section,
li
− length of i-th fairway section,
D(l )i − width of the available navigable area of i-th fairway
section as a function of its length,
hi
− minimum depth of i-th fairway section.
From the viewpoint of marine traffic engineering, the
following types of waterways are distinguished in this group
[Gucma S. et al.: 2015]:
• fairway:
– straight section,
– bend,
• entrance to the port (straight, a bend or combined bends).
The navigation subsystem of the fairway is described by
a set of parameters:

(11)

where:
p(l)ij − accuracy of j-th navigational system in i-th section of
the fairway defined as a function of fairway length l
(directional error perpendicular to the fairway centre
line at a specific level of confidence),
mij − availability of j-th navigational system in i-th section
of the fairway (dependent on the day/night time,
visibility and ownership of the system),
nij − reliability of the j-th navigational system in i-th section
of the fairway (technical reliability),
wij − integrity of the j-th navigational system in i-th
section of the fairway (measure of confidence in the
correctness of information provided by the system).
The conditions of safe ship operation in a fairway are
described by a set of conditions for the safe operation of
a maximum ship in i-th section of the fairway, which is written
as [Gucma S. et al.: 2015]

Wif = [typ, Lo, B, T, Hst, Vi, Ci, H if ]

(12)

where
typ − type of ‘maximum ship’,
Hst − airdraft of ‘maximum ship’ (for passage under bridges),
Vi − allowable speed of ‘maximum ship’ in i-th fairway
section,

Ci
H if

− tug assistance in i-th section of the fairway, if it is
required (required number and bollard pull of tugs),
− set of hydrometeorological conditions acceptable for
a ‘maximum ship’ in i-th waterway section.

H if = [d/n, s, Δhi, Vwi, Vpi, hfi]

A port basin with quays is defined by three subsystems:
area, navigation, quay, which are a function of the conditions
of safe operation of vessel manoeuvring therein.

(13)

where:
d/n − allowable time of day (day or no restrictions),
s
− allowable visibility,
Δhi − allowable drop of water level in the i-th section of
the fairway,
hwi − allowable wave height in i-th section of the fairway.
Conditions of the safe ship operation, defining the
parameters of marine waterway system components, are
defined separately for one-way and two-way traffic. For twoway traffic the conditions of safe fairway operation can be
written as follows:

(20)

The subsystem of the port basin is defined by a set of
parameters, like in the case of turning area:
(21)

The navigation subsystem is defined similarly to that of
fairways, except that the accuracy of the j-th navigational
system is represented by the directional error of ship
position, perpendicular to the berth line and the error of
speed evaluation, the normal to the berth line.
The subsystem of berth and its equipment is described by
a set of parameters:

(14)

whereby in means a ship entering the port and out refers to
a departing ship.
Turning basins, like anchorages and fairways, are defined
by two elements, which are a function of the conditions of
safe operation of vessels manoeuvring therein:
(15)

The subsystem of the turning basin is defined similarly
to the anchorage area subsystem, that is:
(16)

the navigational subsystem, similarly to the fairway, i.e.:

(17)

where:
M oj − accuracy of j-th navigational system (circular error
of position).
The conditions of the safe ship operation in a turning basin
are defined by the vector of maximum ship safe operating
conditions:

Wt = [Lo, B, T, H t]

(18)

while the set of allowable conditions of a turning manoeuvre
can be written as follows:

H t = [d/n, s, Δh, Vw, Vc]

(19)

(22)

where:
Ti − type of the structure of i-th berth,
ki − length of the line of mooring of i-th berth,
bi − fender spacing at i-th berth,
Ei − allowable kinetic energy absorbed by the fender at
i-th berth,
qi − allowable reaction force on 1 m2 of the fender front
panel on i-th berth (allowable unit pressure on the
hull),
υi − allowable speed of propeller streams at the bottom of
the approach area.
The conditions for the safe operation of a ‘maximum ship’
manoeuvring in a port basin and coming to a given berth
are written as a vector:

Wbp = [r, Lo, B, T, Hst, F, M, Mst, nh, Uh, H bp]

(23)

where:
r − type of maneuvers of the maximum ship coming to
a given berth,
F − lateral windage of ‘maximum ship’,
M − main propulsion power of ‘maximum ship’,
Mst − power of bow thrusters of ‘maximum ship’,
nh − number of tugs assisting the berthing of ‘maximum
ship’,
U h − total bollard pull of tugs involved in berthing,
Hbp − the set of hydrometeorological conditions acceptable
during manoeuvring of ‘maximum ship’ to a given berth.
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Hydrometeorological conditions permitted for berthing
manoeuvres of the ‘maximum ship’ are defined similarly to
the case of fairway passage:
Specifying the conditions of safe ship operation in the
port waterway system we distinguish the following berthing
manoeuvres, also dependent on the number of propellers and
thrusters of the ship [Clark I.C. 2009]:
• twin-propeller ships with bow thrusters – berthing
without assistance,
• single-propeller ships with bow thrusters – berthing
without assistance,
• single-propeller ships without thrusters – berthing
without assistance.
• ships berthing with tug assistance.
Depending on the type of berthing ships the vector of
safe operating conditions may be written in various ways
(different set of parameters).

PORT PARAMETER OPTIMIZATION:
THE CASE OF OUTER CONTAINER
TERMINAL CONSTRUCTION
IN ŚWINOUJŚCIE
The optimization of parameters of a typical port including
anchorage, approach channel, port entrance, turning basin
and port basin is performed in two parts:
• optimization of parameters of the approach channel,
• optimisation of parameters of the port basin and turning
basin.
The common characteristics of both optimisation
procedures are:
• conditions of safe ship operation:

Wp = [Lo, B, T, H p]

(24)

For the purpose of optimizing parameters of a newly
designed outer container port in Świnoujście, safe operation
conditions for ingoing ships were determined as follows:
type

Lo

B

T

W p= [container ship, 400m, 60m, 13.0m, Hp]

(26)

while the allowable hydrometeorological conditions for the
entry of maximum ships into that port can be written as
follows (no res. – no restrictions):
d/n

s

Δh

Vw

Vp

hf

Hp= [no res., 1Nm, 0.5m, 10m/s, 1knot, no res.] (27)
To determine the parameters of the outer container port
in Świnoujście two optimisation problems were solved:
1. optimization of the port entrance parameters (with
tugs), turning area and port basin including the berth,
2. optimization of the approach channel parameters.
Such a set of problems results from a differently formulated
objective function and different methods used to solve them.
The optimization of parameters: port entrance, turning
basin and port basin with berths of the Outer Container
Terminal in Świnoujście.
Objective functions for this type of sea waterways system
can be written this form [Gucma S., Ślączka W. 2015; Gucma
S. et al. 2015]:

Z = (A + N + S) → min

(28)

with the constraints:
• safety of ship manoeuvring (one of two),
– condition of navigational safety:

• the expected traffic intensity of ingoing vessels:
(29)

I = [Il, Im, Is]

(25)

which is usually determined for vessel size groups: large (Il),
medium (Im) and small (Is). This division depends on the
projected port capacity and calling ships.
When the port parameter optimization problems are
divided into two parts, port entrance is combined with
approach channel in cases where ships manoeuvre on their
own, or with port and turning basins if ships are to manoeuvre
assisted by tugs.
The parameters of an anchorage are usually determined
and optimized separately. Anchorage parameters, such as
capacity (horizontal dimensions) and minimum depth
are a function of the conditions of the safe operation of
maximum ships at the anchorage, projected vessel traffic
intensity and associated time of ship delays [Groenveld R.,
Hoek C.V.A. 2000].
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– condition of the navigational risk:

Ri ≤ Rakc

(30)

• safety of ship’s mooring.
–condition of the allowable wave height:

hw ≤ hw akc

(31)

where:
Z − cost of the construction and operation of the waterways
system,
A − cost of the construction (reconstruction) of a waterway,
N − construction cost of ship position determination
subsystem (navigation systems),

− ship’s operating costs associated with the passage
through the waterway (waiting for passage, pilotage,
tug assistance, etc.),
Di(t) − navigable area in i-th section of the waterway
(condition of safe depth at instant t is satisfied),
dikz(1–α) − safe maneuvering area of k-th ship performing
a maneuver in i-th section of the waterway in
z-th navigational conditions determined at the
confidence level 1–α,
Ri
− navigational risk when passing i-th section of the
waterway,
Rakc
− acceptable navigational risk,
hxy
− area depth at point (x, y),
Txy
− ship’s draft at point (x, y),
Δxy(1-α) − underkeel clearance at point (x, y) determined at
the confidence level 1–α,
hw
− wave height at berth,
hw akc − wave height acceptable for a particular vessel at
berth.
The costs of construction of the port waterway system of
the outer container terminal in Świnoujście depend on the
size of the navigable area (D), depth of that area (hxy) and
the sheltering breakwater length (lbr), therefore we can write:
S

Z = F (D, hxy, lbr) → min

(32)

In the particular case of Świnoujście Outer Container
Terminal the area depth was determined by the depth of
Pomeranian Bay and accepted as equal to hx,y = 14.5 m. In
this connection the objective function can be written as:

Z = F (D, lbr) → min

(33)

with two constraints:

Fig. 2. Outer Container Terminal in Świnoujście dimensioned as a result
of parameter optimization of the entrance, turning area and the mooring
basin (navigable area D is bounded by a red line) [Report Maritime
University of Szczecin (2017): Detailed specification of parameters
and conditions for safe operation of the Świnoujście Outer Container Port.]

The optimization of parameters of the approach
channel leading to the Outer Container Terminal in
Świnoujście.
The objective function applied in optimisation problems
related to parameters of a fairway composed one-way and
two-way sections is to minimise the cost of its construction
and operation costs accounting for delays of ships for each
size group and projected traffic intensity can be written as
follows [Gucma S. et. al. 2015; Gucma L. et. al. 2016]:

• safety of manoeuvring ships:

di (1–α)

Di

Zr = (Ar + Nr + Ks) → min

with the constraints dependent on the type of fairway traffic:
• one-way fairway,

• safety of mooring ships:

hw ≤ hw akc

(36)

(34)

(35)

The parameter optimization of the Outer Container
Terminal made use of a method specially developed for the
purpose – a two-stage simulation method of optimization
[Report…2017]. In this method the safe maneuvering
area (d ikz (1–α)) was determined on the basis of simulation
test results conducted on full mission bridge simulators
with 3D visualization, operated at the Marine Traffic
Engineering Centre in Szczecin. Wave heights at berths
were determined on the basis of wave analysis carried out
using mathematical models developed at the IBW PAN
(Polish Academy of Sciences).
Figure 2 presents the optimal shapes and parameters of the
entrance, turning basin and berths of the Outer Container
Terminal in Świnoujście.

(37)

• two-way fairway,

(38)

Zr
Ar
Nr

− annual construction costs of waterway (fairway)
system and annual costs of ship delays,
− annual depreciation of the fairway (construction
costs divided by 30 years of depreciation period),
− annual depreciation of non-autonomous navigation
systems (construction costs of these systems
divided by 15 years of depreciation period),
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− annual delay costs for ships using the designed
fairway,
Dj
− available width of the fairway at the bottom
at j-th point of the fairway centre line (the
condition of safe depth at instant t is satisfied),
dj(1–α)
− safe fairway width the at bottom of a ‘maximum
ship’ manoeuvring in preset navigational
conditions at j-th point of fairway centre line,
determined at the confidence level 1–α,
dr, drin, drout − margin of ship’s manoeuvring areas allowing
for the bank effect,
dr s
− traffic separation zone allowing for ship suction
effect,
h
− depth of the fairway,
Δ
− underkeel clearance.
Annual costs of the delays of ships using a specific variant
of the fairway design are calculated from this relationship:

Ks

(39)

where
ll

− projected number of ships in l-th group using
the designed waterway within one year,
tl
− mean time of delay of l-th group ship,
kl
− unit costs of delay of l-th group ship.
Annual costs of delays of ships using the real variant of
the designed waterway construction are calculated by the
method of computer simulation of vessel traffic flows (for 10
year vessel traffic forecast).
The solution of the objective function resulted in an
optimal division of the approach channel into the following
sections (Fig. 3):
• one-way traffic, 2.1 km ÷ 11.0 km of the fairway,
• two-way traffic 11.0 km ÷ 35.6 km of the fairway (buoy
N2).

• one-way section (2.1 km ÷ 11.0 km) D = 220 m,
• two-way section (11,0 km ÷ 35,6 km of) D = 500 m.

SUMMARY
The article defines the port as a system composed of set of
various waterways (anchorage, approach channel, entrance
to the port, turning basin, and port basin with berths). The
conditions have been specified for safe ship operation in port
waterway system and in particular types of port waterways.
In this connection, relationships between the parameters of
individual types of waterway and conditions of safe operation
of ships have been defined. Based on these relations, the
objective function of two port optimization problems has
been calculated.
• optimization of parameters of the port entrance, turning
basin and port basin with berths,
• optimization of parameters of the approach channel.
The optimal division of an approach channel into one-way
and two-way sections is made by the method of computer
simulation of vessel traffic flows.
Optimal parameters of the port entrance, turning basin
and port basin are determined using dedicated two-phase
simulation optimisation methods, in which simulation
experiments are carried out on a ship-handling simulator
with 3D visualization.
The developed methods have been used to determine
optimal parameters of the Outer Container Terminal
currently under construction in Świnoujście, where the
annual container handling capacity is estimated at 1.5 million
TEU. The port is expected to operate ocean-going container
ships with a length overall Lc = 400 m and breadth B = 60 m.
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A CONCEPT DESIGN OF DIESEL – HYDRAULIC PROPULSION
SYSTEM FOR PASSENGER SHIP INTENDED FOR INLAND
SHALLOW WATER NAVIGATION
Czesław Dymarski
Gdańsk University of Technology, Poland

ABSTRACT

This paper presents an analysis of environmental and technical conditions necessary for working out a possibly
most favourable propulsion system for a two – segment passenger ship intended for navigation between Berlin and
Kaliningrad. There are presented various types of propulsion systems for small ships as well as analyzed their possible
applications and consequences. In this work there were taken into account system’s reliability, efficiency, dimensions,
mass and costs of manufacturing, assembling and possible replacing the system components as well as an impact
on maneuverability and natural environment. With taking into account the above mentioned criteria it was finally
found that the diesel-hydraulic system fitted with two azimuthal ducted solid propellers is the most favourable. There
are also presented a schematic propulsion and control diagram, three-dimensional arrangement drawing of system
components as well as assembly drawing of the designed azimuthal propulsion system.

Keywords: ship propulsion systems, hydraulic drive and control, azimuthal propulsion systems

INTRODUCTION
In the contemporary world economy, water transport,
especially intercontinental one plays crucial role as it
makes practically unlimited transport of different goods
in different forms under the lowest cost and possibly lowest
unfavourable influence on natural environment, possible.
The favourable features deal also, however to a lesser degree,
with inland waterway transport. In the West European
countries this mode of transport has a high share in total
amount of transport. In Poland, because of insufficiently
developed inland waterways, this mode of transport plays
a marginal role, and the worse, its share in the overall goods
transport turnover in the years 2000–2014–2015 decreased
from 0,8 to 0,4% and 0,3%, respectively[1]. However it
should be hoped that owing to EU transport policy a chance
appears for restoring proper navigation features of Polish
inland waterways and an appropriate position of Polish
inland waterways navigation, which would mitigate the

30

POLISH MARITIME RESEARCH, No 3/2019

today negative consequences of transport development,
i.e. a distinct domination of car transport both in carrying
goods and passengers.
An European document presently in force which indicates
directions for transport development, including inland
waterways transport, is the so called “White Book” [2], in
which crucial challenges for the transport system up to 2050
are diagnosed. There is taken into account a. o. the necessity
of unification of transport systems of West and East Europe,
limitation of dependence on crude oil as well as reduction
of emission of greenhouse-effect gases. Moreover, there is
also postulated to shift long-range road transport of over
300 km in distance to other transport modes, e.g. water or
railway transport, in the amount of 30% up to 2030.
The present Polish government plans to build in Poland
a network of “water highways”. The international waterways
have to be developed on the rivers: Vistula, Bug, Oder,
Warta and Notec. Cost of the undertaking is estimated at
abt. 70–90 billion zlotys. On 6.03.2017, Andrzej Duda, the

Polish President signed the ratification act concerning the
European agreement on the matter of main inland waterways
of international importance (AGN). The convention makes
it possible for its partners to apply for river development
funds. Hence, favourable conditions are formed to undertake
works on improving technical state of waterways as well as
designing and building modern, more efficient transport
means, more suitable for navigation over Polish inland
waterways.
It should be underlined that already in the years 2003
–2006 similar research and design projects were carried out
by the team of the Ocean Engineering and Ship Technology
Faculty, Gdansk University of Technology, in the frames of the
EU-supported EUREKA project INCOWATRANS – E!3065
(A NEW GENERATION OF ENVIRONMENT FRIENDLY
INLAND & COASTAL SHIPS FOR POLISH EAST–WEST
WATERWAYS).
The project was conducted in cooperation with Warsaw
University of Technology and Wroclaw University of
Technology, Polish Maritime Institute, SINUS design office
as well as the firm INFERT GmbH Rostock. And, after initial
analyzes Gdansk University of Technology was assigned to
work out a design project of two-segment passenger ship
intended for inland waterways navigation on the route between
Berlin and Kaliningrad.
One of the most important and simultaneously difficult
tasks was to design a propulsion system most suitable for the
ship in question. A decisive difficulty of the task resulted from
the fact that the depth of Polish sections of the intended route
did not exceeded 1,2 m in some spots. To solve the problem it
was necessary to work out and analyze several variants of the
system in order to select finally the most appropriate. In view
of the fact that since that time the state of the waterways has
not been improved and the development plans still cover also
inland waterways transport, this author decided to remind
the systems which were earlier considered the most favourable
in the respect of many important criteria, and to analyze
their usefulness.

ENVIRONMENTAL
AND TECHNICAL CONDITIONS
FOR THE PROPULSION SYSTEMS
While designing inland navigation ships it is necessary
to be aware of technical state of an intended navigation
route, particularly its depth, dimensions of locks, minimum
clearance under bridges to be met along the route as well as
other factors, including ecological. The enumerated factors
decisively impacts construction of the ship and its propulsion
and steering systems, in particular.
For the selected route, apart high environmental
requirements, values of three most important characteristic
parameters were as follows:
– minimum water depth
– 1,2 m,
– length of the shortest lock
– 60 m,
– minimum under bridge clearance over mean
water level
– 3,87 m.
With taking into account the above data, a general concept
of the ship consisting of two mutually connected segments,
namely: hotel barge and its pusher of the following technical
parameters, was worked out:
– length and breadth of each segment
L x B = 56 x 9 m,
– draught
T = 1,0 m,
– ship displacement at the draught T = 1 m D1.0 = 440 t,
– designed speed of the ship
at the draught T = 1 m
V = 14 km/h,
– effective propulsion power demand
P = 300 kW.

ANALYSIS OF THE CONSIDERED
PROPULSION SYSTEMS AND SELECTION
OF THE MOST FAVOURABLE VARIANT
The very small draught of the ship is an important
limitation in selecting an appropriate main propulsion system.
The condition practically eliminates a system with cycloidal
propellers placed under ship hull, whereas it rather prefers

Fig. 1. Concept design of the two-segment inland navigation ship [3]
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waterjet propulsion which provides high maneouvrability
properties without danger of hitting water bottom with
screw propeller blades. Such propulsion system is not
favourable from the point of view of ecology. The sucking
out of large amount of water from under ship bottom and
fast discharging it off cause that the water bed structure and
surrounding biological life may be damaged. The factor is as
much important that the designers decided to resign from
applying the waterjet propulsion.
Therefore the systems fitted with a typical screw propeller
were considered. When applying such typical system with
a single screw propeller working in under-cavitation zone
its diameter necessary to execute the ship’s tasks should be
greater than 1.4 m. In view of the small draught of the ship
this diameter value is not acceptable. Hence it was concluded
that to be able to fulfil the assumptions it is necessary to
apply a twin-propeller system. Such solution would allow
to effectively reduce diameters of screw propellers to
0.83–0.85 m under the condition of placing them within
Kort nozzles, maintaining their capacity of transmitting the
assumed power. Based on the preliminary documentation of
the unit in question it turned out that the outer diameter of
the nozzle would reach 1,045 m, which means that it would
be somewhat greater than the nominal value of ship draught
of 1 m, but it seems not to be a significant obstacle if only an
appropriate forming the ship hull is used.
Such solution has many merits. The twin-propeller system
ensures a greater manoeuvrability and reliability. Placing the
propellers in nozzles substantially reduces danger of hitting
the waterway bed with propeller blades, which usually results
in blade damage and necessity of replacing the propeller. Such
system also mitigates unfavourable impact of propeller race
onto waterway bed.
A next issue which should be analyzed was selection of
an optimum type of the propeller, namely, whether to use
a solid screw propeller or that with controllable pitch. In the
case of driving the propeller with a diesel engine through
a reduction gear the application of a controllable pitch
propeller makes engine operation with practically constant
and optimum rotational speed possible in different navigation
conditions, owing to this efficiency of the whole system is the
highest. Though it is paid with a much greater complexity
of propeller boss mechanism and necessity of application of
a separate hydraulic system for driving and controlling the
mechanism. This enlarged complexity of the propellers results
in dropping their reliability and increasing costs of investment
and operation.
An increased reliability and reduced complexity of the
system may be reached by using a constant pitch propeller.
However for the maintaining of a relatively high efficiency of
the propulsion system it is necessary to ensure possibly fluent
change, in value and direction, of propeller shaft rotation,
that may be as simple as possible executed with the use of
a propulsion system fitted with a hydrostatic or electric gear.
However it should be stressed that in such gears energy form
change occurs two times: first from mechanical energy form
on combustion engine shaft to hydraulic or electric one and
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then back to mechanical one on propeller shaft. Unfortunately,
every change in energy form is associated with a dozen or so
percent of energy loss, but there are also reached considerable
profits. One of them is, in particular, easiness in transmitting
electric energy as well as hydraulic one, that eliminates the
necessity of applying long propulsion shafts and provides
a large freedom in arranging, in the most favourable way,
combustion engines and other heavy power plant equipment.
This is a very valuable feature especially for the designed ship
intended for navigation in shallow inland waters because it
allows to distribute uniformly loads over ship hull and avoid
the undesired overloading of ship stern.
Another profits are available by substituting the solid
nozzle with rotatable one.
It allows to resign from a traditional rudder and, as
a result, to reduce dimensions and weight of steering
devices at simultaneous improving ship’s manoeuvrability.
Application of hydraulic drive and control to nozzle rotation
mechanism is most profitable, it means such solution as that
commonly used for ship steering devices. It results from the
necessity of achieving a precise but relatively slow motion
of laying rudder blade or nozzle, maintaining a perfect but
simple protection against overloading. The driving of rudder
post may be obtained in a simple and cheap way by using
hydraulic cylinders and lever systems or complex and more
expensive, but compact, mechanisms with hydraulic motors,
planetary gear and friction brake. Nevertheless this type of
mechanism, but fitted with electric motors, can be found
also in diesel–electric propulsion systems.
The next step aimed at possible reduction of the area
occupied by power plant devices and their mass is the
application of two azimuthal propellers (rotatable thrusters)
with round rotation angle (360°) of propeller column.
Such solution is advantageous because it leads to a higher
manoeuvrability of the ship and elimination of relatively long
and slender horizontal propulsion shafts which usually require
an additional support bearing outside the ship hull.
In view of the low water depth of the discussed navigation
route of the designed ship, it was decided to place the
propellers in a simple cage structure fixed with the ship
hull (Fig. 2) in order to better protect them against damaging
in case of hitting the river bed. In the middle of the lower
transverse beam of the structure, the body and bushing
of the slide bearing of the rotatable propeller column are
placed (Fig. 4).
Also, different variants of energy sources were considered.
It was concluded that the basic, most profitable, reliable and
commonly used source of energy is a light-oil combustion
engine. Application of a hybrid propulsion system combined
with an additional supply source of energy, e.g. electricity
from photovoltaic cell batteries, is not very effective in our
climate and it would moreover require to complicate greatly
the propulsion system and lead to additional costs and space
[5]. Possible application of a compressed gas fuel (methane)
was also considered, but one resigned of the alternative in
view of necessity of keeping gas in pressure cylinders, which
is potentially dangerous.

Based on the above presented factors and conditions it was
decided to work out concept designs of two, most technically
justified (acc. this author’s opinion) solutions of the propulsion
systems fitted with two rotatable thrusters, namely:
– diesel-electric system with typical asynchronous squirrelcage electric motors and frequency converters which make
it possible to fluently change rotational speed of a constant
pitch screw propeller, and
– diesel-hydraulic system with hydrostatic gear.
The comparative analysis of both the above specified
systems for concretely chosen particular units and elements
with taking into account their efficiency, mass, dimensions
and investment cost was presented in the work [6]. As a result
of this analysis it was concluded that a diesel-hydraulic system
presented in the further part of this work would be more
favourable.

CONCEPT DESIGN OF DIESEL-HYDRAULIC
PROPULSION SYSTEM FOR PUSHER
Below, in Fig. 2 there is presented a schematic diagram
of a hydraulic drive and control system with description its
units and elements but without giving precise data on each
of the selected units.
The system consists of two identical mutually independent
systems. Each of them is driven by means of the high-speed
piston self ignition engine I, which, through the elastic
coupling II, drives the system of the two oil pumps 2 and 3,
and also, through the mechanical gear III, the electric
generator IV and the oil pump 4.
The pump 3 is a multi-plunger variable-delivery pump,
which, together with the constant delivery pump 2 fixed
with it, and the control block V associated with it, constitutes
the main source of energy oil which supplies the constant
absorbing capacity hydraulic motor 11. The motor, through
the toothed bevel gear, drives the constant pitch propeller
placed in the rotatable nozzle of the column of the azimuthal
propeller XIV. In this case the application of the constant
pitch propeller was justified due to possible continuous
control of rotational speed and direction of the hydraulic
motor. This is executed by changing the capacity and oil
pressing direction of the pump 3. To this end, there is used the
hydraulic servomechanism of the pump, which is consisted
of the hydraulic actuator 5 and the electromagnetically
controlled proportional distributor 6. The control system of
the variable delivery pump 3 is supplied from the constant
delivery pump 2. The oil from this pump is delivered through
the non-return valve 27 to the filter block behind which it is
distributed into four branches:
– to supply the proportional distributor 6 in the block VI,
– to supply the block VII intended for refreshing and ensuring
the main system of the pump,
– to limit the lower value of control pressure by connecting
with the overflow valve 15,
– to limit the pump capacity to protect the block VIII against
overloading.

During regular operation the filtrated oil of an appropriate
temperature flows from the control system of the pump
through one of the blocks VII and runs into an instantaneously
low pressure branch of the main circuit of the variable-capacity
pump. Simultaneously, from this branch the same amount of
oil, now of a higher temperature, must be removed. The oil
flows out through the three-position distributor 10, overflow
valve 19 and filter 21 into the oil tank 1. The distributor 10 is
controlled by the pressure in the branches of the main circuit
of the pump and during its operation always connects the lowpressure branch with the overflow valve 19 whose opening
pressure is set up to a value a little lower than that on the
overflow valve 15.
The overflow valves 18 located in the block VII serve as
emergency valves, preventing both the main branches of the
pump against overpressure.
The ship propeller of each of the azimuthal propellers
is driven, through the toothed intersecting axis gear of
constant reduction ratio, by the hydraulic constant absorbing
capacity motor 11 located in the propeller ventral pod. This
motor is placed vertically in the ship hull over the propeller
and coupled directly with the vertical shaft of the above
mentioned gear.
The ship steering functions are executed by rotating the
propellers by an arbitrary angle in respect of vertical axis. To
this end, there were used two hydraulic constant absorbing
capacity motors 12 driving the propeller column through
toothed reduction gears. The motors are fed from the constant
capacity pump 4 through the non-return valve 27 and the
electromagnetically controlled three-position distributor 7
and the block XII with the controlled non-return valves 13.
The valves prevent the propeller column against rotation
under external loads in case of a pressure drop in the system.
If the above mentioned external load appears excessively large,
e.g. as a result of hitting the river bed, then one of the two
overflow valves 14 located in the block XIII will be opened,
that will make the propeller rotation at the rotating moment
greater by abt. 20% from the rated one, possible.
The application of two motors and the reduction gear
was mainly justified by a desire of reducing dimensions so
as to make it possible to place all the three motors in one
common plane with maintaining the selected crown bearing
of the propeller column. Since in the symmetrical system
two smaller motors allow to greatly reduce the loads and, as
a result of that, also the dimensions of the toothed gear. The
motors are supplied in parallel through the dividers 9 which
have two-position and are electromagnetically controlled.
They allow to cut out hydraulically a given motor from
supply circuit while simultaneously connecting both of its
supply pipes together. Owing to this, it is possible to drive the
propeller rotation mechanism by only one hydraulic motor
while the other one serves as a pump operating for overflow
at a slight loss of power. It should be however stressed that
the possibly available rotation moment of the propeller will
be lower by almost a half from that rated, however it seems
to be sufficient for ship course steering during regular longrange navigation.
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Fig. 2. Schematic diagram of a drive and control system with hydrostatic gear, intended for inland waterway ship

In view of that the duration time of manoeuvres with the
use of rotation of the propeller column is only a small part
of the whole navigation time, the circuit in question was
used also for purifying and cooling the oil in the tank. In the
time between manoeuvres the distributor 7 is in the middle
position cutting off this way hydraulically the propeller
column driving motors from supply and directing all the
output of the pump 2 to the block IX – for oil filtering, block
X – for temperature control and possibly to the block XI – for
oil cooling and further to the tank 1. During execution of
manoeuvres the oil reconditioning process is also carried
out, but this is the oil coming back from the hydraulic
motors 12 which flows into the above mentioned blocks
IX, X and XI.
The circuits of the propeller column rotation mechanism
of both the propulsion systems can be mutually connected
by changing the set position in the two-position
electromagnetically controlled distributor 8. This way, it is
made possible to control rotation of the both propellers, but
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with the speed lower by a half, also during operation of only
one propulsion system.
The oil tank 1, common for the both propulsion systems,
is equipped with the inlet filter 22, temperature sensors 23,
oil level gauges 25 and cut-off valve 26 for oil discharging. Oil
leakages from hydraulic motors are led through the outflow
filter 21 to the tank 1.

ARRANGEMENT OF PROPULSION
SYSTEM’S CRUCIAL UNITS
The arrangement of particular units of the worked out
propulsion system and other crucial power plant elements
are schematically shown in Fig. 3.
To simplify the drawing, the oil piping and other minor
equipment elements especially those of hydraulic oil tank
including various valves, filters, oil cooler and temperature
and oil level sensors, were omitted.

Fig. 3. Simplified arrangement drawing of crucial units of diesel-hydraulic propulsion system as well as other power plant devices of an inland navigation ship.
Notation: 1 – Combustion engines, 2 – Electric generating set, 4 – Cabinets with electric equipment, 6 – Azimuthal propellers,
7 – Hydraulic oil tank with supply system, 8 – Hydraulic motors with planetary gears for driving rotation mechanism, 9 – Central cooler,
10 – Exhaust gas pipes, 11 – outside water pump, 12 –Lubricating oil tank and transport pump, 13 – Fuel oil tank and transport pump,
14 – Ballast pump, 15 – Fire pump, 16 – Bilge pump, 17 – Electric accumulator batteries, 18 – Hydrophore tank,
19 – Electric water heater, 20 – Water heater, 21 – Hydraulic propeller driving motors,
22 – Mechanical reduction gear, 23 – Hydraulic variable capacity pump, 24 – Electric generating set

PRELIMINARY DESIGN OF AZIMUTHAL
PROPELLER WITH DUCTED SOLID
SCREW PROPELLER
The designing of azimuthal propeller was one of the
difficult design tasks during execution of this project.
Initially it has seemed that an appropriate propeller would
be available on the market, but it soon has turned out that the
available azimuthal propellers could not fulfil the assumed
technical conditions for the ship in question. It was then
decided to design a special propeller for that ship with taking
into account rules of classification societies, first of all of
Polish Register of Shipping. In a short time was prepared
a preliminary design of such propeller whose cross-sectional
drawing is presented in Fig. 4. Two constructional versions
which only slightly differ to each other in form and transverse
dimensions of elements for fastening the propeller in the ship’s

hull, were prepared. The variant shown in Fig. 4 is adjusted to
its assembling from the top. For this reason in the propeller
fastening area suitably large openings in the deck and bottom
of the ship should be provided in order to make it possible
to lower the propeller with the use of a line into its fastening
place. After installation of the propeller, a removable cover
will be mounted on the opening in the deck. The other variant
of the propeller is intended for the installing it upward from
an outboard position below the ship bottom. Its merits consist
in smaller diameters of assembly plate and opening in the ship
bottom as well as a lack of making any opening in the deck.
An important drawback is a much more difficult assembling
operation for which ship docking is necessary with a properly
large distance between dock’s deck and ship’s bottom, as well
as necessity of preparation of a removable transverse beam in
the cage protecting the propeller, in which the slide bearing
of the propeller column with the nozzle is fastened.
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Fig. 4. Assembly drawing of the designed azimuthal propeller with solid screw propeller and hydraulic drive, showing its major units [4].
Notation: 1 – nozzle, 2 – screw propeller, 3 – propeller shaft, 4 – pod, 5 – front shaft bearing unit, 6 – rear shaft bearing and sealing unit,
7 – nozzle bearing in protection beam, 8 – angular gear, 9 – lower propulsion shaft bearing unit, 10 – propulsion shaft, 11 – lower part of the column,
12 – upper propulsion shaft bearing unit, 13 – propeller body, 14- column bearing unit, 15 – upper part of the column, 16 – crown bearing, 17 – column drive bearing,
18 – planetary gear, 19 –column drive hydraulic motor, 20 – propeller drive hydraulic motor, 21 – body cover, 22 – lubrication system piping
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FINAL REMARKS
The concept design, presented in this paper, of the propulsion
system for the pusher of two-segment passenger ship intended
for Berlin–Kaliningrad waterway route was selected during
a final seminar held in 2007 with participation of all consortium
members, project reviewers and representatives of Bydgoszcz
Shipping Co. However the project was not finally put into
execution due to a lack of financial resources. Today, as already
mentioned, the dynamic economic development of Poland
and resulting fast increase of demand for transport services
have caused from the side of the Authority a greater interest
in using inland waterways transport.
It should be also stressed that many research centres and
technical universities have conducted investigations on
developing construction and operation of hydraulic propulsion
units and elements with taking into account properties of
working medium [7], [8], as well as changeable service
conditions, including ambient temperature [9], [10]. There
have been also conducted investigations on more and more
efficient propulsion systems, including hybrid diesel-electric
ones intended for inland navigation ships. Even to mention
the design projects and tests of two small ships with electric
propulsion systems fed from photovoltaic cells, recently worked
out by a team of Ocean Engineering and Ship Technology
Faculty, Gdansk University of Technology, [11], [12].
Summing up, this author hopes that the information
presented in this paper may be helpful for designers and
researchers of novel inland navigation ships in their making
important design decisions.
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DIAGNOSTIC MODEL OF CRANKSHAFT SEALS
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ABSTRACT

The paper presents a research stand being a diagnostic model of radial lip seals used, among others, on crankshafts
of piston combustion engines in order to identify the correctness of their operation. The possibility of determining the
technical condition of lip seals on the basis of the proposed coefficient of correctness of operation has been described.
The basic features of seals influencing their correctness of operation were also described, along with examples of
determining the durability limits of lip seals. A modified version of the friction node of the T-02 four-ball apparatus
is presented. It allows to check the correctness of sealing lips operation as well as to test the compatibility between the
steel shaft, sealing lip and sealed lubricating oil. It was shown that the test results con-firmed the usefulness of the
hypothesis that the quality of oil affects the durability of sealing lips and their coefficient of correctness. Additionally,
attention was paid to the possibility of analyzing the pumping effect affecting the transition of the seal-shaft system
from the state of partial suitability S2 to the state of full suitability S1 or to the state of unfitness S3, and because the
change in the state of such a system is random, it requires a probabilistic analysis.

Keywords: marine gas turbine, inlet air fogging, applicability

INTRODUCTION
Dynamic crankshaft seals of internal combustion piston
engines work properly when there is sufficient lip-to-shaft
pressure to ensure permanent compression and maintenance
of the thin-layer grease between lip and shaft. In addition, the
lip pressure is supported by the oil pumping effect, which is
the result of the interaction between the deformed lip and the
rotating shaft. Thus, it can be concluded that this tribological
system of any internal combustion piston engine consists of
its steel crankshaft, its contact sealing lip and the lubricating
oil that exists between these elements.
These crankshaft seals have two functions: they maintain
the required lubricant layer and prevent contamination
from entering from outside (moisture and water and dry
particles of various materials, including dust, sand, dirt or
other particles such as those produced in manufacturing

processes), which can directly damage the crankshaft
bearings of the motor.
In the operating practice of this type of seals it is
important to estimate the durability of their operation,
which is characterized by the minimal leakage of lubricating
oil. Therefore, the durability of any such seal, which is
characterized by the correctness of its operation when
there is a minimal leakage of oil, can be assessed by means
of a post-rightness of operation coefficient. Due to the fact
that the preparation of operational tests in this respect
requires obtaining preliminary results of laboratory tests,
so such tests have been planned and carried out. In these
studies, a simplified model of the above mentioned seal
was applied, developed on the basis of the friction node of
the modified T-02 four-ball apparatus. The results of these
tests are presented in the article, the main purpose of which
is to present the method of developing the results of tests
POLISH MARITIME RESEARCH, No 3/2019
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carried out at the friction node of the modified T-02 four-ball
apparatus using a relational diagnostic model.
The presented relational diagnostic model, whose general
graphic form is shown in Fig. 1, fulfils two basic functions:
• theoretical is a special (due to the sealing contact zone
adopted as the research objective) reflection of the
modeled system,
• practical it is a tool enabling the analysis of discrete
stochastic processes in states and continuous in time,
the values of which are distinguished such states as: S1,
S2 and S3 (Fig. 1).

Fig. 1. Rational model of changes in the condition of sealing systems:
S1 – full capacity condition; S2 – partial capacity condition;
S3 – failure condition; pik – probability of process transition from Si to Sk
condition; τik – duration of Si condition under condition of transition
to Sk condition; i, k = 1, 2, 3; X’1, X’2,.., X’n – observational indicators
indicating full capacity status; X’1, X’’2,.., X’’n – observational indicators
indicating incomplete condition status; X’’’1, X’’’2,.., X’’’n – observational indicators
indicating zero condition

The conditional probability presented in Fig. 1 can be
presented in general terms by means of formulae:

P (S / X) =

(1)

P (X / S) =

(2)

Therefore, it should be assumed that the identification of
a given technical condition of a lip seal can be determined
only taking into account the probability of its occurrence.
The engine crankshaft seal, which will be the subject
of research, is a combination of components (sealing lip,
crankshaft and sealed substance, i.e. engine lubricating oil),
which should ensure maximum reduction of oil leakage.
The above sealing ability is the main characteristic
(property) of this type of sealing system and is measured
by the mass of the substance escaping through the seal
(effluent rate) in relation to the permissible mass of the leaking
substance [1, 2, 3].
According to the author, the sealing ability can be assessed
by means of the “WPD” coefficient of performance, which can
be determined according to the following relation:

40

POLISH MARITIME RESEARCH, No 3/2019

(3)

At the same time, according to [4, 5, 6, 7]:

DS = LS · τ

(4)

where:
DS, DS(dop) – actual and permissible ‘harmful’ effects as
appropriate;
τ
– duration of one crankshaft revolution;
LS
– “harmful work” during one revolution;
tr
– estimated useful life;
D(t)
– a function that describes how the ‘harmful’ effect
changes over time;
to
– is the moment from which the operation of the
tested sealing system commenced.
In conditions of full suitability of the sealing system for
operation, i.e. when the system is in the state of full suitability
S1: DS < DS(dop), the coefficient of correctness of operation
WPD > 0.
In conditions of incomplete usability, i.e. when the system
is in the state of partial usability S2: DS = DS(dop), the coefficient
of correctness of operation WPD = 0.
Under fault conditions, i.e. the system is in a state of failure
S3: DS > DS(dop), the coefficient of correctness of operation
WPD < 0.
The proposed diagnostic parameter, the WPD coefficient of
correctness of operation enables to check, among other things,
the limits of measurement of the strength (durability) of sealing
lips, whose basic features will be described in the next chapter.

DYNAMIC SEALING MECHANISM
The view of the cross-section of the traditionally used
lip seal and its scheme with the selection of the main
parameters of the construction structure is shown in Fig. 2.
The nomenclature used in this figure for its description is the
same as that used by Johnston in his work [8].

Fig. 2. View of the cross-section and the scheme of the lip seal with an indication
of the basic parameters of its construction structure: A – structural detail;
R – distance between spring axis and lip apex; H – lip length;
α – lip external angle; β – lip internal angle; t – thickness of bending plane

The specificity of shaft sealing in the engine hull results
from the asymmetry of the seal geometry [8, 9]. The geometry
of this seal is characterized by a specific elastomer angle on
the oil side of the seal, which is steeper than the angle on the
ambient side. Typical design angles, when the seal is in the
free state, are in the range of 40–45° for the β attack angle
(on the hull-to-body side of the engine) and 25–30° for the
α angle on the envelope side (outside the engine hull). After
being installed on the shaft, these angles will change by about
10°, taking the values in the work-state: β = 50° and α = 20°.
A further influence on the asymmetrical distribution of stress
is the position of the seal spring. The cross-sectional axis of
this spring is moved away from the top of the lip by the size R,
usually by 10% of the length of the edge of the length H. This
shift is directed towards the inside of the seal. This position
of the spring in relation to the seal is important, so that the
correct value of the direct edge load can be ensured and the
asymmetrical geometry of the seal can be maintained during
operation. Moving the axis of the seal by R size ensures the
required pressure to the shaft in the external direction without
the possibility of excessive lip deformation.
There are two factors that have a significant influence on
the sealing performance of lip seals. They provide a permanent
pumping of oil that enters the “contact zone” between the lip
of the seal and the crankshaft of the engine on the oil side of
the seal. This phenomenon is known as inward pumping of oil.
The first of these factors is described as a micro-mechanism
[8], which provides both load support for oil layer formation
and inward pumping (Figure 3), and the second as a macro
mechanism which primarily supports the pumping effect.
This micro mechanism has been the subject of many studies
and analyses in the last three decades, the most important of
which are the results obtained by Salanta [10]. These studies
show that the proper effect of oil pumping depends on two
important characteristics of the seal:
1. Asymmetrical geometry.
2. The texture of the elastomer surface in the contact zone
after the seal has been applied.
The correct functioning of the seal to provide the required
shaft sealing in each engine shaft depends significantly on
both of these characteristics.
Once the seal is installed, the lip of the seal adheres to the
crankshaft, creating a sealing or contact zone with a width of
typically 0.2–0.4 mm. When the motor is started, a different
texture is visible as a result of lip abrasion in the moulded
surface. This is due to the fact that the abrasive material of
the lip seal is used to expose the surface with clear thickening
or micro-shifting of its layers. Such roughness is deformed
by the rotation of the motor shaft so that it is oriented at an
angle to the shaft axis, as shown in Fig. 3 [9, 11, 12].
These thickened bumps become micro-elastohydrodynamic
wedges that allow both the surface of the elastomer seal to
be raised and the oil to be pumped when the engine shaft
rotates in both directions. However, as the contact surface
on the outside of the engine hull is more extensive than on
the inside, the effect of pumping into the inside of the engine
hull is stronger than pumping outwards. Therefore, the seal

Fig. 3. Diagram of contact lip distortion in the form of irregularities
at an angle to the shaft axis

Fig. 4. Flow diagram of the oil film under the sealing lip: 1 – sealing lip,
2 – crankshaft, 3 – inner side (lubricating oil), 4 – outer side (air),
5 – concave meniscus, 6 – flux of recycled oil, 7 – impurities,
α – wetting angle (oil moistens the lip walls of the seal)

has a tendency to return oil and because of that prevents
oil leakage outside the engine hull. This action is shown
schematically in Fig. 4 [8, 9, 12, 13].
During operation, changes in direction of rotation and loads
on the engine crankshaft create new gaps in the structure of
the sealing lip. The distribution of the absorption of the seal is
then random and ensures proper tightness of the tribological
system of the seal as long as the deformation of the structure
is reversible. However, after a certain period of operation, the
ability of the unevenness of this surface to return to a neutral
position when the shaft is held in place will decrease.
As a result, these bumps will have a directional orientation
that will always result in a more effective seal in the normal
crankshaft rotation than in the reverse direction. This has
been demonstrated experimentally [8] by testing the reversal
of a new seal and then repeating these tests after several
hundred hours of operation.
The correct functioning of lip seals depends not only on
the constructional value of the seal, lip edge loading, etc.,
but also on the sealing material (its elasticity) and other
factors, such as micro-inequalities of the engine crankshaft.
In further considerations, the main factor influencing the
correct functioning of the seal is presented, together with
examples of how the performance of the seal is calculated,
which determines the performance of the seal.
POLISH MARITIME RESEARCH, No 3/2019
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THE PARAMETERS OF THE PROPER
FUNCTIONING OF THE SEAL
The most important factor negatively influencing the
durability of the sealing lip is the heat generation at the point
of contact with the shaft. “Harmful” measures to dissipate
the heat generated by the friction are one of the key factors
in limiting the life of the seal. The harmful effects of friction
between the seal and the motor shaft can be demonstrated
by considering that a typical 50 or 60 mm diameter shaft
seal will consume up to 100 W of power [14].
In addition, the type of lubricating oil that comes into
contact with the seal must also be taken into account, as its
viscosity will have a direct effect on the dispersed operation
(“harmful operation”) produced in the friction node, which
is formed by the sealing lip, lubricating oil and the engine
crankshaft. Most of the generally available empirical data
from empirical studies relate to typical lubricants, such as
engine oil. This type of lubricant has a dynamic viscosity
in the range of 0.005-0.01[Belt] at the typical working
temperature for them t = 100°C. Lubricants with higher
viscosity, such as transmission greases, generate higher shear
stresses and thus cause higher friction. Examples supporting
these observations are shown in Figure 5, where it can be
seen that increasing viscosity in engine oils increases energy
consumption by about 30%. Transmission greases, which
may have higher viscosities, can further increase energy
consumption, because the denser the viscosity of the grease
causes a convex-acid increase in lower lip temperature.

Fig. 6. Lip seal durability estimation curves: FKM - fluorocarbon rubber,
VMQ – silicone rubber, ACM– acrylic rubber, HNBR – hydrogenated nitrile
rubber, NBR – nitrile rubber. Source: Oil Seals & O-rings.
KOYO Sealing Techno CO.,LTD

The results of these studies were taken into account in
the author’s studies, which were carried out on a laboratory
stand enabling, among others, the study of energy losses for
various variants of shaft sealings, as tare nodes. This stand
and the obtained research results are presented in point 4. of
the article (Test stand and results of the seal durability test).

TEST STAND AND RESULTS
OF THE SEAL DURABILITY TEST

Fig. 5. Effect of viscosity on seal energy consumption. Source: BHR Group

Continuous dissipation of energy in the form of heat has
a negative effect on the durability of the seal, which is equal
to the value of the correct operation time until the loss of
sealing efficiency. However, it is not easy to determine the
actual seal life, as it depends on a number of factors, such
as the operating temperature, the eccentricity of the spring
seat, the speed of rotation, and the type of sealing substance
and lubrication.
Figure 6 shows the curves of the estimated seal life,
obtained by considering the main factors determining the
seal life, such as the rubber material of the seal, lubricant and
lip temperature [15].
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The test stand was slightly modified in comparison to the
stand described in the paper [7]. A ball of bearing steel with
a hardness of 62.7 HRC was placed in the upper grip and treated
as a rotating crankshaft. Three rubber balls of hardness in the
range 15–80°sh were placed in the lower handle-cartridge in
the shape of a bowl and treated as a sealing lip because they are
immobilized and pressed against the upper ball with a force
of up to 7200 N. This modification made it possible to obtain
similar conditions of operation of the stationary friction node
(stationary tribological system) to the conditions of operation
of the seal, whose elements are the lip seal pressed by a ring
spring against the crankshaft of the engine.
In the next part of the article, the values of parameters proving
the correctness of the seal and its sealing lip were presented.

PARAMETERS FOR THE CORRECT
FUNCTIONING OF THE SEALING LIP
While testing the correctness of the sealing lip on the
modified friction node of the four-ball apparatus T-02,
a constant oil temperature of 20°C and a minimum possible
constant load of 61.2 N were assumed. As a multitude having

a significant influence on the changes in the value of the
correct functioning of the sealing lip, a variable speed of
rotation n of the handle of the upper ball, treated as the
crankshaft of the engine, was assumed.
Three model variants of rotary shaft seals were tested:
1. Dry friction node consisting of three rubber balls (seal
lip) and one steel ball (crankshaft) without lubricant –
symbol A.
2. A friction node consisting of three rubber balls
immersed in pure SAE30 lubricating oil and one steel
ball – symbol B.
3. A friction node consisting of three rubber balls immersed
in SAE30 lubricating oil with additives to improve its
quality and one steel ball – symbol C.
For these three variants the following has been determined:
PS power loss and the coefficient of correctness of operation
WPD of sealing lips on the basis of the algorithm [7], the
shortened verse of which is presented in the algorithm in Fig. 7.

Tab. 1. Power losses
Rotational speed
during test n[rpm]

Power loss [Nm/s]
Symbol A

Symbol B

Symbol C

312

1.62

0.84

0.87

500

1.88

1.54

1.40

1450

9.77

5.16

5.02

The presented calculations of power losses show that in
a dry friction node the largest dissipation of energy takes
place, i.e. for this combination the largest increase of the
dissipated “harmful work” takes place. For this reason, in
further empirical research, as a measure of the permissible
“harmful action” of a seal, the action of a dry friction node
is assumed and the coefficient of lawfulness of action of any
friction node determines the formula:
(6)

where:
L S(dop) – “harmful work” of the seal during the first rotation
of the steel ball holder at the set speed of the dry
friction node;
LS
– “harmful work” when rotating the steel ball fixture
at a set speed of the friction node under test;
τ
– duration of one rotation of the steel ball fixture.
COEFFICIENT OF CORRECT
OPERATION OF SEALING LIPS
Results of tests lasting 600 seconds, obtained according to the
concept presented in the paper [7] and the shortened algorithm
Fig. 7 and formulas (5, 6), for rotational speed n = 312,500 and
1450 rpm are shown in Table 2, 3, 4 and Figures 7, 8, 9.
Tab. 2. WPD seal performance factors for rotational speed 312 rpm

The measurements were repeated four times and their
mean value was checked on the basis of the t-Student’s
distribution with a probability of 0.68.
POWER LOSSES

Mesurement
time [s]
Start

Symbol A

Symbol B

Symbol C

0.00

0.00

0.00

100

0.44

0.41

200

0.43

0.44

0.39

0.44

0.37

0.44

300

The test results obtained for speeds n = 312,500 and 1450
rpm are shown in Table 1, which contains the power loss
recorded at the start of the applied test. The power loss was
determined on the basis of the formula:

WPD [–]

400

failure

Fig. 7. Algorithm of tests on the measuring stand

500

0.37

0.43

600

–0.06

0.46

(5)

where:
LS = 2·π·Pr·r·μ – “harmful work” during the first rotation of
the steel ball fixture;
Pr
– radial load [N];
μ
– coefficient of friction [–];
r
– shaft radius [m];
τ
– duration of one rotation of the steel ball
fixture.

Fig. 8. Comparison of the WPD seal performance coefficients at rotational speed
of 312 rpm: 1 – symbol A; 2 – symbol B; 3 – symbol C; 4 – permissible ‘harmful’ effect
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Tab. 3. WPD seal performance factors for 500 rpm
Mesurement
time [s]
Start

Tab. 4. WPD seal performance factors for 1450 rpm

WPD [–]
Symbol A

Symbol B

Symbol C

0.00

0.00

0.00

Mesurement
time [s]
Start

WPD [–]
Symbol A

Symbol B

Symbol C

0.00

0.00

0.00

0.08

0.15

100

0.03

0.05

0.05

0.18

200

0.03

0.05

300

–0.38

0.03

0.18

300

–0.03

0.05

0.03

0.15

400

–0.03

0.05

0.00

0.18

500

–0.05

0.05

0.00

0.15

600

–0.05

0.05

400
500
600

Detail “A”

failure

–0.10
–0.18

failure

100
200

Fig. 10. Comparison of the performance factors at a speed of 1450 rpm:
1 – symbol A; 2 – symbol B; 3 – symbol C; 4 – permissible ‘harmful’ effect

to the partial capacity state S2 , an oil pumping effect
may be observed, resulting in a specific cooling and
reduction of the friction coefficient (detail “A”) and
a random transition from the full capacity state S1 to
S2 and vice versa.
• in the case of testing a system with symbol C: as in the
previous test, the system remains in full S1 compliance
and has a life expectancy of more than 600 seconds.
Fig. 9. Comparison of the WPD seal performance coefficients at rotational speed
of 500 rpm: 1 – symbol A; 2 – symbol B; 3 – symbol C; 4 – permissible ‘harmful’ effect

At a preset load and speed of 312 rpm, for a dry friction node
immediately after starting, the coefficient of performance of
WPD < 0, i.e. it is in a state of failure S3, which means that the
version of the model with symbol A is worthless. On the other
hand, the model marked with symbol B lost its full capacity
after about 600 seconds and went to the state of incomplete
capacity S2 . The life span of this version of the combination
model is approximately 600 seconds. The C-model remains
at full capacity throughout the entire test, meaning that the
tribologic system lasts more than 600 seconds.
In the second series of tests at a given load and speed of
500 rpm on the basis of the obtained test results, it can be
stated that:
• in the case of testing a system with symbol A: the system
changed from S1 to S2 partial capacity after approx.
10 seconds and in the case of partial capacity the seal
lasted approx. 250 seconds, after which it went into
zero capacity state.
• in the case of testing a system with symbol B: After
the system has passed from the full capacity state S1
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In the final series of tests at a given load and speed of
1450 rpm, based on the test results, it can be concluded that:
• for testing a system with symbol A: after approximately
40 seconds, the system has changed from S1 to S3 without
a regeneration ‘test’ in the S2 partial capacity condition,
• in the case of testing a system with symbol B: already
after about 80 seconds, the system changed from the S1
to the S2 partial capacity status, where, however, due to
too high speed, the pumping effect did not prevent the
system from going to state of zero capacity after about
400 seconds of durability,
• for testing the C system: as in the previous two tests,
the system remains in S1 full capacity and has a life
expectancy of more than 600 seconds.

FINAL REMARKS AND CONCLUSIONS
The presented diagnostic model enables identification
of rotary crankshaft seals of piston combustion engines on
the basis of correctness of operation of the friction node
of the T-02 four-ball apparatus. The analysis of durability
of seals (i.e. friction nodes being tribological systems) was

performed by determining the coefficient of correctness of
operation of WPD, which enabled comparison of three versions
of operation. The best DS action was found in the case of the
tribological system with symbol C, in which the lubricating
oil was of the best quality. Therefore, it can be concluded that
the hypothesis presented in the paper [7] that the quality of oil
affects the correctness of operation of the tested tribological
system was finally confirmed, which justifies the need for
good research on sealing lips, carried out under the conditions
of the actual exploitation of internal combustion engines.
Additionally, the presented research results show that:
1. To interpret the results of the study, a model of the
friction phenomenon in the contact area of the sealing
lip (rubber balls in the oil sump of the T-02 apparatus
friction node) and the crankshaft of the engine (steel
ball in the upper grip) were used.
2. After the start-up and first rotation of the friction node,
the greatest loss of power per revolution occurred at
technically dry friction and then the greatest permissible
distortion of the contact lips, i.e. rubber balls, took place.
3. The WPD sealing lip performance factor entered allows
for the separation of capacity and zero capacity states.
4. The observed pumping effect is the result of the
tribological system that occurs on both sides of the lip,
so that heat exchange takes place.
5. The process, due to the pumping effect, of a system
switching from partial S2 capacity to full S1 capacity
or S3 zero capacity, is random and therefore requires
a probabilistic analysis to determine the probability of
P(S/X) and P(X/S) as determined by formulae (1) and (2).
The research shows that the diagnostic model proposed
by the author to identify the correctness of operation of each
tribologic system may be useful for determining the durability
of lip seals and for compatibility tests between the sealing
lip, crankshaft and sealed lubricating oil.
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ENERGY LOSS COEFFICIENTS ki IN A DISPLACEMENT PUMP
AND HYDRAULIC MOTOR USED IN HYDROSTATIC DRIVES
Agnieszka Maczyszyn
Gdańsk University of Technology, Poland

ABSTRACT

The article aims at defining and analysing the energy loss coefficients in design solutions of rotating displacement
machines, with a piston machine as an example. The energy losses observed in these machines include mechanical
loss, volumetric loss, and pressure loss. The scale and relations between these losses in different machines depend on
machine design and manufacturing quality, and on operating parameters. The operating parameters, in turn, which
affect directly or indirectly the above losses depend on whether the machine works in pump or hydraulic motor regime.
The article is also a contribution to the development of a library of ki coefficients which define the losses in displacement
machines, as the knowledge about these coefficients makes it possible to assess fast and easily the energy efficiency of
a machine or drive system at each point of its working area.

Keywords: hydrostatic drive, energy loss rate, pump, hydraulic motor, energy loss coefficients

INTRODUCTION
The motivation for developing a library of ki coefficients
defining energy losses in displacement machines was creating the
opportunity for fast and easy efficiency assessment of a machine
or drive system at each point of its working area (Fig. 1).
In articles [4 ÷ 7], the author has analysed the structure
of losses generated in a hydraulic motor as a function of
other, loss independent parameters. Fig. 2 presents the loss
increase in the direction opposite to that of power flow. It
was mentioned in these articles that assessing the energy
efficiency of a motor requires prior accurate assessments of
mechanical loss, volumetric loss, and pressure loss. In turn, to
assess accurately these losses, they should be made depended
on relevant parameters which directly determine their scale.
The drive system is not decisive for conditions in which the
driven device works. On the contrary, it is the driven device
or mechanism which determines the real load or speed of the
hydraulic motor used in the hydrostatic drive system. The
control structure (of volumetric or throttling type) used for

controlling the hydraulic motor speed should allow the motor
to reach the speed required by the driven device.
Working conditions of the device change in time, as a result of
loss changes, among other causes [10, 11, 13–15]. Consequently,
the working conditions of the hydrostatic system used as the
drive also change.
Changes of working parameters of the hydrostatic system are
limited by maximal parameter values. In Fig. 1, these maximal
values are marked as boundaries of the working area of the
system (illustrated by maximal values of motor speed coefficient
and motor load coefficient Mmax).
Mmax
Working conditions of the device can change within the full
range of changes of the motor speed coefficient M and motor
load coefficient M. The area of changes of these coefficients is
limited by the inequalities: 0 ≤ ωM < ωMmax and 0 ≤ MM < MMmax.
The goal of hydrostatic system operation is to meet power
requirements of the driven device or machine in the entire
range of its working area. It is assumed that the machine can
work at each point of the working area, hence the information
about its energy efficiency in newly created conditions is
POLISH MARITIME RESEARCH, No 3/2019

47

To perform the energy balance in the displacement machine
(pump or hydraulic motor) used in a hydrostatic drive system,
we should add the energy loss rate to the useful (output)
power, (see Fig. 2), as it is the output power parameters which
are decisive for individual energy loss rates [8].
It is noteworthy that the maximal values of the motor
speed coefficient Mmax and the motor load coefficient
, which define the boundaries of the system’s working
Mmax
area, depend on the parameters of the displacement
machines used in the system. They also depend on the
control structure applied for controlling the hydraulic
motor speed, and on losses generated in the remaining
elements of the system.

Fig. 1. The range of drive motor speed coefficient M and motor load
coefficient M (0 ≤ M < Mmin, 0 ≤ M < Mmax)
in a hydrostatic drive system [9]

important. In practice, however, this information is not
available for a machine or system user.
To find the range of the working area of the hydrostatic
system driving a machine, we should determine the maximal
values of the motor speed coefficient Mmax and motor load
coefficient Mmax. The value of Mmax = f M, k i,
depends
on the current value of the motor load coefficient M, the
volumetric loss coefficients k i in hydrostatic system elements,
and the current ratio ν/νn between the working medium
viscosity ν and the reference viscosity νn. In turn, the value
of Mmax = f M, k i,
depends on the current value of the
motor speed coefficient M, the mechanical and pressure
loss coefficients k i in hydrostatic system elements (excluding
pump), and the current ratio ν/νn between the working
medium viscosity ν and the reference viscosity νn.

METHODS TO DETERMINE ki
COEFFICIENTS AND “A” EXPONENTS
DESCRIBING THE EFFECT OF INDIVIDUAL
PARAMETERS ON ENERGY LOSSES
According to the theory by Z. Paszota [9], the basis for
describing losses and energy efficiency of a displacement
machine (pump, rotating hydraulic motor) is the diagram of
power increase in the drive system in the direction opposite
to the power flow direction, (Fig. 2).
The presented formulas make it possible to calculate
the value of each individual loss generated in a rotating
displacement machine. These formulas contain selected energy
loss coefficients ki, and “a” exponents that describe the effect
of individual parameters on energy losses.
MODEL OF VOLUMETRIC LOSS
IN PUMP AND HYDRAULIC MOTOR
The mathematical model of volumetric loss in pump
which takes into account the dependence of the volumetric

Fig. 2. Diagram of power increase in the hydrostatic drive system, in the direction opposite to that of power flow [9]

48

POLISH MARITIME RESEARCH, No 3/2019

loss rate QPv in the pump on the induced pressure increase
ΔpPi in pump’s working chambers and on the ratio Q/Qn
between oil viscosities has the form [9]:

rotational speed nMt of motor shaft. The value of the coefficient
k9 is referenced to the theoretical pump delivery QPt:
(4)

(1)

where k i is the coefficient of the volumetric loss QPv generated
during one revolution of constant or variable delivery pump
shaft for the induced pressure increase ΔpPi in the pump equal
to the nominal pressure pn of the hydraulic system: ΔpPi = pn,
and for the reference viscosity νn of the working medium.
The value of the coefficient k1 is referenced to the theoretical
working volume qPt of the pump:

(2)

Here, qPt is the theoretical working volume of the constant
delivery pump, and nP is the rotational speed of the pump,
determined for its theoretical working volume and the
temperature corresponding to the reference viscosity νn, and
for the induced pressure increase ΔpPi in pump’s working
chamber equal to the nominal pressure pn of the hydraulic
system: ΔpPi = pn.
(ΔpPi = pn)apv represents the effect of the induced pressure
increase ΔpPi in pump’s working chambers on the total
amount of losses in the rotating displacement machine. The
value of the exponent apv varies from apv = 1 for laminar flow
to apv ≈ 0,57 for flow with not fully developed turbulence, and
apv = 0,5 for fully developed turbulent flow. The exact value
of the exponent apv should be determined experimentally for
each pump type.
ν is the kinematic viscosity of the working medium
(hydraulic oil) for which the volumetric loss rate QPv at pump
inlet is calculated, and νn is the reference kinematic viscosity of
the working medium (hydraulic oil), equal to νn = 35 mm2s–1,
determined for the atmospheric pressure, i.e. for p = 0.
(Q/Qn)aνv represents the effect of medium viscosity ν on the
total amount of volumetric loss in the rotating displacement
machine. The value of the exponent aνv varies from aνv = –1
for laminar leakage flows to aνv = –0,14 for leakage flows with
not fully developed turbulence, and aνv = 0 for fully developed
turbulent leakage flows. The exact value of the exponent aνv
should be determined experimentally for each displacement
pump type.
The volumetric loss rate QMv in working chambers of the
hydraulic motor are given by the following mathematical
simulation model [9]:
(3)

where is the coefficient of the volumetric loss QMv determined
for: the induced pressure drop ΔpMi equal to the nominal
pressure pn of the hydraulic system: ΔpMi = pn, the reference
viscosity νn of the working medium, and the theoretical

Here, (ΔpMi = pn)apv represents the effect of the induced
pressure drop ΔpMi in motor’s working chambers on the
total amount of volumetric loss in the rotating displacement
machine. The value of the exponent apv varies from apv = 1 for
laminar flow to apv ≈ 0,57 for flow with not fully developed
turbulence, and apv = 0,5 for fully developed turbulent flow.
The exact value of the exponent apv should be determined
experimentally for each motor type.
(nM / nMt)anv represents the effect of the rotational speed nM
of the motor shaft on the volumetric loss rate QMv. The exact
value of the exponent anv should be determined experimentally
for each type of hydraulic motor.
(Q/Qn)aνv represents the effect of medium viscosity ν on the
total amount of volumetric loss in the rotating displacement
machine. The value of the exponent aνv varies from aνv = –1
for laminar leakage flows to aνv ≈ –0,14 for flows with not
fully developed turbulence, and aνv = 0 for fully developed
turbulent flows. The exact value of the exponent aνv should
be determined experimentally for each motor type.
The models (2.1) and (2.3) of volumetric loss in
a displacement machine make it possible to determine very
accurately the dependence of the rates QPv or QMv in the
displacement machine on the induced pressure increase ΔpPi
or pressure drop ΔpMi in machine’s working chambers and
on oil viscosity ν, as well as on the rotational speed nM of
motor shaft in the case of hydraulic motor. The models utilise
the coefficients k1 (in pump) and k 9 (in hydraulic motor)
of volumetric loss rates generated at the induced pressure
increase 'pPi or pressure drop 'pMi in chambers equal to
the nominal pressure pn of the hydrostatic system in which
the pump is installed: 'pPi = pn, or in which the motor is
installed: 'pMi = pn. The obtained loss values are referenced
to the theoretical working volume qPt of the pump, or, in
the case of hydraulic motor, to the theoretical delivery QPt
of the pump.
MODEL OF PRESSURE LOSS IN PUMP
AND HYDRAULIC MOTOR
The mathematical simulation formula which determines
the pressure loss 'pPp in pump channels for varying viscosity
Q has the form [9]:

(5)

where k 3 is the coefficient of the pressure loss 'pPp in pump’s
inner channels and distributor (if exists). This coefficient is
determined for the pump delivery QP equal to its theoretical
delivery QPt and for the reference viscosity νn of the working
medium. The value of the coefficient k 3 is referenced to the
nominal pressure pn of the system:
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(6)

Here, (QP / QPt)aQp represents the effect of the flow rate QP
of the liquid medium (pump delivery QP) in the channels on
the pressure loss 'pPp in the pump. The value of the exponent
aQp varies from aQp = 1 for laminar flow to aQp ≈ 1,75 for flow
with not fully developed turbulence, and to aQp = 2 for fully
developed turbulent flow. The exact value of the exponent
aQp should be determined experimentally for each type of
displacement pump.
(Q/Qn)avp is the effect of medium viscosity ν on the total
amount of pressure loss in the rotating displacement machine.
The value of the exponent aνp varies from aνp = 1 for laminar
flow to aνp ≈ 0,25 for flow with not fully developed turbulence,
and to aνp = 0 for fully developed turbulent flow. The exact
value of the exponent aνp should be determined experimentally
for each type of displacement pump.
The model of pressure loss in hydraulic motor has the
form [9]:
(7)

with the coefficient:
(8)

determining the pressure loss ΔpMp generated in inner
channels and distributor of the hydraulic motor at absorbing
capacity QM of the motor equal to the theoretical delivery QPt
of the pump. The value of the coefficient k8 is referenced to
the nominal pressure pn of the system in which the hydraulic
system is installed.
(QM / QPt)aQp represents the effect of the absorbing capacity
QM of the liquid medium in the channels on the pressure loss
'pMp in the rotating hydraulic motor. The value of the exponent
aQp varies from aQp = 1 for laminar flow to aQp ≈ 1,75 for flow
with not fully developed turbulence, and to aQp = 2 for fully
developed turbulent flow. The exact value of the exponent aQp
should be determined experimentally for each motor type.
(Q/Qn)avp represents the effect of medium viscosity ν on the
total amount of pressure loss in the rotating displacement
machine. The exponent aνp varies from aνp = 1 for laminar flow
to aνp ≈ 0,25 for flow with not fully developed turbulence, and
to aνp = 0 for fully developed turbulent flow. The exact value
of the exponent aνp should be determined experimentally for
each motor type.
The type of the medium flow developed in displacement
machine channels is mainly affected by the local flow resistance
(flow direction and cross section disturbances) which depends
on structural design and dimensions of the machine. The created
pressure loss models (2.5) and (2.7) can be applied in analysing
an individual machine design to determine experimentally
the exact values of the exponent aνp describing the effect of
viscosity, and the exponent aQp describing the effect of flow rate
on the pressure loss in machine channels. The models utilise
the pressure loss coefficients k3 (in pump) and k8 (in hydraulic
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motor) determined for the flow rate QP or QM in the channel
equal to the nominal pump delivery QPt, and referenced to the
nominal pressure pn of the system in which the pump is installed.
MODEL OF MECHANICAL LOSS
IN PUMP AND HYDRAULIC MOTOR
The mathematical model describing the mechanical loss
moment MPm in the pump with geometric (variable) delivery
qPgv (qPgv = bP qPt) per shaft revolution has the form:

(9)

Here, the coefficient k4.1.1 expresses the ratio of the
mechanical loss moment MPm|Δp =0, b =0, ν of the unloaded
P
Pi
n
pump, determined for the delivery qPgv per pump shaft
revolution (pump delivery change coefficient bP) equal to
zero: qPgv = 0 (bP = 0) and the working medium reference
viscosity νn, to the theoretical moment MPt of the pump:

(10)

The coefficient k4.1.2 expresses the ratio of the difference
between the mechanical loss moment MPm|Δp =0, b =1, ν in the
P
Pi
n
unloaded pump, determined for the pump delivery qPgv per
pump shaft revolution (pump delivery change coefficient
bP) equal to the theoretical working delivery qPt of the
pump, qPgv = qPt (bP = 1) and the mechanical loss moment
MPm|Δp =0, b =0, ν in the unloaded pump, determined for the
P
Pi
n
pump delivery qPgv per pump shaft revolution equal to zero:
qPgv = 0 (bP = 0) and the working medium reference viscosity
νn, to the theoretical moment MPt of the pump:

(11)

The coefficient k4.2 expresses the ratio of the difference
between the mechanical loss moment MPm|Δp =p , b =1, ν in the
n P
Pi
n
pump loaded with nominal pressure and the mechanical
loss moment MPm|Δp =0, b =1, ν in the unloaded pump at the
P
Pi
n
working medium reference viscosity νn, to the theoretical
moment MPt of the pump:

(bM = 1), the theoretical motor shaft rotational speed nMt, and
the working medium reference viscosity νn – between the
mechanical loss moment MMm|M =M , n =n , b =1, ν in the motor
M
Mt M
Mt M
n
loaded with the theoretical moment MMt and the mechanical
loss moment MMm|M =0, n =n , b =1, ν in the unloaded motor to
M
M
Mt M
n
the theoretical moment MMt of the motor:

(16)
(12)

Here, (Q/Qn)avm represents the effect of medium viscosity ν
on the mechanical loss moment in the displacement piston
machine with medium filling the casing. The value of the
exponent aνm should be determined experimentally for each
type of displacement pump.
ΔpPi/pn represents the effect of the induced pressure increase
ΔpPi in pump’s working chambers on the total amount of
mechanical loss in the rotating displacement machine.
According to [9], the assumed value of the exponent apm is 1.
The mathematical model of the mechanical loss moment
M Mm in the rotating hydraulic motor with geometrical
(variable) absorbing capacity qMgv per shaft revolution has
the form [9]:

(13)

where the coefficient k7.1.1 expresses the ratio of the mechanical
loss moment MMm in unloaded motor (MM = 0), determined
for the motor shaft rotational speed equal to zero: nM = 0,
theoretical capacity per motor shaft revolution equal to
qMt (coefficient bM of absorbing capacity change per motor
revolution: bM = 1), and working medium viscosity equal to
νn, to the theoretical moment MMt of the motor:

The ratio nM/nMt represents the effect of the rotational
speed on the total amount of mechanical loss in the rotating
hydraulic motor. According to [9], the assumed value of the
exponent anm is 1.
(Q/Qn)avm represents the effect of medium viscosity ν on
the mechanical loss moment in the displacement piston
motor with medium filling the casing. The exact value of the
exponent aνm should be determined for each type of rotating
hydraulic motor.
The mathematical model (2.9) describing the mechanical
loss in pump makes it possible to determine precisely the
dependence of the mechanical loss moment MPm on: the
induced pressure increase ΔpPi in pump’s working chambers,
the pump delivery qPt per pump shaft revolution, and the oil
viscosity ν. The model utilises the mechanical loss coefficients
k4.1, k4.1.1, k4.1.2, and k4.2, which provides opportunities for
performing simulation tests.
The mathematical model (2.13) describing the mechanical
loss moment M Mm in rotating hydraulic motor makes it
possible to determine precisely the dependence of this moment
on: the motor shaft rotational speed n M, the oil viscosity ν,
and the capacity qMt per motor shaft revolution. The model
utilises the mechanical loss coefficients k7.1.1, k7.1.2, and k7.2,
which provides opportunities for performing simulation tests.

EXAMINED PUMPS AND MOTORS
The examined pumps and hydraulic motors are shown
in Figs. 3 ÷ 7.

(14)

The coefficient k7.1.2 expresses the ratio of the difference –
in unloaded motor: MM = 0, at the theoretical capacity qMt
per motor shaft revolution (bM = 1) and the working medium
reference viscosity νn – between the mechanical loss moment
MMm|M =0, n =n , b =1, ν determined for the theoretical motor
M
M
Mt
M
n
shaft rotational speed nMt and the mechanical loss moment
MMm|M =0, n =0, b =1, ν determined for the motor shaft rotational
M
M
M
n
speed nM equal to zero (nM = 0), to the theoretical moment
MMt of the motor:

(15)

The coefficient k7.2 expresses the ratio of the difference –
at the theoretical capacity qMt per motor shaft revolution

Fig. 3. PTOZ2-25 variable displacement pump, PZL-HYDRAL [11];
1 – drive shaft, 2 – attachment drive, 3 – clutch, 4 – swivel disc, 5 – sliding foot,
6 – separator, 7 – spring, 8 – plunger, 9 – cylinder block, 10 – main shaft,
11 – cover, 12 – sliding disc, 13 – control unit
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Fig. 6. Hydraulic motor PTO2-16 with constant rotational speed, PZL-HYDRAL
[11]: 1 – drive shaft, 2 – drive starter, 3 – clutch, 4 – tread slope, 5 – sliding foot,
6 – separator assembly, 7 – spring, 8 – piston, 9 – rotor, 10 – main shaft, 11 – cover

Fig. 4. Variable displacement piston pump
(A7V.58R.DR.1.R.P.F.00 by HYDROMATIK) [3]

Fig. 5. Structure diagram of a low-speed hydraulic high-torque motor type
SWSB with axial arrangement of pistons, HYDROSTER [8]; 1 – drive shaft;
2 – cam equipped with humps; 3 – plunger equipped with bearings;
4 – rotary cylinder block; 5 – distributor bushing

Fig. 7. A6VM variable displacement axial piston hydraulic motor by Bosch
Rexroth [12]: 1 – drive shaft, 2 – control piston, 3 – control piston stroke,
4 – body in which the control piston is positioned,
5 – divider, 6 – cylinder block, 7 – piston

COMPARING ENERGY LOSS
COEFFICIENTS IN PISTON PUMPS

The coefficient k4.1 of the mechanical loss moment MMm (being
the sum of coefficients k4.1 and k4.2) provides the information
about losses caused by friction between construction elements
(bearings, for instance) and between the liquid medium filling
the crank chamber and the cylinder block (in piston machines).
The largest losses were recorded in the PTOZ2-25 pump.
The coefficient k4.2 of the mechanical loss moment MMm
provides the information about the scale of the mechanical
loss moment increase ΔMPm|Δp ,b ,v in the pump, as a result of
Pi p
loading its structural elements with the induced moment MPi
generated by the induced pressure increase ΔpMi in pump’s
working chambers. The largest losses were recorded in the
PTOZ2-25 pump.
The mechanical efficiency ηPm of the pump can be calculated
by subtracting the obtained sum of coefficients k4.i from 1.
Hence, the mechanical efficiency of the PTOZ2-25 pump
was 87,7%, while that of the A7V.58R.DR.1.R.P.F.00 pump
with qPt = 58,227cm3 was 96,4%, and of the same pump with
qPt = 32,20 cm3 was 94,6%.

Table 1 collates the energy loss coefficients ki obtained
for the examined piston pumps as a result of applying a new
perspective to loss and efficiency assessment in rotating
displacement machines used in hydrostatic drive and control
systems [2, 3, 4, 10]. These coefficients were calculated neglecting
the compressibility of the working medium. Constructional
solutions of the examined pumps are shown in Figs. 3 and 4.
The coefficient k i of the volumetric loss rate QPv provides
the information about the scale of leakage flows taking place
in the displacement machine. The volumetric efficiency ηPv can
be calculated by subtracting the obtained value of coefficient
k i from 1. Hence, the volumetric efficiency of the PTOZ225 pump was 94,4%. At the same time, the efficiency of the
A7V.58R.DR.1.R.P.F.00 pump with qPt = 58,227 cm3 was
equal to 93,5%, and increased to 94,3% when its delivery
was decreased to qPt = 32,20 cm3.
The coefficient k3 of pressure loss ΔpPp provides the
information about the scale of losses generated in machine’s
inner channels and distributor. These losses are mainly the
effect of local pressure losses resulting from direction and
velocity changes of the flowing medium. The pressure efficiency
ηPp can be calculated by subtracting the obtained value of
coefficient k3 from 1. The pressure efficiency of the examined
pumps was relatively high and ranged about ~ 99,9%.
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COMPARING ENERGY LOSS
COEFFICIENTS IN PISTON MOTORS
Table 2 collates the energy loss coefficients k i obtained
for the examined piston motors as a result of applying a new
perspective to loss and efficiency assessment in rotating

Tab. 1. Energy loss coefficients ki in displacement piston pumps [2÷4, 10]

QPv

ΔpPp

MPm

PTOZ2-25

A7V*

A7V**

νn [mm2s–1]

35

35

35

qPt [m3]

16,50 ∙ 10 –6

32,20 ∙ 10 –6

nPn [s–1]

16,67

pn [MPa]

Tab. 2. Energy loss coefficients ki in displacement piston motors [1, 2, 4]
SWSB-63

PTO2-16

A6VM

νn [mm2s–1]

26

35

22

58,23 ∙ 10 –6

qMt [m3]

639 ∙ 10 –6

12,74 ∙ 10 –6

160 ∙ 10 –6

25

25

n Mn [s–1]

2,67

21,54

50

16

16

32

pn [MPa]

6,2

16

40

PPc [kW]

4,40

12,88

23,10

PMc [kW]

10,6

4,39

320

k1=

0,056

0,057

0,065

k7.1=

0,032

0,060

0,038

apv=

–

–

0,97

k7.1.1=

0,018

0,035

0,002

aνv=

–

–

–0,30

k7.1.2=

0,014

0,025

0,036

k 3=

0,001

0,002

0,001

aνm=

0,15

–

–

k 3=

0,001

0,002

0,001

k7.2=

0,076

0,033

0,036

aQp=

1,59

–

1,76

k8=

0,039

0,001

0,002

aνp=

–

–

0,26

aQp=

1,76

1,87

1,76

k4.1=

0,076

0,039

0,021

aνp=

0,25

–

–

k4.1.1=

0,063

–

0,014

k 9=

0,053

0,047

0,054

k4.1.2=

0,013

–

0,007

apv=

1,62

0,92

–

k4.2=

0,047

0,015

0,015

aνv=

–0,62

–

–

aνm=

–

–

0,316

a nv=

0,12

–

–

* – coefficients k i and exponents “a” determined for nominal operating
parameters of the system in which the A7V.58.DR.1.R.P.F.00 pump
was used
** – coefficients k i and exponents “a” determined for nominal parameters
of the A7V.58.DR.1.R.P.F.00 pump

displacement machines used in hydrostatic drive and control
systems [1, 2, 4]. Constructional solutions of the examined
motors are shown in Figs. 5 ÷ 7.
The coefficient k7.1 of the mechanical loss moment MMm (being
the sum of coefficients k7.1.1 and k7.1.2) provides the information
about losses caused by friction between construction elements
(bearings, for instance) and between the liquid medium filling
the crank chamber and the cylinder block (in piston machines).
The largest losses were recorded in the PTO2-16 motor.
The coefficient k7.2 of the mechanical loss moment MMm
provides the information about the scale of mechanical loss
moment increase ΔMMm in the motor as a result of the increase
in motor shaft loading. The largest losses were recorded in
the SWSB-63 motor.
The mechanical efficiency ηMm of the hydraulic motor can
be calculated by subtracting the obtained sum of coefficients
k7.i from 1. Hence, the mechanical efficiency of the SWSB-63
motor was 96,8%, while that of the PTO2-16 motor was 94,0%
and of the A6VM160 motor was 96,2%.
The coefficient k8 of the pressure loss ΔpPp provides the
information about the scale of losses generated in machine’s
inner channels and distributor. These losses are mainly
the effect of local pressure losses resulting from direction
and velocity changes of the flowing medium. The pressure

M Mm

ΔpMp

QMv

efficiency ηMp can be calculated by subtracting the obtained
value of coefficient k8 from 1. The highest pressure efficiency,
equal to 99,0%, was recorded for the PTO2-16 motor.
The coefficient k9 of the volumetric loss rate QMv provides
the information about the scale of leakage flows in the
displacement machine. The volumetric efficiency ηMv can be
calculated by subtracting the obtained value of coefficient k9
from 1. The lowest volumetric efficiency, approximately equal
to 95,5%, was recorded for A6VM and SWSB-63 motors.

CONCLUSIONS
The presented research is the next step in scientific
development of the author involved in creating a library of
energy loss coefficients k i. This work discusses its practical
implementation for assessing the quality of the examined
machines.
Each energy loss coefficient k i describes a relative value
of individual loss in a hydrostatic system element (pump,
hydraulic motor, but also in a conduit and the motor speed
throttle control unit).
The k i coefficients provide the opportunity for assessing
proportions and scale of losses, as well as the resulting
(volumetric, pressure, and/or mechanical) energy efficiency of
an element, being the result of losses generated at the reference
viscosity and nominal operating pressure pn of the system in
which the element is installed.
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The information on exact values of the energy loss
coefficients k i for individual loss types provides opportunities
for determining losses and (volumetric, pressure, mechanical,
and total) energy efficiency of an element working in the
drive system, as well as the total efficiency of the system
with a given speed control structure as a function of speed
coefficient M and load coefficient M of the hydraulic motor
referred to in [9].
Tables 1 and 2 collate the obtained values of ki coefficients
and such exponents as: aQp, aνp, apν, aνν, aνm, anν which describe
the effect of such parameters as: flow rate, pressure, rotational
speed, and viscosity on individual losses. The values of these
coefficients were obtained using the power sum method
described in [4, 6], among other tools.
The values of such exponents as: aQp, aνp, apν, aνν provide
the information about the type of flow taking place in the
examined machine.
The exact value of the exponent aνm could only be
calculated for two machines. It was equal to aνm = 0,316 for
the A7V.58.DR.1.R.P.F.00 pump, and to aνm = 0,148 for the
SWSB-63 motor.
The article compares the values of energy loss coefficients ki
for the A7V.58.DR.1.R.P.F.00 pump examined at its nominal
parameters [3] and in the conditions of nominal operation of
the entire system in which it was installed [10]. The obtained ki
values are different, as the pump working in conditions which
differ from its nominal parameters generates higher energy
loss coefficients ki and, consequently, has lower efficiency.

6. Maczyszyn A.: Method of sum of power losses as a way for
determining the ki coefficients of energy losses in hydraulic
motor. Polish Maritime Research. Vol. 23, No. 2 (90) (2016),
pp. 57–63.
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ABSTRACT

On inland waterways the ship resistance and propulsive characteristics are strictly related to the depth of the waterway,
thus it is important to have an understanding of the influence of water depth on ship hydrodynamic characteristics.
Therefore, accurate predictions of hydrodynamic forces in restricted waterways are required and important. The aim of
this paper is investigating the capability of the commercial unsteady Reynolds– Averaged Navier–Stokes (RANS) solver
to predict the influence of water depth on ship resistance. The volume of fluid method (VOF) is applied to simulate the
free surface flow around the ship. The hull resistance in shallow and deep water is compared. The obtained numerical
results are validated against related experimental studies available in the literature.

Keywords: ship resistance, shallow water, RANS

INTRODUCTION
In general, for a ship moving in shallow water, the following
phenomena may take place due to the interaction between
the ship and the seabed [1, 2]:
• water speed around the ship hull increases;
• pressure gradients around the hull increase;
• dynamic trim and sinkage increase;
• ship’s wave pattern changes (wave amplitude increases);
• ship resistance increases;
• other ship characteristics (wake field, hull-propeller
interaction, maneuverability) change;
The knowledge of ship resistance when navigating through
shallow water regions is necessary and important, as correct
design of ship propulsion system depends on the accuracy in
determining its resistance.
This paper discusses the influence of water depth on ship
resistance, with the aim to make inland vessels operate
more economically and safely, as well as to reduce their fuel
consumption.
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There are three types of methods which are used to
evaluate ship resistance in shallow water: empirical methods,
Computational Fluid Dynamics (CFD) methods, and model
towing tank tests.
The model tests give the most reliable results in predicting
ship resistance in comparison with the two other methods.
But this technique is both expensive and time consuming,
so it is usually used after the alternative design stage, when
the overall dimensions and the lines plan of the ship have
already been optimally chosen.
Some empirical methods, mostly based on towing tank
test results, have been proposed by Artjushkov [3], Geerts
[4], and Karpov [5], among others, to predict ship resistance
in shallow water. These methods are fast and do not require
much input data. However, their range of application is often
limited, and the lack of accuracy is a problem [6].
Nowadays, fast development of computational resources
is making the Computation Fluid Dynamics (CFD) methods
become a powerful tool for ship designers in solving problems
related to hydrodynamics. Ship resistance calculation is one of

the basic hydrodynamic problems. The benefit of this method
is that it allows visualization of several quantities, such as
flow streamlines, wave profiles, or pressure distributions, for
instance, which are difficult to obtain from experiments. This
is a very useful aid for designers to understand the physics
of flow phenomena, at least from a qualitative point of view.
Depending on the assumptions made to simplify the
fluid equations, a number of CFD approaches can be named
that are available to solve hydrodynamics problems. These
approaches include: the potential flow theory (panel code),
Reynold Averaged Navier-Stokes (RANS) equations, Detached
Eddy Simulation (DES), and Large Eddy Simulation (LES).
DES and LES approaches require much more computational
effort, in terms of meshing and solver time, than the remaining
two methods, but they allow to capture small variances of
quantities of interest (velocity and pressure). However, in the
ship resistance problem we mainly focus on the average values
of forces. The RANS method simulates the turbulence using the
term called “turbulence model” and gives time averaged mean
values for velocity and pressure fields. This way, it consumes
less time and requires less computational resources [7].
At the moment, the most popular approach is RANS CFD,
as it ensures sufficient accuracy of results for engineering
purposes at reasonable computational time. However, the
level of accuracy of the numerical simulation significantly
depends on practical skills.
There are some authors who performed shallow-water
CFD calculations to investigate the influence of shallow water
on ship resistance. However, large discrepancies between
CFD and experimental data were witnessed for some results
obtained by Prakash et al. [8], Pacuraru et al. [9], Patel et al.
[10], Tezdogan et al. [11].
This paper presents the theoretical background and
application of the RANS method to investigate the effect of
water depth on ship resistance, taking into account the detailed
setup of simulation to get accurate and meaningful results
which agree well with the experiment. The case study is the US
Navy Combatant DTMB with the available experimental data
making it possible to validate the obtained numerical results
on the experiment. The commercial solver Star–CCM+ was
used in this study. The main objective of the paper is to assess
the accuracy of CFD simulation for ship resistance calculations
at different water depths.
The paper is organized as follows: the theoretical
background of shallow water effects on ship wave patterns
and ship resistance are described in detail in Section 2. The
numerical simulation is analyzed and discussed in Section 3.
The summary and conclusions are presented in Section 4.

hull, and significant changes in sinkage and trim. All this leads
to the increase in potential and skin friction drag, together
with the increase in wave resistance. Using the wave theory,
the wave velocity c can be developed in terms of h and λ,
where h is the water depth from the still water level and λ is
the wavelength, crest to crest. Therefore, classifying the water
as deep or shallow can be decided based on the ratio of water
depth h to wavelength λ.
For the deep water, the ratio h/λ is approximately assumed
as h/λ ≥ 1/2.
For the shallow water, the ratio h/λ is h/λ ≤ 1/2 and
is known as the critical speed, where c is the wave velocity
and g is the acceleration gravity.
Larsson et al. [1] performed shallow water investigations
in which they presented wave patterns formed due to a point
source in shallow water. Their work led to the introduction
of the dimensionless depth Froude number:
(1)

SHALLOW WATER EFFECTS
ON SHIP WAVE PATTERNS
Obviously, the geometry of the ship’s wave pattern in
shallow water is not only dependent on its Froude number
but also on its depth Froude number, which modifies the
wave length and wave components. Based on the value of
Frh, there are three flow regimes:
• Sub-critical Frh < 1.0;
• Critical Frh = 1.0;
• Supercritical Frh > 1.0.
The wave system at speeds well below Frh < 1.0, is shown in
Figure 1(a). It comprises the transverse wave system and the
divergent wave system propagating away from the ship. This
wave system might be called the Kelvin wave pattern. When the
ship speed nears the critical speed, Frh = 1.0 the waves become
more perpendicular to the track of the ship, Figure 1(b). At
speeds greater than the critical speed, the diverging wave
system propagates away from the ship with a certain angle,
but in this case the transverse waves are clearly visible [1].

a) Sub-critical

THEORETICAL BACKGROUND OF
RESTRICTED WATER EFFECTS ON WAVE
PATTERNS AND SHIP RESISTANCE
When the ship approaches a restricted depth water region,
the interaction begins between the ship and the seabed, which
leads to the velocity increase and pressure decrease under the

b) Critical
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c) Supercritical
Fig. 1. Pressure patch wave patterns for different Frh [1]

The vessel under study in this paper is the US Navy
Combatant DTMB shown in Figure 4. The main reason for
selecting this hull is that the hull geometry is published [13]
and extensive model test data exists for vessel resistance at
different Froude numbers in shallow and deep water. This data
comes from tests carried out by the Ship Design and Research
Centre CTO S.A. Poland [14, 15]. To provide opportunities
for direct comparison, the computations were performed at
the model scale with scale factor λ = 26.69, the same as the
scale used in model tests.

SHALLOW WATER EFFECTS
ON SHIP RESISTANCE
In order to describe fully the effect of shallow water on ship
resistance, it is usual to use such parameters as T/h or L/h, as
well as the depth Froude number Frh. The influence of shallow
water on the wave resistance component caused by changes
in the wave pattern has already been investigated by Larsson
et al. [1]. The results of the Froude number-based resistance
experiment regarding to L/h changes are shown in Figure 2.

Fig. 2. Influence of water depth on residual resistance coefficient [12]

Figure 3 shows the influence of water depth on the total
resistance coefficient as a function of Froude number and
depth Froude numbers.

Fig. 3. Influence of water depth on total resistance coefficient
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Fig. 4. Geometry of US Navy Combatant DTMB
Tab. 1. Basic parameters of unmanned boats
Description

Ship

Model

Scale factor

λ

–

26.69

Length between perpendiculars

LPP(m)

142.0

5.320

Length of waterline

LWL(m)

142.18

5.327

Breadth

B(m)

19.06

0.714

Draft

T(m)

6.15

0.230

Volume

(m3)

8425

0.438

Wetted surface

S(m2)

2972

4.17

Longitudinal Center of Buoyancy
From AP

LCB/
LPP

0.489

TEST CASES
The computations were performed on the model scale
for the following conditions: design draft TM = 0.23 m
corresponding to the model volume M = 0.455 m3, and LCB
measured from AP equal to 2.602 m in shallow water (water
depth hM = 0.46 m) and in deep water.
The following settings were considered in the simulations:
• Calm water condition;
• Six model scale speeds: 0.597; 0.799, 0.995; 1.199; 1.291,
1.394 m/s for shallow water and deep-water simulations,
corresponding to six depth Froude numbers: 0.281, 0.376,
0.469, 0.564, 0.608, 0.656 for shallow water case.
• The vessel is free to trim and sink;
• The hull mass is constant.
The water parameters for all case studies (density, viscosity)
corresponded to real values used in the experimental set up
(water density ρ = 998.7 kg/m3, kinematic viscosity of water
ν = 1.079x10-6 m2/s).

COMPUTATION SETUP
The commercial package Star-CCM+ from Siemens was
used for the computation.
Computational domain and boundary conditions
The size of computational domain and the boundary
conditions are important factors that affect the numerical
results. For the computational domain, in general, its size
should be taken sufficiently large to avoid any wave reflections
from the boundary walls that might affect the numerical
results. For the ship resistance calculation, the existing flow
symmetry makes that only half of the hull (port side) can be
simulated, thus reducing the computational time. Based on the
recommendations and applications reported in Star-CCM+
[16], the size of the computational domain used in this study
was selected as follows: the inlet boundary was located at 1.5LPP
from forward perpendicular, while the outlet boundary was
located at 2.5LPP from aft perpendicular. The top boundary was
located at 1.5LPP from the free surface, and the lateral boundary
at 2.5LPP from the center plane. The bottom boundaries for
shallow-water and deep-water simulations were located at
depth of 0.46 m and 2.5Lpp from the free surface, respectively.
The free surface was located at z = 0.
There are several types of boundary conditions offered by
the CFD software package. For Star-CCM+, the boundary
conditions applied when simulating ship resistance in shallow
and deep water are given in Table 2.
Tab. 2. Boundary Conditions
Boundary

Shallow water

Deep water

Inlet

Velocity inlet

Velocity inlet

outlet

Pressure outlet

Pressure outlet

side

Symmetry plane

Symmetry plane

Symmetry

Symmetry plane

Symmetry plane

Top

Velocity inlet

Velocity inlet

Bottom

Moving No-slip wall

Velocity inlet

Ship hull

No-slip wall

No-slip wall

(DFBI) module, which allows the user to select degrees of
freedom in which the analyzed structure can move and rotate.
For the current study, the ship was free to trim and sink.
Since the ship moves in shallow water, the bottom of the
ship is very close to the seabed boundary. To accurately
model the movement of the ship above the fixed bottom,
the “morphing mesh” was used. When using this mesh, the
boundaries of a region can change position and shape over
time, due to the motion of the contacting body [16]. Figure 5
shows a simple example of the morphing mesh with the flow
through a cylinder with contracting wall.

Fig. 5. Example of morphing mesh [16]

Mesh generation
The mesh used in the calculations was composed of
hexahedral cells. The meshing and the flow simulation were
conducted by Star-CCM+. The grid generated for DTMB
was characterized by concentration of cells around the hull
region near the free surface.
To avoid using a fine mesh where unnecessary, a local
volume was created for the sonar dome, and particular cell
size was assigned. To capture the exact flow behavior near the
walls of the wetted surface, prism layers were used to resolve
the near-wall flow accurately. The prism layer numbers were
selected such as to ensure the average y+ value of 50 on ship
wall boundaries. To capture the flow around the hull near
the free surface, a finer mesh was created in the free surface
region. The grid at the free surface needed to be small enough
to capture the wave elevation.
Figure 6 shows the general view of the coarsest mesh for
shallow and deep water.

In the case of shallow water simulation, there is an interaction
between the ship and the seabed. Therefore, the moving No-slip
wall condition was applied on the tank bottom (the bottom
moves with the velocity equal to the ship speed), which is
similar to the CFD simulation successfully performed by Mark
Bettle et. al [17].
Physics modelling
The computation was carried out using the unsteady
Reynold Averaged Navier-Stokes (RANS) equation model.
The free surface was modeled with the volume of fluid
(VOF) method. Fluid turbulence was simulated employing
the Realizable K-epsilon Two-layer model with Two-layer all
y+ wall treatment. To ensure accurate representation of ship
motions, Star-CCM+ offers a Dynamic Fluid-Body Interaction
POLISH MARITIME RESEARCH, No 3/2019
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2.97 million for deep water. Mesh refinement was done by
reducing the cell size in all directions outside the prism layer.
The idea here was to keep the same y+ values, of about 40 to
60, at near-wall cells over the largest part of the wetted hull
surface for all six cases.
Table 3 presents the total resistance results obtained for
three grids resolutions at V = 1.199 m/s in shallow and deep
water. The difference between the EXP data, denoted as D,
and the CFD simulation results, denoted S in this paper, is
defined as:

Fig. 6. General view of computational mesh in shallow and deep water

Selection of time step
One of the key issues determining the numerical accuracy
is the time step. For implicit solvers, the time step is decided
by flow features. For standard pseudo-transient resistance
computations, the recommended time step is related to the
L/V ratio [18]:

Δt = 0.005 ~ 0.01 L/V, [s]

(3)

The solution changes obtained in simulations performed
on two subsequent meshes, such as fine-medium ε12 and
medium-coarse ε23, are defined as follows:

ε12% = (S1 – S2) / S1; ε23% = (S2 – S3) / S2

(2)

where V [m/s] is the ship speed and L [m] is the characteristic
length.
RESULTS AND DISCUSSION
Mesh independency study
The first step of the research was to carry out the mesh
sensitivity study, i.e. to determine the mesh density at which
the difference between total resistance values obtained from
two subsequent meshes reaches a sufficiently low level. The goal
of such a study is to obtain the “grid-independent solution”,
i.e. to ensure that further mesh refinement does not improve
the quality of the results. In the presented case, the mesh
sensitivity was studied for shallow water and deep-water cases
at V = 1.199 m/s. The studies were conducted using three
grids with the Non-integer grid refinement ratio rG =
(the value recommended by the ITTC-Quality Manual 7.503-01-01, 2008 [19]). These grids were referred to as coarse
(grid#3), medium (grid#2) and fine grid (grid#1), with the
corresponding cell numbers equal to 0.54, 1.23 and 2.85
million, respectively, for shallow water, and 0.65, 1.42 and

The presented cases show that the resistance changes
monotonically with mesh density, and the comparison
shows quite a good agreement between simulation (CFD) and
experimental values (EFD), especially for the fine mesh (the
relative error equal to only 3.28% for shallow water simulation
and 0.47% for deep water simulation). As a result, the fine
mesh was used in further studies.
Numerical simulation results
Table 4 and Figure 7 compare the predicted and measured
total ship resistance values in shallow and deep water for the
depth Froude number ranging from 0.281 to 0.656. As can be
seen, the difference between the numerically predicted and
experimentally recorded ship resistance results varies from
1.45% to 4.47% for the shallow-water simulation and from
0.47% to 3.57% for the deep-water simulation.
Comparing the values of ship resistance components
for shallow and deep water is summarized in Table 5 and
Figure 8. As can be seen, two of the resistance components
increase when the ship moves in shallow water. The change
of the friction resistance component can be explained by the

Tab. 3. Total resistance predicted on different grids at V = 1.199 m/s (Frh = 0.564) in shallow and deep water (Model scale)
Shallow water
V&V Study
Parameter

EFD(D)
Grid#3

Grid#2

Grid#1

Value

15.291

14.23

14.68

14.79

E%D

/

6.94

4.00

3.28

ε32%

ε12%

3.07

0.74

ε32%

ε12%

–1.09

–0.47

RT[N]
Deep water
V&V Study
Parameter

EFD(D)
Grid#3

Grid#2

Grid#1

Value

12.720

12.98

12.84

12.78

E%D

/

–2.04

–0.94

–0.47

RT[N]
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(4)

Tab. 4. Comparing predicted ship resistance results with experimental values (model scale)
Parameters

V [m/s]

0.597

0.799

0.995

1.199

1.291

1.393

Frh

0.281

0.376

0.469

0.564

0.608

0.656

EXP.

4.670

7.282

10.667

15.291

16.695

19.788

CFD

4.47

7.05

10.28

14.79

16.953

20.08

Relative error [%]

4.47

3.28

3.77

3.39

–1.52

–1.45

EXP.

3.08

5.27

8.25

12.72

14.52

16.98

CFD

3.19

5.45

8.48

12.78

14.78

17.43

Relative error [%]

3.57

3.42

2.79

0.47

1.79

2.65

RT [N]
in shallow
water
(h = 0.46m)

RT [N]
in deep
water

Fig. 7. Comparing predicted ship resistance results in deep and shallow
water at different speeds with experimental values

Fig. 8. Changes of ship resistance components
in shallow and deep water

Tab. 5. Changes of ship resistance components in shallow and deep water (model scale)
CFD computation in deep water

CFD computation in shallow water (h = 0.46m)

V [m/s]
RT

RF

RP

Frh

RT

RF

RP

0.597

3.19

2.80

0.39

0.281

4.47

3.08

1.39

0.799

5.45

4.84

0.61

0.376

7.05

5.14

1.91

0.995

8.48

7.04

1.44

0.469

10.28

7.48

2.80

1.199

12.78

10.18

2.6

0.564

14.79

10.78

4.01

1.291

14.78

11.6

3.18

0.608

16.953

12.316

4.64

1.393

17.43

13.38

4.05

0.656

20.08

14.46

5.62

increasing flow velocity under the keel when the vessel moves
from deep to shallow water. This flow velocity change, clearly
shown in Figure 9, results from the interaction between the
ship and the seabed. The change of the pressure resistance
component can be explained by the change of the wave
pattern in shallow water, accompanied by significant pressure
drop (see Figures 10 and 11).

CONCLUSION
The unsteady RANS calculations were performed to
predict the resistance of the DTMB model in shallow

water at different depth Froude numbers. The selected
ship speed values were the same as in the towing tank
experiments performed in CTO [14, 15]. In all analyses,
use was made of the commercial RANS solver Star-CCM+
version 12.02.011.R8.
The predicted ship resistance and model test results were
presented for the DTMB model. The CFD results obtained
for all simulation cases show quite good agreement with
the experiment.
The increase of ship resistance in shallow water, compared
to the deep-water case at the same speed, is due flow velocity
change under the keel and significant pressure drop along
the hull, all this leading to wave pattern change.
POLISH MARITIME RESEARCH, No 3/2019
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b) Deep water

a) Shallow water

Fig. 9. Flow velocity distributions under keel in deep and shallow water, at the same speed (V=1.199 m/s)

a) Shallow water

b) Deep water

Fig. 10. Dynamic pressure distributions along the hull in deep and shallow water,at the same speed (V=1.199 m/s)

a) wave patterns at V=0.799 m/s

b) wave patterns at V=1.199 m/s

c) wave patterns at V=1.199 m/s
Fig. 11. Wave patterns at different speeds in shallow and deep water
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The computed values of the resistance components
(frictional and pressure) reveal that when the ship moves in
shallow water, the pressure resistance component changes
more than the friction resistance component, especially at
high depth Froude numbers.
Good agreement between CFD computations and model
tests illustrates the capability of RANS CFD in solving ship
hydrodynamics problems. However, further validation using
model tests with final hull form should be carried out to avoid
unexpected errors of numerical methods.
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ABSTRACT

The longitudinal motion characteristics of a slender trimaran equipped with and without a T-foil near the bow are
investigated by experimental and numerical methods. Computational fluid dynamics ( CFD) method is used in this
study. The seakeeping characteristics such as heave, pitch and vertical acceleration in head regular waves are analyzed
in various wave conditions. Numerical simulations have been validated by comparisons with experimental tests. The
influence of large wave amplitudes and size of T-foil on the longitudinal motion of trimaran are analyzed. The present
systematic study demonstrates that the numerical results are in a reasonable agreement with the experimental data.
The research implied that the longitudinal motion response values are greatly reduced with the use of T-foil.

Keywords: trimaran; T-foil; URANS; longitudinal motion; model test

INTRODUCTION
Improving a ship’s seakeeping performance and enhancing
its navigational performance under stormy wave conditions
has always been crucial research topics in the marine industry.
More and more research works on high-performance vehicles
and stabilization techniques have been made in recent years.
Trimarans are currently of interest for many new highspeed ship projects due to their high level of hydrodynamic
efficiency.
Compared with monohull and catamaran, the trimaran
has excellent navigation and high-speed performance [1, 2].
Large amount of efforts have been focused on developing
experimental and numerical methods to predict the
seakeeping performance of trimarans. In the work [3] two
different designs for target trimaran were studied. The first
one had a round bilge hull and asymmetric side hulls and
the other one had a Deep-V hull and symmetric side hulls.
Comparison of the resistance and seakeeping qualities of the
two different trimaran designs tested in model scale were
presented in their paper. In [4] model tests were conducted on
multiple trimarans, and the influence of trim, hull form and

outrigger layout on the resistance and seakeeping performance
were analyzed. In [5] the effects of the stagger of the side
hulls on the motions in heave and pitch of a trimaran hull
were investigated. Despite the model experiments were still
valuable the use of CFD method was getting in common. CFD
approaches widely used by researchers can be classified into
two main categories, namely, based on potential theory and
RANS method. For the prediction of seakeeping performance
some methods could be found in the literature : in [6] the
high-speed slender body potential flow theory (also called
two and a half dimensional potential flow theory, 2D+t or
2.5D), was first developed. The method effectively solved
the shortcomings of the STF method in the prediction of
multihull ship seakeeping [7]. In [8] the vertical motions of
a trimaran with different Froude numbers were calculated by
using 2.5D theory. The authors demonstrated that the results
of the 2.5D method for prediction of the trimaran waveinduced motions are in agreement with the experimental
results. In [9] a series of model tests in regular head waves
were conducted for one trimaran with different outrigger
layouts at the Froude numbers of 0.471 and 0.628. The authors
pointed out that the numerical model of 2.5D is based on the
linear potential flow theory and hence cannot capture the
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influence of the violent green water on the heave motions,
and that this could cause an error in the numerical results.
In the traditional potential theory viscosity and nonlinearity effects are not taken into account, thus it may
cause errors. As computational facilities have become more
powerful and accessible, CFD tools are now increasingly used
to predict ship motions. In [10] a numerical method for the
prediction of motion performance of a trimaran with a long
bulb and a transom stern was developed and its accuracy was
assessed by the comparison with experiments. The unsteady
Reynolds-averaged Navier-Stokes equations are solved with
the density function technique for the free surface treatment.
The research showed that the heave and pitch motions were
predicted with reasonable accuracy. In [11] ship motions and
added resistance of a high-speed trimaran in regular head
waves were predicted by using CFD tools. In [12] CFD tools
were used to investigate the optimization of a trimaran yacht
equipped with axebow. The study was focused on the analysis
of resistance and seakeeping qualities which could provide
the best performance to the yacht.
When the trimaran navigates under high speed, the
longitudinal motion responses may be large. The vertical
acceleration will cause severe seasickness of passengers and
crew [13]. In order to reduce longitudinal motion responses
of fast ferries, different kinds of motion control devices have
been developed to increase comfort of passengers. In recent
years, T-foils has been widely installed on fast ferries due
to its small size and obvious effects. It is fixed under the
bow, providing the restoring force and moment, and it can
reduce the pitch and heave motion of the fast ferries [14]. The
INCAT corporation engaged in the study of anti-vertical
motion appendages, developed fixed and retractable T-foil and
cooperated with Maritime Dynamics Inc. (MDI) to design
the Ride Control System (RCS) which can adjust the restoring
force and moment generated by T-foil when the ship moves in
waves [15]. In [14-16] many numerical simulations and model
tests of the high speed monohull craft with T-foil and flaps
were conducted. The authors pointed out that the vertical
acceleration and MSI (Motion Sickness Index) of the fast ferry
were reduced by 65 and 35% , respectively , with the actuators
moving under control. In [17] an experimental study (model
tests) was conducted on a trimaran with controlled T-foil,
three different ship models including a bare hull, a hull with
non-controlled T-foil and a hull with an active controlled
T-foil. In the study, the efficacy of the non-controlled and
controlled T-foil were reported and discussed. There are
limited studies based on URANS method on the reduction
of vertical motion of the trimaran by means of T-foil.
The present study primarily deals with the seakeeping
performance of a trimaran with T-foil near the bow in regular
head waves, investigated by using experimental and numerical
methods.
In the present study, the numerical simulations and
experimental tests for the prediction of the ship motions
of trimaran with and without T-foil in regular head waves
are carried out. The numerical method is based on URANS
method. Both free heave and pitch motions in head waves
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are simulated. The obtained numerical results are validated
with the use of experimental data. During the study, the
grid convergence tests are also carried out for the URANS
approach. The longitudinal motion of the ship is examined
in various wave conditions. Unsteady wave patterns and the
time history results of the longitudinal ship motion responses
in waves are simulated by using the CFD tool. To investigate
the influence of T-foil on hydrodynamic performance of
high-speed trimaran in regular head waves, two cases are
considered: bare trimaran and trimaran with T-foil. The
influence of large wave amplitudes and size of T-foil on the
longitudinal motion of trimaran are analyzed.

DESCRIPTION OF THE TRIMARAN AND
T-FOIL
A numerical simulation and small-scale model test of the
trimaran were carried out. The body plan of the main hull
and outriggers are shown in Fig. 1. The main characteristics
of the model are given in Tab. 1.
The dimensions of the T-foil installed on the trimaran
model near the bow are indicated in Tab. 2. The T-foil is
composed of a vertical foil and an airfoil with the attack angle
of r°. It is assumed that the counter-clockwise rotation angle
of the T-foil is positive. The geometrical image of the trimaran
equipped with the T-foil and stern flap is shown in Fig. 2.

Fig. 1 Lines drawing of the trimaran
Tab. 1 Main characteristics of the trimaran model

Main feature

Value
Middle Hull

Length overall (m)

Side Hull

3.343

Breadth (m)

0.641

Depth (m)

0.249

Length at waterline (m)

3.0

1.071

Beam at waterline (m)

0.24

0.051

Draft (m)

0.122

0.043

Displacement (kg)

45.99

Longitudinal radius of gyration (m)

0.807

Ratio of main hull displacement and
outriggers displacement

14.333

Tab. 2 Dimensions of the T-foil`

The forward speed U was set at 3.408 m/s, and the
corresponding Froude number

was equal to 0.628. For

Principal particulars

Value

Airfoil shape

NACA0012

the entire seakeeping tests, the wave amplitude

Span (m)

0.144

with wave length. The wavelength λ varied between 1.5 m

Chord (m)

0.096

Aspect ratio

1.5

and 6.75 m, thus the ratio

changed

varied between 0.50 and 2.25.

The numerical simulations were conducted in the same test

Rotating angle of the flap ()
Width of the vertical foil (m)

0.01

Length of the vertical foil (m)

0.060

Height of the vertical foil (m)

0.024

Longitudinal position of installed foil (distance between
vertical centre line of foil and 10th theoretical station of

1.320

conditions as for the model tests. The CFD simulations and
model tests were performed for eleven different conditions
listed in Tab. 3, ( identified by their case numbers). The wave

the trimaran body) (m)

encounter frequency

[ Hz] is calculated from the formula

for head seas (where - the gravitational
acceleration, and

- the ship forward speed [ m/s]).

Wave frequency
f (Hz)

Encounter frequency
fe (Hz)

ȗ N

Model tests were conducted at the Harbin Engineering
University towing tank whose dimensions are: 108 m, 7 m and
3.5 m in length, width and depth, respectively. There is a wave
maker at one end of the towing tank, and a wave dissipation
bank at the other end of the towing tank. The maximum
speed of the towing carriage over the tank is 6.5 m/s. The
waves generated by the wave generator are measured with
the use of a wave probe. The four - motion measurement
device (heave, pitch, roll and surge) is used to measure the
ship model motions.
The bare trimaran hull model and the model fitted with a
T-foil and stern flap are used for the model tests. The model
free to trim and sink was run first in calm water to obtain
the basic resistance. The models were then run in a seaway to
allow the ship wave-generated motions to be observed. The
heave, pitch and vertical acceleration at 19th hull station near
the bow in different wave conditions were measured. Fig. 3
shows the experimental setup for the model test.

Wave amplitude
ȗ P

EXPERIMENTAL SETUP

—

—

—

—

—

0.50

0.015

1.020

3.292

0.063

0.75

0.0225

0.833

2.348

0.063

C3

0.88

0.025

0.769

2.060

0.059

C4

1.0

0.03

0.721

1.857

0.063

C5

1.25

0.03

0.645

1.554

0.050

C6

1.38

0.03

0.614

1.437

0.046

C7

1.60

0.04

0.570

1.280

0.052

C8

1.75

0.04

0.545

1.194

0.048

C9

2.0

0.05

0.510

1.078

0.052

C10

2.25

0.05

0.481

0.986

0.047

Condition number

Fig. 2 Geometrical image of the trimaran with T-foil

Wave length
(λ/LPP)

Tab. 3 Simulation and model test conditions

C0 (calm
water)
C1
C2

NUMERICAL SIMULATION METHOD
This section provides details of the numerical simulation
approaches used in this study and discussion of the numerical
methods applied to the current CFD model.
GOVERNING EQUATIONS

Fig. 3 Experimental setup for seakeeping tests

An URANS approach was applied to calculate the added
resistance and ship motions in regular waves by using the
STAR-CCM+ commercial CFD software [18]. The governing
equations are the RANS equations and continuity equation
for mean velocity of the unsteady, three-dimensional
POLISH MARITIME RESEARCH, No 3/2019
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incompressible flow. The averaged continuity and momentum
equations are given by Eq. (1) and Eq. (2) in tensor form in
the Cartesian coordinate system.
(1)

(2)

where u is the relative averaged velocity vector of flow
between the fluid and the control volume,

ui 'u j ' is the

Reynolds stresses and p is the mean pressure. For Newtonian
fluid under three-dimensional incompressible flow, the mean
shear stress tensor W ij can be expressed as follows :
(3)

where P is dynamic viscosity.
The equation for the translation of the centre of mass of
the ship body is given as:
(4)

where m represents the mass of the body, f is the resultant
force acting on the body and v is the velocity of the centre
of mass. An angular momentum equation of the body is
formulated in the body local coordinate system with the
origin in the centre of the body:

fractions. The grid is simply refined to enable the variations in
volume fraction to be more accurately captured. In this work,
a second-order convection scheme was used throughout all
the simulations to accurately capture interface between the
phases. The flow equations were solved in a segregated manner
by using a predictor-corrector approach. Convection and
diffusion terms in the RANS equations were discretized by a
second-order upwind scheme and a central difference scheme.
The semi-implicit method for pressure-lined equations
(SIMPLE) algorithm [19] was used to resolve the pressurevelocity coupling. The turbulent model selected in this study
was a SST k-w turbulence model which has the ability to
simulate the complex flow problems with flow separation and
strong adverse pressure gradients. In order to simulate the
seakeeping behaviour of the trimaran, the Dynamic Fluid
Body Interaction (DFBI) model was used to allow the model
to move free in heave and pitch modes. The DFBI model
enabled the RANS solver to calculate the exciting force and
moments acting on the hull due to wave forces, and to solve
the governing equations of rigid body motion to reposition
the grid body [20]. The overset mesh allowed all motions to
be simulated without the risk of badly deforming cells, thus
enabling the simulation of large amplitude motions.
C OM PU TAT IONA L D OM A I N ,
CONDITIONS AND MESHES

B OU N DA RY

A general view of the computational domain with the
trimaran is shown in Fig. 4. The boundary conditions are
given in Tab. 4.

(5)

where M is the tensor of moments of inertia, is the angular
velocity of rigid body, and n is the resultant moment acting
on the body. The resulting force and moment acting on the
ship are obtained from fluid pressure and shear force acting
on each boundary face of the body. The translations of the
ship are estimated according to the computed velocity and
pressure fields in the flow domain.
PHYSICAL PHENOMENA MODELLING
Fig.4 General view of computational domain and boundaries
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Top
Velocity Inlet

Trimaran

Bottom
Velocity Inlet

No-Slip Wall

Side
Velocity Inlet

Symmetry

Outlet
Pressure Outlet

Symmetry Plane

Inlet
Velocity Inlet

Boundary

Tab. 4 Boundary conditions

Boundary conditions

The “Finite Volume Method” (FVM) was applied to the
spatial discretization. The “Volume of Fluid “ (VOF) method
was used to model the free surface, either with a flat wave
in the simulation of calm-water resistance or first-order
regular wave in the calculation of ship motion in waves.
The VOF model is based on the assumption that the same
basic governing equations as those used for a single-phase
problem can be solved for all the fluid phases present within
the domain, as it is assumed that they will have the same
velocity, pressure and temperature. This means that the
equations are solved for an equivalent fluid whose properties
represent the different phases and their respective volume

Fig. 5. The dimensions of the computational domain

boundaries were selected as velocity-inlet. The symmetry
plane forms a symmetry condition. The trimaran hull was
regarded as a rigid body and set as no-slope wall. In order
to prevent the undesirable effect of the reflected waves from
the outlet boundary, artificial wave damping capability of the
software package [22] was applied to the outlet boundary in
background region with a damping length equal to1.5 ship
length.
There are three methods , namely : that of rigid motion,
deforming mesh motion and overset mesh, which can be
chosen. The rigid motion and deforming mesh motion
methods have distinct disadvantages compared to the overset
mesh method when simulating bodies with large amplitude
motions. The rigid motion approach causes difficulties for
free surface refinement, especially in pitch, and deforming
meshes may lead to cell quality problems. The authors of [23]
showed that the overset grid method was more accurate in
the prediction of the motion response of an SSB catamaran
under regular wave conditions when heading in the wave. The
overset region moves with the hull over a static background
region. In fact, using the overset mesh saves computational
costs and allows to generate a sufficiently refined mesh
configuration around the free surface and the body. Since
the overset mesh was used, two different regions , named
background region and overset region , were established to
simulate ship responses in calm water and waves. An interface
was produced between the background region and overset
region to transfer fluid information. Mesh generation was
performed by using the automatic meshing facility in STARCCM+ software. A trimmed cell mesher was employed to
produce a high-quality grid for complex mesh generating
problems. The ensuing mesh was formed primarily of
unstructured hexahedral cells with trimmed cells adjacent
to the surface. Prism layers were applied around the trimaran
to resolve the turbulent boundary layer at the no-slip surface
and mesh control volumes were produced to refine the meshes
near the free surface and the hull surface together with the
surfaces of anti-pitching appendages. Fig. 6 presents a general
view of the computational mesh showing the background and
overset domains. As shown in Fig. 6, near the free surface
and around the hull, local mesh refinements were applied to
resolve the wave pattern and the incident wave field. Fig. 7
provides a closer look at the mesh around the ship hull and
anti-pitching appendages.

The inlet boundary was located one model length ahead
of the model’s forward perpendicular; the outlet boundary
- three model lengths behind the model’s aft perpendicular;
the bottom - two model lengths below the calm water surface;
the top - one model length above the calm water surface
and one model length between symmetry boundary and
side boundary. The velocity-inlet boundary condition was
set in the positive x - direction, where first - order incident
regular waves were generated. The velocities of the incident
wave were directly set to the inlet boundary to generate
the required regular wave. The negative x- direction was
modelled as a pressure-out. The top, bottom and side

Fig.6 A general view of the meshes for the whole domain

Two different coordinate systems were applied to predict
ship performance. One is the earth-fixed coordinate system
and another one is the moving coordinate system located at
the centre of gravity (CG) of the trimaran. The origin of the
inertial frames was located on the base line of the ship at its aft
perpendicular. The origin of the ship-fixed reference frames
was situated at their centre of gravity (CG). First , the flow
field was solved, and the exciting force and moments acting
on the hull were calculated in the earth-fixed coordinate
system. Then, the forces and moments were converted to
the moving coordinate system. The motions of the trimaran
were described by translations and rotations with respect to
the centre of gravity in the earth-fixed coordinate system.
The equations of motions were solved to calculate the ship
velocities and then they were converted back to the earthfixed coordinate system. These information sets were then
used to find the new location of the ship and grid system.
The overset grid system was re-positioned after each time
step. The authors of [21] recommend that for simulations in
the presence of incident waves, the inlet boundary should
be located (1÷2) LBP away from the hull, whereas the outlet
should be positioned( 3÷5) LBP downstream to avoid any wave
reflection from the boundary walls. The trimaran symmetry
about its centre plane of the middle hull allowed to discretize
only one-half of the computational domain. Therefore only
a half of the trimaran and control volume were considered
in all the calculations; thus, the symmetry plane formed the
centreline domain face to reduce computational time. The
mid-plane of the ship is located at y=0 and ship draught (T)
is z=0. The dimensions of the boundaries are shown in Fig. 5.
which gives front and side views of the computation domain.
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Where Z a, Φ , A and ζa represent the first Fourier Series
(FS) harmonic amplitudes of heave, pitch, acceleration
and incident wave amplitude time histories, respectively.
Corresponding Fourier transform equations may be referred
to [25]. In this paper, the longitudinal motions of heave and
pitch were evaluated at the ship’s centre of gravity (CG) and
the vertical acceleration was evaluated at the 19th hull station
near the bow.
VERTIFICATION
Fig.7 (a) Meshes around the bow (b) Meshes around the T-foil

VERIFICATION AND VALIDATION FOR
CFD SIMULATION
In this section, following the method presented in [24],
verification and validation (V&V) was performed to quantify
errors and uncertainties in CFD simulations.
It is necessary to mention that the transfer functions of
heave, pitch and acceleration motions were calculated as
follows:
(6)

(7)

(8)

A verification study was carried out to assess the numerical
uncertainty USN. Grid convergence test was performed at the
wave-ship length ratio λ/L = 1.38, which corresponds to the
near-resonant physical conditions for heave motion [9], since
large motions and accelerations tend to cause the highest
numerical errors. The verification parameters included the
wave amplitude ζa, the heave and pitch transfer functions
TF3, TF5 and vertical acceleration at 19th hull station (A19)
near the bow, respectively.
The convergence studies were performed for three cases
by using systematically refined grids and time steps. Often in
implicit unsteady simulations, the time step is determined by
the flow properties. In [26] there is recommended the use of at
least 100 time steps per period for motion responses. In this
paper, a small time step (1/256 of the encounter period) was
used as a base time step. The coarse and fine mesh systems
are derived by reducing and increasing cell numbers per
wavelength and cell height on free surface , respectively, by
using a factor of √2 [27] as well as cell numbers on and around
the ship hull, which is affected by the mesh refinement on free

Tab. 6 Results of grid convergence study.

Tab. 7 Results of time step convergence study.
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surface. The simulation time step is set to be proportional to
the grid size [28, 29, 30].
The grid convergence study was carried out with the
small time step
in three calculations in which
the grid size was systematically coarsened by a uniform
refinement ratio of
in each direction, while the
time step convergence study was carried out with a time step
refinement ratio of
on the fine grid. The base and
coarse mesh were generated by changing the base size of grid
only in the overset region, which means that the background
mesh configuration was not altered [20]. This enabled the
incident head waves to be modelled efficiently through the
computational domain. Otherwise, the incident head waves
would not have been captured well with a coarser grid, thus
leading to wrong results. Although the mesh changed, the
size of prism layers around the hull surface remained the
same. The value of yplus on the hull surface were between
30÷100 as shown in Fig. 8 and Fig. 9. The mesh cell numbers
for each mesh configuration are listed in Tab. 5.

solutions corresponding to fine SK1, base SK2, and coarse SK3
values for the kth input parameter. To assess the convergence
condition, Rk acc. Eq. (9) is used as the convergence ratio:
(9)

where
is the difference between the
results of base mesh and fine mesh, and
is
the difference between the results of coarse mesh and base
mesh. Subscript k refers to the kth input parameter. SC is the
corrected simulation value calculated as
where S
is the simulation results, is the corrected value.
is the
corrected uncertainty.
Tab. 8 Results of grid convergence study.
Parameter

(%D)

(%D)

E(%D)

8.069

2.5

8.447

0.844

11.014

2.5

11.294

-4.589

13.137

2.5

13.373

5.463

12.154

2.5

12.409

1.319

As shown in Tab. 6 and 7, monotonic convergence was
achieved for
, and . The uncertainty estimated
for the wave amplitude, motion transfer functions and vertical
acceleration at 19th hull station were reasonable small. The
grid uncertainty (9.108%) and the time step uncertainty
(10.496%) are relatively large for the pitch transfer
function
these values are reduced to 2.592% and 3.024%
, respectively, when the corrected uncertainties
and
are estimated. The time step uncertainties
are generally
larger than those of the grid uncertainties , which indicates
that the numerical results are relatively more sensitive to the
time step resolution.

Fig.8 Yplus distribution on the hull surface

VALIDATION

Fig.9 Yplus distribution on the hull surface
Tab. 5 The final cell numbers for each mesh configuration in the grid
convergence study.

Grid name

Mesh configuration

Grid number (Million)
Background

G1

Fine

1.092

Overset
5.040

To determine modelling errors, the numerical results were
compared to the experimental data. The experimental data
uncertainty was assumed to be of a rather low value UD =2.5%.
The validation uncertainty Uv and the comparison error E
were calculated and summarized in Tab. 8. As indicated in
Tab. 9, the wave amplitude, the heave, pitch transfer function
as well as the vertical acceleration can be considered validated
since the comparison error E is smaller than the validation
uncertainty Uv. The uncertainty levels are estimated to be
8.447%, 11.294%, 13.373% and 12.409%, respectively.

RESULTS AND DISCUSSION

Total
6.132

G2

Base

1.092

2.229

3.321

G3

Coarse

1.092

1.055

2.147

After performing the validation, the main findings of this
paper are summarized and discussed as follows.

The results of grid and time step convergence studies are
listed in Tab. 6 and 7. Let’s consider the situation of three
POLISH MARITIME RESEARCH, No 3/2019
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WAVE MEASUREMENT
For the purpose of monitoring the waves generated at the
inlet, a wave probe located 0.5 LWL [25] in front of the hull was
set to record the wave elevation. Fig. 10 shows the recorded
time history of the wave elevation at
. The mean
first- order harmonic wave amplitudes of the last ten encounter
periods was 0.0284 m. The errors between the simulated wave
amplitude and the intended wave amplitude were equal to
5.33%. The slight difference was considered acceptable for the
current cell size and time step. The measured wave amplitudes
were used to calculate the motion transfer functions in the
CFD simulation.

angles different resistance characteristics were revealed.
Tab. 10 shows that the trimaran with T-foil attack angle of -5o
demonstrates preferable calm water resistance characteristics.
Therefore, the T-foil attack angle of -5o was used as a basic
condition in subsequent research on the influence of ζa*k
and size of T-foil on the trimaran motions.
Tab. 9 Calm water resistance of the trimaran without anti-pitching appendages

Resistance (N)
Error

(%)

EFD (N)

CFD (N)

36.84

36.50

---

0.92

Tab. 10 Calm water resistance of the trimaran with different T-foil attack
angles

Resistance (N)
Error
(%)
ΔR

(%)

T-foil
(-5):
EFD (N)

T-foil
(-5):
CFD (N)

T-foil
(+5):
EFD (N)

T-foil
(+5):
CFD (N)

39.804

39.116

40.242

39.186

---

2.74

---

2.62

8.05

7.17

9.23

6.85

Fig.10 Time history of wave elevation at the wave probe, λ/L=1.38

SHIP MOTION RESPONSE OF BARE TRIMARAN

CALM WATER RESISTANCE OF TRIMARAN WITH
AND WITHOUT T-FOIL
To investigate the calm water resistance of the trimaran
with and without T-foil, numerical simulations and
experimental tests were carried out. Tab. 9 presents the
experimental and numerical results of the calm water
resistance of the bare trimaran. The total resistance from
model tests exceeded the total resistance from numerical
simulations by about 0.92%, which indicates that the numerical
method was able to simulate the calm water resistance of
the trimaran with a reasonable small error. Tab. 10 shows
the experimental and numerical values of the calm water
resistance of the trimaran at different values of T-foil attack
angle (r5o). The total resistance from experimental tests also
exceeded the total resistance from numerical simulations.
The errors between the experimental (EFD) and CFD
results turned out to be 2.74 % for -5o T-foil attack angle and
2.62% for +5o T-foil attack angle, respectively. Compared
to the resistance of the bare trimaran in calm water, the
resistance of the trimaran with different T-foil attack
angles increased by 8.05% for T-foil (-5o): EFD, 7.17% for
T-foil (-5o): CFD, 9.23% for T-foil (+5o): EFD, 6.85% for
T-foil (+5o): CFD. As a result of the application of the antipitching appendage ( i.e.T-foil ) the calm water resistance
of the trimaran increased, and for different T-foil attack
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Following the model tests and numerical simulations of the
trimaran with and without anti-pitching appendages in calm
water, the motion response of the trimaran was investigated.
The Response Amplitude Operators (RAOs) of heave, pitch
motions and vertical acceleration at 19th hull station were
compared with the model test results as shown in Figs. 11÷13.
In Fig. 11 it can be observed that the CFD method overestimated the heave response values around the resonant
period, while under-estimated the heave response values
for short and long wave conditions. Fig. 12 indicated that
the CFD method under-estimated the pitch response values
around the resonant period. Fig. 13 showed that the CFD
method was in a good agreement with the experimental
results around the resonant period, while under-estimated
the vertical acceleration at 19th hull station for short and long
wave conditions. In general, the CFD method used in this
paper was capable of calculating the longitudinal motions of
the bare trimaran with a relative high speed.

Fig.11 Heave RAO

considered identical to those applied to the simulations of
the bare trimaran. In considering the calm water resistance
characteristics of the trimaran with T-foil, only the T-foil
attack angle of -5o was taken into account in this section.
Response values of heave and pitch motions and vertical
acceleration at 19th hull station calculated by the CFD method
were compared with the results of the experiment as shown in
Figs. 14÷16. In Fig. 14 it can be observed that the CFD method
under-estimated the heave response values, especially for
the short waves (λ/L <0.88), which can be explained by that
for short waves higher requirements as to grid setting are
necessary. The amplitude of the heave response is reduced by
19.6% in case of the CFD method and 13.6% for experimental
results. Fig. 15 indicates that the CFD method was in a good
accordance with the experimental results. The amplitude of
the pitch response is reduced by 39.1% for CFD method and
42.4% for experimental results. Fig. 16 shows that the CFD
method a little under-estimated the vertical acceleration at
19th hull station. The amplitude of the acceleration is reduced
by 41.3% for CFD method and 40.1% for experimental results.
Figs. 14÷16 obviously show that the T-foil can significantly
reduce the longitudinal motions response values of the
trimaran with a high speed.

Fig.12 Pitch RAO

Fig.14 Heave RAO

Fig.13 RAO of acceleration at 19th hull station ( A19)

SHIP MOTIONS OF TRIMARAN FITTED
WITH T-FOIL
The longitudinal motions of the trimaran at high speed
are severe. For the purpose of improving the seakeeping
performance of the trimaran, T-foil was used as an antipitching appendage to reduce the motion response of
the trimaran in waves. The selected wave conditions are

Fig.15 Pitch RAO
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amplitudes of the heave, pitch and acceleration were reduced
by 22.72%, 20.93% and 22.16%, respectively. With the wave
amplitude increasing, the T-foil had different influence on
values of heave and pitch motion and acceleration. The effect
of reducing heave motion appeared a little greater, but in
contrast, the effect of reducing pitch motion and acceleration
became lower, the reduction was from 39.1% to 20.93% for
pitch motion and 42.4% to 22.16% for acceleration motion.

Fig.16 RAO of acceleration at 19th hull station ( A19)

SHIP MOTIONS OF TRIMARAN
IN THE CONDITION OF ζa*K =0.1
Longitudinal motion characteristics of the trimaran with
and without T-foil were investigated in the condition of ζa*k
within the range of 0.046 (longest wave) and 0.063 (shortest
wave). In the considered situations, a high amplitude may
occur making a different influence on the ship motion in
waves. The longitudinal motions of the trimaran with and
without T-foil in the condition of ζa*k=0.1 were investigated.
The wave conditions for the CFD calculations are shown in
Tab. 11. As can be seen in Tab. 11, the wave amplitude ζa times
wave number is equal to about 0.1.

Fig.17 Heave RAO

Tab. 11 Calm water resistance of the trimaran without anti-pitching
appendages
Wave length
(λ/Lpp)

Wave amplitude
ζa (m)

ζa*k

0.50

0.024

0.101

0.75

0.036

0.101

0.88

0.042

0.100

1.0

0.048

0.101

1.25

0.060

0.101

1.38

0.066

0.100

1.60

0.077

0.101

1.75

0.084

0.101

2.0

0.096

0.101

2.25

0.108

0.101

Response values of heave and pitch motions and vertical
acceleration at 19th hull station calculated by the CFD method
are shown in Figs. 17÷19. In the figures it can be observed that
in the wave condition ζa*k=0.1, the T-foil played some role in
reducing the amplitudes of heave, pitch and acceleration. The
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Fig.18 Pitch RAO

Fig.19 RAO of acceleration at 19th hull station ( A19)

INFLUENCE OF T-FOIL SIZE ON
TRIMARAN MOTIONS
To investigate the influence of size of T-foil on trimaran
motions, three sizes of T-foil were considered. During the
CFD simulations, the applied T-foil was of the dimensions
decreased and enlarged by 20% in each direction for the
horizontal wings ,with other parameters unchanged. The
dimensions of the so differentiated T-foils are shown in Tab.
12. The T-foil origin size was marked T2.
Tab.12 Dimensions of the different -size T-foils
Principal particulars

T1

Airfoil shape

T2

T3
Fig.21 Pitch RAO

NACA0012

Span (m)

0.1152

0.144

0.1728

Chord (m)

0.0768

0.096

0.1152

Aspect ratio

1.5

1.5

1.5

Rotating angle of the flap ()

-5

-5

-5

Width of the vertical foil (m)

0.01

0.01

0.01

Length of the vertical foil (m)

0.060

0.060

0.060

Height of the vertical foil (m)

0.024

0.024

0.024

Longitudinal position of foil
installation place (distance between
centre line of vertical foil and 10th hull
station of the trimaran) (m)

1.320

1.320

1.320

The response values of heave and pitch motions and vertical
acceleration at 19th hull station calculated by the CFD method
are shown in Figs. 20÷22. In the figures it can be observed
that each of the three T-foils of different size produced
different effect on the longitudinal motion response values
of the trimaran. The trends of the RAOs were the same for
the considered different-size T-foils. With the increase of
the T-foil dimensions, their effect on pitching stabilization
became greater. The amplitudes of the heave, pitch and
acceleration were reduced by 17.68%, 15.17% and 13.15% for
T1 foil and 29.72%, 25.73% and 31.44% for T3 foil, respectively.

Fig. 22 RAO of acceleration at 19th hull station ( A19)

In addition, the influence of the change of T-foil size on the
calm water resistance of the trimaran , were studied. Tab. 13
shows the results of the numerical calculations of the calm
water resistance of the trimaran with T-foils of different size.
Compared to the calm water resistance of the bare trimaran,
the resistance of the trimaran with T-foils of different size
increased by 5.28% for T1(-5o), 7.17% for T2 (-5o), 11.53% for
T3(-5o). With increasing T-foil dimensions, the calm water
resistance of the trimaran increases.
Tab.13 Calm water resistance of the trimaran with T-foils of different size

Resistance (N)
ΔR

(%)

T1(-5):
CFD(N)

T2 (-5):
CFD (N)

T3 (-5):
CFD (N)

38.426

39.116

40.707

5.28

7.17

11.53

CONCLUDING REMARKS AND
DISCUSSION
Fig.20 Heave RAO

In the present work, to investigate the seakeeping and
resistance characteristics of the trimaran at a relative high
speed (Fn =0.628), the unsteady RANS method was used
POLISH MARITIME RESEARCH, No 3/2019
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to simulate the calm water resistance of the trimaran, the
longitudinal ship motions (heave and pitch ) and vertical
acceleration at 19th hull station for a broad range of wave
conditions. The wave conditions covered a series of wavelength
λ varying between 1.5 m and 6.75 m, thus the λ/L ratio varied
between 0.50 and 2.25.
The longitudinal motion responses of the trimaran at a
relative high speed were rather intense. In order to reduce
the longitudinal motions of the trimaran a T-foil was used
as an anti-pitching appendage which was located at the 19th
hull station near the bow of the middle hull of the trimaran.
The T-foil can significantly reduce the amplitude of the
longitudinal motions of the trimaran, but the increase of
calm water resistance was a detrimental effect.
All experimental measurements obtained from the model
tests were used for comparison with numerical results.
Therefore, to avert scaling errors, all numerical investigations
were conducted in corresponding model scale.
The STAR-CCM+ unsteady RANS solver was used for
the simulation of the trimaran behaviour. The method was
extended by an explicit six-degrees-of-freedom solver to
compute nonlinear ship motions. CFD simulations have been
validated by comparison with results of the experimental tests.
The verification study at the resonant frequency demonstrated
that the numerical results were more sensitive to the time step
than to the mesh size. The validation was positive for all the
considered variables.
Comparisons between the experimental results and
numerical calculations showed that the unsteady RANS
method predicts ship longitudinal motions with a high
accuracy.
Compared with the results for the bare trimaran , the
use of anti-pitching appendage in the form of T-foil greatly
reduced the longitudinal motions. In the wave condition of
ζa*k=0.1, the amplitudes of the heave, pitch and acceleration
were reduced with the help of T-foil by 22.72%, 20.93% and
22.16%, respectively. In the wave condition of ζa*k of a value
between 0.046 and 0.063, the T-foil produced a little greater
effect on heave motion, but its effect on pitch and acceleration
was reduced by about 20%. With the increase of T-foil size,
the effect of reducing longitudinal motions becomes greater,
however, the calm water resistance of the trimaran increases
by 5.28% to 11.53% compared with the bare trimaran.
The nonlinear effects on the longitudinal motions of
the trimaran in wave of a relatively high amplitude will
be further investigated experimentally in the future.
The use of T-foil can significantly reduce longitudinal motions
but has a negative effect on resistance, therefore the combined
use of T-foil and stern flap will be further studied with the
aim to realize the comprehensive optimization of resistance
and seakeeping performance of the trimaran.
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PULSATION SIGNALS ANALYSIS OF TURBOCHARGER TURBINE
BLADES BASED ON OPTIMAL EEMD AND TEO

Fengli Wang
College of Marine Engineering, Dalian Maritime University, China

ABSTRACT

Turbocharger turbine blades suffer from periodic vibration and flow induced excitation. The blade vibration signal is
a typical non-stationary and sometimes nonlinear signal that is often encountered in turbomachinery research and
development. An example of such signal is the pulsating pressure and strain signals measured during engine ramp to
find the maximum resonance strain or during engine transient mode in applications. As the pulsation signals can come
from different disturbance sources, detecting the weak useful signals under a noise background can be difficult. For this
type of signals, a novel method based on optimal parameters of Ensemble Empirical Mode Decomposition (EEMD)
and Teager Energy Operator (TEO) is proposed. First, an optimization method was designed for adaptive determining
appropriate EEMD parameters for the measured vibration signal, so that the significant feature components can be
extracted from the pulsating signals. Then Correlation Kurtosis (CK) is employed to select the sensitive Intrinsic Mode
Functions (IMFs). In the end, TEO algorithm is applied to the selected sensitive IMF to identify the characteristic
frequencies. A case of measured sound signal and strain signal from a turbocharger turbine blade was studied to
demonstrate the capabilities of the proposed method.

Keywords: urbocharger turbine blades, pulsation signals analysis, ensemble empirical mode decomposition, Teager energy operator,
correlation kurtosis

INTRODUCTION
As one of the critical systems of marine diesel engine,
turbocharger plays an important role in ensuring the power
for ship’s propulsion provided sustainably and stably by diesel
engine , and reducing the impact of exhaust gas emission on
the environment. Turbine blades are an important component
of the turbocharger, which suffer from periodic vibration and
flow induced excitation. Knowing the amplitude of blade
vibration is critical to the safe operation of turbochargers,
and for this purpose, strain gauge and sound signals may
be employed. These signals are often non-stationary and
sometimes nonlinear. One such example is the pulsating
sound and strain signals measured during engine ramp
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mode to find the maximum resonance of turbine blades or
during engine transient mode. Because the signal frequency is
proportional to engine speed it changes when the speed varies.
Traditionally, such signals are analyzed by using Fast Fourier
Transformation (FFT) [1]. The Fourier Transformation (FT)
is a weighted sum of any signal decomposed into sinusoidal
signals each of which corresponds to a fixed frequency. It
simply treats the signal as an integral over time. Therefore, it
is very effective in analyzing stationary signals which do not
change with time. But for non-stationary signals which vary
with time, FT is powerless. To overcome this weakness, Yeung
used a piecewise FFT to process the compressor pressure
pulsation signal. It could accurately detect the precursor
signal of compressor instability in the experiment. Although

the piecewise FFT was effective for the instability induced
by the slowly developed modal wave, it had a limited effect
on the instability caused by the sharp spike pulse [2]. Short
Time Fourier Transform (STFT) is a FT with a window that
can be varied to improve the treatment to non-stationary
signals. However, once the window function is selected the
size and shape of the time frequency window are fixed, and
the time resolution and frequency resolution of Heisenberg
function cannot be optimized at the same time [3]. Wavelets
transform (WT) can transform the signal through the scalable
and translational wavelets to achieve the localization of timefrequency analysis [4]. However, the WT requires to select
an appropriate basis function, and its basis function is fixed
and cannot change with the signal. The limited length of the
wavelet basis function will also cause the leakage of the signal
energy. The WT is essentially a FT with an adjustable window,
and the signal in its wavelet window must be stationary, so
that it does not get rid of the limitation of Fourier analysis.
Empirical Mode Decomposition (EMD) has been
intensively investigated and applied to signal processing. It no
longer treats the basis of a signal as sinusoidal, but a function
called the intrinsic mode function (IMF) [5]. The amplitude
and frequency of IMF can be time-varying, and they are called
the instantaneous amplitude and instantaneous frequency,
respectively. Unlike the WT which requires to preselect the
base function, in the EMD process its base function comes
directly from the signal itself, and different signals will
produce different basis functions, making EMD potentially
superior to the Fourier and wavelet transforms. EMD has
been widely applied to nonlinear and non-stationary signal
analysis. Its capability to analyze such data has been utilized
in various applications. However, the mode mixing is one
of the major shortcomings of EMD, and it not only leads to
serious abasing in the time-frequency distribution but also
makes the physical meaning of individual IMF ambiguous.
To eliminate the defects of EMD, the Ensemble Empirical
Mode Decomposition (EEMD) is proposed, which is a noiseassisted data analysis method by adding white noise to the
investigated signal [6]. However, in the EEMD process, how to
choose suitable amplitude of the added noise and the ensemble
number have remained a topic. Wu and Huang described the
effect of the added white noise and determined these two
parameters by experience [6]. Zhang introduced the principle
of adding noise based on the energy ratio of the added white
noise and the original signalˈbut his method considered only
the signals composed of two components, and did not study
the signal with multiple mode components [7]. Chen proposed
an improved method of determining these two parameters in
the EEMD process. Due to the influence of noise and modal
aliasing, the first IMF cannot represent accurately the high
frequency information of the investigated signal [8]. The
signal-to-noise ratio (SNR) was introduced by Chang [9].
Yeh presented a novel noise-enhanced data analysis method
to determine these two parameters [10]. Wang proposed the
criterion of the energy standard difference for adding white
noise into the EEMD [11]. However, the premise of proper
use of the method is to know beforehand the information

of each component contained in the processed signal. This
limits the application of the method to actual signals. Lei uses
coloured noise instead of Gauss white noise, which effectively
improves the distribution of extreme points, but the research
does not establish the criterion of adding noise [12]. Niazy
[13] uses the relative root- mean-square error criterion to
determine the performance of EEMD, but it does not give
a method to select the appropriate noise amplitude. Kong
used the distribution of signal extreme points as an evaluation
index to determine the optimal amplitude of Gaussian white
noise through an ergodic process. However, the noise interval
selection in this method still requires to be artificially set,
and the pre-treatment time is longer [14]. Therefore, if these
two parameters, the amplitude of the added noise and the
ensemble number in the EEMD process, can be obtained
adaptively according to the actual signals, it will be of a great
significance for improving the performance of EEMD.
The pressure pulsations measured on a turbocharger
turbine can come from different sources. Detecting the
weak useful signal under noise background may become
difficult if signal processing error interferes. These authors
had encountered such difficulty in their work when processing
the strain gauge and sound signals of a turbocharger turbine.
This prompted them to search for a possible explanation and
a solution to the problem. This paper reports the results of
the investigation.
The paper describes a signal processing problem in a small
turbocharger turbine and gives an introduction to the theory
and algorithms for data processing of pulsation signals from
the turbine based on optimal EEMD and TEO. The results of
sound and strain signals analysis of the turbine are presented
in the following sections of this paper.

A SIGNAL PROCESSING PROBLEM
The involved turbine is a small turbocharger turbine
of Cummins Turbo Technologies for small diesel engine
application. In evaluating turbine’s high cycle fatigue
(HCF) life, some of the turbine blades were strain gauged
to measure the blade deformation during turbine operation
[15]. Cummins Turbo Technologies has multi-year experience
in measuring vibratory blade strain by using strain gauge
and has established a good correlation between measured
strains and HCF life of their turbine wheels. Fig. 1(a) shows
a strain gauged turbine wheel. Due to the small size of the
turbine, only one blade was strain gauged. As currently before
testing all the blades there is no simple way to determine
which blade has the largest vibratory strain due to mistuning
effect [16], multiple tests are necessary. But this type of test
is time consuming and costly, therefore Cummins Turbo
Technologies and Dalian Maritime University are working
together to find solutions to reduce experiment time and cost,
including a possible use of the sound signature of turbines in
operation. For this reason, a microphone was placed a half
meter away from turbine exhaust manifold. Fig.1(b) and (c)
show such arrangement. The turbocharger was installed
POLISH MARITIME RESEARCH, No 3/2019
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in a gas stand test cell. A burner which can generate inlet
gas temperature up to 760°c to drive the turbine wheel, is
connected to the turbine housing inlet by using long pipes.
A valve controller on the burner is used to control fuel and
air flow to achieve the required conditions of steady state
turbine inlet pressure and temperature. A blade pass speed
sensor is installed into the compressor cover to count impeller
blade passing pulses to calculate turbocharger speed during
operation.
The exducer flap mode of the turbine blades is the concern,
and the natural frequency of this mode of the strain gauged
blade was measured to be 12,670Hz at stationary and room
temperature condition. The turbocharger was run on an
engine, and its rotational speed was ramped up and down
constantly so that this mode could be excited. Fig. 2(a), (b)
and (c) give an example of recorded signals of turbine speed,
blade strain and sound, respectively, and signals in Fig. 2(b)
and (c) are normalized. These data were taken at a sampling
rate of 102.4 KHz. The data in Fig. 2 were analysed, and the
results are shown in Fig. 3 and 4 for the measured blade strain
and sound, respectively. Fig. 3 gives the power spectrum of the
blade strain, based on FFT analysis. The largest peak occurs
at the frequency of 13,650Hz.

Strain gauge and microphone measuring system
Fig. 1. Strain gauge and microphone for blade strain and turbine sound
measurements

This is an unexpected result: the natural frequency of the
first blade mode is 12,670Hz for the blade at room temperature
and stationary condition, however one expects that the
maximum strain should appear near or at this frequency,
due to the combining effects of centrifugal stiffening and
Young’s modulus reduction of turbine blade material at the
hot running condition. The engine frequency order in this
case is seven, so the excitation force is relatively small, and
small blade strain is expected. But the occurrence of the peak
strain at 13,650Hz is puzzling and needs an explanation.

Turbine blade with strain gauge

Turbine speed signal

Amplitude

1
0
-1
0

0.005

0.01

0.015

Time(s)

Blade strain signal from the strain gauge

Amplitude

1
0
-1
0

Photo of test rig

0.005

0.01

0.015

Time(s)

(c) Sound signal from the microphone
Fig. 2. Turbine speed, blade strain and sound signals measured on an engine
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residing in different IMF components. It not only leads to
serious abasing in the time-frequency distribution but also
makes the physical meaning of individual IMF ambiguous. To
overcome the problem of mode mixing, EEMD is developed,
which is a noise-assisted data analysis method by adding white
noise to the investigated signal [6]. The EEMD algorithm can
be given as follows:
(1) Add a white noise series to the targeted data.

0.2

X: 1.12

Amplitude

0.15

Y: 0.1187

X: 1.365
Y: 0.1747

0.1

0.05

0
0
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1
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3

3.5

Frequency(10KHz)

Fig. 3. Power spectrum of the blade strain based on the data in Fig. 2(b)
processed by FFT analysis

x (t )  N (t )

X (t )

Fig. 4 shows the power spectrum of the sound signal by
using FFT. No frequency near 12,000Hz is found with the
FFT results of the sound signal either. At this stage one may
not blame the signal analysis for the lack because the blade
vibratory signal may be too weak to be picked up by an
external microphone. The largest peak of the sound power
occurs at 13,050Hz, a frequency very close to compressor
blade passing frequency (BPF) which, calculated from the
speed signal in Fig. 2(a), is 13067Hz (~112,000rpm/60x7, as
the compressor has 7 inducer blades).

(2)

(2) Decompose the data with added white noise into IMFs.
n
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(3) Repeat step 1 and step 2 again and again, but with
different white noise series each time, i 1 ~ m 

X i (t ) x (t )  N i (t )

(4)

Amplitude

0.2

X: 1.305
Y: 0.1882

0.1

n

X i(t )

¦c

ij

(t )  rin (t )

(5)

j 1

0
0

0.5

1

2

1.5

2.5

3

(4) Obtain the means of corresponding IMFs as the final
result,
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Fig. 4. Power spectrum of the sound signal based on the data in Fig. 2(c)
processed by FFT analysis
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NEW THEORY AND METHOD

1 m
¦ cij (t )
mi1

(6)

In the EEMD process, two critical parameters, the
amplitude of the added noise and the ensemble number,
are to be pre-set. The selection of these two parameters will
directly affect the decomposition results of signal.

OPTIMAL PARAMETERS OF EEMD
EMD AND EEMD

OPTIMIZATION OF PARAMETERS FOR EEMD
EMD is based on the local characteristic time scale of
signal and can decompose a complicated signal [ W into
a number of IMFs, FM W
Q

[W

¦ FM W
M

 UQ W

(1)



The IMFs , FM W , represent the natural, oscillatory mode
embedded in the signal and work as the basis functions which
are determined by the signal itself, rather than pre-determined
kernels. As a self-adaptive signal processing method, EMD
has been widely applied to non-linear and non-stationary
signal analysis. However, the decomposition results can suffer
from mode mixing which is defined as a single IMF either
consisting of signals of widely disparate scales, or a signal

In the EEMD process of noise aided analysis method, there
is no strict theoretical basis for the selection of the amplitude
of the added noise and the ensemble number. If the selection
of the two parameters is inappropriate, the decomposition
error will increase, and the decomposition result may become
meaningless. Much investigation carried out for determining
these two parameters shows that when the amplitude of the
added noise is too small it may not introduce enough changes
in the local extremum of the decomposed signal and has
little or no effect on the change in the local time span of the
original signal; if, however, the amplitude of the added noise
is too large, the decomposition error will increase and the
original signal characteristics may be destroyed. Once the
amplitude of the added noise is determined, a larger value of
ensemble number, not considering the computational cost,
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will be helpful for reducing the remaining noise in each IMF.
However, continuing increasing the ensemble number not only
rises the computational effort, but also results in only a minor
change in error. Wu and Huang suggested that the amplitude
of the white noise D1 is defined by the amplitude standard
deviation 6' of the original signal multiplied by a magnitude
factor N , N , D1 = N × 6' . The ensemble number P can be
determined by setting the decomposition error. This method
is empirical and non-adaptive. Therefore, it would be useful
to adaptively determine these two parameters to improve
the decomposition capability of EEMD for different signals.
In engineering the measured signals are usually composed
of background noise, main signal components and some
minor signal components. A set of IMFs is obtained by using
EEMD for the signal, wherein the main signal component
is the IMF with the largest correlation coefficient with the
original signal, which is denoted as F PD[ W . In this way, the
EEMD decomposition performance of signals under different
amplitudes of white noise can be evaluated by evaluating
F PD[ W . The relative root-mean-square error ( 5506( ) is
introduced to analyze the difference between F PD[ W and
original signal. It is expressed as follows:
1

5506(

¦
Q

[ W  F PD[ W





1

¦

(7)

[ W  [P



Q 

where [ P is the mean of the original signal, N is the number
of samples in the original signal. If 5506( is small or close
to zero, it indicates that component F PD[ W is infinitely
close to the original signal, which contains not only the main
component of the original signal, but also some noise or
some low correlation signal components. This shows that the
difference between the component F PD[ W and the original
signal is small, and the decomposition quality of EEMD is not
good. In order to get good quality of EEMD, 5506( should
reach the maximum value, so that the selected IMF, F PD[ W ,
contains only the main component of the original signal. This
is the desired decomposition result, and the corresponding
noise amplitude is the optimal one.
In the proposed adaptive EEMD, the amplitude coefficient
of added white noise N is determined as follows:
(1) First, a small value of ensemble number P is set, and
a small value of N is chosen as the initial amplitude coefficient
for the white noise.
(2) The white noise is added to the original signal for EEMD.
The correlation coefficients of each IMF are calculated, and
the F PD[ W which has the largest correlation with the original
signal, is selected.
(3) Then 5506( between the F PD[ W and the original
signal is calculated.
(4) Gradually increase the amplitude coefficient N of white
noise, keep the ensemble number value m unchanged, repeat
steps (2), (3).
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(5) Analyze the trends in 5506( with white noise
amplitude coefficient N , when the value of 5506( is the
maximum, the corresponding white noise is the best one
that should be added into EEMD.
Once the amplitude of the added noise is determined,
the appropriate value of the ensemble number P can be
determined. In the EEMD process, too large value of P will
lead to a higher computation cost. However, too small value of
P will not be able to cancel out the noise remaining in each
IMF. Based on the statistical characteristics of white noise
using EMD, Wu found that the product of the energy density
of the component IMF and its mean period is a constant [17].
Gao proposed a method to test whether the IMFs of a noisy
signal contain useful information [18]. Here, the widely used
measure, the signal-to-noise ratio (SNR), is introduced to
determine the appropriate value of P . The procedure is as
follows:
(1) Fix the optimal noise level as described earlier, a smaller
value of P is initially chosen as the ensemble number in
EEMD.
(2) EEMD is performed and the product of the energy
density and the mean period is calculated respectively for the
IMFs. The IMFs containing useful information were obtained
and the original signal after de-noising is constructed and
the SNR value is calculated.
(3) Gradually increase the value of P , repeat steps (2)
until the change in the SNR value is relatively small, and
the corresponding value is the reasonable ensemble number
for EEMD.
TEAGER ENERGY OPERATOR (TEO)
The TEO of the time-varying signal is defined as follows,
[19-20]:




- >[ W @ = >[ W @2 + [ W [ W


(8)



where [ W and [ W are the first and the second order
derivatives of the signal x (t) relative to time t, respectively.
The output of the TEO tracks the total energy required to
produce the signal.
At any given moment, the mechanical energy of the
vibration system is the sum of the kinetic energy in the spring
and the kinetic energy of the mass block,

( =


1
1
1
N>[ W @2 + P>[ W @2 = P$ 2 Ȧ 2
2
2
2

(9)

Applying the TEO defined by Eq. (8) to the harmonic
vibration x(t) described by Eq. (9), one obtains:

- >[ W @ = - >$ FRV ȦW + ĳ @ = $ 2 Ȧ2

(10)

Comparing Eq. (9) with Eq. (10), one can see that the
output of the TEO and the instantaneous total energy of the

harmonic vibration differ only by a constant m/2, so TEO
tracks the total energy required to generate the harmonic
vibration.
Traditionally, the signal energy is defined as the square
of the amplitude of the signal, representing only kinetic
energy or potential energy. Although it may also highlight
the transient characteristics of impact type of signals if
an impact amplitude is small, the impact component may
however be hidden by other components. Because of the
high vibration frequency of the transient impact, the TEO
method can effectively highlight the transient characteristics
of the impact.
The TEO in Eq. (8) is defined for the continuous time
signal [ W . For the discrete time signal [ Q , the TEO is
transformed into a discrete time signal:

Based on the above theories and methods, the procedures
of the proposed method are as follows:
(1) The turbine blade signals are decomposed by using
EEMD of optimal parameters, the IMFs containing the
critical feature information are obtained,
(2) CK is used to screen the sensitive feature components.
(3) TEO is applied to the selected sensitive IMFs and
the characteristic frequencies of the measured signal are
identified.

APPLICATIONS OF THE PROPOSED
METHOD AND RESULTS
SOUND SIGNAL ANALYSIS

(11)

For the discrete time signal, TEO requires only three
sample data at any time to calculate signal energy. Therefore,
it has a good time resolution for the instantaneous changes
of signals and can detect transient components in a signal.
TEO is only suitable for narrowband signals, and complex
multi-component signals, the EEMD of optimal parameters
can be employed first to decompose the signals into IMFs.
Through screening the sensitive components, the selected
component can then be analyzed by using the TEO.

The sound signal in Fig. 2(c) was decomposed by using
the EEMD, and the first four IMFs of decomposition results
are shown in Fig. 5.
The first IMF, c1 (t ) , contains the impulse characteristic
signal, and the marginal spectrum of c1 (t ) is shown in Fig. 6.
Both the blade vibration and the blade passing disturbances
are captured. Despite this success, the peak of the blade
vibration mode in Fig. 6 is not distinct as noise interferes.
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Fig. 5. The first four IMFs of sound signal obtained by using EEMD
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The Correlation Kurtosis (CK) not only retains the
characteristics of kurtosis, but also has the characteristics
of correlation functions. It is a parameter that reflects the
intensity of periodic pulse signals in faulty signals [21].
When applied to the signal of turbine blades, if there is
a disturbance in the pressure distributions introduced by
the rotating blade, which is similar to an impact signal with
a distinct cycle, the kurtosis is large, while the CK of other
impact signals will be very small. Moreover, the larger CK
the greater the proportion of the blades’ disturbance signal
in the pressure pulsation signal. Therefore, CK can be used
to extract disturbance signals more effectively, and as the
screening index of the sensitive components. The first m IMFs
with the maximum correlation kurtosis value are selected as
sensitive components. CK is computed as:

&. 0 7

0
1

CORRELATION KURTOSIS

1

0
-1

− P7

+

(12)

=

where [ Q is the signal sequence, N is the number of samples
in the original signal, T is the cycle of the pulse signal of
interest, M is the number of cycles of shift.

Fig. 6. The marginal spectrum of IMF1 in Fig. 5. The circle mark corresponds
to 12,600Hz, and the rectangle mark to 13,000Hz.
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The second IMF, F 2 W , contains the impulse characteristic
signal, and the marginal spectrum of F 2 W is shown in Fig.
10. A peak of 12,650Hz is just identifiable. This is likely the
pursued vibration mode of the blade. A stronger peak with a
higher frequency of 13,070Hz is also present, but the reason
of its occurrence is not clear. The FFT result in Fig. 3 has
also a large peak at 13,650Hz. So, compared with the FFT,
the traditional EEMD was more efficient in identifying the
blade mode, but this identification is still weak.
Therefore, the proposed new method was employed for
the strain signal. Firstly, the EEMD of optimal parameters
was applied to the strain signal in Fig. 2(b), and the first four
IMFs of the decomposition results are shown in Fig. 11.
1
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Fig. 7. The first four IMFs of sound signal obtained by using EEMD of optimal
parameters
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The same sound signal was again investigated by the
proposed new method. Firstly, the EEMD of optimal
parameters is applied to the sound signal in Fig. 2(c), and
the first four IMFs of the decomposition results are shown
in Fig. 7.
As the pressure pulsations can come from different
disturbance sources, the disturbance sources information
contained in the original signal is decomposed into each
component. CK was used as the screening index of the sensitive
components to extract the disturbance source feature. The CK
values of each IMF component were calculated by using the
period of detected components T (=1/12670). In accordance
with the criterion of maximum CK, the second IMF F 2 W
was selected as the sensitive component. TEO analysis was
then applied to F 2 W and the Teager envelope spectrum is
shown in Fig. 8. Compared with the results in Fig. 6, the
peaks around 12,000Hz ~ 13,000Hz are more distinct and
narrower banded. Both the known blade vibration and the
compressor blade passing signals are well captured.
STRAIN SIGNAL ANALYSIS
For the blade strain signal in Fig. 2(b), the strain signal
near the natural frequency of the measured turbine blade
is very weak form the power spectrum of the blade strain
obtained from FFT analysis in Fig.3. The strain signal was
next decomposed by using the traditional EEMD, and the
first four IMFs of decomposition results are shown in Fig. 9.
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Fig. 8. Teager envelope spectrum of IMF2 in Fig. 7. The circle mark
corresponds to 12,600Hz, and the rectangle mark to 13,000Hz.
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Fig. 9. The first four IMFs of blade strain signal obtained by using traditional
EEMD

Fig. 10. The marginal spectrum of IMF2 in Fig. 9. The circle mark corresponds
to 12,650Hz, and the rectangle mark to 13,070Hz.
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in this case for conventional FFT technique and to a lesser
degree for the traditional EEMD method.
This investigation suggests that it might be possible to
identify the characteristics of the first blade vibratory mode
of turbocharger turbine rotors by using feature extraction of
sound signal. It is of a great importance to determine which
blade has the largest vibratory strain due to mistuning effect,
and to reduce in this simple way experiment time and cost
of strain gauging or tip timing measurement. The current
study also shows that there is still some way to go before this
aim can be achieved.
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ABSTRACT

In this study, the dynamic characteristic problem of riser structure with complex pre-stress distribution is investigated.
At first, the differential equation of the riser structure with complex pre-stress distribution is derived. The analytical
expression of the free vibration of a riser structure with complex pre-stress distribution is discussed by using the
orthogonal property of the trigonometric series. A top-tensioned riser (TTR) for example, the influences of the amplitude
and direction of complex pre-stress on natural frequency and mode shape characteristics are compared. This study
provides a new method for addressing the riser structure response problem with complex loading.
Keywords: complex pre-stress, top-tensioned riser (TTR), natural frequency, mode analysis, free vibration

INTRODUCTION
Owing to the growing demand for crude oil and gas, offshore
equipment has been developed for deep-water exploitation.
A riser structure, as the key equipment that links the platform
and wellhead at the sea base, has become a popular issue in
engineering design. In addition to the influence of gravity,
riser structures are subjected to wave - and current-induced
loading and high-pressure oil and gas. Thus, several dynamic
responses, such as parametric and vortex-induced vibrations
(VIV), occur in riser structures. The parametric vibration
which is caused by the heave of the floating platform might
destabilize the straight equilibrium of a riser structure. An
accurate prediction of dynamic characteristics is vital to
the design, installation and operation of the riser structure.
Researchers have conducted numerous studies that involve
theoretical analysis, numerical calculation and experimental
investigation to investigate the fundamental mechanism of
free vibration for the riser structure. The nonlinear resonance
that arises from parametric excitation problems has been
discussed, and closed-form solutions for the riser have
been obtained based on first and second modes through

extensive mathematical manipulations [3,4]. The parametric
vibration that is caused by the wave-induced motions of
the floating platform is practically important because this
vibration can destroy a riser structure [11]. A finite element
method has also been used to analyse the influence of water
depths, environmental conditions and vessel motions under
combined parametric and forcing excitations [10].
Structural natural frequency is an important dynamic
property of a riser structure. However, the natural frequencies
of a riser structure possess a low modal, and these frequencies
are near one another given the structural stiffness problem of
risers. A closed-form solution for the natural frequencies and
associated mode shapes of axial loading has been deduced
by Timoshenko beam theory [6,15]. Based on Spark’s theory,
the influence on bending stiffness is defined as tension force,
and natural frequency and mode are deduced through
a segmentation method [12].
Pre-stress (initial stress) often exists in complex structures
and may be caused by welding residual stress, structural
manufacturing defects, material thermal effects, static external
loading, and so on. A riser is a large welded structure, and the
welding residual stress in the structure will not be completely
POLISH MARITIME RESEARCH, No 3/2019
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eliminated with the operation of risers. Pre-stress can resist
or aid in structural deformation and alter the static and
dynamic characteristics of a structure. Pre-stress significantly
influences local and global stiffness matrices. The effects of
uniform pre-stress distribution on natural frequencies and
dynamic responses have been investigated [7,8]. The natural
frequencies of a structure may increase or decrease if the
pre-stress is considered in terms of uniform Euler-Bernoulli
beams under linearly varying fully tensile stress [1,2,11]. The
effects of welding residual stress on the added virtual mass
and the quality factor of the diaphragm have been presented
[14]. In addition, the differential equation of the vibration
of a cylindrical shell with welding residual stress has been
derived, and a theoretical solution has been presented [9].
The analytic expression of the influence of complex pre-stress
force on a riser structure is derived in a previous study, and
the VIV response is compared [5]. The influence of complex
pre-stress on the mechanical response of risers, especially
on their structural dynamic characteristics, requires further
study. However, only a few studies have considered the effects
of complex pre-stress on the dynamic response of a riser
structure.
The main objective of the present study is to investigate
the influence of complex pre-stress (welding residual stress)
on the natural frequency and modal shape for the dynamic
characteristic of a top-tensioned riser (TTR). The developed
analytical method to analyze the dynamic behaviour of the
riser structures with or without, local area or overall and
even non-uniform pre-stress distributions. The outline of
the present paper is as follows. A model of complex prestress force theory is described in Section 1. The differential
equation of the pre-stressed beam is presented in Section 2.
A free vibration analytical solution of a riser structure with
complex pre-stress is introduced in Section 3. The governing
equation of the parametric vibration for the riser structure
with complex pre-stress distribution is expressed in Section 4.
A numerical analysis is implemented in Section 5. The
conclusions are presented in Section 6.

is the welding residual stress. In the riser structures, complex
pre-stress V r is a non-uniform distribution stress and the
function of time and space. In the present study, only the axial
direction of pre-stress is considered; the complex pre-stress
can be written as V r V r , z .

DIFFERENTIAL EQUATION OF THE PRESTRESS BEAM
The riser structure can be idealized as a beam structure.
The motion equations of beam structure with pre-stress
distribution must consider the pre-stress distribution.
EULER–BERNOULLI BEAM MODEL
In Fig. 1, the length of the beam structure is L. A rectangular
Cartesian coordinate system x, y and z are used to describe
the loading and structure deformations. The original points
of the structural member are referred to as a Cartesian
coordinate system (x, y and z), where the z-axis is parallel
to the longitudinal axis of the beam, whereas x and y are
the principal axes of the cross-section of the structure. The
displacement of the beam satisfies the ‘plane cross-sectional
assumption’.
L

y

o

x
z

Fig.1. Beam geometry model

A differential element with length dz is selected, as
illustrated in Fig. 2. The internal member forces during the
beam structure vibration include two parts. The first part
consisted of the moment and axial forces that are caused by
dynamic external loading. The second part comprised of the
moment and axial forces that are caused by the coupling of
complex pre-stress force and dynamic vibration displacement.

PRE-STRESS MODEL OF BEAM
Pre-stress (initial stress) typically exists in continuum
structures, the influence of complex pre-stress on the static
and dynamic characteristics of riser structures, especially
on their structural dynamic characteristics, is worthy of
study. In the present study, only welding residual stress and
axial tension are discussed. These types of pre-stress can be
defined as complex pre-stress that is unaffected by external
dynamic excitation force. The complex pre-stress that satisfies
the linear superposition principle can be expressed as follows:
Fig.2. Section force that is caused by complex pre-stress

Vr

VT V R

where V r is the complex pre-stress in the structure,
is the pre-stress caused by axial riser tension force and
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(1)

VT
VR
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In the beam structure, the pre-stress V r , z is distributed
along the z-direction; this pre-stress is a function of variable z.

The axial internal forces N r , z at the end of the differential
element can be written as follows:

N r ,z = ı r ,z S

(2)

where S is the cross-sectional area of the beam. Based on
the beam bending theory, the strain H z in the differential
element can be stated as follows:

Hz

y

d 2 w( z , t )
dz 2

(3)

the y-direction. This situation is written as 'N y, z and can
be expressed as follows:

∂w
(7)
∂z
In Eq. (7), the component force 'N y, z depends on the
ΔN y , z = ı r , z S

complex pre-stress and dynamic vibration displacement.
Then, a new equilibrium equation is obtained for the
differential element of the beam structure. This equilibrium
equation is defined as a coupling force of complex pre-stress
and dynamic vibration displacement, as depicted in Fig. 3.

where w( z , t ) is the displacement that is vertical to the
symmetry plane. The stress in the beam structure can be
d2w
σ z = Eε z = − Ey 2 .
expressed as
dz . The moment in the
differential element can be written as follows:

M z = EI

d2w
dz 2

(4)

where M z is the moment which is caused by stress V z , I is
the moment of inertia of the beam and E is Young’s modulus
of the beam material.

Fig.3. Coupling force of the differential element

EQUILIBRIUM EQUATION
COUPLING FUNCTION OF PRE-STRESS FORCE AND
VIBRATION DISPLACEMENT
If the beam structure is vibrated by the dynamic external
loading, then the coupling function between complex prestress and dynamic vibration displacement can be obtained.
In addition, the amplitude and distribution of the complex
pre-stress are constant during structural vibration. The
structural deformation l y of the cross-sectional neutral
plane with unit length can be expressed as follows:

l y = 1 + İz

y
2
y

2

³ l y dy S

w'N y , z
wQ z
dz 
dz
wz
wz

m

w2w
dz
wt 2

(8)

(5)

Based on the ‘plane cross-sectional assumption’, the
volume of the unit length of the beam structure can be stated
as follows:

V

The equilibrium equation for internal force and moment are
established to address the vibration function of the differential
element. Based on the small deformation of beam bending
theory, the force in the z-direction satisfies the equilibrium
equation. Then, the equilibrium equation in the y-direction
which combines force N z and coupling force 'N y, z can
be stated as follows:

(6)

In Eq. (6), the volume of the differential element of the
beam cross-section is constant. The internal forces N r , z will
be static while the beam vibrates. Owing to the structural
displacement w, a torsional angle for the y-axis emerges, and
the value of the angle is ww / wz .
In the differential element, internal forces N r , z are parallel
to the z-direction, the components in the other directions
are zero and internal forces N r , z includes a component in

where m is the mass of the unit length of the beam structure.
The moment in the y-direction satisfies the equilibrium
equation because no coupling moment is caused by the
complex pre-stress. The moment in the z-direction can be
stated as

Q z dz 

wM z
dz
wz

0

(9)

The differential equation is gained by substituting Eq. (9)
into Eq. (8), as follows:

wM z w'N y , z

wz 2
wz

 US

w2w
wt 2
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(10)
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where ρ is the equivalent density of the beam, and S is the
cross-sectional area of the beam.
MOTION DIFFERENTIAL FORMULATION OF BEAM
The free vibration differential formulation of the beam
structure with complex pre-stress can be expressed by
substituting Eqs. (4) and (7) into Eq. (10), as follows:

EI

∂4w ∂
∂w
∂2w
(
σ
)
ρ
−
S
=
−
S
r ,z
∂z 4 ∂z
∂z
∂t 2

(11)

where z is the axial coordinate, L is the length of the riser,
t is the time parameter, wn (t ) is the modal weight function
and In ( z ) is the mode shape function, where n 1,2,3,"
. The mode shapes can be defined as sinusoid functions as
follows: In sin( nE z ) , where
, and ω is the
angular frequency.
The free vibration differential formulation of the riser with
complex pre-stress can be obtained by introducing orthogonal
series
and substituting Eq. (13) into Eq. (11).

³

L

0

In Eq. (11), the elemental stiffness matrix comprises two

sin( mʌz / L) ⋅ sin( nʌz / L) = 0 exists by using the

orthogonal property of the trigonometric series because
m z n integrates the function from z 0 to z L . Then,
Eq. (11) can be written as follows:

parts, that is, the elasticity and geometric stiffness matrices;
the former can be written as

EI

∂4w
, while the latter can
∂z 4 ∂
∂w

be defined written as C ( w, ı r , z , t ) = −

∂z

(ı r , z S

∂z

) . This

quasi-linear fourth-order partial differential equation governs
the beam to a general dynamic and distributed external
excitation. If the complex pre-stress in the beam structure
is zero, then C ( w, ó r , z , t ) 0 . This scenario represents
a free vibration differential formulation of a simple beam
structure. The vibration equation will be solved with given
boundary conditions.

FREE VIBRATION OF THE RISER WITH
COMPLEX PRE-STRESS DISTRIBUTION
The structural modes and modal problem of the riser with
a complex pre-stress distribution are discussed.
DEFINITION OF BOUNDARY CONDITIONS
The physical boundary condition at both ends of the
riser structure can be modelled as a simple support. The
displacement at each end is zero, and the boundary conditions
can be written as follows:

w( z , t ) z

0

0

w 2 w( z , t )
wz 2 z

0 w( z , t ) z
0

L

0

w 2 w( z , t )
wz 2 z

0 (12)

N

¦

Bn sin( nEz )eiZt

n 1
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defined as the integration item of the complex pre-stress and
dynamic vibration displacement.
SOLUTION OF THE BEAM STRUCTURE
The free vibration of the riser structure with a complex
pre-stress distribution is analysed, and the analytical solution
for Eq. (14) is discussed as follows:
(1) If the complex pre-stress satisfies the equation ı r , z = 0 ,
then Eq. (14) can be expressed as a vibration function of
a simple beam. The solution equation can be written as
EI (nβ ) 4 = ρSω 2.
(2) If the complex pre-stress is in a uniform distribution
form, then the pre-stress can be written as V r , z S T0 , where
A is the cross-sectional area. The solution equation can be
4
2
2
written as EI ( nβ ) + T0 ( nβ ) = ρSω by substituting
the complex pre-stress into Eq. (14). If parameter ı r ,z is the
tensile stress, then the natural frequency of the beam structure
increases. If parameter ı r ,z is a compressive stress, then the
natural frequency of the beam structure decreases.
(3) If the complex pre-stress is a function of variable z,
then the complex pre-stress is a one-dimensional complex
pre-stress distribution problem. The complex pre-stress
distribution can be fitted by a trigonometric function and
can be expressed as follows:

L

Modal decomposition is based on the assumption that
the riser mode may be expressed as a sum of eigenmodes or
eigenfunctions at any point in time. The solution of Eq. (11)
can be obtained with a form of power series expansion.
Galerkin’s procedure is used to obtain the solution of Eq. (11).
The solution of linearized Eq. (11) under the simple support
boundary can be expressed as follows:

w( z , t ) I ( z )eiZt

2 L ∂
∂w
(ı r , z S ) sin(ξβz )dz = ρSω 2 B (14)
³
L 0 ∂z
∂z
2 L ∂
∂w
where R = − ³
(ı r , z S ) sin(ξβz )dz which is
0
∂z
L ∂z
EI (nβ ) 4 Bn −
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(13)

ı r , z = σ r , z 0 cos( gβ z )

(15)

where V r , z 0 is the amplitude of the complex pre-stress, and
g is an integral number that is not less than 1. Function R can
be obtained by separating the variables and substituting the
complex pre-stress function into Eq. (14), as follows:

If p n and q
can be deduced as

2σ r , z 0 S L ∂
∂w
[cos( gβz ) ] sin(ξβz )dzR
L ³0 ∂z
∂z
L ∂[cos(nβ z ) cos( gβ z )]
2σ r , z 0 S N
=−
sin(ξβz )dz
¦ Bn (nβ )³0
L n=1
∂z

R=−

(16)

Following the trigonometric function, function R can
be defined as follows:
R=−
=

σ r ,z 0 S

N

¦ B ( nβ ) ³
n

L

n=1

σ r ,z 0 S
L

L

0

∂{cos[(n + g ) βz ] + cos[(n − g ) βz ]}
⋅ sin(ξβz )dz
∂z

N

{¦ Bn (nβ 2 )(n + g ) ³

N

+ ¦ Bn (nβ 2 )(n − g ) ³
n=1

L

0

n=1

L

0

sin[(n + g ) βz ] ⋅ sin(ξβz )dz

n  g , then the following equation

(17)

sin[(n − g ) βz ] ⋅ sin(ξβz )dz}

Based on the orthogonal characteristics of the trigonometric
function, the solution of Eq. (17) can be written as follows:

R pq =

σ r ,z 0 S
2

(nβ 2 )(n + g )

(21.2)

(4) If the distribution of the complex pre-stress has
high complexity, then the complex pre-stress is a function
of variable z and a one-dimensional complex pre-stress
distribution problem. The distribution of the complex prestress can be fitted by a trigonometric function and expressed
as follows:

V r ,z

G

¦ V r ,zg cos( gEz )

(22)

g 1

³

L

0

³

L

0

L / 2
sin[(n + g ) βz ] ⋅ sin(ξβz )dz = ®
¯ 0
 L/2
°
sin[(n − g ) βz ] ⋅ sin(ξβz )dz = ®− L / 2
° 0
¯

n+ g =ξ
n+ g ≠ξ
n− g =ξ
n − g = −ξ
n−g ≠ξ

(18.1)

where V r , zg ( g 1,2,", J  1, J ) is the amplitude of the
complex pre-stress force.
N number functions exist by substituting the complex
pre-stress function into Eq. (6) and can be written in a matrix
form as follows:

(18.2)

(/  R) X
By substituting Eq. (21) into Eq. (17), the function R can
be expressed as follows:
 σ r ,z 0 S N
°
¦ [ Bn−g (nβ 2 )(n − g ) + Bn+ g (nβ 2 )(n + g )]
° 2 g =1
R=®
N
°σ r , z 0 S [ − B (nβ 2 )(n − g ) + B (nβ 2 )(n + g )]
¦
|n − g|
n+ g
°¯ 2 g =1

n>g
n<g

(19)

0

(23)

where / is a diagonal matrix. An increase in the series leads
to a change in complex pre-stress influence matrix R because
the complex pre-stress expression is highly complex. Matrix R
is not a sparse matrix. In addition, the series of complex prestress follows the linear superposition principle and can be
expressed as follows:

Based on Eq. (19), N number functions exist and can be
written in a matrix form as follows:

J

R

¦Rg

(24)

g 1

( /  Rg ) X

0

(20)

X = [ w1 ( z , t ), w2 ( z , t ),", wN ( z , t )]T , a nd
ȁ = diag{EI (nβ ) 4 − ρSω 2 } is a diagonal matrix. The

where

element parameter in the diagonal matrix can be written as
EI (nβ ) 4 − ρSω 2 . Rg is a sparse matrix, and the value of
function R is as follows:
If p n and q | n  g | , then the following equation
can be deduced as

 σ r ,z 0 S
2
° 2 (nβ )(n − g ) , n > g
R pq = ®
σ S
°− r , z 0 (nβ 2 )(n − g ) , n < g
2
¯

MODAL ANALYSIS
Following the complex pre-stress function, the dynamic
response function of the beam structure with complex prestress can be obtained because the structural complex pre-stress
can be expressed as a trigonometric function. The equations
are linear in a beam structure with or without a complex
pre-stress distribution, and the determinant factor to the
characteristic equation is zero and can be expressed as follows:

|/R| 0
(21.1)

(25)

In Eq. (25), if no complex pre-stress force distribution
( R 0 ) exists, then this equation can be written as
a classical elastic beam free vibration equation. If a complex
pre-stress distribution ( R z 0 ) exists, then the matrix
/  R is not diagonal. Therefore, the characteristic
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equation and structural modes of the free vibration beam with
complex pre-stress must be modified.

FREE VIBRATION OF THE RISER
STRUCTURE
SYSTEM MODELLING
The TTR in a complex ocean environment is discussed
to reveal the parametric vibration problem by considering
the heaving of the platform and the motion of the tension
ring. The riser structure is subjected to a current. The riser
structure could be considered a long, continuous, tubular
member that is straight and vertical. The boundary conditions
at the two ends are known. The heaving of a floating platform
which induces axial tension fluctuation in the riser structure
is considered. The top of the riser is connected to the main
body of the platform through a compensator. The heave
compensator can be simplified as an equivalent spring with
stiffness K.
Several hypotheses for the riser structure are defined
as follows. (1) The material and mechanical properties are
uniform along the overall of the riser structure. (2) The
tension variation along the riser length varies linearly with
depth. (3) Only the cross-flow vibration is considered, whereas
the in-line vibration was excluded. (4) The effect of the shear
strain is minimal and can be neglected. In addition, the pipe
wall behaves elastically; that is, no internal damping was
considered.
In this study, a rectangular Cartesian coordinate system
is defined to establish the deformation of the riser structure,
as demonstrated in Fig. 4.
In Fig.4, the sea surface is set as the origin of the coordinate
system, the x-axis is parallel to the flow velocity and the z-axis
is measured from the top of the riser.

Owing to the neglected effects of rotational inertia, the
motion equations in the two principal vertical planes are
identical and can be derived independently for each plane
because of the symmetry of the riser cross-section. The
riser structure can move only in the plane of the figure
(i.e., in the z-direction). The lateral deflection ( w( z , t ) ) is
considered minimal in which every cross-section remains
plane perpendicular to the axis, and the riser structure can
be modelled as a beam structure.
FREE VIBRATION EQUATION OF THE RISER
Owing to the assumption of the riser structure, the
governing equation of the lateral deflection w( z , t ) of the
riser structure by vibration can be written in the form of the
following partial differential equation:

∂ 4 w( z, t ) ∂
∂w( z , t )
− [T ( z , t )
]+
4
∂z
∂z
∂z
∂ 2 w( z , t )
∂w( z , t )
(mr + mf + ma )
+ cS
= f ( z, t )
2
∂t
∂t
EI

where the first term is the bending stiffness of the riser
structure; the second term is the axial riser tensioning force;
the third term is the inertia of the riser structure and includes
the riser structure, internal fluid and fluid addition masses. EI
is the bending stiffness of the riser structure, T ( z , t ) is the
effective axial tension of the riser, w( z , t ) is the displacement
that is vertical to the riser structure axis, z is the axial position
and t is the time parameter.
1
In the partial differential equation, mr = ρ s ʌ ( D02 − D12 )

4

is the mass per unit length of the riser, mf =

Flex-joint

x
O

y

z

Current

L

Top Tensioned
Riser

1
ρf ʌD12 is
4

the mass per unit length of the internal f luid and

ma =

Plateform
heave

(26)

1
Ca ρ w ʌD02 is the mass per unit length of the added
4

mass; in addition, the influence of the motion of internal
fluid in the riser structure is omitted. D0 is the outer diameter
of the riser, D1 is the inner diameter of the riser, Us is the
riser structural density, U f is the water density, U w is the
internal fluid density and Ca is the added mass coefficient.
cS is the damping parameter of the riser structure and is
defined as 0 in the present study.

x

D1

D0

PARAMETRIC FORCE
y

Fig. 4. Mechanical model and reference frame of the riser
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The effect of tension in the riser includes static and dynamic
components. The static component of the tension results
from the pretension imposed by the heave compensator and
submerged weight. The dynamic component is caused by the
heaving of the platform. This tension component depends
only on time given the assumption of inextensibility. If the

platform vibrates harmonically, the effective tension can be
expressed as follows:

T ( z, t ) = T0 − Wa z + Ka sin(τt )

(27)

where T0 = Sg ( ρ s − ρ w ) f top L is the static tension on the
top of the riser, and f top is the top tension coefficient. Wa
is the submerged weight of the riser per unit length which
is equal to mr  mf  ma . K is the stiffness of the heave
compensator. Parameters τ and a are the amplitude and
frequency of the heave of the platform, respectively. In the
structural vibration analysis, if the effective axial tension is
defined, then the structural modes and structural modal of
the riser can be obtained, and the analytical solution of the
dynamic response can be obtained.
Based on Eq. (1), the complex pre-stress force in the riser

[T0 − Wa z + Ka sin(τt )]
, where T0 is the
S
static axial tension force, U m z is the influence of gravity,
KP is the amplitude of dynamic axial tension force and τ is
the frequency of platform heaving. The partial differential
equation of a deepwater riser structure can be obtained by
substituting Eq. (27) into Eq. (14) and can be written as
follows:
structure is σ r , z =

∂ 4 w( z, t ) ∂
∂w( z , t )
− [σ r , z S
]+
4
∂z
∂z
∂z
∂ 2 w( z , t )
∂w( z , t )
+ cS
(mr + mf + ma )
= f ( z, t )
2
∂t
∂t
EI

(28)

Eq. (28) is a modified function of the riser structure that
considers the complex pre-stress force distribution. The
traditional differential equation of the deepwater riser
structure is compared, and the parameter of pre-stress

w
ww( z , t )
[V r , z S
] is obtained. The description of the stress
wz
wz
conditions of the riser structure is comprehensive. If the axial
tension and welding residual stress are defined, then the
structural modes and structural modal of the riser and the
solution of the dynamic response can be determined.

NUMERICAL RESULT AND DISCUSSION
MODEL DESCRIPTION
The design parameters of the riser structure for the
numerical analysis of the parametric vibration problem are
listed in Table 1. The effects of complex pre-stress on the
natural frequency and mode shape of the riser are compared.
The design parameter is similar to that in Reference [13].

Tab. 1. Design parameters of the model system
Parameter

Symbol

Values

Unit

Length

L

1000

m

Outer Diameter

D0

0.30

m

Thickness

t

0.025

m

Young’s Modulus

E

2.1E11

Pa

Material Density

ρs

7850

kg/m3

Density of Water

ρw

1025

kg/m3

Density of Oil

ρf

800

kg/m3

Equivalent Coefficient

λ

10

m

Top Tension Coefficient

ftop

1.3

-

Addition Mass Coefficient

Ca

1.0

-

Stiffness of Compensator

K

320000

N/m

Heave Amplitude

μ

5

m

Heave Frequency

τ

s

MODELLING OF WELDING RESIDUAL STRESS
Two types of welding residual stress distribution are
compared to analyse the influence of welding residual stress
on the dynamic characteristics of the riser. The two types of
stress are mixed tensile and compressive residual stresses.
The three types of welding residual stress distribution are
as follows. Distribution model I is a tensile stress. Distribution
model II is a tensile stress with a maximum amplitude that
is smaller than that of Distribution model I. Distribution
model III is defined as mixed tensile and compressive residual
stresses.
The welding residual stress in the riser follows for a nonuniform distribution. Based on the common welding
technology for risers, the peak value of stress is distributed
periodically by a certain distance. In the present study, every
2 m is defined as peak stress, and the welding residual stress
is zero at the end of the riser structure. The welding residual
stress in the riser can be fitted by a trigonometric series. Five
peaks with the characteristics of the periodic distribution of
welding residual stress are illustrated in Fig. 5 to describe the
welding residual stress distribution.
Fig. 5(a) depicts Distribution model I of the welding
residual stress; a positive value denotes the tensile stress.
Fig. 5(b) exhibits Distribution model II of the welding
residual stress, and a positive value denotes the tensile stress.
The peak value of the welding residual stress in Fig. 5(b) is
less than that in Fig. 5(a).
Fig. 5(c) presents Distribution model III of the welding
residual stress. A negative value denotes the compressive
stress, and a positive value denotes the tensile stress. The
absolute value is similar to that in the Distribution model I
compared with the values displayed in Figs. 5(a) and 5(b).
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Fig. 5. Distribution model of the welding residual stress

of welding residual stress is exhibited in Figs. 5(a), 5(b) and
5(c). The complex pre-stress in the riser can be written as
EFFECT OF WELDING RESIDUAL STRESS ON
NATURAL VIBRATION FREQUENCY
Based on the function of the welding residual stress, the
complex pre-stress in the riser can be written as

σ r ,z =

[T0 − U m z + Kμ sin(τt )]
+ σ R . The vibration chaA

σ r ,z =

T0 − U m z 18
+ ¦ σ r , zg cos( gβ z ) . By substituting the
A
g =1

complex pre-stress into Eq. (3), the differential formulation
can be written as follows:
18
dφ 4 ( z )
dφ 2 ( z )
EI
− [T0 − U m z + A¦ σ r , zg cos( gβz )]
+
dz 4
dz 2
g =1

dφ ( z )
− (mr + mf + ma )ω 2φ ( z ) = 0
dz

racteristics of the riser can then be obtained.

Wa

(1) Constant axial loads
Constant axial loading is also considered, in which the
sole weight is neglected. The complex pre-stress in the riser
structure can be written as V r , z T0 / A . The mode
shapes of the riser structure can be written as

Table 2 summarizes the natural frequencies of the riser
structure with variation from the first to the tenth order. Table
2 indicates that the complex pre-stress exerts a significant
effect on the natural frequency of the riser. If the welding
residual stress is positive, then the natural frequency of the
riser will increase. If the welding residual stress is negative,
the natural frequency of the riser will decrease. In addition,
the influence of complex pre-stress on natural frequency
becomes increasingly significant with the increase in order.
These results show that the peak value of the welding residual
stress distribution is inevident in natural frequency because
the range of the riser in the peak area is relatively narrow.
Table 2 indicates that analysing the influence of the welding
residual stress is necessary for the riser design.

EI

dφ 4 ( z )
dφ 2 ( z )
−
T
− ( mr + mf + ma )ω 2φ ( z ) = 0 .
0
dz 4
dz 2

The mode function of the vertical tube under fixed axial force
can be calculated by using the method of separation of
variables.
(2) Varying axial loads
Vertical pipe weight and internal tension are considered.
The complex pre-stress in the riser structure can be written
as V r , z (T0  Wa z ) / A . The mode function of the vertical
tube under fixed axial force can be calculated by using the
method of the separation of variables, and the modes are not
standard sine functions.
(3) Varying axial loading and welding residual stress
In this case, the welding residual stress, vertical pipe weight
and internal tension are considered. The values of the welding
residual stress are obtained from the measurement data of
the riser structure or through a numerical simulation analysis.
The cosine function is used to fit the welding residual stress
parameter. The welding residual stress in the riser can be
18

written as

σ r , z = ¦ σ r , zg cos( gβz ) , and the distribution
g =1
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Tab.2. Comparison of the natural frequencies of the riser

Order

Constant
axial force

Axial
force
and sole
weight

Welding
residual
stress
mode I

Welding
residual
stress
mode II

Welding
residual
stress
mode III

1

0.257

0.190

0.273

0.240

0.176

2

0.514

0.381

0.545

0.478

0.360

3

0.771

0.572

0.818

0.718

0.546

4

1.029

0.764

1.092

0.959

0.733

5

1.287

0.957

1.367

1.200

0.923

6

1.547

1.153

1.642

1.442

1.115

7

1.807

1.350

1.918

1.686

1.309

8

2.069

1.550

2.196

1.931

1.507

9

2.332

1.752

2.476

2.178

1.707

10

2.596

1.956

2.757

2.427

1.910

MODES OF THE RISER STRUCTURE
The first-order to sixth-order modes of the riser structure
are illustrated in Fig. 6. The modes are not standard sine
functions.
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Fig.6 First six mode shapes in different loading cases
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In Fig. 6, the maximum amplitude of the mode is moved
to the bottom when the sole weight is considered. Welding
residual stress significantly affects the mode shapes of the riser
structure. The mode shapes become increasingly complex
when the welding residual stress is considered. The influence
of the welding residual stress on the riser structure vibration
mode is evident. The mode shape of the riser becomes a rough
curve with mutation when the welding residual stress exists.
The mutation direction depends on the direction of the
welding residual stress because the welding residual stress
had changed the local stiffness of the riser.

CONCLUSIONS
In this study, a new approach to analysing the dynamic
characteristics of the riser structure is proposed to investigate
the influence of the welding residual stress on the natural
frequency and modal shape. A corresponding differential
equation is established. The numerical results show that
complex pre-stress force significantly influences parametric
vibration. The distribution of complex pre-stress causes the
resonance point of the riser to migrate, and the migration
direction corresponds to the complex pre-stress direction.
The mode shape is not a smooth curve, and the distortion
direction depends on the amplitude of complex pre-stress.
The approach that is proposed in this study can be applied
to address the uniform or non-uniform distribution stress
force problem, thereby extending the research area of the
application for pre-stress problems.
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ABSTRACT

The Turkish Merchant Shipping Industry has recently witnessed an increasing awareness of the importance to minimize
environmental pollution and fuel oil consumption. Together with certain non-governmental organizations and
media concerns about environmental protection, the International Maritime Organization (IMO) has been strict on
controlling undesirable effects on the environment and, consequently, forcing shipping companies to minimize their
emissions. Besides, today’s highly advanced technology companies over the world have developed various innovative
systems that can be utilized to minimize carbon emission, thus giving assurance to relevant investors that their
investments are most likely to turn out well with a considerable financial gain in the short or long term. Despite all
such favorable developments, in a general look, shipping companies seem reluctant in making use of technologies
providing efficiency in energy consumption. This reluctance has eventually brought about the term “Energy Efficiency
Gap”. This research conducts a questionnaire, created by Acciaro et al. [1], among the shipping companies in Turkey.
20 respondent companies, who represent 26 percent of the Turkish owned merchant marine fleet of over 1000 gross
tonnage in terms of deadweight cargo capacity, participated in the research. The Pearson correlation analysis was used,
and interpretations were made according to the obtained statistical values. The aim of the research was to identify
reasons and points restraining the use of new technologies regarding energy efficiency, as well as to develop proposals
for the innovators in this field about how to overcome this handicap concerning technical and managerial aspects
of gaining energy efficiency.
Keywords: Energy efficiency gap; Maritime transportation; Energy efficiency technologies; Carbon emission

INTRODUCTION
The onset of environmental problems in the world has
prompted authorities to take preventive actions to reduce
ship-borne exhaust emissions. As a result of both these
actions, and growing economic concerns of the maritime
industry, the energy efficiency improving applications have
become of great importance in ships in recent years.
IMO has made a quick response to the environmental
protection calls. They conducted various studies to reduce
the ship-based emissions and started to regulate the ship
transportation industry by implementing new rules. The
Regulations for the Prevention of Air Pollution from Ships
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were added to the Annex VI Convention with the 1997
protocol by amending the MARPOL 73/78 Convention.
These regulations entered into force on May 19, 2005. The
MARPOL Annex VI regulates the arrangements made to
limit the ozone layer by depleting ship emissions of nitrogen
oxides (NOx) and sulphur oxides (SOx) in exhaust gases [33].
In 2009, IMO published the Second IMO Greenhouse Gas
Study which revealed that the ship-based CO2 emissions were
projected to increase significantly in the coming decades.
Depending on future economic and energy developments,
the analyzed scenarios projected an emission increase by
50% to 250% in the period to 2050 [6]. Further actions with
additional regulations on efficiency and emissions could

mitigate the emissions growth. Therefore, applications of the
Energy Efficiency Design Index (EEDI) and the Ship Energy
Efficiency Management Plan (SEEMP) were accepted in July
2011. EEDI was made mandatory by the Marine Environment
Protection Committee (MEPC) for new ships and SEEMP
for all ships [19, 30].
There has to be a SEEMP plan specifically prepared
for vessels [18]. In spite of these preventive actions, new
projections still show an increase in some greenhouse gas
emissions, considering the increasing demand for fossil
fuels. As a result of Tier III and Tier IV engines entering
the world ﬂeet, the emissions of nitrogen oxides increase at
a lower rate than CO2 emissions. The emissions of particulate
matters show an absolute decrease until 2020, and sulphurous
oxides continue to decline through to 2050, mainly because
of MARPOL Annex VI requirements imposed on the sulphur
content of fuels [17].
The policymakers’ initiation to reduce the global warming
potential from ship-based emissions has become an inevitable
cause of innovation acceleration in this field [32]. The
international regulations in force give limited time to the
maritime transportation industry to adopt the requirements
[40]. Both the engine suppliers, and other parties related to
the emission reduction technologies are still studying hard to
innovate products satisfying the goals of the above-mentioned
Annex VI amendments. All in all, the emergence of new and
modified emission reduction technologies in recent few years,
and also energy efficiency improving technologies, has been
a great challenge for the maritime transport industry.
Reducing fuel costs via using eco-friendly applications
is another point of view for the sustainability of these
innovations. As the cost-effectiveness potential of the emission
reduction technologies grows with time [11], the feasibility
of the products affects the willingness of more shipping
companies to use them in their fleet. However, in practice, the
implementation of economically viable technologies to marine
vessels is going slower than expected in the worldwide market
because of some “barriers to energy efficiency”, as defined
in the literature [1]. The energy efficiency gap [23] is another
term which defines barriers to energy efficiency. According
to Klemick and Wolverton [26], the energy efficiency gap
is defined as the difference between the amount of energy
that is currently consumed and the amount that should be
consumed, relative to some notion of the optimal level. In
the shipping industry, innovative products that provide
energy efficiency with cost efficiency are developing very fast
in recent years. This situation creates an expanding energy
efficiency gap on marine vessels because of some barriers to
the implementation of energy efficient end-products [41].

LITERATURE REVIEW
Considering the current and oncoming IMO legislations,
the technologies reducing emission and improving energy
efficiency in the field of marine transportation systems have
been enhanced significantly. Bedford et al. [3] described

a direct water injection system that is operated by injecting
water into the combustion chamber via a separate nozzle
from the fuel to reduce NOx emissions by 50-60% under
high loads and eliminate harmful effects of bad combustion
[8, 45]. As explained in the study by Kristensen [26], the
operating principle of the exhaust gas recirculation system
(EGR) is to recirculate some of the engine exhaust gas back
to the engine. The mixing of the exhaust gas with the intake
air increases the specific heat of the intake mixture, which
leads to a reduction in the ignition temperature and reduces
the oxygen concentration in the combustion chamber.
A significant reduction is observed in the number of nitrogen
oxides produced due to the combustion temperature decrease.
The EGR system allows approximately 20% reduction of NOx
emissions. The Selective Catalytic Reduction (SCR) process
chemically transforms the NOx molecule into molecular
nitrogen and water vapor. A nitrogen-based reagent, such
as ammonia or urea, is injected into the exhaust gas in the
exhaust line. The hot flue gas and the reagent are passed
through a catalyst. The reactant emitted by the catalyst
selectively reacts with NOx at a certain temperature range
and in the presence of the catalyst and oxygen.
The global fuel f leet consumes approximately 330
million tons of fuel annually. Approximately, 80-85% of
these consumed fuels contain sulphur. At present, liquefied
natural gas (LNG), liquid petroleum gas (LPG), electric
energy, solar power, biodiesel, and methanol are at the top
of alternative fuels used in the maritime industry [7]. In terms
of environmental emissions, the use of LNG as fuel plays
an important role as an emission reducer, with the ratios of
CO2 emissions up to 20%, sulphur oxides (SOx) up to 100%,
Nitrogen oxides (NOx) up to 90%, and particulate matter
(PM) up to 99% [20]. LNG will be an alternative fuel that
meets stringent ECA requirements because it emits small
quantities of NOx [47]. Considering the environment-friendly
feature of LNG, propulsion of LNG fueled ships comes to an
important point [5]. Also, the cost of liquefying natural gas
is almost the same compared to IFO 380, according to the
data taken at February 2019[10, 46].
The solar energy technology transforms solar energy into
electricity and thermal energy. Every square meter of the
earth’s surface draws about 1000 Watts of energy from the sun
[13]. Solar energy provides a clean, environment-friendly, and
non-consumable source of energy for humanity. The cost of
energy acquired from the sun is also falling steadily due to the
competition in this market [16]. Although there are significant
advantages offered by solar energy, it is necessary to keep in
mind some defects while utilizing this energy source [14].
Wind energy technologies convert the mechanical energy into
electrical energy by taking advantage of the kinetic energy of
the wind. The kinetic energy of the airflow drives the wind
turbine blades and the drive shaft, thus providing mechanical
energy to the wind turbine generator [21]. Furthermore, there
are some other technologies that utilize wind forces to assist
the propulsion of ships. One of them is wind kites that use kite
power for ship propulsion. Another option is the wing sails
that consist of different types of sails or wings. The Flettner
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rotor technology, which uses the Magnus effect to provide
the ship with harnessing wind energy, has been started to
develop in recent years [29].
Hull cleaning is a method that leads to a significant
reduction in daily fuel consumption, as well as to increasing
the energy efficiency of vessels in a very cost- effective way [2].
Waste heat recovery systems have gained great significance
for ship owners in the last decade, following their many landbased applications [28]. Thermoelectric generators seem
suitable for small scale commercial applications. On the
other hand, large-scale applications, such as ships, require
Rankine-based systems which can potentially offer greater
environmental gains and better energy efficiency than
thermoelectric generators [25].
Most of the literature studies refer to the energy efficiency
gap in the industrial sectors such as textile [44], household [38],
paper [42], ceramics [31], and construction [15] industries.
Financial matters related with investing into energy efficiency
are also discussed in several studies [4, 9, 34, 36, 43].
There are limited studies in the literature which concern the
energy efficiency gap issue for marine transportation systems.
SEEMP and EEDI regulations seem to have an inspiring role
for both academic and institutional studies. Jafarzadeh and
Utne [22] propose a framework for overcoming barriers to the
energy efficiency in the shipping industry. The framework is
designed in 5 steps, and starts with identifying the barriers
and categorizing them. The categorized barriers are analyzed
and ranked by any suitable multi-criteria decision making
(MCDM) methods in step 2. Possible measures for overcoming
the identified barriers are assigned. Then, interactions
between the barriers are identified in step 3 and 4. Step 5 is
about documentation of the results, with a feedback loop due
to possible reductions in the previous barriers.
Poulsen and Sornn-Friese [37] have studied the influence of
the third-party ship management to energy efficiency. Lack of
information on energy efficiency, lack of energy training, and
lack of time to produce and provide reliable energy efficiency
information are highlighted as barriers to ship operations
with third- party ship management.
Barriers to improving the energy efficiency in short sea
shipping are discussed by Johnson et al. [24] in their action
research designed case study. The collaboration of two
shipping companies for implementing an energy management
system to their fleet is examined with active participation of
researchers to the implementation process. Discussions and
results are mainly focused on what best practices could be in
an energy management plan when considering the SEEMP
requirements. Another outcome derived from that case study
was the understanding of barriers which may hinder the
companies in achieving energy efficient operations.
Fridell et al. [12] describe several parameters to improve
the energy efficiency in shipping by exemplifying the Latin
American and Caribbean regions. Barriers to energy efficiency
between different modes of transport in these regions are well
defined. Uncertainties about the future fuel cost, high rate
of technological risks, stakeholder influences, ship ownercharterer agreements, low second-hand values, and the lack
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of capital stock within shipping companies have been seen
as the major factors affecting the implementation of energyefficient technologies. Also, the shore-side electricity (cold
ironing) method has been seen as a good option to reduce
the emissions in populated coastal areas.
Rehmatullaa et al. [39] conducted a survey with the
participation of 200 shipping companies, mostly from Europe.
The implementation of over 30 energy efficiency and CO2
emission reduction technologies were surveyed. The study
shows that the companies tend to implement technologies
which offer energy efficiency gains. This tendency indicates
an equal distribution among the design, hydrodynamic, and
machinery measures by selecting only a number of different
measures in each category. Small energy efficiency gains
at the ship level, when accompanied with low initial costs
and high payback rate, are the motivations for most of the
implementation choices.
The study of Acciaro et al. [1] provides a good understanding
of relevant barriers to the implementation of energy efficiency
improving technologies among the Norwegian Ship-owners’
Association members. A newly developed questionnaire,
which was verified by DNV GL experts and the representatives
of the Norwegian Shipowners’ Association, was utilized to
gain a better understanding of barriers to the implementation
of new technologies among Norwegian shipping companies.
12 CO2 abatement technologies were taken into account in
the study. A set of barriers to the shipping industry related
energy efficiency were defined as a result of interviews with
DNV experts and shipping companies, and an intensive
literature review. These barriers are categorized as: safety
and reliability, technical uncertainty, behavioural barriers,
market constraints, financial and economic constraints, and
complexity. As a result of the study, operational measures
appear to have lower barriers than hardware measures.
Immature technologies also show higher barrier levels. An
active role of the policy maker through financial incentives
and revision of existing regulation is suggested to be effective
in overcoming these barriers.

METHODOLOGY
This study aims to assess the energy efficiency gap
in Turkish maritime transportation by conducting the
questionnaire created by Acciaro et al. [1] among 20 different
shipping companies representing 26 percent of the Turkish
merchant marine fleet of over 1000 gross tonnage in terms of
deadweight cargo capacity. The responses have been received
from the employees carrying on the duties of ship owner,
general manager, technical manager, inspector, designated
person ashore (DPA), human resources manager, master,
and engineer in pioneer companies of the Turkish merchant
marine fleet, as can be seen from the demographic structure
of participants in Fig. 1.

Technology
Description
Waste heat recovery
Development of the
main engine
Solar energy
LNG (Liquefied
natural gas)
Wind energy
Fig. 1. Hierarchical distribution of survey participants
Fuel cell

Among the most effective and widely used techniques,
the Pearson’s correlation analysis was applied to establish
the framework for barriers to emission reducing and energy
efficiency improving technologies. The correlation analysis is
a statistical method used to test the relationship between two
variables or the relationship of one variable with two or more
variables. The purpose of the correlation analysis is to see how
the dependent variable (y) changes when the independent
variable (x) changes. In order to perform the analysis, both
variables must be continuous and have normal distribution.
The result of the correlation analysis shows whether there is
a linear relationship between the variables or not (See Tab. 1).
In the former case, the correlation coefficient is calculated
from this relation [35].
Tab. 1. Intervals of correlation coefficient R [35]
R Values
0,00 - 0,25
0.26 - 0.49
0,50 - 0,69
0.70 - 0.89
0.90 - 1.00

Comments
Very Poor
Poor
Medium
High
Too High

Tab. 2. Emission reducing and energy efficiency improving technologies

Speed reduction

Voyage performance

Friction reducing
technologies

Description
More efficient speed for
operation
Route determination based
on weather conditions and
trim, draft control etc.
systems to improve operation
performance
Ship resistance reduction

Increasing efficiency by
taking advantage of propeller
characteristics
Electrical connection Connecting shore electricity to
from the shore
the ship in ports
Reduction of needed power
Reducing the need
such as light, heat and electric
for auxiliary power
motor

Propeller enhancing
devices

Abbreviation

Systems that can recover part
of exhaust gas heat energy
Main engine control and
efficiency improvement
Utilizing solar energy for
electricity generation
Using gas fuels instead of
diesel-based fuels
Using wind power for
electricity generation on the
vessel
Energy production from
natural gas or other hydrogencontaining gases

WH
DME
SE
LNG
WP

FC

Barriers to the implementation of new technologies for
exhaust emissions have been addressed to the participants
to determine the level of these barriers (see Tab. 3).
Tab. 3. Barriers to the implementation of new technologies
Level of knowledge

Safety issue for the crew and ship

Purchase and installation costs

Reliability issue for the crew and
ship

Effectiveness in reducing exhaust
emissions
Ease of initial installation
Ease of use

Degree of compliance with
current regulations
Ease of implementation to ship
considering the charter agreement
Suitability to the company

Level of their technical maturity

The emission reducing and energy efficiency improving
technologies are described in Tab. 2, together with their
abbreviations used when discussing the results in Section 4.
Technology
Description

Description

Abbreviation
SR

VP

FRT
PE
EC
RN

The conditions affecting these issues have been expressed in
eleven headings. The statements related to the implementation
of new technologies aiming at reducing exhaust emissions are
shown in Tab. 4. The barriers to the implementation of new
technologies shown in Tab. 5 have been surveyed according
to their significance levels to get the effective results about
the research question.
Tab. 4. Statements related to the implementation of new technologies aiming
at reducing exhaust emissions in the participant’s shipping company
Installation costs are very expensive
Operating costs are too high
There are a lot of uncertainties with respect to their costs
The initial installation is very difficult
It is very difficult to use
There are a lot of uncertainties with respect to their
effectiveness
Safety risk of the ship increases with their utilization
The know-how about the new technologies is not reliable
The company has not reached the capacity to afford new
technologies
Charter agreements restrain the use of these technologies

IC
OC
UC
IID
DU
UE
SR
TR
CC
CH

Tab. 5. Barriers to new technologies that indicate significance levels
Complexity of operation

CO

Operating costs

OC

Technical maturity

TM

Current regulations

CR

Complexity of initial installation

CII
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Integration difficulties in the system

IDS

Technical data

TD

Lack of information

LOI

Charter agreements

CA

Organizational maturity

OM

Safety

S

Lack of awareness

LOA

Installation cost

IC

Access to capital

AC

Lack of incentives

LI

Reliability

R

RESULTS AND DISCUSSION
According to the data obtained from the questionnaires,
the importance levels of barriers to the implementation of new
technologies are illustrated in Fig. 2.

that the shipping companies are confident with their crew
to operate these technologies with proper familiarization.
The companies that provide the emission reducing devices
also appear to be trusted by the shipping companies in the
context of the ability to install the products with professional
workmanship and in a time-effective manner.
The participants mostly agree on high cost of initial
installation (See Fig. 3). The uncertainties with respect to
the cost of new technologies are another strong factor to be
considered seriously. On the other hand, these technologies
are assessed to be easily operated systems according to
multiple point of views.
The correlation analysis presents the strongest relationship
between the operating cost (OC) and the installation cost (IC),
as expressed in Table 6. Besides, the operating cost (OC) has
significant relation with the complexity of operation (CO).
No connection has been established between these and other
barriers. These relations state that the shipping companies
agree on that the technologies are both costly and complex
systems to implement and operate.

Fig. 2. Importance levels of emission reducing and energy efficiency improving
technology barriers

Fig. 3. Agreement levels to the statements related to new technologies aiming
at reducing the exhaust emissions

Reliability, lack of awareness, lack of information, and
current regulations are observed as the most critical points
considering the willingness of the companies to implement
these technologies. The remaining measures also show a close
importance level. Only the complexity of operation and
the initial installation stage have a lower significance level
compared to other barriers. This situation can be interpreted
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Tab. 6. Pearson correlation coefficients of selected barriers
to the implementation of new technologies
OC
OC
CO

0,68**

IC

0,94**

CO

IC

0,68**

0,94**
0,75**

0,75**

**. Correlation is significant at the 0.01 level (2-tailed).

The results shown in Tab. 7 illustrate that the technological
advancement in the field of emission reduction and energy
efficiency improvement has failed to provide a reliable source
of know-how according to the shipping companies’ point
of view. The correlation factor of 0.822 between SR and TR
in the same table shows that the safety and reliability issues
are highly related with each other, and that the insufficient
know-how has raised concern about the increased risk to
ship’s safety.
Tab. 7. Pearson correlation coefficients of agreement levels to the statements
related to new technologies aiming at reducing exhaust emissions
SR
SR

TR

UC

DU

0,822**

-

0,533*

TR

0,822**

UC

-

-

-

DU

0,533*

-

0,564**

0,564**

**. Correlation is significant at the 0.01 level (2-tailed)
*. Correlation is significant at the 0.05 level (2-tailed)

Figure 4 compares the average barrier levels of the
technologies to their suitability to the company and the
familiarity of the companies to the technologies. Fuel cell (FC),
wind power (WP), LNG, and solar power (SP) technologies
possess the highest barrier levels, respectively.

Fig. 4. Comparing average barrier levels of technologies to the suitability to the
company and familiarity to the technologies

These technologies are also indicated as unsuitable to be
applied. Speed reduction (SR), friction reducing technologies
(FRT), and voyage performance (VP) have been found
most appropriate applications for the companies due to the
requirements of considerably lower cost and complexity
than other innovations. In this context, the companies look
reluctant to utilize costly and complex applications related
to emission reduction and energy efficiency improvement, as
well. The participating companies generally score just above
the average in terms of technology familiarity, which reveals
that more cooperation needs to be developed between the
academicians, policy makers, technology developers, and
end-users.

CONCLUSION
The paper evaluates barriers to the implementation of
new technologies which aim at reducing exhaust emissions
and improving energy efficiency in the Turkish maritime
transportation industry. This evaluation bases on the
questionnaire created by Acciaro et al. [1], and its results
are discussed.
Reliability is deduced as the most important barrier
against the implementation of the emission reducing and
energy efficiency improving technologies to the Turkish
merchant marine fleet. The most significant relationship
among the barriers is found between the operating cost and
the installation cost, with the R value of 0.937.
As expected, the costs are generally the main topic, but
also the uncertainties about operational measures and
payback periods make it difficult to convince the shipping
companies to utilize innovative products of the emission
reduction technology. The shipping companies regard the
operational measures as more suitable to the company, as
these measures require lower initial and operational costs.
The know-hows about these technologies are considered as
insufficient and unreliable, which raises concern about the
increased risk to ship’s safety. Therefore, reliable information
must be provided, and the risk status concerning the safety
of operations must be eliminated to increase the application
density of the technologies by the shipping companies.

The study of Acciaro et al. [1] aimed to find the barriers
in the Norwegian shipping industry. As a result of the study,
operational measures appeared to have lower barriers than
hardware measures. The same pattern is observed among
the Turkish shipping companies. Renewable energy and
LNG technologies have the highest barrier scores for both
countries. Maturity levels of the technologies and cost
considerations have possessed a high barrier level. An
active role of Norwegian policymakers through financial
incentives has also been suggested. In comparison, the
Turkish maritime transportation is basically in the need
to revise the existing regulations to be effective, along with
incentives, in overcoming these barriers. The reliability and
safety issues are among the most important issues for both
countries.
In this respect, it is suggested that the university-industry
cooperation should be well-established in the emission
reduction and energy efficiency improvement technology
fields to accelerate the innovative products with reliable source
POLISH MARITIME RESEARCH, No 3/2019
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of information. In that way, the payback periods and the initial
costs may be decreased as a solution to the main concern of
end-users, and the energy efficiency gap would be narrowed
in the Turkish maritime transportation industry.
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ABSTRACT

This study deals with a new concept of near-shore combined renewable energy system which integrates a monopile wind
turbine and a floating buoy with heave-type wave energy converter( WEC). Wave energy is absorbed by power-take-off
(PTO) systems. Four different shapes of buoy model are selected for this study. Power performance in regular waves is
calculated by using boundary element method in ANSYS-AQWA software in both time and frequency domains. This
software is based on three-dimensional radiation/diffraction theory and Morison’s equation using mixture of panels
and Morison elements for determining hydrodynamic loads. For validation of the approach the numerical results of
the main dynamic responses of WEC in regular wave are compared with the available experimental data. The effects
of the heaving buoy geometry on the main dynamic responses such as added mass, damping coefficient, heave motion,
PTO damping force and mean power of various model shapes of WEC in regular waves with different periods, are
compared and discussed. Comparison of the results showed that using WECs with a curvature inward in the bottom
would absorb more energy from sea waves.

Keywords: combined renewable energy, monopile wind turbine, heaving buoy, power take off

INTRODUCTION
Ocean energy resources have a great potential of providing
renewable energy in the form of wind, waves and tidal
currents. Over the last decade, among ocean renewable energy
resources, offshore wind energy utilisation has been rapidly
developed mainly in the form of the monopile fixed-bottom
platform wind turbines (WT) in near shore wind farms. Other
fixed-bottom platforms used in near shore wind farms are
tripod and jacket ones[1].
Compared to wind, wave energy represents an energy
resource with a higher power density. The wave renewable
energy can be absorbed by using various wave energy
converters (WEC) such as oscillating water column,

oscillating body and overtopping [2]. Although various
types of WEC systems have been proposed, this technology
is actively developing and it is not mature enough for largescale commercial application.
In a site where wind and waves coexist, it might be beneficial
to combine a WT and a WEC system by sharing support
structure and power substations. It would be beneficial for
utilizing the ocean space more efficiently and reducing the
cost of manufacturing, installation and maintenance.
So far, many studies on the combined concept of WT
and WECs have been conducted and reported by several
researchers. Most of the studies on such combined systems
have been done for different floating support platforms and
type of WECs.
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Based on the semi-submersible floating platform, three
combined WT and WEC systems have been proposed. Alves
[3] studied the combined concept of WT and an oscillating
water column WEC with a V-shape semi-submersible floating
support structure. They showed that the economic cost could
be reduced by sharing the mooring and power infrastructure.
Other combined concepts were proposed based on the semisubmersible floating support structure of WT, which consists
of three rotating-flap types WECs [4, 5], and a point-absorber
WEC [6].
Bachynski and Moan [7] introduced a combined concept
of WT and three point absorber WECs based on tensionleg-platform (TLP) floating support structure. In their work,
the effects of point absorber WEC on TLP were studied in
operational conditions.
Most of the studies on the combined concept based on
floating support platform have been done for the spar-type
platform. The spar - torus combination (STC) is consisted
of the 5 MW WT of National Renewable Energy Laboratory
(NREL) and a torus- point-absorber WEC, introduced
and developed by Muliawan et al. [8, 9, 10]. Further
numerical and experimental studies of the STC system in
survival mode were conducted by Wan et al. [11, 12, 13, 14].
In their model tests they examined several phenomena such
as Mathieu instability, wave slamming and vortex- induced
motions.
There is limited number of research works about the
conceptual design of the combined systems based on the
fixed-bottom platforms in the shallow water zones. For
the first time, a new concept of a combined fixed-bottom
monopile WT and a heave WEC was proposed by Ren et al.
[15]. This system is named ‘MWWC’ (Monopile-WT-WECCombination). Ren and Ma [16] compared numerical and
experimental results of the MWWC system in both regular
and irregular waves. In MWWC concept, the floating buoy
can move along the monopile tower to absorb wave energy
through a power take-off (PTO) system. A schematic picture
of the MWWC system is shown in Fig. 1.

model shapes of WEC are discussed. Then, the numerical
results for one model of the WEC system are validated by the
experimental data. Finally, the results of the main dynamic
responses such as added mass, damping coefficient, heave
motion, PTO damping force and mean power for various
model shapes of WEC in regular wave with different periods
are compared and discussed by using the ANSYS-AQWA
software.

GEOMETRIC AND FUNCTIONAL
DESCRIPTION OF THE MWWC SYSTEM
The MWWC concept considered in this study is inspired
by the STC system developed by the Norwegian University of
Science and Technology (Norges Teknisk Naturvitenskapelige
Universitet = NTNU) [8, 9]. The monopile is a type of platform
which is used for most of the offshore wind turbines in the
shallow water zones [1]. Hence the spar floating platform in
the STC system is replaced with the bottom- fixed monopile
platform.
In this concept, the wind turbine is a 5 MW NREL
reference turbine [17] (Notice that in the present study, the
5 MW NREL wind turbine is parked ) and the WEC system
is inspired by the ‘Wavebob’ solution developed in Ireland
[18]. The Float which is the main component of the Wavebob
is replaced by the monopile platform. Therefore, the floating
buoy of the Wavebob is connected directly to the platform
and it can be moved along the monopile tower.
The water depth for the operation of MWWC system is
15 m. The overall view of this system and the sketch of WEC
are shown in Fig. 2, and the main characteristics of the system
are listed in Tab. 1.

Fig. 2. The overall view of the MWWC system and the sketch of WEC system
Tab. 1. The main characteristics of the MWWC system
Parameters

Fig. 1. A schematic picture of the MWWC system

In this paper, four different model shapes of WEC heaving
buoys of the MWWC system are selected. At first, the function
of the MWWC concept system is described and various
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Symbol

WEC1

Unit

Monopile diameter

Dm

6.0

m

Inner diameter

Din

8.0

m

Outer diameter

Dout

16.0

m

Height

h

8.0

m

Draft

hd

3.0

m

Bottom breadth

bh

4.0

m

Parameters

Symbol

WEC1

Unit

PTO damping coefficient

Bpto

2.0e6

Ns/m

Centre of mass

C.G

(0,0,-1)

m

The wave energy is absorbed by the heave motions through
a PTO system. In the STC system, the PTO system has been
simplified by the linear PTO stiffness (Kpto) and linear PTO
damper (Bpto) [10]. In MWWC system, just two linear PTO
dampers (Bpto = 2e6 Ns/m) are used. A sketch of the PTO
system is shown in Fig. 3.

NUMERICAL MODELLING
Dynamic responses and power performance of the
MWWC system have been investigated in both time and
frequency domains based on the boundary element method
in ANSYS-AQWA software in which the hydrodynamic
loads acted on the structures are calculated by means of the
three-dimensional radiation/diffraction theory and Morison’s
equation.
In this simulation, two rigid bodies have been modelled as
a fixed monopile platform wind turbine and a heaving buoy.
The bodies are connected together by the guide-roller system
at their interfaces, therefore the WEC system can be moved
vertically by waves along the monopile tower.
The wave elevation in a regular linear Airy wave is
expressed as follows:
ு

ߞሺݔǡ ݐሻ ൌ ܿݏሺ݇ ݔ ߱ݐሻ
ଶ

Fig. 3. A sketch of the linear guide-roller system and the end-stop system

Four linear guide-roller systems have been incorporated
between the heave WEC system and the monopile. Therefore,
the WEC system can move vertically along the monopile
tower and its horizontal motions are limited. In addition,
two end-stop systems have been used to limit the excessive
heave motion in harsh environmental conditions. A sketch of
the linear guide-roller system and end-stop system is shown
in Fig. 3.
Three other shapes of WEC system , WEC2, WEC3 and
WEC4 , have been selected to be compared with the WEC as
WEC1, which were studied by Ren et al. [15] at first. The sketch
of the three WEC systems is shown in Fig. 4. The similarities
between all the models of WECs and the model of WEC1
consist in the same displacement, inner diameter, height,
draft and location of centre of mass. On the other hand, the
main differences are in their outer diameter and shape of
their bottoms ; values of the parameters are listed in Tab. 2.

(1)

where H is the wave height; k is the wave number; Z is the wave
frequency; t is the time. The wave number and wave frequency
are expressed by wave length (λ) and wave period (T):

݇ ൌ ʹߨȀߣǡ߱ ൌ ʹߨȀܶ

(2)

The motion in heave direction of the WEC system is
described by the equation (3):

ሾ ܯ ܣ௭ ሿݖሷ ሺݐሻ  ሾܤ௭  ܤ்ை ሿݖሶ ሺݐሻ

(3)

ሾܥ௭  ܭ்ை ሿݖሺݐሻ ൌ ܨ ሺ߱ݐሻ
in which M and Az are the buoy mass and the added mass in
heave direction; , ż(t) and z(t) are the acceleration, velocity
and displacement; Bz and Cz represent the hydrodynamic
damping coefficient and the restoring stiffness of the buoy;
BPTO and K PTO are the linear PTO damping and stiffness
coefficients, respectively; F0 is the amplitude of external
excitation force in heave direction.The solution of the
equation(3) for the steady condition is:

ݖሺݐሻ ൌ ݖ ሺ߱ ݐെ ߝሻ

(4)

where zα is the amplitude of the WEC heaving motion, and is
the phase angle of the WEC motion in relation to the exciting
force. The amplitude of the WEC motion is given by:

Fig. 4. The sketch of three different types of the WEC system
Tab. 2. The main characteristics of other types of WEC system (unit: meter)
Parameters

Symbol

WEC2

WEC3

WEC4

Outer radius

Rout

9.908

9.453

9.009

Curvature radius

R

5.0

–

5.0

Bottom breadth

bh

2.908

2.453

2.009

ݖ ൌ

ிబ Ȁሺ ାುೀ ሻ
ඥሺଵିஃమ ሻమ ାሺଶకஃሻమ

(5)

in which Λ is the tuning factor, and ξ is the non-dimensional
damping factor. They can be expressed as follows:
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Ȧ ൌ ߱Ȁ߱௭

ߦൌ

(6)

 ାುೀ

(7)

ଶඥሺெା ሻൈሺ ାುೀ ሻ

where ωz is the natural frequency of heave motion and it can
be calculated as follows:

߱௭ ൌ ඥሺܥ௭  ܭ்ை ሻȀሺ ܯ ܣ௭ ሻ

(8)

The damping force of the PTO system can be expressed
as follows:

ܨ்ை ൌ ܤ்ை ݖሶ

Fig. 6. Mesh study for heave motion of WEC in typical regular wave case

(9)

and the WEC instantaneous power can be calculated by using
the PTO damping force in the equation (9) as follows:

ܲௐா ൌ ܨ்ை ݖሶ ൌ ܤ்ை ݖሶ ଶ

(10)

MESH STUDY
The ANSYS-AQWA software employs Hess-Smith constant
panel method, hence the structure wetted surface is divided
into triangular or quadrilateral panels. Hydrodynamic panel
models which include WEC and a part of the substructure
are shown in Fig. 5.

Fig. 7. Mesh study for mean WEC power in typical regular wave case

In Fig. 6 and Fig. 7 it can be seen that initially, with
increasing the number of elements, changes in WEC heave
motion and mean WEC power are significant. It is also clear
that after applying more than 3528 elements for WEC, the
changes in the parameters in question are reaching smaller
and smaller values. Hence, numerical simulation of this
model in ANSYS-AQWA software with using this number
of elements will be of good accuracy.
VALIDATION
Fig. 5. MWWC panel models in ANSYS-AQWA software

In order to obtain the appropriate size of the elements to
get accurate results from numerical simulation, the number
of elements changed several times for both the WEC heave
motion and the mean WEC power in typical regular wave
case. The examined number of WEC elements in this study
is illustrated in Figs. 6 and 7.
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In order to verify the simulation results from ANSYSAQWA software, the numerical results of the main dynamic
responses of WEC1 have been compared with the experimental
results obtained from the model test in State Key Laboratory
of Costal and Offshore Engineering . The amplitude of WEC
heave motion, the PTO damping force and the Mean power
obtained from the comparisons for different regular wave
periods and wave height,, are shown in Figs. 8, 9 and 10.

RESULTS AND DISCUSSIONS
To get the general performance of the different model
shapes of WEC system, numerical results for regular wave
conditions are compared and discussed. The simulations
have been done for different wave periods and 2 m wave
height. Added mass and damping coefficient of different
shapes of WEC system are shown in Fig. 11 and Fig. 12.

Fig. 8. Comparison of the WEC heave motion between experimental data
and numerical results for typical regular waves (H = 2m)

Fig. 11. Comparison of the buoy added mass for different shapes of WEC
(H = 2m)

Fig. 9. Comparison of the PTO damping force between experimental data
and numerical results for typical regular waves (H = 2m)

Fig. 12. Comparison of the buoy damping coefficient for different shapes
of WEC (H = 2m)

Fig. 10. Comparison of the mean WEC power between experimental data
and numerical results for typical regular waves (H = 2m)

In Fig. 11 it can be seen that the added mass of WECs
gradually increases as wave period increases, while in
Fig. 12 the damping coefficient gradually decreases for all
the different shapes of WEC system. Also, it is clear that the
model WEC4 has greater added mass and damping coefficient
in comparison with the other model shapes of WEC system
in the same conditions. In addition, the amplitude of WEC
heave motion for its various shapes is illustrated in Fig. 13.

It is observable that the numerical result of WEC1 for
the regular wave and the test data reported by Ren et al. [16]
are in a good agreement. The main reason for the difference
between numerical and experimental results is the viscous
effect in the scale test model.
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Fig. 13. Comparison of the heave motion for different shapes of WEC
(H = 2m)

As shown in Fig. 13, the amplitude of WEC heave motion
increases as wave period increases. In case of the larger wave
periods, the amplitude of WEC heave motion gets closer
to the amplitude of the regular wave. Also, it is clear that
the model WEC4 has greater heave motion amplitude in
comparison with the other model shapes of WEC system in
the same conditions.
By using the equations (9) and (10), the PTO damping
force and the mean power for various shapes of WEC system
are calculated ; their amplitudes based on wave period are
illustrated in Fig. 14 and Fig. 15.

It can be seen that ,when the wave period increases, the
PTO damping force and the mean WEC power first increase
to the maximum value and then gradually decrease. This
trend is similar in almost all model shapes of WEC. It is
estimated that the maximum power generated by the WEC
system is at about T = 10 s for all model shapes of WEC.
Also, the model WEC4 has the best power performance in
comparison with the other model shapes of WEC system in
the same conditions.
The time history results obtained from ANSYS-AQWA
for the typical regular wave case (T = 10 s and H = 2 m) are
presented in Figs. 16, 17 and 18. In the figures, the heave
motion, damping PTO force and mean WEC power have been
compared for different models of the WEC, whose amplitude
have previously been displayed for different wave periods
(T = 6 – 16 s). It is obvious that the model WEC4 has a better
performance than other model shapes of WEC system in the
same conditions.

Fig. 16. Comparison of time histories of the WEC heave motion

Fig. 14. Comparison of the PTO damping force for different shapes of WEC
(H = 2m)

Fig. 17. Comparison of time histories of the PTO damping force

Fig. 15. Comparison of the mean WEC power for different shapes of WEC
(H = 2m)
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4. Luan, C., et al. Modeling and analysis of a 5 MW semisubmersible wind turbine combined with three flap-type
Wave Energy Converters. in : ASME 2014 33rd International
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5. Michailides, C., et al. Effect of flap type wave energy
converters on the response of a semi-submersible wind
turbine in operational conditions. in : ASME 2014 33rd
International Conference on Ocean, Offshore and Arctic
Engineering. 2014. American Society of Mechanical
Engineers.

Fig. 18. Comparison of time histories of the WEC power

CONCLUSIONS
In order to observe the dynamic responses of the different
shapes of WEC heaving buoy in regular wave conditions,
numerical simulations have been performed by using ANSYSAQWA software. The following conclusions can be derived
from the study of numerical simulation results:
• The added mass of WECs and the amplitude of WECs
heave motion increase as the wave period increases.
• The damping coefficient of WECs decreases as the wave
period increases.
• The PTO damping force and the mean WEC power
first increase to the maximum value and then gradually
decrease as the wave period increases.
• The model shape of WEC4 has the best power performance
in comparison with the other model shapes of WEC in
the same conditions.
The comparison of the results of the numerical simulation
showed that using WECs with a curvature inward in the
bottom would absorb more energy from sea waves for the
MWWC system.
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ABSTRACT

A grey box framework is applied to model ship maneuvering by using a reference model (RM) and a support vector
machine (SVM) (RM-SVM). First, the nonlinear characteristics of the target ship are determined using the RM and
the similarity rule. Then, the linear SVM adaptively fits the errors between acceleration variables of RM and target
ship. Finally, the accelerations of the target ship are predicted using RM and linear SVM. The parameters of the
RM are known and conveniently acquired, thus avoiding the modeling process. The SVM has the advantages of fast
training, quick simulation, and no overfitting. Testing and validation are conducted using the ship model test data.
The test case reveals the practicability of the RF-SVM based modeling method, while the validation cases confirm the
generalization ability of the grey box framework.

Keywords: ship maneuvering; reference model; linear support vector machine; grey box framework; similarity rule

INTRODUCTION
A report by the International Maritime Organization
(IMO) pertaining to the global use of autonomous systems
indicated that autonomous ships may be launched soon [1].
Ship maneuvering modeling is the key element of ship motion
prediction (kinematics and kinetics), simulation and control
of autonomous ship navigation, and collision avoidance [2].
Ship maneuverability has received increasing attention from
the shipping industry.
Generally, there are several primary methods based on
captive model test, free model test, full-scale trials, and
computational fluid dynamics (CFD) [2-4] which are used
for maneuvering simulations. The reports of the International

Towing Tank Conference (ITTC) offer a broad overview
of many available ship modeling methods [4]. To obtain the
ship hydrodynamic force and ascertain the hydrodynamic
coefficients, captive model tests, such as planar motion
mechanism (PMM) and circular motion test (CRM),
and other complicated and expensive tests, must be used
repeatedly [5]. CFD is a crucial method for theoretical
calculations and has a long history. As the performance of
computers has been improving with time, CFD can be utilized
much more effectively. However, CFD analyses need human
experience to build a suitable grid, and remain excessively
time-consuming for online ship motion prediction [3]. The
overview of methods to develop a ship maneuvering model
reveals that system identification has a significantly lower
POLISH MARITIME RESEARCH, No 3/2019
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cost and requires considerably lower effort. However, this
method is not as precise as the free running model test, the
captive model test, or CFD [4]. This implies that, despite
their drawbacks, the captive model tests and CFD realize
a more accurate model. Therefore, to increase its accuracy,
the system identification method should be improved on the
basis of free model tests and full-scale sea trials.
The system identification method fits the test data and
conducts generalization ability simultaneously. When a ship
is sailing on the sea, its sailing conditions change constantly
due to the action of environmental disturbances and changing
load conditions. For ship motion control and prediction,
the system identification method can simulate the future
trajectory and velocity by using sensors. Researchers of ship
motion identification modeling have made many attempts to
deal with this problem [6-13], and their results are classified
as white box, black box, and grey box identification.
For white box system identification, Abkowitz introduced
an EKF to identify model parameters during ship sea trials [6].
Other researchers used partial least squares regression, multiinnovation least squares (MILS), and linear support vector
machine (LS-SVM) approaches to verify the parameters [7-9].
However, the parameters could not be identified using partial
least squares regression for a ship in motion under wind
or wave disturbances, and MILS and LSVM did not yield
accurate simulations. Kallstrom used the pseudo random
binary sequence (PRBS) as the maneuver signal [10]. Yoon
applied ridge regression to figure out the parameters, and
improved the PRBS and D-optimal maneuver scheme [11].
Sutulo and Soares presented an offline system modeling
method using five different learning metrics and genetic
algorithm (GA) based parameter optimization [12]. However,
the GA only obtains the learning parameters with a fixed
interval on the basis of theoretical or database methods.
Many studies have been conducted on black box system
identification. Haddara obtained an optimal effect by
estimating derivatives with neural networks, but the network
training was time consuming [13]. Wang (2015) proposed
a fuzzy neural network for system identification modeling
[14]. Faller presented a maneuvering motion model by using
a recursive neural network (RNN), for which a number of
numerous turning circle and zigzag maneuvers were utilized
as training tests [15]. Moreira proposed an RNN maneuvering
simulation model for turning circle and zigzag maneuvers,
but this method also required a lot of training tests [16].
Oskin presented an RNN to identify a ship motion response
model that neglects ship speed prediction [17]. On the basis
of multiple tests, Bai used the locally weighted learning to
predict maneuvering motion by using the black box structure.
However, the maneuver scheme for identification was not
suitable as good seamanship handling required [18]. Zhu
used a least squared SVM and optimized it with the artificial
bee colony method, but the surge velocity was not verified
for a zigzag test [19]. Luo proposed a method in which the
reconstruction of sample data was identified using an SVM,
and no verification was conducted for the turning test [20].
Thus, system identification methods require considerable ship
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motion test data and have poor generalization ability. For
the grey box identification, Wang used SVM to get the ship
maneuvering model without ship’s principal particulars [26].
Motivated by these observations, we aim to address the
problems in ship motion identification. Despite improvements
in the precision of system identification for ship motion since
the ITTC 2005, some difficulties have not been overcome yet.
Firstly, it is not very feasible to use simulation data for
system identification. When the simulation test data is
without noise, it has higher quality and can be easily used
for identification. However, in practical scenarios, the test
data contains measurement errors and disturbances from
the sea environment. Secondly, the period, frequency and
other characteristics of the input signals in the simulation
test, such as the sinusoidal rudder angle and pulse signals
[14], and the PRBS and D-optimal signals [10,11], are relatively
broad. However, a sinusoidal rudder angle cannot be easily
obtained for the steering control system. Moreover, for sea
trials, the IMO proposed a maximum allowable rudder angle
(+20°/−20°) as a test scheme standard for ship maneuverability.
Therefore, although the identification of simulation data is
better than trial data, it is difficult to obtain training data in
full-scale trials.
The sea trials are only conducted in light ballast or heavy
ballast conditions. Therefore, for using the data of the ship
trial test as the identification data, the ship maneuvering
ability should be converted from the ballast condition to
the full load condition [21]. Thus, the sea trial test is not
convenient for identification modeling. This implies that the
test data under the full load condition are more suitable for
ship operation with inadequate excitation. The aim of this
study is to improve the precision of identification modeling
and to reduce the data set for identification, thus reducing the
effort, time, and cost required for modeling. These problems
are addressed using the features of the reference model (RM).

PROBLEMS AND PRELIMINARIES
The aim of the grey box approach is to model ship
maneuvering and describe the trajectory and velocity of
the ship during navigation on the sea. In this section, the
problems of ship maneuvering are presented and simplified.
Then, the grey box structure is correlated with ship velocities
and accelerations, and utilized to address the aforementioned
problems.
PROBLEMS
During sea navigation, the ship motion is typically
described in three degrees of freedom (3 DOF). A 3-DOF
model is equivalent to a horizontal plane model with surge,
sway, and yaw motion. There are two assumptions for this
model. Assumption A: On the basis of the rigid-wall boundary
condition, the free surface is regarded as a fixed horizontal
plane [22]. Assumption B: The 3-DOF model is a specific
horizontal plane model. The motions can be decoupled into

longitudinal and lateral motions. Moreover, sway and yaw
are coupled. On the basis of these assumptions, the model
can be described as Equation (1) [23]:
m  X u u f1 u , v, r , G
°
® m  Yv v  mxG  Yr r f 2 u , v, r , G
° mx  N v  I  N r f u , v, r , G
G
v
z
r
3
¯
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+

Linear
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+

Linear
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(1)

where m represents the mass of the ship; xG represents the
gravity center of ship’s mass; ( x, y ) is the trajectory of the
ship’s gravity center; \ is the ship course; u , v, r are the
velocities of surge, sway, and yaw motion, respectively; I z
is the moment of inertia; and X u , Yv , Yr , N v and N r are
constants. Equation (1) can be rewritten as Equation (2):

°u f1 / (m  X u )
° G (u , v, r , G )
° 1
°
°
I z  N r  f 2  mxG  N v
° v
m  Yv I z  N r  mxG  N v
®
°
G
(
2 u , v, r , G )
°
°
m  Yv  f3  mxG  N v
° r
Y
I z  N r  mxG  N v
m

°
v
°
¯ G3 (u , v, r , G )

and ship motion grey box identification model is presented
in Figure 1.

Fig. 1. Conceptual evolution path of the slate grey box, reference model,
and ship motion grey box identification frameworks

 f3
mxG  Yr

(2)

 f2
mxG  Yr

The ship hydrodynamics functions G1 , G2 , and G3 on
the right-hand side of Equation (2) are purely related to the
ship maneuver state ( u , v , r , G ), which determines ship
accelerations.
PRELIMINARIES OF THE GREY BOX FRAMEWORK
To resolve the ship maneuvering problem, system
identification modeling is used to quantify the relationship
between ship motion velocities and accelerations. RM-SVM
is a grey box framework used for system identification. In this
section, the concepts of general grey box and RM-SVM are
introduced. Then, the framework and flowchart of RM-SVM
are presented.
Based on Ljung’s description [24], combining the
identification model with a nonlinear static model and
a linear dynamic model gives a slate grey model. The RM,
being a concept from adaptive control [25], is an approximate
model of the controlled object. For ship maneuvering, an
existing mathematical model can be used as RM, which is
a nonlinear static model. Hence, as presented in Figure 2,
the nonlinear static model, the RM, and the nonlinear ship
motion model are identical and belong to the same category.
Then, a linear SVM is used as the learning algorithm, which
is equivalent to a linear dynamic model. The dynamic model
approximates the error between the target ship and the RM.
The conceptual evolution path of the slate grey model, RM,

It is noteworthy that the SVM has been used as grey box
[26]. There are three differences between SVM and RM-SVM,
although SVM is used in RM-SVM. As shown in Figure 2,
firstly, the outputs of SVM and RM-SVM are different.
Secondly, the accelerations consist of RM and errors between
RM and target ship. Thirdly, the system in SVM is a discretetime system, while in RM-SVM it is a continuous-time system.
Therefore, RM-SVM is different from SVM. Furthermore,
SVM is an artificial intelligent (AI) algorithm in RM-SVM,
and can be replaced by any other regression algorithm, e.g.
neural network, decision trees, and logistic regression. Since
the RM can be verified and advanced, RM modeling provides
robust estimation of ship velocities when SVM fails.
As presented in Figure 2.b, ship maneuvering is a timeconsuming task, and accelerations are selected as inputs and
output of the grey box system. The steps of grey box modeling
are as follows:
a: Select an existing nonlinear ship maneuvering motion
model as the RM.
b: Convert the target ship velocities uT , vT , and rT to the RM
velocities u R , vR , and rR , respectively.
c: Calculate the RM accelerations u R , vR , and rR , and the RM
velocities u R , vR , and rR ; the rudder angle is G R .
d: SVM compensates the acceleration errors of the target
ship and the RM.
e: Adaptively tune the SVM parameter.
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Let Ș i = ( Pi1 , ..., Pij , ..., Pin ) T ; m = 5; i = 1, 2, ..., m ;
and j = 1, 2,…, n. Then, the normalization of the particular
matrix P can be given as Equation (5):

Output of SVM

ȗi =

Și
=
Ș2

Fig. 2. Comparison of grey box framework based on SVM [26] and RM-SVM
for ship motion identification modeling

In this section, the details and content of the application of
the RM-SVM are presented. Firstly, the RM is selected, and
then the target ship velocities are converted to the RM. As
the third step, the SVM is obtained for use in the RM-SVM.
Finally, adaptive tuning of the SVM parameter is done.
SELECTION OF RM
Several models used for ship maneuvering were mentioned
in [19]. Nonlinear static models, such as the response model of
sway motion, the Mathematical Maneuvering Group (MMG)
response model, and the Abkowitz model, can be employed as
the RM. It is crucial to select a suitable RM from the existing
models. The selected RM should be most suitable for the
target ship.
On the basis of [27], we consider the particular vector p
as the feature of the ship. Moreover, Cb, is the ship block
coefficient, Lpp is the length between perpendiculars, B is
the ship beam, T is the ship draught, V0 is the speed of the
designed ship, and Ar is the rudder area. Thus, we obtain
Equation (3):

Lpp / B, B / T , Lpp / V0 , Ar / ( Lpp  T ))

(3)

The matrices P comprise p , which can be expressed as
Equation (4):
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Și
1

( Pi1 + ... + Pij 2 + ... + Pin 2 ) 2
2

(5)

Let Q = (ȗ 1 , ȗ 2 , ..., ȗ n )T and ( q1 , q1 , …, qn ) = QT .
The normalization particular vector is qi . Then, the coefficient
J i of the relationship between q1 and can be written as
Equation (6):
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The ship corresponding to the maximum J is most similar
to the target ship and is selected as the RM. In other words,
the order and structure of the selected RM are approximately
equal to those of the target ship.
CONVERSION OF VELOCITIES
The target ship and the RM have differently designed
standard states, therefore the velocities of the target ship
should be converted to the RM. Two conversion methods
have been proposed by SNAME [28] and Norrbin [29]. In this
study, the normalization forms from the study by SNAME [28]
were introduced, including ship surge, sway and yaw motion,
and rudder angle. These states are expressed as Equation (7):
u R uT (V0 R / V0T )
°
°vR vT (V0 R / V0T )
®
°rR rT (V0 R / LppR ) / (V0T / LppT )
°G
¯ R GT

(7)

where ()T represents the target ship and () R represents
the RM. Here, is the service speed and Lpp is the length
between perpendiculars.
According to Equation (2), the accelerations of the RM
are expressed as Equation (8):
u R G1R (u R , vR , rR , G R )
°
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SVM
ADAPTIVE TUNING OF SVM
On the basis of the flowchart of ship motion grey box
modeling, the function relating the RM and the target ship
is modeled through regression learning algorithms, such
as SVMs, neural networks, Gauss regression models, and
decision trees. In this study, the SVM was utilized [30].
The RM velocities, x (uT , vT , rT , G T ), are defined as the
state variables. Then, the acceleration error between the target
ship and RM is y (G1T  G1R , G2T  G2 R , G3T  G3 R ). Consider
surge acceleration as an example. The Lagrangian function
of the linear SVM for the surge acceleration error is defined
as Equation (9):

L( w1 , b1 , e1 , a1 )

1 T
1 n
w1 w1  C1 ¦ e12i
2
2 i1

n

¦ a1i {w M ( xi )  b1  e1i  y1i }

(9)

T
1

i 1

By using sequential minimal optimization (SMO) to
solve the Lagrangian function, the regression function y1i
is obtained as Equation (10):

The insensitive band H is the SVM parameter that should
be tuned. This parameter determines the incorrect sample
data to be ignored in the SMO solver. In this study, adaptive
tuning based on the pattern search algorithm has been
introduced. The search range of H is [0,1] . The parameters
H1 , H 2 , and H 3 are insensitive bands for surge, sway, and yaw
accelerations in Equation (11), respectively. As presented in
Figure 3, the following search steps are performed:
Step 1: Prepare the training data for the RM-SVM;
Step 2: Initialize H1 , H 2 , and H 3 in the SVM.
Step 3: Conduct the pattern search.
Step 3.1: Generate the mesh grid of H1 , H 2 , and H 3 ranges
Step 3.2: Conduct SMO on the SVM.
Step 3.3: Simulate the training test.
Step 3.4: Calculate the Pearson correlation coefficient
O between the heading angles obtained from the training
test and simulation.
Step 3.5: If the coefficient O is less than the threshold,
then repeat Steps 3.1 to 3.5. Otherwise, go to Step 4.
Step 4: Record the optimal values of H1 , H 2 , and H 3 .

n

y1i = ¦ a1i K ( x , x ' ) + b1

(10)

i =1

where C1 is the regularization factor, e1 is the regression error,
'
w1 is the weighted function, b1 is the bias, and K ( x , x ) is
T
the linear kernel function written as x  x .
Thus, the surge acceleration of the target ship is y1i + G1R .
Similarly, the acceleration of the target ship can be expressed
by Equation (11):
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Adaptive tune of SVM
insensitive-band İ1 İ2 İ3

Start

Training
data

Preperation of
training data

Identification
progress

Time series of heading
angle in training test

Pearson
correlation
coefficient

Time series of heading
angle in simulation

Convert
velocities

Simulation of
training test

Reference
model

SMO
solves SVM

Reach
threshold of max
coefficient
NO

YES

SVM

Pattern search

Generate mesh
grid of İ1 İ2 İ3

Optimized
Object
function

Initial
insensitiveband İ1 İ2 İ3

Record best
insensitiveband İ1 İ2 İ3

The free running model test in basin generates sample
points with sampling frequency of 1 Hz. The test type, the
rudder angle, and other maneuver scheme information of
the test data for study cases are given in Table 2. The tests
were performed in the basin, in which the max test rudder
of the zigzag maneuver is less than or equal to 20°. Therefore,
the test data with minor rudder angle was used to identify
the RM-SVM. As presented in Table 3, a relatively small
amount of training data was used compared to other studies
[15][18][31], and the validation data was different from the
training data.
Tab. 2. Training and validation data
Training cases
Rudder and
heading angle

Test type

End

Sample points

Port/
starboard

Input vector x
Start

Rudder angle
and propeller
revolution

End

Reference
model(RM)

Zigzag test

10°/10°

520

starboard

Zigzag test

10°/10°

565

port

TS's surge
accelerations

+

RM's surge acceleration

Zigzag test

20°/20°

606

starboard

+

Surge acceleration error
estimated by SVM with İ1

Zigzag test

20°/20°

684

port

TS's sway
velocity

TS's sway
accelerations

+

RM's sway acceleration

+

Sway acceleration error
estimated by SVM with İ2

TS's yaw
velocity

TS's yaw
accelerations

+

RM's yaw acceleration

+

Yaw acceleration error
estimated by SVM with İ3

TS's surge
velocity

Prediction
progress

Convert to
RM's velocity

Fig. 3. Adaptive tuning of insensitive bands in SVM and RM-SVM based
prediction

Validation cases
Test type

Rudder angle

Sample points

Port/starboard

Turning circle

35°

1610

starboard

Turning circle

-35°

1151

port

Tab. 3. Comparing test data in the current study and related studies
Current
study

Bai
[18]

Wang
[31]

Hess
[15]

Contained

Yes

Yes

Yes

Yes

NO. of Case

4

4

2

2

Training data

Zigzag

To verify the effectiveness of grey box modeling for ship
maneuvering, a free running model test was used and the
training test was simulated. Then, the free running model
test was validated for estimating the generalization ability.
TEST DATA
KVLCC2 is a benchmark ship used for validation of ship
maneuvering models, performed using the system based
maneuvering simulation method, CFD-based maneuvering
simulation method, and other no simulation methods. Its
particulars are presented in Table 1. The data from these two
faculties were converted using the prime system [22].

Turning
circle

Scale

45.7

1

Length (m)

7.0

320.0

Maximum breadth (m)

1.17

58.0

Draught (m)

0.46

20.8

Block coefficient

0.81

0.81

Maximum rate of rudder (°)

15.8

2.34

Service speed (knots)

1.18

7.9
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20

20

Yes *

Yes

Yes

NO. of Case

No

4*

2

4

No

30

15

35

Validation test different
from training

Yes

No

No

No

The 20°/20° zigzag test is presented as an example in
Figure 4. Spline filters were used to indicate sway velocity
and sway acceleration.
1
0.5
0
-0.5
-1
-1.5

v_filter
v_measmt
0

[m/s2]

Full scale

30

No

200

t(s)

400

t(s)

400

600

0.015
0

v

model

20

Contained
Max rudder

Tab. 1. Particulars of target ship KVLCC2
Particulars

Max rudder

v [m/s]

PREPARATION

-0.015
0

200

600

Fig. 4 Sway velocity and acceleration obtained from the filter

CASE STUDIES

RM FOR KVLCC2
Four RMs were used for selecting a proper RM for KVLCC2
[21][23]. The particulars are presented in Table 4. On the basis
of the selection conducted to obtain suitable progress in grey
box modeling, the correlation coefficients J between the
RMs and KVLCC2 were estimated (−0.5758, 0.8510, −0.8873,
and −0.7228). The maximum J was 0.8510. Therefore, the
“Tanker” was selected as the RM.
Mariner
Tanker
[23]
[23]
Abkowitz Abkowitz

KVLCC2

ADAPTIVE TUNING OF INSENSITIVE BAND

H H

Tab. 4. Particulars of the Tanker RM
Name

In order to illustrate the prediction performance of the
presented grey box model based on RF-SVM, four zigzag
tests: 10°/10°, -10°/-10°, 20°/20°, and -20°/-20° were used for
training. After that, two validation cases of 35° and -35°
turning circle were tested.

SR108
[21]
MMG

PCC
[21]
MMG

Structure

***

Cb

0.90

0.60

0.83

0.56

0.55

Lpp B

5.52

6.95

6.39

6.89

5.60

BT

2.79

3.10

2.58

2.99

3.93

Lpp V0

40.1

20.9

37.0

14.1

| 18.0

Ar LppT

1/48.7

1/83.1

| 1/61.0

1/45.8

1/39.8

H

The parameters 1 , 2 , and 3 are the insensitive bands
for surge, sway, and yaw accelerations. On the basis of
adaptive tuning steps, a 20°/20° zigzag test was chosen as
the simulation test. The Pearson correlation coefficient O of
the heading angle in the 20°/20° zigzag test was calculated. The
optimal insensitive bands obtained from the pattern search
correspond to the maximum value of coefficient Omax . As
presented in Figure 6, H1 , H 2 , H 3 , and O change with the
iteration of the pattern search and converge to 0.005, 1, 1,
and 0.993, respectively.

ERRORS BETWEEN RM AND KVLCC2
Following Equation (7), the velocities of KVLCC2 were
converted to those of the RM Tanker. Moreover, u R , vR , rR ,
and G R were selected as the inputs for Tanker, and the outputs
were u R , vR , and rR . Figure 5 compares the accelerations u R ,
vR , and rR with uT , vT , and rT . The result of the comparison
is approximated by a line. The relationship coefficients are
0.99, 0.94, and 0.87, which implies that the nonlinear dynamics
of KVLCC2 is very well replicated by the Tanker.
KVLCC2
10

5

-3

Reference model

Surge acceleration

0
-5

Fig. 6 Iterations of

-10

H1 , H 2 , H 3 , and O

-15
0

100

200

300

400

500

TRAINING CASE FOR 20°/20° ZIGZAG MANEUVER

Sway acceleration
0.02

0

-0.02
0

10

2

100

200

300

400

500

Yaw acceleration

-4

0

-2
0

100

200

300

400

500

Fig. 5. Comparing accelerations of KVLCC2 and RM

To assess the effectiveness of the RM-SVM approach,
a training case was simulated. By using Equation (10), the
20°/20° zigzag maneuver was predicted and the heading,
velocities, and trajectory were acquired. Then, the results
were compared with those of the CFD method from Hyundai
Maritime Research Institute (HMRI) presented by Sung [32]
and model experiments from NMRI presented by Yasukawa
[33]. The results of the above three methods were further
compared with those from the free running model test called
EXP-MARIN and performed at the Maritime Research
Institute Netherlands (MARIN). However, the studies [32]
and [33] have included headings rather than velocities. The
variables presented in Figure 7 were made dimensionless
using the method proposed by Norrbin [29].
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Figure 7 shows that RM modeling has the advantages of
robust prediction and base estimation. Especially, the base
estimation of ship velocities by RM is labeled, and more
accurate estimation of RM-SVM is shown.
The first and second overshoot angles (OSA) are presented
in Table 5. Their comparison reveals that the RM-SVM
has optimal performance and prediction accuracy for the
training data. The prediction of the training test is not very
accurate. When the overfitting occurs, the training data fits
effectively, but lower accuracy is attained for the validation
data. The accuracy of the prediction for the training test of
the 20°/20° zigzag maneuver is acceptable, which implies
that the validation test has an optimal generalization ability.
Tab. 5. OSA predictions of 20°/20 zigzag maneuver obtained from various methods
Methods

EXP-MARIN

EFD-NMRI

RM-SVM

CFD-HMRI

1st OSA

13.8

10.9

11.8

11.7

2nd OSA

14.9

17.0

14.3

16.5

Trajectory

Rudder angle, Heading angle

40

the presented method using the RM-SVM. On the basis
of Equation (11), the 35° turning circle case was used for
RM-SVM performance validation. After that, the results
of the CFD-PMM simulation from the Shanghai Jiao tong
University (CFD-SJT) [34], the experimental fluid dynamics
(EFD) method from NMRI (proposed by Hironori Yasukawa)
[33], and the CFD of HMRI developed by Sung and Park
[32] were collected. The results of these methods and the
proposed method were compared with the EXP-MARIN free
running model test, which is considered most accurate. The
surge, sway, and yaw speeds are included in CFD-SJT merely.
Thus, the velocities obtained using the proposed method were
compared with those obtained using CFD-SJT. Moreover, the
trajectory obtained using the proposed method was compared
with those from EFD-NMRI, CFD-HMRI, and CFD-SJT.
The time-histories of variables predicted by the
aforementioned methods for 35° turning circle test are given
in Figure 8.

4
20
2
0

EXP-MARIN
EFD-NMRI

0
-20

-2

RM-SVM
CFD-HMRI

RM

-40
0

20

40

60

80

100

5

0

10

Surge velocity
0.14

0.11

0.12

0.105

0.08
20

40

60

80

0

Sway velocity

0.04

0.025

-4
20

40

60

80

100

Sway acceleration

0.002

RM-SVM
RM

0

0

20

40

60

80

100

50

0

20

40

60

80

Yaw acceleration

10

MARIN test

RM

100

45

50

55

Fig. 7. Prediction variables of 20°/20° zigzag test

VALIDATION CASE FOR GENERALIZATION ABILITY
OF 35° TURNING CIRCLE
Being an AI algorithm, SVM should be verified. The same
refers to the RM-SVM grey box. Therefore, a validation
case was simulated to show the generalization ability of

122

POLISH MARITIME RESEARCH, No 3/2019

RM

-2

-0.01
80

RM-SVM

-1

-0.05
-0.1

80

-3

0

0

-0.05

70

1

RM-SVM

60

60

0.01

-0.04

40

RM

100

MARIN test

0

20

RM-SVM

-2

60

-0.03

0

MARIN test

-1.6

-0.004
40

Yaw velocity

0.05

-3

-1.8

0.005

-0.04

70

-1.4

-0.002

0.01

-0.02

65

10

0.015

0

60

-1.2

0.02

0.02

0

MARIN test

RM

-2

65 70 75 80 85

100

RM-SVM

2

-0.002
0

MARIN test

4
0
-0.001

RM

0.1

-4

10
6

MARIN test
RM-SVM

0.1

Surge acceleration

0.001

0.115

0

20

40

60

80

100

40

45

50

Trajectory

EXP-MARIN
RM-SVM

3.5

Rudder angle, Heading angle

200

3

2.5

CFD-HMRI
RM

CFD-SJT
EFD-NMRI

0

2
-200
0

100

200

300

1.5
Drift angle

30

1

20
10

0.5

0

0

-10

1

0

2

3

0

100

Surge velocity

0.15

MARIN test

0.045

RM

0.04

0.05

-3

300

Surge acceleration

10

0.035
0

MARIN test

0

-2.4

-1

-2.6

-2

-2.8

100

200

300

Sway velocity

0.01

240

-3

260

0

-0.02
-0.022

RM-SVM

100

10

1

0

-3

200

300

RM

-0.028

10

0

100

200

300

10

20

0

MARIN test

0.065
0.06

0.05

RM-SVM

RM-SVM
MARIN test

-3

30

Yaw velocity

0.1

RM

-2.5

-2

100

10

10

-3

200

300

0

Yaw acceleration

10

10

20

-3

RM

1

5

RM-SVM

0.055
0

0.05

-0.05
0

100

200

0

0

MARIN test

RM

0.045

-1

-5

300

10

15

20

0

Fig. 8. Prediction variables of 35° turning circle for generalization ability
validation

The geometries of the turning circles obtained using
different methods are compared in Table 6. The precision
of the advance predicted by RM-SVM is outstanding, while
the predicted tactical diameter obtained from RM-SVM is
average.
Tab. 6. Advances and tactical diameters predicted by different methods
for the 35° turning circle case
Methods

EXP-MARIN

EFD-NMRI

RM-SVM

CFD-HMRI

CFD-SJT

AD'

3.25

3.31

3.22

3.12

3.63

DT'

3.34

3.36

3.20

3.4

2.87

30

-3

-2

MARIN test -3

-0.03
0

20

-1

-0.026

-0.02

10

Sway acceleration

-0.024
-0.01

RM-SVM
RM

-3
0

-3

RM-SVM

0.05

0.1

10

1

0.055

200

100

200

300

15

20

25

VALIDATION CASE FOR GENERALIZATION ABILITY
OF −35° TURNING CIRCLE
The -35° turning circle is another validation case for
verifying generalization ability of the proposed method.
As presented in Figure 9 and Table 7, the variables in the
method proposed by Norrbin are dimensionless. The advance
predicted by the RM-SVM is similar to the best of those
predicted by other methods, while the tactical diameter is
average. The approximation ability of RM is shown in Figure 9.
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Fig. 9. Prediction variables of −35° turning circle for generalization ability
validation
Tab. 7. Advances and tactical diameters predicted by different methods for the
-35° turning circle case
Methods

EXP-MARIN

EFD-NMRI

RM-SVM

CFD-HMRI

CFD-SJT

AD'

3.25

3.26

3.26

3.00

3.75

DT'

3.34

3.26

3.24

3.14

2.88

ANALYSIS
The kinetic variables obtained from the simulations
of the zigzag maneuver and turning circles indicate that
the ship motion identification matches the target ship
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KVLCC2. The RM-SVM predicts the ship trajectory
with high accuracy. Thus, the prediction of the 20°/20°
zigzag maneuver performed as the training test proves
the effectiveness, and the predictions of the 35° and −35°
turning circle tests present the generalization ability of the
RM-SVM approach. What is noteworthy, the simulations
of the 35° and −35° turning circle tests require only several
seconds, whereas the full-scale test requires 25 min. Hence,
the simulations can present the real-time performance of the
RM-SVM, which is crucial for a ship handling simulator.
What is more, the accelerations predicted by RM-SVM are
highly accurate and can be utilized when taking decisions
in ship course and track control.
However, there are some issues which have not been
considered in the proposed method. The first is the effect of
ship rolls on the ship maneuvering motion, due to the fact
that the 3-DOF model was used in this study. The second

issue refers to the fact that the 35° or −35° turning circle tests
had just one free running model test result. This implies
that the uncertainty analysis of captive and free running
model test could not be performed; thus, there is a certain
error. The third issue is related with the fact that the scale
of ship model used in this paper is 45.7. The scale effects of
CFD-SJT and EXP-NMRI were not analyzed in detail, and
they can be a source of differences in comparison.

CONCLUSIONS
The RM-SVM based grey box model structure and adaptive
tuning for ship motion identification modeling is presented.
The key technologies and skills applied are: RM selection,
velocity conversion using the similarity rule, and adaptive
SVM tuning. The RM-SVM has a simple structure and
requires shorter training and simulation times compared
with other models. By analyzing earlier studies, we can
find that ship modeling based on AI system identification
is a time-consuming work, while the RM-SVM simulation
requires less time. Illustrative examples presented in the paper
demonstrate the generalization ability and feasibility of the
RM-SVM approach. Furthermore, this RM-SVM scheme of
adaptive tuning used for insensitive band in SVM has been
proved to be effective.
In this study, three crucial results were obtained. Firstly,
compared with the CFD and other related methods, the
prediction accuracy of the proposed RM-SVM method is
high. As an identification method for ship maneuvering,
the prediction of the RM-SVM makes some progress since
the ITTC 2008. Secondly, RM-SVM uses less data and a
minor rudder as the identification data than other system
identification methods, which yields greater generalization
ability. Thirdly, RM shows the approximation ability and
provides the base estimation for ship maneuvering.
However, RM-SVM has some inherent drawbacks. It
neglects ship hydrodynamic coefficients, such as those in
Abkowitz, ship module, or MMG model, and no information
about ship flow field is provided, unlike the CFD method.
Furthermore, the input variables for SVM are not optimal
and need some further theory in the aspect of mechanism
principle. For instance, the turbulence of rudder and propeller
position cannot be precisely estimated. In this context, future
studies should focus on ship maneuvering modeling which
will take into consideration sea disturbances, uncertainty
analysis, and ship roll.
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CFGFRPT PILES WITH A CIRCULAR CROSS-SECTION
AND THEIR APPLICATION IN OFFSHORE STRUCTURES
Eligiusz Mieloszyk
Marcin Abramski
Anita Milewska
Gdańsk University of Technology, Poland

ABSTRACT

The possibilities of using concrete piles in a polymer composite reinforced with glass fibres in offshore facilities were
shown. Laboratory tests of CFGFRPT type piles compressed axially and in eccentric compression for the analysis of
CFGFRPT piles were used. Methods of analysis of dynamic systems for mathematical modelling of the displacement
of the hammer in the pile driving process were applied. The possibilities of combining CFGFRPT piles, including
the creation of hybrid piles were also presented. For example, concrete piles can be combined with concrete piles in
a polymer composite reinforced with glass fibres with different fibre beam angles. The possibilities of using such hybrid
piles in offshore facilities were indicated.

Keywords: concrete-composite piles, composite reinforcement, beam angle, hybrid piles

INTRODUCTION
Using concrete and composite, it is possible to construct
piles with a circular cross-section of different lengths and
diameters. These are, for example, CFGFRPT piles (Concrete
Filled Glass Fibre – Reinforced Polymer Tubes), i.e. piles
in the form of a concrete-filled tube made of glass fibre
reinforced polymer composite. A pipe made of composite,
used to constrain concrete (called “concrete confinement”),
shall be called a pile coating.
It is obvious that a pile structure constructed in this way
has mechanical and durability features of concrete as well
as of the composite and its reinforcements – in this case,
of glass fibres. This combination of materials creates new
construction and operation possibilities also for piles used
in offshore facilities.
The matrix material is one of the basic factors affecting
the process of production and exploitation of the composite
material. For the production of composite materials, virtually
all groups of manufactured polymeric materials are used, as
the polymers themselves generally meet the conditions set for
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the components of composite materials. They are corrosionresistant and lightweight. Their presence greatly minimizes the
disadvantages of high-strength fibres, including glass fibres.
This is especially true for the brittleness of these fibres [7].
As stated in [7], [23], the first synthetic resins were
polyester resins. They are the most frequently used polymer
matrices in composites, mainly in glass fibre reinforced
composites [7]. Epoxide resins with great possibilities of
modifying their properties are also frequently used [7].
They are resistant to the direct influence of water, including
seawater. The material of the matrix is also thermosetting
epoxy resins mainly due to high mechanical strength,
significant chemical resistance and good electrical insulation
properties. Contact with water does not adversely affect the
properties of this material. So it is advisable to use piles in
a composite or fibre-reinforced composite coating in the
design and construction of offshore facilities.
As we shall see further, composite materials produced on
the basis of resins with reinforcement in the form of glass fibres
(Glass Fibre Reinforced Polymer, GFRP – [1]) are exposed
to various damage occurring during their operation. Typical

Fig. 1. Stereoscopic view of the fracture of a pipe sample made
of glass fibre reinforced composite

Fig. 2. Destruction (debonding) of a pipe made of glass
fibre reinforced composite

types of damage that composite materials undergo include:
fatigue cracks in the matrix or in the reinforcing fibres, fibre
and matrix debonding, and in the case of multilayer materials
the damage also include delamination. The crack propagation
in the reinforced composite causes the warp crack approaching
the fibre and then it develops on the other side of the fibre.
At the same time, propagation of the crack occurs along the
fibre-warp interface, with the fibre remaining intact. It is only
later that the fibre ruptures and is pulled out of the matrix, it
disperses the energy of the crack propagation (Fig. 1).
In the case where the composite consists of several fibre
layers forming the laminate, the crack propagation process
in the material, selecting the path requiring the smallest
energy, leads to stratification of the laminate [9], [17], [21].
This is clearly seen in Fig. 2.
If the composite material cracks, its development is
important. The correct hypothesis of the development of the
crack provides for the determination of the time interval when
the crack is subcritical, i.e. the fracture does not develop rapidly,
leading to the ultimate fatigue scrap. The methods of fracture
mechanics allow estimation of the time of safe work of the
structure in conditions where the crack has already occurred.
Fatigue hypotheses of linear fracture mechanics can, therefore,
be useful in systems monitoring the technical condition of
composite structures, where apart from the detection and
location of damage it is important to determine the level of risk
associated with this fracture. Crack development hypotheses
are usually described using ordinary differential equations [13].
As has been mentioned, concrete is introduced into
the cylindrical shell (coating) of a reinforced composite.
In longitudinally compressed concrete elements with an
external coating, the transverse deformation of the concrete
due to restraint is limited. As a result, the core concrete
of such a construction element operates in a three-axial
compression state.
Depending on the type of pile-soil interaction and the
manner of transferring loads by the pile to the soil, for
the testing of piles, it is possible to use laboratory tests of
columns with the same structure as the aforementioned

pile. It can be assumed that in such a case there is a certain
mathematical isomorphism between the column and the pile.
This relationship will be used in this work. The paper does not
deal with pile-soil interaction problems.

PILES AND CFGFRPT PILES
The preparation of the foundation of the naval structure
includes, among others, strengthening the soil foundation.
One method of reinforcing the ground is piling. Prior to
the piling process, subsoil recognition must be carried out
which can be layered [20]. This can be done with the use of
static penetration. In the test, a static push probe uses two

Fig. 3. An example of the CPTU test result at the selected probing point (node) [19]
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Fig. 4. Scheme of transferring loads through a vertical pile to the soil

Fig. 6. Sea corrosion of piles [10]

methods of penetration. One of them is the CPT method
without measurement of water pressure in soil pores and the
other – CPTU method with measurement of water pressure
in soil pores. The results of such recognition can be presented
by means of appropriate graphs (Fig. 3). The diagrams show
resistance on the probe cone qc, friction on the friction sleeve
fs, pressure of water in the pores of the soil u.
The basic task of the pile, as well as the foundation [11],
is to transfer loads to the deeper soil layers. That is to more
durable layers than the layers through which it passes,
e.g. through seabed sediments [8]. Passing loads through
a vertical pile to the ground can be done in many ways
(Fig. 4): through the base (Fig. 4a), through the pile side, as:
push-in (Fig. 4b) or anchor – pulled out (Fig. 4c), through
the base and pile side (Fig. 4d) and taking into account
negative friction (Fig. 4e), which may occur when the pile
is driven through low-bearing soils, non-consolidated e.g.
silt, peat, sediments [5].
The pile can be made in the ground or embedded in the
ground vertically or diagonally, individually, in groups [4]
or rows.

Steel, concrete, reinforced concrete piles (pre-compressed)
can be driven into the soil by hammering or pressing. They
can be formed with or without a cast pipe (drilled piles).
Pallets or impact and vibrating hammers are used to drive in
a pile. In the case of offshore works, work is performed using
floating floats, special pontoons, work platforms or special
vessels. Drilled piles are made using drills. An example of
using piles is shown in Fig. 5.
The piles used in offshore facilities are exposed to sea
corrosion of concrete and steel (Fig. 6).
Sea corrosion of concrete piles is the destruction of the
concrete in seawater. This may be chemical or biological
corrosion. The first one includes: corrosion caused by
water of low transient hardness (concrete leaching of
binder components easily soluble in soft water – leaching
corrosion), corrosion resulting from reaction between
cement components and aggressive compounds dissolved
in seawater (magnesium corrosion), corrosion consisting
of on the formation and settling of water-insoluble salt
crystals in concrete pores causing concrete disintegration
(sulphate corrosion).

Fig. 5. Offshore platforms with connecting bridges [10]
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Biological corrosion is caused by the activity of marine
pests (pholas dactylus, molluscs, crustaceans). There is also
chloride corrosion of reinforced concrete piles, leading to
mechanical damage of concrete, occurring when chlorides
get to the reinforcement and cause corrosion.
Sea corrosion of steel piles is the destruction of steel piles
and steel reinforcement inserts in reinforced concrete piles
as a result of seawater.
The piles in the composite or reinforced composite coating,
i.e. CFGFRPT piles, are more resistant to the negative impact
of seawater on concrete or steel. The mechanical properties
of the reinforced coating also cause that such piles are more
resistant to lateral forces caused by sea waves. The applied
cover limits carbonization of concrete and its cyclical freezing
and thawing with penetrating water, thus increasing the
lifespan of piles exposed to seawater.
In the case of engineering applications, it is worth bearing
in mind that composite-concrete piles, in addition to the
features described above, are also characterized by high
aesthetic values. For example, directing the laser beam to
the GFRP (Glass Fibre Reinforced Polymer) composite gives
an interesting effect – Fig. 7.

Fig. 8. A sample in a hydraulic press

Fig. 7. The effect of directing a laser light beam on the GFRP composite

As stated in [25] piles for offshore structures have been
implemented in the USA in CFGFRPT technology for many
years. The use of these piles in the US is regulated by the
standard [3], published in 2014 by the world-recognized
standardization organization ASTM International. For
example, in [24], the use of 28.3 m long piles and of 42 cm
outside diameter for the construction of a wharf cover is
described. The quays of the port are located in the moderate
cold climatic zone with cold winters. The coating walls were
7 mm thick and were made of polymer material reinforced
with continuous glass fibre (i.e. roving) type E (fibre made of
boron-aluminum-silicon glass). The piles were made outside
the construction site.

LABORATORY TESTS
Cylindrical tubes with a length of 2 m, outer diameter of
0.2 m and medium wall thickness from 5.8 to 7.1 mm were
prepared for the tests. The pipes were made of a composite
(polyester resin) reinforced with glass fibres E in the form of
roving with different beam angles: 20°, 55°, 85°. The beam angle
is the angle between the tangent to the winding curve (roving
curve) and the generating line of the cylinder. In the laboratory
of the Faculty of Civil and Environmental Engineering of the
Gdańsk University of Technology, the composite piles (coating)
and piles filled with C30/37 concrete according to the Eurocode

Fig. 9. Destroyed composite coating

were tested. Composite piles and composite piles filled with
concrete will also be called samples.
Samples of coating and concrete-filled composite pipes
of different beam angles of glass fibres were compressed in
a strength hydraulic press manufactured by the Swiss company
Walter + Bai AG, model 102/5000-HK4, with a capacity of
5000 kN and with a press piston extension from 0 to 100 mm
(Fig. 8). Loading was controlled by a fixed extension of the press
piston, or displacement. Due to the assumption (Figure 4a),
the samples worked like squeezed poles. A single experiment
lasted several dozen minutes until the sample was destroyed –
Fig. 9. (See also Fig. 1 and Fig. 2.). Examples of registered test
results for compressed samples are shown in Figure 10.
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Fig. 10. Relation between force and displacement for: a) coating, b) composite pipe filled with concrete

The experiments carried out show that the load capacity and
post-critical behaviour of the samples tested experimentally
are determined by the angle of the beam of the glass fibres in
the applied coating. Differences in the load capacity of the
samples resulting from the different direction of the fibre
winding in the coating are up to approximately 30%.
The research shows that the brittle way of destruction
(Fig. 1 and Fig. 2) and the low post-load bearing capacity
eliminate the piles in the coating with an angle of the beam of
fibres close to 20° for offshore applications. This is particularly
important where the bearing capacity of offshore structure
is important.
Coats with a fibre beam angle close to 20° are characterized
by increased longitudinal compression strength (in the
described studies by as much as 100%) and a larger modulus
of longitudinal elasticity. These advantages, however, are of
little relevance to the shortcomings of these composite tubes
described earlier.
More details on experiments and laboratory tests can be
found in [1], [2].
In offshore structures, piles are exposed to horizontal
forces due to the waves of seawater and work simultaneously
on compression and bending. This fact was taken into
account in the laboratory studies by introducing the
replacement piling concept. It is a pile, whose behaviour
under the influence of horizontal forces is modelled as the
behaviour of an eccentrically compressed pillar supported
articulated at both ends.
The columns subjected simultaneously to axial compression
and bending are generally designed as eccentrically
compressed. The magnitude of the eccentrically compressive
axial force e, compressive N is the quotient of the bending
moment M and that force N, acting in the considered crosssection of the pile. A commonly used practical method
of calculating the load-bearing capacity of eccentrically
compressed concrete columns is the use of nomograms
representing the so-called curves of interaction of normal
force N and bending moment M, simultaneously affecting the
cross-section of the column. Such curves can also be made for
steel or composite steel-concrete poles, corresponding to the
respective piles. Fig. 11 shows an illustrative interaction curve
for a CFST (Concrete-Filled Steel Tube) composite column.
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The area inside the curve is safe for the load capacity of the
column section, and outside – it is dangerous. Similarly, for
the pile being modelled here.

Fig. 11. An interaction curve for a cross-section of an exemplary
steel-concrete composite column of the CFST type

Analyzing the impact of horizontal loads on the pile’s load
capacity, experimental studies of nine eccentrically compressed
CFGFRPT columns [1] were used. The samples were made
in the same way as the axially compressed samples described
earlier. The test conditions of all samples were virtually
identical (temperature, humidity, sample preparation, etc.
[1], [2]). Among the eccentrically compressed samples, six
were compressed on the eccentricity e = 26 mm, and the
remaining three – eccentricity e = 52 mm. The first of these
values e corresponds to the boundary of the cross-sectional
core. This means that the six described samples experienced
the kind of eccentric compression that on one of the edges of
the cross-section normal stresses were equal to zero (without
taking into account the effects of the second-order). The
group of the six examined elements was divided into two
subgroups: three were tested as standard, and the remaining
three were loaded before the actual test with ten load cycles
in the force range from 105 kN to 750 kN. This accounted
for a maximum of 88% load capacity of previously tested
eccentrically compressed e = 26 mm, not loaded cyclically.
As it turned out, the impact of bending on the load capacity
was significant (Fig. 12). As expected, the load capacity of the
columns decreased with the increase of eccentricity.
The visible effect of the deadweight capacity of the
CFGFRPT samples tested were coating cracks along the fibres

Fig. 12. Load capacity results obtained in experimental studies
of CFGFRPT samples

(coat with 20° fibre bundle) or global buckling (coatings with
beam angles of 55° and 85°). In the case of the latter, the
composite of the coat showed after the test in the central zone
(in the zone with the greatest curvature during buckling and
at the post-coating step) cracking of the resin matrix, both
on the tension side and on the compression side. No damage
was observed in the pressure zone of the samples.
CFGFRPT samples with 20° beam were characterized by
the most brittle way of destruction. However, they were not
the least bearing ones. Certainly, this was due to the high
load-bearing capacity of the coating itself, which (without
the core) turned out to be twice as large after the test than
for the other two types of fibreglass beam.
Attention should also be paid to the fact that in each of
the four test series the lowest load capacities were recorded
for CFGFRPT samples with a fibre beam angle of 55°. The
probable reason for this was the fact that on the one hand
they were characterized by low longitudinal strength of the
coating, and on the other – the medium ability to excite the
triaxial state of compression in the core concrete. However,
to confirm this conclusion, a larger number of samples
should be tested.
When discussing the results obtained for compressed
samples on the eccentricity of e = 26 mm, one should notice
a clearly beneficial effect on their bearing capacity of a series
of ten cyclic loads carried out prior to the fundamental
destructive load. All samples subjected to cyclic loads proved
to be more efficient than their counterparts not subjected to
these loads. The average percentage difference for the three
pairs of samples was 11.4% of the lower load-bearing capacity.

MATHEMATICAL DESCRIPTION
OF THE SELECTED PROBLEM
The driving of piles in the composite coating into the ground
is also performed by the hammering method [5], i.e. using
impact hammers. This method meets the requirement of the
American standard [3]. According to it only the tip of the pile

with a length of 61 cm can suffer damage when driving a pile.
In this process, there is also the propagation of vibrations in
the pile and in the ground. The process of propagation of
vibrations in the ground can be members/elements using
analogue models [14]. The impact of the hammer on the pile
head can be treated as collisions of the respective masses and
analyzed using methods from [16]. The masses m1, m2 can
correspond respectively to the pile weight and hammer mass.
In modelling, all these situations are specific cases of
generalized dynamical systems [13] and lead to continuous
or discrete dynamic systems [12], [13]. In the first case, the
description uses differential equations, and in the second
one – difference equations. The results are recorded in the
form of continuous u or discrete uk signals. Due to their
large diversity in the analysis of the obtained results and
further applications, the signal parameters are used along
with probabilistic methods [18]. For example, the average
of signals is used to average the signal. This parameter for
the continuous signal u in interval <t1,t2> is given by the
formula
(1)

This parameter is also used in the analysis of signals
registered in the CPTU probing process (Fig. 3).
In pile-soil interaction models, rheological elements of
the type springs, slide and piston responsible for the inner
stickiness can be used [15].
Pile driving is accompanied by various processes. Among
them is the displacement um of the hammer.
Taking the designations as in [12] we get a continuous
dynamic system described in [12] by the differential equation

S3um + 2nS2um + p2 Sum = 0,

(2)

where
(3)

(4)

while

S=
In the expressions (3) and (4), the following designations
were adopted:
Ep – substitute modulus of elasticity depending on the
modulus of elasticity of concrete and steel or composite,
Ap – the cross-sectional area of the pile,
mm – hammer mass,
cp – the velocity of stress waves propagation in the pile,
γ – constant defining the increase in the permanent
settlement of pile head,
λ – constant defining the permanent deformation of the
pile head,
β – constant taking into account the frictional pressure in
the pile head.
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Dynamic system (2) is a chain connection of an oscillating
element and an integrating element – Fig. 13.

Fig. 13. Chain connection of the oscillating and integrating elements

If so, then the properties of the dynamic system (2) are derived
from the connected chains of the oscillating and the integrating
elements. The response of the system (2) can be determined using
the methods of determining the response of complex dynamic
systems [13]. These methods allow formulating patterns for
the response of complex dynamic systems. These formulas use
formulas for the response of individual members/elements of
the system [13]. Directly from these formulas, it follows that the
response of the dynamic system (2) with conditions

um (0) = 0
m

(0) =

m

(0) = –

= vm
p2

(g – standard acceleration due to gravity, h – hammer release
height) is given by the formula

(5)

when

p 2 > n2 .
Based on the properties of the components of the system,
one can infer the properties of a complex system. The properties
of generalized dynamic systems [13] show that the spectral
transmittance of the system (2) is the product of the transmittance
of the oscillating element and the integrating element, and this
facilitates the analysis of such systems in the frequency domain.
In complex systems, for example in the case of work of the
piles in groups, as is the case in offshore facilities, the work of
piles can be analyzed using numerical methods [4].

Fig. 14. Prefabricated piles with steel joints [6]: 1 – reinforced concrete piles,
2 – steel joints, 3 – steel bolts with holes for connecting bolts, 4 – steel sleeves
for pins with safety plugs, 5 – Teflon washer protecting bolts during pile driving

Using the method of joining piles with 0.4 x 0.4 m crosssection shown in [6], one can propose a method of joining
circular piles in a composite coating. On the lower end of
the upper pile an “empty roller” without one base (pile shoe)
is placed on the pile coating – Fig. 15. The upper end of the
lower pile is finished with a full steel cylinder (Fig. 15). The
pile shoe and the steel roller together with the pins and sleeves
constitute the so-called steel CFGFRPT pile connector.
The steel joint should be anchored in the concrete pile
core to a depth of about 1.10 m [6], in the form of spindle
extensions with steel bars Ø20 mm. Similarly, as in [6] for piles
0.4 x 0.4 m, it is proposed to use connectors with two pins and
two sleeves or with four bolts and four sleeves. The connectors
are integrated respectively with four or eight pins φ 18.8 mm,
made of stainless steel with a design strength of 400 MPa. In
the case of the first, these bolts will carry 515 kN, and in the
case of the second 1030 kN [6]. In any case, it is the maximum
pulling force acting on the pile, which will be transferred by
the connecting pins working as double-sided pins.
Between the steel elements of the pile connector,
a Teflon washer or a polyurethane spacer (Fig. 15) should
be introduced, modelled on polyurethane pads, for example
type PWE6094. Due to its properties, it will ensure good
cooperation between the contacting surfaces of the steel joint.

COMBINING PILES AND CREATING
HYBRID PILES
There are known methods of joining prefabricated concrete
piles with a square cross-section. These methods allow for the
efficient joining of piles at the construction site using steel
joints (Fig. 14).
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Fig. 15. Steel joint for circular piles in a composite coating: a) diagram for joining
piles, arrangement of bolts and sleeves: b) two bolts and two sleeves,
c) four bolts and four sleeves (Dimensions in Fig. 15b and 15c
are based on a pile with a 0.4 x 0.4 m cross-section)

Additionally, the spacers are resistant to cyclic loads (3 x 106
cycles) or temperature changes. They have insulating properties
(including electrical). They have a long service life – even after
10 years of use, the physical and strength tests of the spacers
give good results. The applied spacer in the steel joint will fulfil
a similar beneficial role in the steel connection of the piles, as
the spacers in rail connections.
When more than two piles are connected to each other,
the initial and final piles have one element of the steel joint
(respectively the shoe and the other element of the joint). The
remaining piles have complete joints, as in Fig. 15.
As has already been mentioned, piles of offshore facilities are
exposed to corrosion of concrete and steel under the influence
of the seawater environment. Marine corrosion is primarily
limited to zones of varying levels of the seawater surface,
especially to splash zones. There its intensity is the greatest.
In principle, offshore steel structures are corrosion resistant
only when they are permanently submerged in seawater.
Mainly at greater depths, where oxygen access is limited. The
average increase in corrosion of steel offshore facilities is about
0.10 mm per year. However, the strongest corrosion occurs
at a depth of about 0.5 m below the average level of the water
surface, because at this level seawater has a higher content of
oxygen and salt than on the surface.
From these facts, it appears that at least in the zone directly
above and below the surface of the seawater surface, it is
worth using CFGFRPT piles that are resistant to seawater.
It is enough, therefore, to use hybrid piles. A hybrid pile
is a combination of a pile without a coating with a pile in
a composite coating (Fig. 16).
In the subsurface zone, it may be a part with a composite
coating of a hybrid pile, and below this zone, it may be a part
without a composite coating. Both parts of the hybrid pile are
connected with each other by a steel joint (Fig. 15).

CONCLUSION
The use of a composite concrete pile coating prevents
physical, chemical and biological degradation of concrete and
steel. It limits the carbonization of concrete and its cyclical
freezing and thawing with penetrating water, thus increasing
the lifetime of piles exposed to seawater in offshore facilities.
CFGFRPT piles are characterized by the simplicity of their
technology (i.e. concreting and the possibility of driving them
in the ground by classical methods) and high aesthetics.
The introduction of the concept of isomorphism between
the pile and the column allowed the use of laboratory tests
of piles in the reinforced composite coating to determine the
behaviour of a certain type of piles.
Eccentric compression of the samples allowed to assess
the impact of simultaneous axial compression and bending
of the pile on its life.
The mechanical properties of the glass fibre reinforced
coatings also cause that these types of piles are more resistant
to lateral forces caused by sea waves.
A significant influence of the beam angle of the glass fibres
on the work of piles has been demonstrated.
It is advisable to use combined piles (hybrid piles) in
surface water zones.
The use of hybrid piles is an important form of corrosion
protection for piles of offshore facilities.
Serial connection of basic elements of dynamic systems is
beneficial from the point of view of mathematical modelling
of problems related to the functioning of piles.
To increase the load-bearing capacity of the soil substrate
other methods can be used to improve its quality [22].
Coatings made of glass fibre reinforced composites are
easy to be recycled, for example, using the energy method.
The use of CFGFRPT piles and hybrid piles in offshore
infrastructure facilities is fully justified.
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OPTIMIZING THE SHAPE OF A COMPRESSION-IGNITION ENGINE
COMBUSTION CHAMBER BY USING SIMULATION TESTS
Ireneusz Pielecha
Jerzy Merkisz
Poznan University of Technology, Poland

ABSTRACT

Modern solutions used in compression-ignition internal combustion engines are quite similar to each other. The use
of high-pressure, direct fuel injection results in high combustion rates with controlled exhaust emissions. One of the
combustion system quality criteria is to obtain adequately high thermodynamic indicators of the combustion process, which
are obtained through, among others, the right combustion chamber geometry. Its shape influences the fuel atomization
process, turbulence of fuel dose, evaporation and the combustion process. Optimizing the combustion chamber shape is
one of the decisive factors proving the correct execution of the combustion process. This article presents the methodology
of choosing the combustion chamber shape (changes of three selected combustion chamber dimensions) by using the
optimization methods. Generating multidimensional data while maintaining the correlation structure was performed
by using the Latin hypercube method. Chamber optimization was carried out by using the Nelder-Mead method. The
combustion chamber shape was optimized for three engine load values (determined by the average indicated pressure)
at selected engine operating conditions. The presented method of engine combustion chamber optimization can be used
in low and high speed diesel propulsion engines (especially in maritime transport applications).

Keywords: CI engine combustion system, combustion process thermodynamic analysis, combustion chamber optimization

INTRODUCTION
The internal combustion engine design quality is defined
by its operational indicators. Currently the engine capability
of meeting the emission limits can be considered an additional
indicator of structure quality. These two indicators mean that
internal combustion engines must meet various, often widely
different requirements.
The operating indicators for four-cycle low-speed internal
combustion engines are currently rather large. The average
indicated pressure of two-stroke engines is about 2.1 MPa
with a specific fuel consumption value (dual fuel mode –
methane injection) of 129 g/kWh (i.e. MAN B&W G35MEC10.5-GI). The brake mean effective pressure (BMEP) of
four-stroke engines ranges from 2.25 MPa with a specific
fuel consumption (SFC) of 186 g/kWh (gas mode) (i.e. MAN
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L51/60DF) up to 2.83 MPa at SFC reaching 175.5 g/kWh
(n = 720 rpm) (i.e. MAN L32/44CR) [7].
Compression-ignition engines also gain slightly higher
values. The Wartsila 31 engine has a BMEP of 3.1 MPa
(at n = 750 rpm) and a power of 610 kW/cyl. [15].
One of the main systems responsible for the internal
combustion engine design quality is the combustion system
along with the fuel supply system. The main problem in that
case is the shape of the combustion chamber. Its shape and
dimensions depend on the method of fuel injection and
atomization, the fuel dose turbulence size, and the combustion
process. The formation of exhaust components, with particular
focus on the nitrogen oxides and solid particles emission, is
an important aspect of the combustion chamber shape. The
use of dual-fuel (liquid and gas fuels) combustion systems
[11] does not allow to fully optimize this structure, as it would

necessitate meeting requirements related to different fuel
properties that are at times in opposition to each other. The
use of fuel additives [10] also allows to control the combustion
process, but to a lesser extent than the optimal shape of the
combustion chamber.

IMPACT OF THE COMBUSTION
CHAMBER SHAPE ON ENGINE
OPERATING INDICATORS
Experimental research on combustion chamber optimization
in stationary CI engines was carried out by Vedharaj et al.
[14]. The impact of the trapezoidal and toroidal chamber (one
cylinder, four stroke engine (S x D – 87.5 x 110 mm) using the
Kapok methyl ester and diesel blend (KME – diesel blends) was
tested. As a result, it was found that exhaust emission can be
reduced by using the TCC (toroidal combustion chamber) and
an increase of the BTE (brake thermal efficiency) can be reached.
Similar studies with using the chambers: Hemispherical,
Straight Sided, Toroidal and Re-entrant Toroidal were
conducted by Channappagoudra et al. [2] powering the CI
engine with the B20 fuel. The best parameters of engine
operation and exhaust emission indicators were obtained by
using the Re-entrant Toroidal chamber.
Experimental studies along with model ones were conducted
by Khan et al [5]. He analyzed the experimental Hemispherical
chamber and development of the fuel stream and compared
the tests with theoretical models containing the Toroidal
Re-entrant (TR) and standard toroidal chamber. Simulation
results show that spray angle significantly affects the mixing
and combustion process for all three bowl geometries and
that the engine having TR combustion chamber gives better
performance (generate a strong squish and turbulence).
Simulations of the combustion chamber shape were carried
out by Gaffor and Gupta [3]. Using the rectangular shape of
the combustion chamber, they showed that a low d/D ratio
(bowl diameter to cylinder diameter) increases NO emission
and decreases soot emission due to the high combustion rate
within TDC.
Similar simulation research on combustion chamber
optimization was conducted by Navid et al. [9] and Taghavifar
[13]. The results of the works relate to high compression ratios
(19.5:1). The exhaust emission values were not analyzed in these
works. In [9] several optimization methods were compared and
a high similarity of the obtained results was noted.

AIM AND SCOPE OF RESEARCH WORK
The aim of the simulation research is to find the combustion
chamber shape which exhibits the maximum indicator values
of thermodynamic process in the form of the brake mean
effective pressure. It is possible to choose a different indicator,
however, in traction applications of low-speed internal
combustion engines, the requirements concerning exhaust
emissions are not the ones which play the most important role.

For this reason, an indicator has been chosen which allows
to make significant changes in the shape of the combustion
chamber (by changing selected quantities of its shape).
The scope of the work related to optimization concerns:
1) pressure analysis in the combustion chamber, 2) heat
dissipation rate, 3) total heat released, 4) change of excess
air coefficient, 5) indicated engine efficiency, 6) mechanical
efficiency and 7) exhaust emission analysis of the combustion
process (NO and soot emission).

RESEARCH METHODOLOGY
COMBUSTION CHAMBER GEOMETRY
For simulation analysis an example (typical) combustion
chamber of a CI engine was chosen. The scope of the
simulation work concerned the change of the following design
variables (Fig. 1):
• Combustion chamber radius – R3,
• Distance between the piston and the engine head – TDC,
• The depth of the combustion chamber at its centre – Tm
in order to obtain the maximum indicated mean effective
pressure – IMEP.
As a result of changing the listed values, the combustion
process itself changes due to the fuel dose preparation
process being altered (change of compression ratio due to
the change in the combustion chamber size, resulting in
different compression pressure values during ignition, with
consequences in the form of thermodynamic and emission
impact of the process).
THE BOUNDARY AND INITIAL
CONDITIONS OF THE SIMULATIONS
The simulation tests were carried out in typical
operating conditions of a medium-speed engine (such as
a marine engine) by using the AVL FIRE software [1]. The
characteristics of engine geometry are presented in Tab. 1.
The initial and boundary conditions of the simulation tests
are listed in Tab. 2. The thermodynamic gas characteristics
during compression were provided and the used calculation
models described. Important data regarding fuel injection
are presented in Tab. 3.
Tab. 1. Characteristics and parameters of the engine used in simulations
No.

Parameter

Unit

Value

1.

Number of cylinders

–

1

2.

SxD

mm x mm

85 x 90

3.

Connecting rod length

mm

94

4.

ε (initial)

–

16
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Fig. 1. Combustion chamber shape with changing design variables

Tab. 2. Simulation parameters
No.

Description

Unit

Value

1.

Engine speed

rpm

1000

2.

Start of simulation

deg

540

3.

End of simulation

deg

800

4.

Initial cylinder pressure

MPa

0.15

5.

Initial fuel dose temperature
in the cylinder

K

380

6.

Initial wall temperature: piston
liner
head

K
K
K

575
475
550

7.

Initial turbulent kinetic energy
(TKE)

m2/s2

10

8.

Initial turbulent length scale

m

0.003

10.

Breakup model

Wave

10.

Evaporating model

Dukowicz

9.

Wall model

Walljet1 (Naber&Reitz)

10.

Combustion model

Coherent Flame Model:
ECFM-3Z
Autoignition: Two-stage

10.

Model NO

Extended Zeldovich

11.

Soot model

Kinetic Model

In the wave disintegration model of the droplet the initial
increase in turbulence on the fluid surface is used along
with the increase in the wavelength and other physical and
dynamic parameters of the injected fuel. Two disintegration
systems can be distinguished: for small and high speeds. The
Dukowicz model was used to simulate evaporation of fuel
droplets [1]. It is based on typical coefficients of heat and
mass exchange, with the assumptions that 1) the spheres
are symmetrical, 2) the film on the surface of fuel drops
is quasi-permanent, 3) the temperature of the droplets is
uniform along its diameter, and 4) the drop surface is in
a thermal liquid-gas balance. Walljet model (wall model) is
based in principle on the spray/wall impingement model of
Naber and Reitz [8]. The concept is that in the working engine
conditions a vapor cushion is formed under the droplets
and that they rebound or slide along the walls. The ECFM
combustion model (Extended Coherent Flame Model) applies
to a turbulent premixed combustion regime, using a chemical
time scale, integral length scale and turbulence intensity.
The extended Zeldowicz model concerns the formation of
nitrogen oxides through three reactions: N2 + O; N + O2 and
N + OH [1, 4]. The basis of the kinetic model (soot model) is
a detailed chemical reaction scheme for the calculation of soot
formation and oxidation (the complete model contains over
100 reactions; 7 oxidation reactions of various hydrocarbons
have been implemented in AVL Fire software) [1].
METHOD OF GENERATING
MULTIDIMENSIONAL DATA

Tab. 3. Fuel injection conditions
No.

Parameter

Unit

Value

1.

Start of injection (SOI)

deg

719

2.

Injection time

ms

1

3.

Fuel mass

mg

12; 20; 40

Fuel temperature

K

330.15
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By using the DVI (Design Variation Interface) module of
the AVL Fire software, the design variables of the following
basic values have been assigned:
R3 – 0.00242857 m (variation ± 50%),
Tm – 0.00121429 m (variation ± 50%),
TDC – 0.00886429 m (variation ± 50%).
To generate multidimensional data while maintaining
the correlation structure, the Latin-Hypercube method was
used [12]. This method divides the design space of every

factor n (each variable) evenly into 10 levels. There is only one
point on each project ? level. In the columns of the designed
matrix there are nk combinations with the same probability of
occurring. Because the matrix is randomly generated, there may
be a correlation between the columns. The structure associated
with 10 research samples was used for the analysis (Fig. 2).

The research was carried out by using the ESE Diesel
software from the AVL Fire package [1]. For each case,
a new mesh was generated and calculations were made for
modification of design variables (R3, Tm, TDC) in the range
of 540 to 800 deg on the crankshaft. Changes in the shape of
the combustion chamber resulted in thermodynamic changes
(with special regard to IMEP as a target function) and emission
changes for these combustion processes.

OPTIMIZATION OF THE COMBUSTION
CHAMBER IN THE ASPECT
OF ENGINE LOAD

Fig. 2. The method of selecting initial data for optimization of three
variables – 2D view

The initial data generated this way was subject to further
optimization.
OPTIMIZATION PROCEDURE
The optimization task was based on the Nelder-Mead
method (downhill simplex method) [6]. To simplify: it consists
of a gradual transformation of the simplex (in the threedimensional space it is a tetrahedron) in such a way that
in each next iteration the worst point can be replaced with
a specially created new one.
In the optimization task, the target function (maximization
of average indicated pressure) takes the form:

f(R3, Tm, TDC) = max

(1)

where the starting values of design variables and their
variability ranges (restrictions) are as given previously.
The generated starting data (10 solutions) and optimization
conditions created more than 20 configurations of combustion
systems, whose target function was maximized (max IMEP).

a)

b)

The analysis of optimal solutions was carried out individually
for each engine load value. The assessment of optimal design
variables indicates that the variation of the variables depends on
the engine load (Fig. 3). The largest differences were obtained for
changes in the value of the variable R3, where, with increasing
engine load, the optimal value of this variable is not predictable.
A complete analysis of changes in the design variable values
is presented in Fig. 4. It shows that increased load requires:
a) reducing the size of radius R3,
b) reducing the TDC value
and an undefined change in the size of Tm (average engine
load causes a drop of this value – Fig. 4b, while other loads
increase it). Analysis of changes in the search for individual
variables (Fig. 4) indicates the same directions of changes of
these values regardless of the load. However, the obtained
results of the target function are not similar. The first 10
attempts created on the basis of the Latin hypercube are the
same (same values of design variables), which does not result
in identical changes of the target function. For this reason,
point 11 (Fig. 4) is similar to the values of design variables
leading to the maximization of the target function in the
first ten attempts.
The combustion chamber optimization should result
in different values of compression and combustion
pressure. Such conditions should also cause differential
thermodynamic properties of the combustion process and
exhaust emissions. Their analysis was carried out in the
next part of the article.

c)

Fig. 3. Three-dimensional layout of operational indicators within the combustion chamber optimization with three IMEP load values:
a) 3 bar, b) 6 bar, c) 11 bar

POLISH MARITIME RESEARCH, No 3/2019

141

a)

b)

c)

Fig. 4. One-dimensional change of three operating indicators as a part of the combustion chamber optimization with three values of the initial IMEP load:
a) 3 bar, b) 6 bar, c) 11 bar

THERMODYNAMIC ANALYSIS RESULTS
Comparison of the final compression pressure values
indicates significant changes in this variable when the shape
(and volume) of the combustion chamber changes. The
maximum and minimum values of compression pressure
are the same as they result from the first 10 settings of the
combustion chamber (Latin hypercube – Fig. 4 – vertical
red line). These values are as follows: Pcomp = 5.68 and
7.07 MPa, respectively. However, the research values are
already different and result from searching for the optimal
solution.
For each load, the coefficient of variation of the X value
is determined as:

CoV(X) = Yav/σ

where: Yav is the mean measured value of Y, σ – standard
deviation.
At low load (IMEP = 3 bar) the coefficient of variation
CoV(Pcomp) is 3.3%, with load increase of 4.4% and 4.8%,
respectively. This means increasing the final compression
pressure (Pcomp) together with the search for the optimum
value of the indicated mean effective pressure (Fig. 5a). The
change in the final compression pressure resulted in much larger
changes in the maximum combustion pressure. The coefficients
of variation CoV(Pmax) corresponding to the increased load are
respectively: 2.78%; 3.64% and 4.33%. Similarly to CoV(Pcomp)
also CoV(Pmax) attains higher values when increasing the load.

a)

b)

c)

d)

Fig. 5. Thermodynamic indicator changes of the combustion process for combustion chamber optimization with three IMEP load values: 3 bar, 6 bar, 11 bar:
a) combustion pressure, b) average process temperature, c) heat recovery rate, d) heat value
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(2)

Such results indicate that it is more difficult to obtain an
optimal solution at a higher load value (this is not caused
by the irregularity of engine operation). Larger CoV(Pmax)
values when increasing the load also indicate that the initial
conditions for the search of the maximum of the target
function (max IMEP) adopted on the basis of the Latin
hypercube are quite different.
The special feature of such procedure is also the situation
that – despite different values of pressure changes in the
cylinder (Pcomp and Pmax) – other thermodynamic process
indicators (temperature, heat recovery rate and heat delivered)
have similar characteristics. This means that it is possible
to shape the target function by using the variability of
design values in a fairly wide range. The optimal values of
thermodynamic indicators, marked with a dashed line, can
easily be distinguished from the pressure characteristic in
the cylinder, but the deviations of the remaining values from
the optimal value are small (Fig. 5b–d).
Initial values of the combustion chamber design variable
settings (R3, Tm, TDC) result in small changes in the internal
combustion engine operating indicators. The IMEP variability
coefficient at different settings takes values below 1.3% (at the
maximum load) – Fig. 6a. Indicated engine efficiency is
maintained at 33 to 37% (assuming maximum values at partial
load) – Fig. 6b. The lowest specific fuel consumption value was
obtained at the average engine load and reached 233 g/kWh.
The engine mechanical efficiency increases with the load and
reaches a maximum of 80% (Fig. 6c). The maximum dispersion
of the excess air coefficient is CoV(λ) = 0.27%, which is the
smallest value analyzed.

EXHAUST EMISSION ANALYSIS
The analysis of nitrogen oxide share was based on the
Extended Zeldovich model [4]. The local temperature value in
the combustion chamber plays a significant role in this model.
Analysis of the process mean temperature value (Figure 5b)
indicates that the value of nitric oxide concentration will
also be subject to high variability. The results of the NO
concentration simulation are shown in Fig. 7. The values
for the optimal combustion chamber fulfilling the target
function indicates the NO concentration greater than the
base values but still below the maximum values. It follows that
it is possible to design a combustion chamber to maximize
IMEP while maintaining average nitric oxide concentration
values. Determining the NO emission ( expressed in g/kWh)
should result in values below the maximum as a result of
the presented characteristics changes (Fig. 7a). Similar
concentration levels were obtained for greater engine loads. In
both subsequent cases, the optimal chamber geometry allows
obtaining NO concentration values below the maximum
values (Fig. 7b and 7c).
The soot concentration was determined based on the kinetic
model. The basis of this model is a detailed chart of chemical
reactions to calculate the formation and oxidation of soot [1].
The differences in the quantities are small (Fig. 8) due to the
high soot concentration in the flame in the initial combustion
phase. The formation of soot in the cylinder increases with the
increase in engine load. The maximum values are proportional
to the engine load. Optimal dimensions of the combustion
chamber (to reach the maximum value of the target function)

a)

b)

c)

Fig. 6. Analysis of engine operating indicator changes: a) indicated mean effective pressure IMEP, b) indicated efficiency ηin,
c) mechanical efficiency ηm in function of the excess air coefficient resulting from changes in the shape of the combustion chamber
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a)

b)

c)

Fig. 7. Mass proportions of nitrogen oxide for various engine loads along with the initial values and corresponding to the optimal dimensions of the combustion
chamber to maximize the target function: a) IMEP = 3 bar, b) IMEP = 6 bar, c) IMEP = 10 bar
a)

b)

c)

Fig. 8. Mass proportions of soot for various engine loads along with marked initial values and corresponding to optimal dimensions of the combustion chamber
to maximize the target function

indicate very similar soot formation processes in the engine
cylinder. There are no significant differences between the soot
concentration values for the default and optimal chamber.
The maximum values for the optimal chamber were found
at medium and high load values, equal to 6.1% and 5.6%,
respectively. At the lowest load value, the concentration value
increased slightly (by 3.7%).

Decreasing the Tm value leads to a charge turbulence
increase in the combustion chamber, increasing the intensity
of the pre-flame processes resulting in an IMEP value increase.
At high fuel doses, the value of R3 is limited, which allows
to increase the decomposition intensity of the injected fuel
droplets when interacting with the combustion chamber
walls. This is confirmed by the data from Fig. 4, indicating
the limitation of the radius when increasing the engine load.

CONCLUSIONS
Simulation tests allow to optimize the combustion system
based on accepted criteria; one of them may be the maximization
of the indicated mean effective pressure (liberality of regulations
concerning the exhaust emission levels related to internal
combustion engines in marine applications allows to maximize
operational indicators rather than emission ones).
A summary of the combustion chamber shape tests is
presented in Fig. 9. The optimal variable sizes (R3, Tm and
TDC) for different engine load values with the maximization
of the target function (max IMEP) have been indicated.
Optimal combustion chamber designs (depending on
the engine load) indicate a limitation of the so-called
harmful area (TDC size) created by the compression
stroke of the piston. This limits the formation of soot
and hydrocarbons.
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Fig. 9. Optimal combustion chamber shapes at different engine loads

This article presents an analysis of changes in selected
design values in order to obtain the criterion set for which
the highest values of IMEP was reached.
The results of the performed simulation tests led to the
following conclusions:

1. Optimization of combustion chamber of a internalcombustion low-speed engine in the aspect of increasing
its operating indicators is a complex issue and does
not lead to obtaining unambiguous variables. In the
analyzed variants, the change in the engine load resulted
in different optimal values of design variables.
2. The choice of the parameters R3, Tm and TDC is not
unambiguous. Increasing the load causes:
a) Decreasing the value of the radius R3,
b) Reducing the TDC value,
c) An ambiguous change in the value of Tm (medium
load causes a decrease of this value, but other loads
increase it).
3. The analysis of optimal combustion chambers indicates
that it is possible to achieve large changes in the values
of compression pressure and combustion pressure; the
changes do not cause large fluctuations of thermodynamic
indicators in the form of: process temperature, heat
release rate and heat output.
4. The sensitivity of the method was also evaluated during
the analysis of nitric oxide and soot. It was found that the
changes in nitric oxides are significant. In this case the
differences in the extreme values reached 17% (for IMEP
= 3 bar), 29% (for IMEP = 6 bar) and 37% (for IMEP
= 11 bar). Differences from the soot concentration
analysis were found not similar to the above mentioned
(the change in their values were 12%, 14% and 29%
respectively as the load increased).
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PARAMETRIC METHOD APPLICABLE IN CALCULATING
BREAKOUT FORCE AND TIME FOR LIFTING
AXISYMMETRIC OBJECTS FROM SEABED
Jan P. Michalski
Gdańsk University of Technology, Poland

ABSTRACT

The issue of calculating parameters for lifting objects of axisymmetric shapes from the seabed is studied. The article
presents the results of numerical simulation examination of the equation formulated by Foda for the force needed
to extricate the object from the seabed depending on soil and water parameters, extrication speed, and object
diameter. The simulations were performed within the range of parameters characteristic for real applications, and
their results were used for deriving approximate algebraic formulas applicable in engineering practice of lifting
objects resting on seabed.

Keywords: extricating objects from seabed; designing subsea recovery activities; predicting the breakout force

INTRODUCTION
The engineering practice in lifting objects from the
seabed, such as a sunken shipwreck, a submarine, of
a ballast anchor, for instance, reveals that the force needed
to extricate the object from the seabed can be a multiple of
its weight in water. The knowledge of this phenomenon and
physical relations which describe it, along with the ability
to predict the force, speed, and time needed for extricating
the object from the seabed, can be a useful tool in both
preparing the recovery procedure and selecting necessary
instrumentation.
Empirical observations, quoted in [7] and [13] for
instance, and experimental tests, such as those described
in [2] and [3], give the evidence that the phenomenon of
object sucking to the seabed results from local pressure
differences generated in water and in the porous seabed soil
when the object is extricated from the seabed. The global
effect of this phenomenon is the increasing sucking force
when the object is moved away from the seabed, along with
the resulting increase of the force needed to extricate it,

above its static weight in water. Correct force assessment is
essential when lifting such objects as ballasts, dead anchors,
tanks resting on the seabed, construction plates, underwater
pipelines, or shipwrecks. A wide spectrum of the quoted
examples testifies that the issue of object extrication from
seabed is of high importance in widely understood ocean
engineering activities.
The literature review on the subject reveals that the value
of the extrication resistance force is related in a complicated
way with the time and speed of object extrication, and with
hydraulic and mechanical properties of the seabed soil
and water in it. One of main difficulties when conducting
experimental investigations of the above phenomenon is
that its real physical and geometric conditions cannot be
precisely modelled in the laboratory scale. As a consequence,
the results of laboratory experiments cannot be easily
extrapolated to real conditions, the more so that the laws of
similitude for this phenomenon have not been well-defined
[12] and there is a need to refer to the theoretical knowledge
and analytical methods. A conceptual sketch of the studied
issue is given in Fig. 1.
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Fig. 1. Conceptual sketch of the phenomenon of object
extrication from porous seabed

PURPOSE AND SCOPE
The well-known methods to determine forces needed to
lift an object resting on the seabed are either simple, with
low assessment accuracy resulting from neglecting a number
of important parameters of the phenomenon (for instance,
the formula given by Poinc [10]), or take into account many
essentials at the expense of high complication of mathematical
description and difficulties in calculating parameters important
for engineering practice.
The purpose of the study reported in this article was
developing a method to determine essential parameters for
the technology of object lifting from seabed, which would have
simple mathematical structure and the accuracy comparable
with that of advanced theoretical methods, thus being applicable
in engineering practice.
However, the applicability of the developed method has
some limitations, as its range comprises only basic extrication
parameters, such as the shape and dimensions of the lifted
object, the extrication force, speed, and time, the total time of
the breakout phenomenon, and the time after which the sucking
action of the seabed on the object disappears. The motivation
and inspiration for undertaking this task was the research done
within the framework of the previous project [9]. An attempt
to use the Foda model for practical calculations was presented
in [12], while more systematic studies were conducted by Liu
[6]. However, the results of these studies were only described
in an internal report and are not widely available.

LITERATURE REVIEW
ON THE SUBJECT
The force needed for extricating a body from the seabed
can be roughly assessed using non-structural approximate
empirical relations, such as the formula proposed by Poinc
[10], which says how much the force needed to extricate
the object from the seabed is larger than the weight of the

148

POLISH MARITIME RESEARCH, No 3/2019

object in water. This force/weight ratio is calculated taking
into account the type of seabed, starting from stony and
ending with clay type. In the Poinc formula, the suction
force only depends on the type of base soil, which is a major
simplification, as both practical experience and performed
experiments show that the extrication force, speed, and time
are mutually dependent.
It results from the laboratory tests performed by Basinski [2],
[3] that the extrication resistance force, also referred to as the
suction force, can reach a large value, which is also confirmed
by reports from excavation works cited both by the author and
in [14]. Basinski’s motivations for undertaking labour-intensive
experimental investigations was that the available literature
contains insufficient amounts of model test data for reliable
generalisation concerning their scaling to real objects.
In the tests performed by Basinski, the dimensions of
the extricated object are large (up to 30 cm), compared to
the dimensions of soil particles. In the light of his research,
the course of object extrication from granular soil during
the phase of suction force action is as follows. The applied
external lifting force reduces the pressure under the rigid
body base with respect to the surrounding hydrostatic
pressure. The reduced pressure distribution under the object
base changes when the object rests freely on the soil surface,
and is uniform when the object is embedded into the soil. The
pressure reduction generated by the object motion propagates
into the soil, and the appearing pressure gradient initiates
the flow of the water filling the soil structure (pores).
At object edges, the pressure difference makes that the
water flows faster under the object base, as a result of which
the soil becomes more liquefied and is washed out. The water
flow generates relatively large forces of inertia of water masses
and friction forces between water particles moving up and
soil particles, all this leading to the reduction of soil cohesion
and lifting up of part of soil particles. With the increasing gap
between the rigid body base and the soil, the motion resistance
in the gap decreases and the amount of water flowing through
it increases.
Theoretical analyses of the above issue are based on the
concept of boundary layer in porous medium. It is assumed
that in direct vicinity of the seabed surface, the dynamics
of motion of the water filling the soil pores differs from that
inside the soil medium. This assumption is justified by the
fact that the value of the suction force depends on the speed
of extricating the object from the seabed, as well as on the
type and cohesion of the soil, the air content in the water, the
geometry and dimensions of the object, and on how deep the
object is embedded into the soil.
Based on the varying pressure distribution generated by
the force used to extricate the object from the seabed, three
phases of the phenomenon can be named. In the first phase,
which lasts until the stability of the soil structure skeleton is
lost, the breakout force is mainly composed of adhesive and
cohesive forces acting on the contact surface between the
extricated body and the soil. In the second phase, starting
after the soil stability is lost, the dominating force is the
resistance of the water flowing through the soil, while in the

third phase – the resistance of the water flowing through
the gap between the object and the seabed. This scheme
provides an opportunity for extracting the static breakout
resistance, acting until the time of clear beginning of motion,
and the kinetic extrication resistance, acting in the phase
of object motion.
Sawicki [13] considers the issue in which the lifted
object moves uniformly and rectilinearly in the direction
of action of gravity forces. The structure of the water
reservoir bottom is modelled as the porous body filled with
two-phase compressible liquid. The compressibility of the
liquid is described by the parameter β, the value of which
depends on water aeration in pores. The elasticity of the
porous medium structure is assumed and defined by the
parameter G. This medium property plays a vital role in
modelling flows in pores during rapid appearance of negative
pressure (suction). The third important parameter is the
seabed porosity coefficient n, the values of which do not differ
much in the examples analysed in the literature.
An interesting mathematical model of axisymmetric object
extrication from the seabed is proposed by Foda [4], who
makes a series of simplifying assumptions to derive a formula
describing the pressure decrease between the seabed structure
and the adhering object at the time of object motion initiation.
Making use of Biot’s theory about properties of flows in
porous-elastic bodies and assuming that the flow in pores
obeys Darcy’s law, the author derives formulas describing
the dynamic pressure distribution and the resulting force of
object suction to the bottom of water reservoir.
For the adopted assumptions, Foda obtained formulas
being the solutions for axisymmetric objects (with respect to
vertical axis) and slender objects. The advantage of the Foda
method in the aspect of practical applications is its prognostic
value – the delivered solutions include the phenomenon
referred to as “breakout”, well-known from practice, which
consists in the appearance of maximal breaking force after
some time from the beginning of object extrication from
the seabed, followed by fast decrease of the sucking force.
A detailed analysis of assumptions made and results obtained
by Foda [4] was done by Mei et al. [7] who stressed the
importance of the use of different models of soil structure
depending on its type.

CONCEPT AND RESULTS
OF THE STUDY
The prognostic quality of the Foda method [4] justifies its
use for systematic simulation studies covering a wide range
of practically used parameter values and expected to provide
data applicable for deriving simple and useful approximation
formulas, without need to solve complicated equations such
as Eq. (1) or Eq. (1).
According to Foda [4], for the motion with nonuniform
extrication speed, the force F with which the axisymmetric
object is sucked to the seabed is given by Abel’s differentialintegral equation:

(1)

When the extrication speed w is uniform, the extrication
force is given by the integral equation:

(2)

The symbols in the above equations have the following
meaning:

(3)

(4)

Names and values of parameters used in the simulation
studies are as follows:
t
– extrication time;
w
– extrication speed;
r
– radius of the object;
I0(.)
– zero-order modified Bessel function of
first kind;
I1(.)
– first-order modified Bessel function of
first kind;
Δ
– object displacement distance;
G = 107 N/m2
– shear modulus of seabed solid;
β = 107 N/m2
– bulk modulus of porous fluid (partial
saturation);
k = 10 –10 m3 s/kg – soil permeability coefficient;
n = 0.3
– seabed porosity coefficient;
μ = 1.325t/(m·s) – water viscosity coefficient;
γ = 104 N/m3
– specific weight of water;
m = 0.9
– ratio of solid skeleton elasticity to fluid
elasticity;
v = 0.333
– Poisson’s ratio of solid-fluid system;
The following ranges of parameters were considered
interesting from the point of view of engineering practice
and used in the performed simulations:
– set of object radii:

r

{1.00 m, 5.00 m, 10.00 m};

– set of uniform extrication speeds:

w

{10–3m/s, 10–4m/s, 10–5m/s, 10–6m/s, 10–7m/s};

– limiting value of extrication force decay Fdecay = 10N.
At low extrication speeds, solving numerically Eq. (2)
becomes difficult, as in this case the argument fo in Eq. (4)
takes high values, which exceed the applicability range of
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classical formulas for calculating Bessel functions. In this case,
use was made of asymptotic formulas given in [1], [5], [8], [11].
After some preliminary tests, the following approximation
was selected for simulation calculations:

The maximal extrication force Fmax, often referred to
as the “breakout force”, and the time Tmax after which this
force appears were calculated, for different object sizes and
extraction speeds, from the precondition for the existence of
extremum of suction force characteristic:

(5)

The extrication forces and gap dimensions calculated
from Eq. f0are shown in Fig. 2, Fig. 3 and Fig. 4, for different
object dimensions. In these figures, the logarithmic scale
was used, as the values of the presented parameters differ by
several orders of magnitude. Continuous lines are graphical
representations of solutions of Eq. (2) with respect to the
extrication force, while broken lines illustrate the size of the
gap between the seabed and the object, depending on the
extrication speed and time.

(6)

The maximum forces Fmax calculated from Eq. (6) are
shown in Fig. 5 as continuous lines.

Fig. 5. Maximal extrication forces (breakout forces) as functions
of object size and extrication speed

Fig. 2. Time-histories of extrication force and gap size at different
extrication speeds; r = 1 m

An interesting parameter of the study is the time Tdecay,
after which the sucking action of the seabed on the extricated
object decays. It was assumed that the decrease of the sucking
force below Fdecay = 10N means the decay of the suction effect
of seabed, after which the further process of object lifting
becomes a classic task of object moving in water, where the
resistance force depends on the shape and weight of the object
and the speed of its lifting.
The time Tdecay was determined by solving the following
equation for time t:

(7)
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Fig. 3. Time-histories of extrication force and gap size at different
extrication speeds: r = 5 m

The calculated values of Tmax after which the maximum
forces occur are shown in Fig. 6 as continuous lines, while
the time Tdecay after which the sucking effect of seabed decays
are represented by broken lines.

Fig. 4. Time-histories of extrication force and gap size at different
extrication speeds: r = 10 m

Fig. 6. Time Tmax of the occurrence of breakout force Fmax and time
Tdecay of suction force decay
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The results of simulation calculations comprise discrete
characteristics which represent relevant relations for fixed
values of parameters ri and wi:

– Fmax i = f (ri, wi);
– Tmax i = f (ri, wi);
– Tdecay i = f (ri, wi).
The sets of discrete values of these characteristics were
used for deriving simple and continuous algebraic formulas
which relatively precisely approximate the original discrete
characteristics. The adopted measure of accuracy of the
obtained approximations was the square of the relative
mean error. From among the tested hypothetical formulas
approximating the maximum force characteristics, the best
approximation was given by the formula:

approx Fmax = 94.85 · w0.569 · (r0.7364+ 0.663)4.048

(8)

In Eqs. (8), (9) and (10), the extrication speed w is expressed
in [mm/s], the object radius r in [m], and time in [s]. approx Fmax
is the maximum force value expressed in [kN].
The values of the force approx Fmax are shown in Fig. 5 as
broken lines, which provides opportunities for comparing
them with original values (continuous lines) for different
extrication speeds and different object sizes. The force
approx Fmax only represents the suction force, which means
that it should be enlarged by the weight of the object in water
when calculating parameters for the lifting device.
A similar approach was used when deriving the
approximating formulas approx Tmax for the time after which
the maximum force occurs, and approx Tdecay for the time after
which the sucking effect of seabed decays. For the former
case, the best approximation had the form:

Placing the force and object radius values into Eq. (8) and
performing some algebraic operations leads to the relation:
0.08104 = w0.569. Raising both sides of the equation to a power
of
1.757 gives the speed w = 0.081041.757 0.012 mm/s.
After placing the speed and object radius values into Eq. (9)
we get the time after which the maximum force occurs,
Tmax 6.7 s, and the gap size at this time, dmax 0.08 mm.
Finally, placing the same values into Eq. (10) gives us the
time after which the suction force decays, Tdecay 521 s, and
the corresponding gap size, ddecay 6.2 mm.
The presented results of the study can make a basis for
developing a programme of laboratory experiments, while
practical applicability of the proposed method consists in fact
that the above calculations can be performed using a simple
calculator.
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ABSTRACT

This paper presents the main technical characteristics and working performances of coastal maritime surveillance
radars, such as low-power High-Frequency Surface Wave Radars (HFSWR) and Over the Horizon Radars (OTHR).
These radars have demonstrated to be a cost-effective long-range early-warning sensor for ship detection and tracking
in coastal waters, sea channels and passages. In this work, multi-target tracking and data fusion techniques are applied
to live-recorded data from a network of oceanographic HFSWR stations installed in Jindalee Operational Radar
Network (JORN), Wellen Radar (WERA) in Ligurian Sea (Mediterranean Sea), CODAR Ocean Sebsorsin and in the
German Bight (North Sea). The coastal Imaging Sciences Research (ISR) HFSWR system, Multi-static ISR HF Radar,
Ship Classification using Multi-Frequency HF Radar, Coastal HF radar surveillance of pirate boats and Different
projects of coastal HF radars for vessels detecting are described.
Ship reports from the Automatic Identification System (AIS), recorded from both coastal and satellite Land Earth
Stations (LES) are exploited as ground truth information and a methodology is applied to classify the fused tracks and
to estimate system performances. Experimental results for all above solutions are presented and discussed, together
with an outline for future integration and infrastructures.

Keywords: HFSWR, OTHR, JORN, WERA, ISR, AIS, LES, LPA, LRA, DOA, DDC, PCI, RCS

INTRODUCTION
Over the years there have been many systems developed
to serve coastal HF maritime surveillance radars, but more
known are HFSWR and OTHR. They use the frequency band
of 3-30 MHz to provide a large coverage that could extend up
to 200 NM in range. Thus, the primary benefits of the HF-band
for coastal radars are over the horizon capability, sky-wave
and groundwave propagation modes, which simplified signal
generation and processing requirements. Traditional system
design for coastal surveillance radars includes large bistatic
HF transmit and receive arrays with a substantial geographic
footprint since a wide aperture array is used to provide the

needed resolution for detecting surface targets while reducing
clutter. Although proven to be effective, the infrastructure
requirements of these systems generally render them large,
quite costly and not environmentally friendly and immobile,
creating major limitations for wide deployment. However,
the increased emphasis on homeland security applications
such as maritime surveillance for enhanced safety at sea,
national security and enforcement continues to drive the
need for efficient mobile and low-cost HFSWR and OTHR
systems. In order to meet the demands of homeland security
applications while keeping the costs, environmental impact
and infrastructure requirements at a minimum, novel
integrated HF radar system designs are required.
POLISH MARITIME RESEARCH, No 3/2019

153

COASTAL ISR HFSWR SYSTEM
The costal HFSWR and OTHR radars are a highly costeffective remote sensing technology for measuring waves,
swell direction and for monitoring the movements and
detecting of ships and aircraft at over the horizon ranges
including pirate boats. The US Imaging Sciences Research
(ISR) company is currently developing a low cost, compact
HF Phase Array Radar to measure directional wave spectra
along a single radial line offshore, without requiring beam
steering. The project of ISR is being funded for this work as
a Bureau of Ocean Energy Management by NOAA National
Oceanographic Partnership Program (NOPP) participant.
However, a bistatic HF radar has been developed for
application to ocean current mapping and especially for ship
vector tracking. The radar can operate in a multi-frequency
mode, so that it can map ocean current vertical shear and
can provide more robust ship tracks than single frequency
HF radars. This tracking robustness is achieved by avoiding
target fading due to echo nulls from frequency and azimuth
variations in ship radar cross-section that occur using a single
radar frequency. The radar is fully digital in frequency
generation and reception and has no RF receiver components
because the received antenna signals are digitized at the HF
frequency directly. The system uses Analogue-to-Digital
(A/D) conversion rates sufficiently high to maintain the 2 to 1
frequency ratio required for the highest radar frequency of
interest to avoid frequency aliasing.
The newly developed radar acquisition code provides realtime range compression so that data files that are stored in
the processor are In-phase and Quadrature (I/Q) samples,
at a much less dense rate than the original digitized signal
time series. Thus, the bistatic capability is based on accurate
system timing and radar frequency. These are provided at
each of two or more radar sites by rubidium clocks and
GPS timing, accurate for the first pulse to 50-ns to initiate
data acquisition in the bistatic mode. Once acquisition is
initiated, the rubidium clocks at each site maintain much
more accurate frequency and time stability to allow Doppler
velocity measurements accurate to 2 μHz at 25 MHz operating
frequency.

Fig. 1. System Layout of Typical Bistatic Two-site HF Radar – Courtesy
of Manual: by ISR [1]
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The primary site requires an 8 or 16-element receives array,
and both primary and satellite bistatic-illuminator sites have
a modest 2 or 4-element monopole transmit antenna pair.
This bistatic approach reduces the coastal space requirements
because of the need for just one receive-antenna array per
radar system.
These systems can be operated with a pair of bistatic
transmitters, either side of the receive site, to expand the
spatial coverage. Using such an approach, these units could
be staggered to create a system of few radars, providing
continuous coverage along a coastline, alternating transmit
and receive sites. This type of arrangement could be used to
provide robust ship tracking along a country’s coastline, and
a modest estimate of type and tonnage of all vessel traffic
based on target echo strength. Due to its digital approach,
the cost of these radars is substantially lower than that of
existing single coastal HF radars, none of which have multifrequency capability [1, 2, 3, 4].

MULTI-STATIC ISR HF RADAR
The ISR Company has developed a bistatic HF radar
for robust ship tracking in coastal seas and ocean current
mapping based on purely digital receiver and transmission
technology. The bistatic capability represents an upgrade
from the previous system, requires use of accurate system
clocks and absolute time referencing in order to operate
in a bistatic mode. These are provided by GPS timing and
rubidium clocks. Initially, the system was comprehensively
tested in the VHF-band and some of those results are
presented here. The VHF-band allows for shorter range and
wider bandwidth usage than can be achieved at HF frequency.
The technology transfers directly to HF frequencies, with
slower A/D conversion rates required due to lower radar
frequencies and corresponding lower Nyquist frequencies,
named after engineer Harry Nyquist, as ½ of the sampling
rate of a discrete signal processing system.
A layout of the bistatic radar is shown in Figure 1 for
a 2-site system, with the master site on the left and a bistatic
transmitter shown on the right. The heart of the radar is the
Octopus transceiver card, which has both a programmable
pulsing capability and 8-receive channels per card. For
a 16-element array, a second Octopus Receiver card provides
eight additional channels of receives capability. At the bistatic
transmit-only site, an Exciter card is used to generate the
pulsed waveforms.
Typically, the radar is operated with up to a 20% duty
cycle pulse compressed waveform, fully programmable by
the operator. For long-range operation, for example, a 100 μs
pulse is transmitted (forcing a 15 Km blind area around the
area), which is compressed to 10 μs, achieving a 20 dB pulse
compression gain. Thus, this allows a 250 W peak power
pulse to be compressed to the equivalent of a 5 KW pulse
using frequency-modulated pulse waveforms.
The receive array at the master site receives both monostatic
echoes from pulses transmitted at the master site, as well

as bistatic echoes from pulses transmitted at the slave site.
The pulses can either be interleaved on ping-pong like time
sequence or can be transmitted simultaneously at two different
radar frequencies with non-overlapping frequency content.

directional wave spectra. For this latter application, long
arrays of between 8 and 32 elements, in groups of 8, can be
built using an Octopus transceiver, supported by up to three
OctRec cards, all of which are time-locked to the master clock
on the Octopus card.
COMPONENTS OF HF RADAR

Fig. 2. Multi-Frequency Radar Transmit LPA and Receive LRA –
Courtesy of Paper: by Trizna [5]

Additionally, one array could use orthogonal phase
modulated waveforms simultaneously for optimal use of
frequency-time bandwidth. In the case of multi-frequency
operation, more complicated antennas at both, transmit and
receive end, which must be used to accommodate the desired
bandwidth. It is developing a low-cost single-frequency system
that will use off the shelf antenna components to minimize cost
and space requirements. A multi-frequency system covering
the full 3-30 MHz HF band requires wideband antennas
and switchable narrowband filters to assure good signal
to noise ratios for reliable ship tracking. The long-periodic
array is most suitable for such a wide operating bandwidth.
Operation over a smaller fraction of the HF band, as might
be required for long-range application in order to minimize
radar propagation losses in the surface wave mode, might,
for example, require only a 3-10 MHz bandwidth. One can
achieve this by using transmit antennas in a short two or four
element transmit array, with trap antennas or multi-mode
elements with several resonances that have low reflection and
good standing wave ratios at several frequencies in the desired
band. For receiving antennas for multi-frequency radar, loop
antennas provide good bandwidth and some directivity to
minimize reception of the transmitted pulse.
A new transmit radar antenna was designed for broadband
operation over the entire 3-30 MHz band, a modified Log
Periodic Antenna (LPA), many of which are shown in
Figure 2. However, more compact designs are feasible for
operation at pre-specified selected frequencies of four or eight
in number, e.g. for operational current shear maps. The LPA
antenna provides full tunability to any frequency in the HF
band and is suggested for target classification applications,
such as small and large ships or current shear experiments.
The receive Loop Receive Array (LRA) antenna is based on
a loop design, three of which are shown in Figure 2. The ISR
internal broad preamplifiers provide impedance matching to
the loop over the 3-30 MHz filtered output. These elements
can be arranged for Direction-of-Arrival (DOA) processing.
A small 4-element loop array requires less space than long
linear arrays, and is useful for current mapping and ship
classification, but could not be used for measurement of

The DOA processing is
a monostatic model, which
typically has 4-elements designed
for space-limited applications where
large receive arrays could not be
deployed. This system contains
transmit antenna 4-element
monopole array with sidelobe control and landward null,
receive antenna beamforming array of 4-elements, receive
element single-frequency system (resonant monopole),
radar receiver Quadrapus, radar Pre-Amplifier Filter (PAF)
box with 4-channel pre-amplifier (configurable with up
to 8 narrowband or broadband filters for each channel if
multi-frequency option is desired), multi-frequency option
wideband transmit antenna and loop receive antennas for
3-30 MHz range.
The Phased Array of Multi-static HF Radar contains
transmit antenna 2-element monopole array, receive antenna
beam formed by 8-elements array of, receive element with
single frequency system (reduced-size loop), radar receiver
Octopus and 8-channel radar PAF box.
Bistatic DOA model is a 2 or 3 site bistatic radar where all
signal reception and processing is done at the master site, with
remote sites used for transmission only. Unambiguous target
tracks and vector velocities are determined at the master site,
using echoes received, master monostatic transmission and
one or two bistatic signal echoes from the radar remote sites.
Control of the remote sites is achieved by radio networking
protocol and remote PC control. It contains transmit
antenna 4-element monopole array with sidelobe control
and landward null, receive antenna beamforming array of
4 elements, receive element single-frequency system (resonant
monopole), radar receiver ISR Quadrapus, 4–channel PAF
box with configurable up to 8 narrow bands or broadband
filters for each channel of multi-frequency option wideband
transmit antenna (loop receive antennas for 3-30 MHz range)
[2, 3, 4, 5].
NETWORKS OF HF RADAR
Each of the above models can be configured to operate
as part of a multi-static network of radars, as each card has
access to Universal Time (UT) on board using a GPS receiver
as part of the basic system. Both Differential GPS and RSAS
capabilities are available as added options, primarily for other
mobile radar applications. Under this networked approach,
each radar operates within its own time slot. Thus, a twosited phased array radar would operate using alternate pulse
time slots, so as to allow interleaved operation using the
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same radar frequency. Planned options include using such
a pair to receive each other bistatic signal echoes as well, thus
mixing monostatic and bistatic operations at both sites. This
is useful for target classification and current shear measure,
as is described elsewhere on these web sites:
https://tel.archives-ouvertes.fr/tel-01312183/document;
http://cdn.intechweb.org/pdfs/6891.pdf; http://www.imd.gov.
in/section/dwr/dynamic/radarfaq.pdf, etc.
Each model also can be configured with a multi-frequency
option, requiring loop receive and multi-frequency transmit
antenna or also as desired to be configured as a system to
additional requirements. The system also offers a Rubidium
clock option, which provides extremely low phase noise,
important for high dynamic range applications, such as sea
state monitoring using 2nd-order Doppler echoes or for target
(ship) detecting, classification and tracking.
TYPES OF HF RADAR TRANSCEIVERS
The Octopus transceiver card family presents a state of
the art digital radar capability that forms the basis of the
system. It utilizes the miniaturization of RF components in
the design of new radar capabilities and provides transmit and
receive capability on one PCI card. It offers programmable
pulse generation capability with 1 to 100 MHz bandwidth
programmability, and eight digital receiver channels using
8-bit A/D converters for the receiver section for the first step
of acquisition, followed by additional onboard processing that
increases the dynamic range of the recorded signal.
The single Octopus transceiver supports an 8-element
receive array and can be used with up to three additional
OctalRec receiver cards to increase the receive aperture to as
many as 32 elements. Receiver output data are two-byte words,
achieved by either repetitive pulse averaging or digital downconversion I/Q data generation. In the case of averaging,
up to 256 consecutive echoes can be averaged, providing
2-byte output real data. For Digital Down Converter (DDC)
processing, the gain is the ratio of 95 MHz divided by the
desired output rate (~ pulse bandwidth). For an 8-ms pulse,
125 KHz bandwidth, a gain of 95/.125=760 is achieved, with
I/Q pairs generated and stored at 4-bytes output format.
On-board averaging is also available to more fully utilize the
4-byte output word size.
The waveform generation capability ranges from a few KHz
to 100 MHz, with user-defined programmable pulse envelope
control, in addition to ISR provided cosine-squared, square
wave, and triangle envelopes. The signals are generated using
Direct Digital Synthesizer chips with a square waveform,
fed to a mixer with a user-defined pulse envelope, resulting
in a pulse waveform with RF spectrum characteristics that
will satisfy HF-band requirements. Software graphical-userinterface is provided that allows the user to program the
transceiver according to the desired specifications for the
application at hand, stores the parameter file for future use,
and then executes the acquisition.
The program can be run on a periodic basis using a task
scheduler for continuous data collection. The Octopus card
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currently operates under Microsoft Windows and Linux
platforms and the Octopus transceiver fits in standard
full-sized Peripheral Component Interconnect (PCI) slot
(full height and length card) utilizing components of PLX
Technology with a PCI9054 chip to communicate with the
PCI bus. The Quadrapus transceiver is 4-channel version
of the Octopus, designed for use with DOA Radar or four
(fewer) receive antennas with other identical characteristics
to the Octopus.
The OctRec receiver card is basically the same design as the
Octopus transmitter, but without the transmitter capability.
It is designed for use in larger phased array radars with 16 to
32 elements. One or more OctRec receiver cards are then used
in tandem with an Octopus transceiver, which generates master
A/D timing for the OctalRec cards. In the future, it will offer
other passive sensing systems based on the OctalRec digital
receiver. In such a way, the QuadRec receiver card is basically
a Quadrapus card without the transmitter capabilities [2, 3, 4, 6].

SHIP CLASSIFICATION USING MULTIFREQUENCY HF RADAR
The ability to operate multi-frequency HF radar allows
one to classify ships and small boats. One makes use of the
radar frequency dependence of the echo strength or Radar
Cross Section (RCS) of individual ships. This occurs because
for vertical polarization at HF frequencies, the echo strength
is typically dominated by vertical structures of the order of
a quarter radar wavelength, such as masts, antennas and
stowed fishing lines, so in the case of large ships, the bow
and stern vertical rise from the water. Use of the 3-30 MHz
range encompasses quarter wavelength ranges between 2.5 to
25 meters in height.

Fig. 3. Radar Measurements of Small Boats – Courtesy of Paper: by Trizna [7]

The additional use of bistatic illumination, where a second
(or more) transmitter is placed a few tens of miles from the
receiver site, either on land or on an offshore platform and ship
at sea, adds an additional dimension to the RCS dependence.
When two or more vertical structures are illuminated using
a bistatic geometry, they can produce RCS maxima and

minima that vary with bistatic aspect angle, as well as ship
aspect or heading, relative to the receive site. The first figure
below shows the radar cross-section frequency dependence
of an ungrounded vertical mast 7.5 meters high. The shape
of the region around the maximum is based on a mast width
of about 10-cm and will narrow/broaden with smaller/larger
diameter masts. The solid line intersecting the Y-axis at
~37 dBm2 represents the locus along which this curve is
slid for taller or shorter masts of the one-quarter length of
the radar wavelength. More than one mast, or a tall radio
antenna and a mast, can be considered as a pair of monopoles
of corresponding lengths, and the RCS of the combination
is a function of their spacing and aspect relative to the radar
transmitter and receiver. Radar Measurements are done using
the radar cross-section for a small boat, illustrated in Figure 3
and is seen to be well represented by a monopole resonant at
16.6 meters length, plus some additional monopole elements
that are responsible for the other peaks.
Radar Modeling is a design in which two masts resonant at
8 and 12 MHz, separated by 7.5 meters were used to calculate
the RCS as a function of bistatic angle for a second transmitter.
The ships heading is toward the receive antenna. The effects
of the changing illumination angle for coherent addition of
the scatter from the two monopoles is rather complex, but
can be used to classify targets using such models [2, 3, 4, 7].

COASTAL HF RADAR SURVEILLANCE
OF PIRATE BOATS
The deployment of a network of HFSWR systems is
a complex task with many factors to be considered, particularly
when the radars are expected to perform multiple roles.
Failure to treat the sitting problem with appropriate care could
seriously degrade performance in one or more radar missions.
Here is described a practical technique for HFSWR network
design, based to the multi-objective optimization, which has
to demonstrate its efficacy in the context of a hypothetical
two-radar system deployed in the Strait of Malacca and off
Somalia Coast, a major waterway along which many critical
surveillance requirements for tracking of pirate boats have
been identified. The results confirm that quite disparate
criteria can be taken into account with this research approach
and that this methodology can be extended to higher and
successful dimensions.
SYSTEM ARCHITECTURE FOR ANTI PIRACY MISSION
IN STRAIT OF MALACCA
The HFSWR surveillance network is a highly cost-effective
remote sensing technology for measuring waves and currents
including monitoring the movements of ships and aircraft, at
over-the-horizon ranges. To place this in a specific context,
the nominal performance of two representative HFSWR
systems, such as the Low-Cost Civilian Radar and a more
sophisticated Military Radar are summarized in Table 1.

Fig. 4. Radar HF Surveillance and Remote Sensing of Pirate Ships – Courtesy
of Paper: by Anderson [8]
Tab. 1. Performances of Civilian and Military Systems

In the above table, normal performance of representative
HFSWR systems against generic mission is presented. It
is noted that coverage and accuracy are dependent on sea
conditions, target behaviour and other factors, consideration
that is indicated here by citing the range within, in which
each parameter usually lays. Figure 4 is shown the primary
shipping channel in the Strait of Malacca covered by the
HFSWR system, along with the locations of the main fishing
zones and the areas with the highest incidence of piracy. To
provide prospective coverage, the HFSWR system is deployed
at a coastal radar located in George Town on Pulau Pinang
Island in the Strait of Malacca. No other sensor possesses the
same combination of over-the-horizon radar coverage, daynight operation with ability to detect non-cooperating targets,
remote sensing of sea conditions, ships and low cost per unit
area under surveillance. While some HFSWR systems have
been deployed with a single mission in mind, it is increasingly
recognized that the versatility of this technology supports
a variety of applications.
For instance, one might wish to detect and track shipping
and pirate boats in the Strait of Malacca but also to measure
surface currents so that risks of collision or grounding can
be minimized and any transport of pollution predicted. The
most important task of anti-piracy mission in the future will
be to prevent the piracy activities by deploying additional
HFSWR systems in Strait of Malacca and insure more
security and safety of ships and crews onboard. Accordingly,
one must resort to numerical optimization techniques in
a multidimensional parameter space if one is to deploy a radar
to best advantage. Moreover, a single surveillance radar can
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measure only one component of the instantaneous velocity
vector of a moving target. At this point, for detecting and
tracking of ships and aircraft, observing target motion over
time removes this limitation and the full velocity vector can
be estimated

Fig. 5. Reported Piracy Incidents at Somalia Coast and the Gulf of Aden –
Courtesy of Booklet: by OCIMF [9]

DEPLOYMENT OF HFSWR FOR ANTI PIRACY MISSION
OF THE SOMALI AND ADEN COASTS
The navigational dangers of collision and grounding of
ships in the area of Somalia and the Gulf of Aden are serious
problems for a long time. Armed attacks on merchant vessels
transiting this area have increased in frequency over the past
years. In fact, there were 140 approaches and at least 39 vessels
actually detained by pirates in 2008 by source of The UK
Maritime Trade Operations (UKMTO). Such acts have usually
been conducted with the use or threat of violence, which can
be particularly traumatic for those directly involved, as well
as their families.
The Oil Companies International Marine Forum (OCIMF)
is a voluntary association of oil companies having an interest
in the shipment and terminalling of crude oil and oil
products, which mission is to organize with its membership
on matters relating to the safe shipment of crude oil and
oil products, including marine pollution and safety. The
Terminal Operators (SIGTTO) have an initiative with the
aim of providing practical information to assist seafarers
faced with potential or actual acts of piracy operating in the
waters of Somalia and Aden.
Figure 5 (Left) shows s diagram of area to the South of
the Horn of Africa, which is associated with Somali piracy in
2008 with events of 9 attacks on merchant’s vessels, of which
8 were fired at and 10 merchant vessels hijacked.
Figure 5 (Right) shows a diagram in the area Gulf of Aden
with the total number of reported 92 incidents by pirate boats.
During 2008 in this area pirates organized 60 attacks on
merchant’s vessels, 31 vessels were fired at and 32 merchant
vessels hijacked.
This High-Risk Area covers the ocean waters where attacks
were frequent during past years, so to prevent actions of
pirates in this area a minimum of two HFSWR installations
have to be deployed, one at Somalian coast and another in
the Gulf of Aden [2, 3, 4, 8].
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COASTAL HF JINDALEE OPERATIONAL
RADAR NETWORK (JORN)
Jindalee was the first such project taken up in the 1960s as
a bistatic OTHR system controlled from the Jindalee Facility
at Alice Spring (JFAS) in central Australia, where two separate
transmitter and receiver sites were deployed. The main OTHR
transmitter was located at Harts Range and the receiver was
located at Mount Everard. However, the other radar system is
an ionospheric sounder known as the Frequency Management
System (FMS).
The JORN HF Radar is the OTHR network that can
monitor mobile movements at sea and in the air across
37,000 Km2 and it has an official range of 3,000 Km. It is used
in the defence of Australia and can also monitor maritime
operations, wave heights and wind directions. On 2 April
2003, Jindalee was joined with two other OTHR systems
and formed what is today known as JORN system. These
three radars are dispersed across Australia, at Longreach
in Queensland, Laverton in Western Australia and Alice
Springs in the Northern Territory, to provide surveillance
coverage of Australia’s Northern approaches, as shown in
Figure 6 (A). This figure depicts the locations of the three
OTHR systems and the JCC, and highlights the coverage of
all three surveillance radars. The Alice Springs and Longreach
radars cover an arc of 90° each, whereas the Laverton OTHR
coverage area extends through 180°.

Fig. 6. Coverage Areas and Receiving Antenna of JORN – Courtesy of Paper:
by Air Force/Saun [10/11]

Radar data from these three sensors is conveyed to the
JORN Coordination Centre (JCC) within the Air Force’s
No 1 Radar Surveillance Unit (1RSU) at Royal Australian Air
Force’s (RAAF) Base Edinburgh in South Australia. The 1RSU
site is tasked by higher headquarters to operate the JORN
capability on a daily basis.
The OTHR systems operate on the Doppler principle,
where an object can be detected if its motion toward or
away from the radar is different from the movement of its
surroundings. They are typically made up of a very large
fixed transmitter and receiver antennas called arrays, which
receiving antenna is illustrated in Figure 6 (B). The location
and orientation of these arrays determine the lateral limits
or arc of radar’s coverage. The extent of OTHR coverage in
range within this arc is variable and principally dependent
on the state of the ionosphere. The OTHR systems do not

continually “sweep” an area like conventional radars but
rather “dwell” by focusing the radar’s energy on a particular
area, referred to as a “tile” within the total area of coverage.
The transmitted HF energy can be electronically steered to
illuminate other “tiles” within the OTHR networks coverage
as required to satisfy operational tasking or in response to
intelligence inquire. A disadvantage of this system is that
it can detect metal vessels, while it is improbable that an
OTHR will detect wooden boats. In such a way, the JORN
system cannot be used for tracking small wooden boats of
pirates [3, 10, 11].
The combination of these three systems, JORN, can detect
all sea and air Doppler moving targets in the area between
1,000 and 3,000 Km North of the radar sites. It is also the key
component of the sea-air gap surveillance system in Australia
by ensuring a surveillance area with an arc of almost 180°
wide and out to 2,000 Km from the Australian coastline. The
detailed characteristics of JORN transmit antenna can be
found in Figures 7 (A), which shows the transmission antenna
array of JORN near Longreach, in Queensland. Figure 7 (B)
demonstrates an interior view of the JORN Co-ordination
centre at RAAF Edinburgh, South Australia.
All radar surveillance systems normally have a problem
with the bend of the Earth surface. The maximum range of
the detecting radars is limited by the radio horizon, which
is slightly far away than the optical horizon. The early HF
communication systems have made use of ionospheric
refraction to obtain spectacularly long ranges for most of
the twentieth century.

in the early 1960s. Figure 8 presents the key JORN operating
principles to transmit signals on HF frequency via ionosphere
towards radar coverage and to receive reflected signals. The
ionosphere is the upper part of the atmosphere extending
from 75 to 450 Km above the Earth’s surface that consists of
particles that have been ionized by solar radiation emitted by
the Sun. Thus, the state of the ionosphere depends on the level
of solar activity. Other more localized phenomena also affect
the stability and/or structure of the ionosphere, which are
a combination of these phenomena and solar events, which
determines the quality of ionosphere support for HFSWR or
OTHR operations [3, 10, 12].
Therefore, the ability of JORN remote sensing HF radar
is to see beyond the horizon with a range that dwarfed
conventional radar made it an invaluable tool for detecting
seagoing ships. The HF Radar is able to send signals via
ionosphere towards its radar footprint or to potential radar
coverage and receive reflected signals from targets at footprint
and from ionosphere.
Figure 9 illustrates a diagram of the International Amateur
Radio Union (IARU) that Transmit Site sends the HF signal
to the ionosphere and after reflected signal from ionosphere
goes to the targets, such as ships and aircraft. In the opposite
direction, HF radar detects signals in Receive Site reflected
from both targets via ionosphere, which finally have to be
processed in Control Site [13].

Fig. 7. JORN Transmit Antenna and Coordination Centre – Courtesy of Thesis:
by Liu [12]
Fig. 9. Transceiver/Control Sites of HF Radar – Courtesy of Paper: by Hadel [13]

Fig. 8. Key JORN Operating Principles – Courtesy of Paper: by JORN [10]

The idea of actually radiating via the ionosphere and
detecting the backscatter returning by the same path did
not seem credible until coherent processing became practical

Fig. 10. Wellen Radar in Ligurian Sea – Courtesy of Paper: by Schlick [14]
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DIFFERENT PROJECTS OF COASTAL
HF RADARS FOR VESSELS DETECTING
The HF surface wave radars have been identified to be
a gap-filling technology for maritime domain awareness as
a key factor in coastal activities for detecting and tracking
of vessels in deep-sea and coastal navigation, for enhanced
safety and security, improved national security (terrorism,
drug smuggling, etc.) and environmental sea protection
(marine protected areas, fishery monitoring and regulation,
oil spills, etc.). Therefore, the HF surveillance radar is a strong
candidate to become a component of any large sea area for
vessel-monitoring network. This research realized several
design options for an HF radar and ship monitoring system,
such as multiple or single frequency, multiple or single sites
or method of target bearing determination, such as Multiple
Signal Classification (MUSIC) or real aperture antenna. It
also presents a model of the SNR for ship detecting by HF
radar and as well as observational examples of ship detecting
with single and multifrequency HF radars. Finally, it suggests
future experiments about tracking of pirate ships and draws
conclusions. The further discussion has to estimate the
primary metrics for assessing performance for ship tracking
radars with Probabilities of detecting (Pd) and false alarm
(Pfa) including their variation with parameters such as range,
azimuth and frequency, and number of observing modes.
There are many different projects of Coastal HF Radars
for detecting and tracking seagoing ships, but here will be
introduced the network coverages of the German Wellen
Radar (WERA) and the US SeaSonde.
1. WERA HF Radar – This type of HF coastal surveillance
radar was employed in May 2009 in an international
project known as “NURC BP09 Experiment” by the NATO
Research Centre (NURC) of La Spezia, Italy, Department
of Information Engineering, University of Pisa, Italy and
Institute of Oceanography, University of Hamburg, Germany.
The NURC effective maritime situational awareness project
deployed a Maritime Surveillance System (MSS) that includes
vessel ground truth and contact simulation, sensor processing,
data fusion, anomaly detecting, sensor management and
performance evaluation. Two WERA systems operating
at 12.5 MHz have been installed at the Italian coast for
experimental and evaluation purpose.
Figure 10 illustrates a map depicting the HF setup in the
Ligurian Sea near La Spezia town in Italy. The red dot shows
the location of a Meteo and a wave rider buoy, which were
deployed for validation purposes. The Ligurian Sea setup is
depicted showing the overlap area in which the current and
wave retrieval is performed as well as the range.
The WERA HF radar system transmits an average power of
30 W but it achieves detecting ranges up to 200 Km, which are
far beyond the conventional microwave radar coverage. Due
to external noise, radio frequency interference and different
kinds of clutter, special techniques of target detecting such
as ships using the WERA system have to be applied. For
a 12-hour period, HF radar data have been recorded and
processed. The target locations detected by the HF radar using
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the proposed adaptive technique are passed to a tracking
filter to track the ship position. In order to estimate the
performance of the radar detecting and tracking techniques,
these ship locations are compared with the ship positions
recorded by the VHF AIS.

Fig. 11. SeaSonde Radial Coverage Map – Courtesy of Paper: by Glen [15]

The WERA surveillance network was developed at the
German University of Hamburg in 1996 to allow a wide
range of working frequencies, spatial resolution and antenna
configurations in order to operate as low power oceanographic
radar providing simultaneous wide-area measurements of
surface currents, ocean waves, wind parameters and detecting
of ships. This HF Radar system is based on a modular design
that can be easily adapted to the requirements of an actual
application.
2. SeaSonde HF Radar – Present SeaSonde HF radars have
been designed to map surface currents, but are able to track
surface vessels in a dual-use mode. The US Rutgers University
in New Jersey and CODAR Ocean Sensors from Mountain
in California, have collaborated on the development of vessel
detecting and tracking capabilities from the compact HF
radars, demonstrating that ships can be detected and tracked
by multistatic HF radar in a multiship environment while
simultaneously mapping ocean currents.
Furthermore, the same vessel is seen simultaneously by the
radar-based on different processing parameters, mitigating
the need to preselect a fixed set and thereby improving
detecting performance. The radar was deployed in Sea Bright,
New Jersey, 40 Km south of the Battery in New York City.
It was direction-finding type radar, SeaSonde Remote Unit
code SSRS-100, manufactured by CODAR Ocean Sensors and
was installed in October 2008. The radar’s primary function
was the measurement of surface currents, which are provided
in real-time to the NOAA National HF Radar Network. The
radar also has the dual-use capability to detect the location
of ships at sea.
Figure 11 illustrates the spatial and temporal radial vector
coverage for ocean currents of the radar over a 1-week period,

which coincided with the ship detecting exercise. The radial
coverage map is presented in the area of the SeaSonde at
Sea Bright, New Jersey, over a 1-week period. The color map
illustrates the temporal coverage along the radial grid (black
= 75%, red = 50% and pink = 25%). The radar collected range
data, which are a time series of the complex echo signal
voltages before Doppler processing. These range files are
the result of the first Fast Fourier Transform (FFT) of the
frequency-modulated continuous-wave received signal.
The range data were collected using an FFT length of
512 points. With a 2-Hz sweep of the radar, each range file
encompasses 256 sec of coherent integration time. There
were a total of 15 range files over the hour-long period.
However, the time on the computer and all the subsequent
files it generates are synchronized to atomic time via GPS
by the Macintosh operating system. The SeaSonde HF radar
consists of a compact receive antenna with three elements,
such as two-directional crossed loops and an omnidirectional
monopole, a monopole transmit antenna and hardware
housed within a climate-controlled enclosure. The radar
transmits a radio wave with a centre frequency of 13.46 MHz
and a bandwidth of 50 kHz. The bandwidth of the radar sets
the spatial range resolution of the system, which was about
3 Km for this particular bandwidth. Separate transmit and
receive radar antennas were used for this study spaced at
least one a wavelength apart, which is approximately 23 m
at the 13 MHz radio band. A ship with a vertical structure
of a quarter wavelength (6 m) is the minimum-sized optimal
reflector [3, 4, 14, 15].

Figure 12. Setup of the HFSW radars in the German Bight and AIS Ship
Routes – Courtesy of Paper: by Grasso [16]

3. German Bight HF Radar – In the context of ships
surveillance, a cost-effective long-range early-warning
sensor for ship detection and tracking, which provide data
fusion techniques to live-recorded data from a network
of oceanographic HFSW radars installed in the German
Bight (North Sea), shown in Figure 12 (Left), where Sylt
is green, Busum (red) and Wangerooge (magenta) are
demonstrated. This experimentation closely follows the
one conducted in the Ligurian Sea (Mediterranean Sea) by

NATO Science and Technology Organization (STO) Centre
for Maritime Research and Experimentation (CMRE) during
the Battlespace Preparation 2009 (BP09) campaign. In such
a way, ship reports from the AIS data, recorded from both
coastal and satellite-based stations are exploited as ground
truth information and a methodology is applied to classify
the fused tracks and to estimate system performances.
Figure 12 (Right) illustrates the AIS contacts recorded at
Busum and Wangerooge stations on 4th August 2013. A total
of 620 different AIS-carrying ships (grey) were recorded that
day, with 299 only in the fusion region (blue line perimeter).
In fact, this number is far greater than previous conducted,
and the performance assessment procedure requires that the
AIS reports are interpolated (black) on the radar timestamps
[2, 3, 16].

CONCLUSION
Modern radar systems design offers advanced features
such as automatic tracking of vessels in coastal waters and
geographical mapping. Geographical masks or areas can
be introduced to define forbidden zones, speed limit zones,
traffic separation zones etc. However, in order to detect and
track ocean-going ships and especially small vessels trying
to evade authorities, sophisticated methods of detection and
tracking are required. At this point, specialized software
algorithms are developed, which ensure successful tracking
even in extremely difficult weather and sea conditions have
to fulfil the following requirements:

–
–
–
–
–

High probability of detection and low false alarm rate;
Ability to discriminate between close targets;
Noise and clutter suppression processing techniques;
Stable tracking and rapid manoeuvre detection;
Analysis of target movements to identify suspicious
behaviour patterns; and
– The application of predefined alarms that respond to entry
into zones or in close proximity to other targets.
The coverage area of fixed coastal radar stations can be
quickly recognized and the illegal traffic can be directed
outside of the existing coverage areas. The radar coverage
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areas can be extended and continuously changed by use of
transportable radar stations. In this way, the detection zones
can be made unpredictable and hence their employment
increases the probability of preventing illegal activities. The
portable radar stations can be housed inside equipment
containers, which can be moved around by helicopter or
a lorry. If a more rapid deployment of radar stations is
required, the radar sensor can be housed inside a van. Thus, in
both cases the radar sensors are self-contained, having power
generators, air-conditioning and radio communications.
The International Ship and Port Facility Security (ISPS)
Code has been adopted and approved by the International
Maritime Organization (IMO) to address the threat to the
maritime industry posed by terrorism and other illegal
activities. The Code was approved in December 2002
and became a law on 1st July 2004. The implementation
of ISPS code calls for improved detection of small craft
in littoral waters. The use of radar sensors is a primary
tool in the detection of small unfriendly vessels. In most
cases the high quality radar data may be the only source
of information indicating the position and movements of
vessels posing security threats. Therefore, a careful choice
of radar parameters is very important for the detection and
discrimination of small targets.
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MODEL PREDICTIVE SUPER-TWISTING SLIDING MODE CONTROL
FOR AN AUTONOMOUS SURFACE VEHICLE
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ABSTRACT

This paper presents a new robust Model Predictive Control (MPC) algorithm for trajectory tracking of an Autonomous
Surface Vehicle (ASV) in presence of the time-varying external disturbances including winds, waves and ocean currents
as well as dynamical uncertainties. For fulfilling the robustness property, a sliding mode control-based procedure for
designing of MPC and a super-twisting term are adopted. The MPC algorithm has been known as an effective approach
for the implementation simplicity and its fast dynamic response. The proposed hybrid controller has been implemented
in MATLAB / Simulink environment. The results for the combined Model Predictive Super-Twisting Sliding Mode
Control (MP-STSMC) algorithm have shown that it significantly outperforms conventional MPC algorithm in terms
of the transient response, robustness and steady state response and presents an effective chattering attenuation in
comparison with the Super-Twisting Sliding Mode Control (STSMC) algorithm.

Keywords: utonomous Surface Vehicle, Model Predictive Control, Sliding Mode Control, Super-Twisting Algorithm, Chattering Attenuation

INTRODUCTION
Marine robots have been drastically improved during the
last decade until today. Their applications are very extensive,
ranging from inspection tasks to accomplishing complex
underwater explorations. Based on this, the maritime
robotic platforms can be grouped into underwater and
surface robots. As for the first group, we can refer to the
underwater manipulators, autonomous underwater vehicles
and autonomous underwater vehicle-manipulator systems.
For the second group, there are unmanned surface vehicles
and autonomous surface ships. Designing a high performance
control system for the robotic platforms is a paramount
challenge, particularly in case of Autonomous Surface Vehicle

(ASV). However, due to the high nonlinearity terms in ASV
dynamics and uncertainties resulting from inertia parameter
variation, a robust control algorithm should be adopted for
taking these uncertainties and external disturbances into
account. As to the literature about the marine robotic control
and navigation systems, some research works upon the
navigation area have been accomplished in [20-22]. Regarding
marine robotics control area, an optimal SMC was adopted in
which the adjustable parameters of the sliding mode controller
were estimated by using wavelet mutation [1]. In [2] a robust
strategy based on Time Delay Control (TDC) algorithm and
Terminal Sliding Mode (TSM) was designed to control an
Underwater Vehicle-Manipulator System (UVMS). In this
work TDC was regarded to enhance robustness feature and
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tracking accuracy. Also, the gains of SMC were adaptively
tuned by the fuzzy inference system. Concerning chattering
reduction of SMC algorithm, the authors of [3] presented
a new reaching mode including exponential function to
illuminate chattering frequencies. The robustness issue
of MPC has always been a challenge in designing robust
nonlinear model predictive controllers (NMPC). An NMPC
was used for an Unmanned Surface Vehicle (USV) in [4].
In this research a conventional MPC was used in which the
robustness however might be not guaranteed. Also, the sea
environmental disturbances have not been considered there.
In [5], a back-stepping control approach combined with sliding
mode control algorithm was designed to cover the trajectory
tracking problem of an under-actuated USV. An autonomous
robotic boat was presented in [6] and a nonlinear model
predictive control (NMPC) was adopted for its controller.
However, the uncertain nonlinearities, resulting from the
changes in inertia and drag matrices of the robotic boat,
were not taken into account there. Another weakness of the
work in question was neglecting the influences due to winds,
waves and ocean current disturbances. Two kinds of MPC
controllers, including NMPC ,were proposed in [7], which
solved a constrained multi-variable nonlinear programming
problem and Linearized MPC (LMPC), designed to solve
a constrained quadratic programming problem by means
of on-line iterative optimization. However, again the
environmental disturbances (winds, waves and currents)
were not taken into account. In [8], a nonlinear disturbance
observer was designed to estimate unknown parameters
and external disturbances. However, this observer was able
to estimate only constant disturbances. A control law for
path tracking of marine vessel was adopted in [9], where
a singular perturbation method was used to decompose the
system into two Lyapunov theory based control subsystems.
Some research projects concerning adopting the higher order
sliding mode algorithms such as super-twisting for control of
the maritime autonomous robots, were carried out in [10,11].
In [12] there were presented two control algorithms for the
trajectory tracking of an autonomous marine platform, in
which the input constraints and disturbances induced by
constant ocean currents were regarded. In this research the
first approach was based on a Lyapunov design strategy, while
the second was developed by adopting a MPC algorithm. For
tuning of gains in a PID controller, in [13] a self-regulator PID
was designed in which coefficients have been regulated by the
fuzzy rules. A robust multi-loop control scheme including
Integral Sliding Mode (ISM) loop and MPC loop has been
presented in [16] where the ISM role is to reject uncertain
terms due to unknown dynamics. In [17], a novel perturbation
compensating algorithm was proposed to reach the more
accurate path tracking in the presence of environmental
disturbances, which finally led to a robust MPC. As to
other kinds of nonlinear control of marine vehicles, some
approaches based on back-stepping algorithm have been
implemented in [18,19].
In this research, the proposed control law is designed based
on the sliding mode function, model predictive control and
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super-twisting concepts. The motivation is to reach the ability
to explicitly deal with state and input constraints as well as
fast dynamic response from MPC and the good robustness
attributes from SMC and super-twisting, particularly in
presence of severe external disturbance. However, we have
to face two challenges with adopting the MPC for trajectory
tracking goals. The first one is obtaining an acceptable
robustness of MPC and the second – avoiding large overshoot
caused by fast settling time. Hence, we design an improved
MPC based on the sliding function and add a super-twisting
part to the control law in order to manage the aforementioned
problems.
The rest of this paper is organized as follows. In the next
section an ASV dynamical model associated with all of
the time-varying external disturbances and uncertainties
is described. The third section is dedicated to explain the
proposed approach of model predictive super-twisting sliding
mode control. In the fourth section the computer simulation
results and their mutual comparison are shown to confirm
a high performance of the proposed control. Discussion of
the simulation results is provided in the fifth section and the
conclusion is finally given in the sixth section.

AUTONOMOUS SURFACE VEHICLE
The nonlinear dynamics of ASV can be described in the
form of 3- DOF motion as follows

൜

ɋሶ  ሺɋሻɋ  ሺɋሻɋ ൌ ɒୡ   ሺɗሻȞ
Ʉሶ ൌ ሺɗሻɋ

(1)

where velocity and position vectors are defined as
ɋ ൌ ሾǡ ǡ ሿ and Ʉ ൌ ሾǡ ǡ ɗሿ , respectively. The coordinate
frames regarding surge, sway and yaw motions are shown
in Fig. 1. In the aforementioned equation, the rotation
ሺɗሻ െሺɗሻ Ͳ
matrix ሺɗሻ ൌ  ሺɗሻ
ሺɗሻ Ͳ൩ is used to transfer
Ͳ
Ͳ
ͳ
coordinates from the Body-Fixed Frame (BFF) to the EarthFixed Frame (EFF).

Fig. 1. The earth-ﬁxed frame and body-ﬁxed frame [14]

For presenting the Eq. (1) in a standard form based on
position vector, we can rewrite it using the property of the
rotation matrix Ʉሶ ൌ ሺɗሻɋ as follows :

ߪሺݐሻ ൌ ݁ሶ  ߣ݁

ሺɄሻɄሷ  ሺɄǡ Ʉሶ ሻɄሶ  ሺɄǡ Ʉሶ ሻɄሶ ൌ ɒୡ  ɒୢ

ߪሶ ሺݐሻ ൌ ݁ሷ  ߣ݁ሶ

(2)

(6)

(7)

where, all the related components of each matrix in the equation
(2) were presented by analogy with the dynamics of robotic
manipulators [23]. ɒୡ ൌ ሾɒ୶ ǡ ɒ୷ ǡ ɒ ሿ and ɒୢ ൌ  ሺɗሻȞ
and are control inputs and external disturbances, respectively.
These time-varying external disturbances are induced by the
winds, waves and ocean currents, which are expressed by the
vector of Ȟ ൌ ሾȞ୳ ǡ Ȟ୴ ǡ Ȟ୰ ሿ. The disturbances are considered for
applying to the ASV with 3 DOFs, in which their respective
vectors can be modeled as follows [15]

where ߟ and ߟௗ and are actual and desired output states.
Let us consider the predicted sliding surface approximately
as follows

ࢣ௨ ൌ ͲǤͳ ݒଷ  ͲǤͲ ݑ ͲǤͲͳሺݐሻ
ቐࢣ௩ ൌ  ݎݑ ͲǤͳ ݑ ͲǤͲͳ ሺݐሻ
ࢣ ൌ ͲǤͶ ݎݑ  ݒଶ  ͲǤͲͳ ሺݐሻ

ߪሺ ݐ ݐ ሻ ൌ ܶሺݐ ሻܳሺݐሻ

ଵଵ
 ൌ ଶଵ
ଷଵ

ଵଶ
ଶଶ
ଷଶ

ߪሺ ݐ ݐ ሻ ൌ ߪሺݐሻ  ݐ ߪሶ ሺݐሻ

ߪ
We can adopt a state vector of sliding surface as ܳሺݐሻ ൌ ቂߪሶ ቃ
and express the prediction model of sliding surface as follows:

ݐ ܫ כ ሿ and ܫ is an identity matrix.

where, ܶሺݐ ሻ ൌ ሾܫ

are constant inertia matrix, time-varying inertia matrix, timevarying Coriolis matrix and time-varying hydrodynamic
damping matrix including both linear and nonlinear parts,
respectively [23]. Indeed, with taking into account the
nonlinear damping parts, the matrix ሺɄሻ is changed to the
form ሺɄǡ Ʉሶ ሻ and nonlinear coefficients (୧୨ ሻ are dependent
on velocity vector Ʉሶ ൌ ሺɗሻɋ.

The cost function based on the predicted sliding surface
is presented upon the future horizon as
்

௧

ଵ

 ܬൌ  ൫ߪሺ ݐ ݐ ሻ൯ ൫ߪሺ ݐ ݐ ሻ൯݀ݐ
ଶ

(10)

An acceptable accuracy for the MPC algorithm can be
achieved by tuning ݐௗ . By the prediction model of sliding
surface (9), the J can be rewritten as follows :
ଵ

௧

 ܬൌ  ሺߪሺ ݐ ݐ ሻሻ் ߪሺ ݐ ݐ ሻ ݀ݐ
ଶ

MODEL PREDICTIVE SUPER-TWISTING
SMC

ଵ

்

௧

ൌ  ൫ܶሺݐ ሻܳሺݐሻ൯ ൫ܶሺݐ ሻܳሺݐሻ൯ ݀ݐ
ଶ
ଵ

(11)

்

ൌ ൫ܳሺݐሻ൯ ܴሺܳሺݐሻሻ

SLIDING MODE-BASED MPC

௧

In the proposed sliding mode model predictive control
approach, a control input ݑሺݐሻ is designed for the tracking of
a desired trajectory at the next time ሺ ݐ ݐ ሻ by minimization
of the following cost function.

ଶ

where: ܴ ൌ   ܶሺݐ ሻ் ܶሺݐ ሻ݀ݐ

ൌ

ݐௗ ܫ כ
మ
௧

ቀ ቁ ܫ כ
ଶ

(4)

where ߪሺ ݐ ݐ ሻ is a predicted sliding surface, Ʉሺ ݐ ݐ ሻ is
a ݐ-step ahead prediction of the output state and ݐ  Ͳ
is a prediction horizon. The tracking error, sliding surface
and its first derivative are defined as:

݁ሺݐሻ ൌ ߟ െ ߟௗ

(9)

(3)

ଵଷ
ଶଷ ൩  אԹଷ , ሺɄሻ  אԹଷ , ሺɄǡ Ʉሶ ሻ  אԹଷ , ሺɄǡ Ʉሶ ሻ  אԹଷ
ଷଷ

 ܬൌ ݂ሺߪሺ ݐ ݐ ሻǡ Ʉሺ ݐ ݐ ሻǡ ɒୡ ሺݐሻሻ

(8)

௧మ

ቀ  ቁ ܫ כ
ଶ
య
௧



(12)

ቀ ቁ ܫ כ
ଷ

Substituting the equation (12) in (11), the cost function can
be expressed based on sliding function and its first derivative
as follows:
ଵ

ଵ

ଵ

ଶ

ଶ

ଶ

ܬሺߪǡ ߪሶ ሻ ൌ ݐௗ ߪ ଶ  ݐௗଶ ߪߪሶ  ݐௗଷ ߪሶ ଶ

(13)

(5)
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We can rewrite the dynamic equation of ASV as follows:

ߟሷ ሺݐሻ ൌ െܯሺߟሻିଵ ሺܥሺߟǡ ߟሶ ሻߟሶ  ܦሺߟǡ ߟሶ ሻߟሶ ሻ…
(14)

ିଵ

ǥ  ܯሺߟሻ ɒୡ ሺݐሻ

The standard form for a super-twisting algorithm can be
expressed as:

ሶ ൌ െଵ Ɍሺሻሺሻ  
൜
ሶ ൌ െ ଶ ሺሻ
భ

భ

(21)

భ

Also, in accordance to combination of the equations
(5), (6) and (7), the first derivative of sliding surface can be
obtained as

where Ɍሺሻ ൌ ሺȁଵ ȁమ ǡ ȁଶ ȁమ ǡ ȁଷ ȁమ ሻ and ଵ ǡ  ଶ are diagonal
positive matrices.

ߪሶ ൌ ߟሷ  ߣ݁ሶ െ ߟሷ ௗ

ͳǡ  Ͳ
ሺሻ ൌ ൝ Ͳǡ ൌ Ͳ
െͳǡ ൏ Ͳ

(15)

Let us present the cost function as follows:

ߪሶ ൌ ߟሷ  ߣ݁ሶ െ ߟሷ ௗ

(16)

ଵ

ଵ

ଵ

ଶ

ଶ

ଶ

(22)

By using Eq. (20) and Eq. (21), the super-twisting control
law is expressed as follows:

where: ܬଵ ሺߪሻ ൌ ݐௗ ߪ ଶ and ܬଶ ሺߪǡ ߪሶ ሻ ൌ ݐௗଶ ߪߪሶ  ݐௗଷ ߪሶ ଶ .
Ʉሷ ୢ െ ɉሶ െ ଵ Ɍሺሻሺሻ
ቊ
ɒୡ ൌ 
ቋڮ
୲
െ ଶ  ሺሻ

The condition for to minimizing J is
డሺሻ
డதౙ

ൌͲ

డதౙ

ൌ


ǥ ܥመ  ܦ

(17)

PROPOSED HYBRID CONTROL LAW

Based on the equations of (14) and (15), we can see ɒୡ ሺݐሻ
in the second part of cost function ܬଶ ሺߪǡ ߪሶ ሻ . Therefore, we
can regard the minimization of the J subject to the ɒୡ ሺݐሻ as
follows:
డሺሻ

(23)

డሺమ ሻ
డதౙ

ൌͲ

(18)

߬ ሺሻ ൌ െଵ Ɍሺߪሻሺߪሻ  
൜ ௦௧
ሶ ൌ െ ଶ ሺߪሻ

Hence, the optimal control law is:

 ሺߟሻ ቀߟሷ ௗ െ ߣ݁ሶ െ
߬ି௦ ሺݐሻ ൌ ܯ

In the proposed approach, to assure robustness of the
hybrid control law against external disturbances and
uncertainties, the following super-twisting term (߬௦௧ ሻ must
be added to the optimal control law (19).

ଷ
ଶ௧

ߪቁ ǥ
(19)

 ሺߟǡ ߟሶሻߟሶ  ሺߟǡ ߟሶǡ ߟሷሻ
ǥ  ܥመ ሺߟǡ ߟሶሻߟሶ  ܦ

 ሺߟሻ െ ܯ
෩ ൧ߟሷ  ܥሚ ሺߟǡ ߟሶ ሻߟሶ  ܦ ڮ
෩ ሺߟǡ ߟሶ ሻߟሶ െ ߬ௗ
where, ሺߟǡ ߟሶ ǡ ߟሷ ሻ ൌ ൣܯ
is a perturbation part including inherent uncertainties
෩ ǡ ܥሚ ǡ ܦ
෩ ) and time-varying disturbances (߬ௗ ).
(ܯ
 , ܥመ and ܦ
 are regarded as nominal and known parts of
ܯ
the dynamical model. In the next section we adopt a supertwisting term for adding to the equation (19) in order to
compensate the perturbation part ( )and improve robustness
property in the proposed hybrid control algorithm.

(24)

Finally, with taking into account the sliding mode MPC
part (19) and the super-twisting term (24), the proposed
control law is expressed as follows :

߬ି௦௧௦ ሺݐሻ ൌ ߬݉െ ܿ݉ݏሺݐሻ  ߬ ݐݏሺሻ

(25)

The proposed control system of ASV is shown in Fig. 2.

SUPER TWISTING CONTROL LAW
The derivation of sliding surface can be performed as
follows:

ሶ ൌ ሷ  ɉሶ ൌ Ʉሷ െ Ʉሷ ୢ  ɉሶ ൌ
 ିଵ ൣɒୡ െ ܥመ െ ܦ
 ൧ െ Ʉሷ ୢ  ɉሶ
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Fig. 2. Schematic diagram of the proposed Model Predictive Super-Twisting
Sliding Mode Controller (MP-STSMC)

COMPUTER SIMULATION RESULTS
In this section, the results of three simulated controllers
including Super-Twisting Sliding Mode Controller (STSMC),
Model Predictive Controller (MPC) and proposed Model
Predictive Super-Twisting Sliding Mode Controller
(MP-STSMC) are presented. The comparative outputs are
shown in Fig. 3, Fig. 4 and Fig. 5 for the path following,
tracking errors and control inputs, respectively.
In the mathematical modeling of ASV, the nonlinear parts
of the damping coefficients are also significant elements
taken into account in these simulations. They are described
as follows [15]:

ଵଵ ൌ ͲǤʹ  ͳǤ͵͵ȁȁ  ͷǤͺଶ
ଶଶ ൌ ͲǤͺͺͻ  ͵Ǥͷȁȁ  ͲǤͺͲͷȁȁ
ଶଷ ൌ Ǥʹͷ  ͲǤͺͶͷͳȁȁ  ͵ǤͶͷȁȁ

(26)

ଷଶ ൌ ͲǤͲ͵ͳ͵  ͵Ǥͻȁȁ  ͲǤͳ͵ȁȁ
ଷଷ ൌ ͳǤͻ െ ͲǤͲͺȁȁ  ͲǤͷȁȁ
Other damping coefficients ͵ ൈ ͵ in the damping matrix
are assigned to zero. And, the constants in inertia matrix are
assigned as follows [15]:

ଵଵ
 ൌ ଶଵ
ଷଵ
ሾͲ

ଵଶ
ଶଶ
ଷଶ

ଵଷ
ʹͷǤͺ
Ͳ
Ͳ
ଶଷ ൩ ൌ   Ͳ
͵͵Ǥͺ
ͳǤͲͳͳͷ൩
ଷଷ
Ͳ
ͳǤͲͳͳͷ
ʹǤ

The equations of desired paths with the initial conditions
Ͳ Ͳሿ் and simulation time t = 40 sec. are as follows:

ۓ
Ʉୢ ሺሻ ൌ

ୢ ൌ ͲǤͷ
గ

ୢ ൌ ͲǤͳ  ቀ ቁ ݉
ଶ

۔
గ
ەɗୢ ൌ Ɏ  ቀଶ ቁ ݀ܽݎ

(27)

Fig. 3. Path Following

POLISH MARITIME RESEARCH, No 3/2019

167

Fig. 5. Control Inputs

Fig. 4. Tracking Errors
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As to chattering attenuation in the proposed algorithm
in comparison with the super-twisting method, we have

provided Fig. 6 containing zoomed control inputs to compare
the signals in terms of chattering effect.
The chattering is due to the assuming of the function in
the switching term in a discontinuity in a super-twisting
control law. The chattering phenomenon can be also induced
by perturbations which compel ASV to leave the sliding mode
in dynamic motion. For suppressing this phenomenon one
solution is the using of a continuous term with a boundary
layer instead of discontinuous part
and, as another
effective way, we can use the higher-order sliding mode
controllers such as super-twisting algorithm. However, the
chattering , particularly in steady-state response, is still
present on control input as shown in Fig. 6, which let the
tracking error to oscillate around the origin. In the proposed
MP-STSMC, we can achieve the high robustness attribute of
STSMC as well as drastically reduce steady-state chattering in
finite time of tracking ( see a chattering suppression scheme).
Nevertheless, the chattering phenomenon, even with a very
low amplitude in super-twisting SMC leads to the dissipation
of a large quantity of fuel or energy in manoeuvring thrusters
and propeller system , as well as to a rapid wear of mechanical
actuators. Also, these high frequencies may excite unmodeled
dynamics.

Fig. 6. Zoom in View of Control Inputs

ANALYSIS AND DISCUSSION
OF R ESULTS
The analyzing of outputs resulting from the three
controllers can be done in most nonlinear control theories
in terms of four common properties:
• Transient response
• Steady-State response
• Robustness
• Chattering phenomenon
Based on the tracking errors depicted in Fig. 4, an undesired
overshoot is obviously observed in MPC algorithm during
surge trajectory tracking. Indeed, this severe overshoot has
been stemmed from the fast dynamic property of MPC
approach. However, we can see a smooth transient response
for the STSMC and proposed MP-STSMC. Also, due to a lack
of robustness of a conventional MPC, an inaccurate trajectory
tracking and an undesired steady state response are observed
in Fig. 3 and Fig. 4, respectively. Concerning STSMC and
MP-STSMC, an acceptable accuracy as well as high robustness
has been observed in presence of time-varying external
disturbances. As it is illustrated in Fig. 5, we have a reduction
in control efforts of MP-STSMC in comparison with STSMC
because of optimization feature present in MPC. Finally, it
is easily to argue that both proposed and STSMC algorithms
bring about an accurate trajectory tracking, however there
are two additional advantages of the proposed MP-STSMC
in contrast to STSMC. The extra advantages include optimal
control efforts and chattering attenuation, shown in Fig. 6.

CONCLUSION AND FUTURE OUTLOOK
Regarding suitable control system in terms of real-time
implementation for marine robotics platforms, particularly
autonomous surface vehicles and unmanned ships, MPC
POLISH MARITIME RESEARCH, No 3/2019
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algorithm can be an interesting choice. To model predictive
controllers fast dynamic response and simplicity in their
implementation into autonomous systems can be attributed.
However, a paramount challenge for applying the MPC is
its robustness against external disturbances and model
uncertainties. In this research, the authors considered the
weaknesses of MPC and developed an improved robust MPC
to remove the lack of robustness in conventional MPC.
The new hybrid strategy consists of two main parts.
The first part is a sliding mode-based MPC law, in which a
Proportional Derivative (PD) sliding surface is considered
a function which to be optimized by MPC. The second
part is the super-twisting term which has been regarded
to deal with the robustness of MPC. In the meanwhile, by
using this robust strategy, the transient and steady-state
responses of conventional MPC have been also enhanced.
Super-twisting sliding mode control algorithm is an effective
control method in the robust control category. However, due
to switching structure of sliding mode algorithms, including
first-order and higher-order sliding mode controllers, they
have been associated with generating of chattering in their
control inputs. In general, super-twisting method can be
considered a chattering attenuation strategy among sliding
mode controllers. However, for some applications with high
external disturbances and complex cases such as control of
autonomous surface vehicles in disturbed environment, the
super-twisting algorithm might not be able to attenuate the
chattering effectively. Therefore, the proposed algorithm
MP-STSMC has drastically eliminated the chattering from
STSMC algorithm.
Briefly, the presented robust MPC strategy offers a trade-off
between a fast real-time controller and a robust controller.
In the proposed approach, a high performance controller
was developed in terms of transient response, robustness,
optimal control efforts and steady-state response. As to future
work, these authors intend to find a perfect mathematical
proof procedure for stability analysis of the proposed control
algorithm by using an approach based on Lyapunov theory.
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APPLICATION OF THE OPTIMIZATION METHODS TO THE SEARCH
OF MARINE PROPULSION SHAFTING GLOBAL EQUILIBRIUM
IN RUNNING CONDITION
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ABSTRACT

Full- film hydrodynamic lubrication of marine propulsion shafting journal bearings in running condition is discussed.
Considerable computational difficulties in non-linear determining the quasi-static equilibrium of the shafting are
highlighted. To overcome this problem the approach using two optimization methods (the particle swarm method
and the interior point method) in combination with the specially developed relaxation technique is proposed. The
developed algorithm allows to calculate marine propulsion shafting bending with taking into account lubrication in
all journal bearings and exact form of journal inside bearings, compared to results of most of the publications which
consider lubrication only in the aft most stern tube bearing and assume rest of bearings to be represented by points.
The calculation results of typical shafting design with four bearings are provided. The significance of taking into account
lubrication in all bearings is shown, specifically more exact values of bearings’ reactions, shafting deflections, minimum
film thickness and maximum hydrodynamic pressure in the stern tube bearing in case of considering lubrication in
all bearings.

Keywords: marine propulsion shafting, bearing lubrication, fluid-structure interaction, finite-element method, optimization

FORMULATION OF THE PROBLEM
Bearings are one of the most important parts of a ship’s
propulsion system. Therefore, at the design stage, it is crucial
to ensure whether bearings and especially an aft stern tube
bearing operate properly under the specified operational
conditions (propeller loads, ship motions at the rough sea,
hull deflections etc.). For this, it is necessary to have reliable
information about the interaction between the shafting and
bearings which are spatially positioned in a certain way. The
spatial location of the bearings is achieved through the shaft
alignment procedure, which is vital for the shaft line safe
operation. Improper shafting alignment could lead to the lack
of hydrodynamic lubrication and cause the rapid temperature
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rise, whipping, melting or burning of non-metallic bearing
bushes during manoeuvring or even normal operation. To
determine the optimal bearing positions, it is necessary to be
able to reliably and effectively calculate the static equilibrium
of the shaft line with regard to lubrication. More precisely, it is
a quasi-static equilibrium because it comes about the running
shafting. The external loads applied to the operating shafting
are averaged and considered constant, shafting vibration
being neglected.
The determination of the interaction between the shafting
and bearings in operation belongs to the class of problems
of non-linear fluid-structure interactions (FSI). To solve
it, a number of solutions are to be found: shafting elastic
bending, lubrication for each of the shafting’s bearings and

elastic deflections of bearing bushes, which is essential for
water lubricated bearings with non-metallic bushes [10, 11]
(the latter is beyond the scope of the present paper).
The complexity of the listed tasks solutions is caused by
the fact that in properly lubricated bearings, the shaft is lifted
by the developed hydrodynamic pressure which depends
on the lubrication film thickness. In turn, the lubrication
film thickness is determined by the journal position and
curvature (the aft stern tube bearing has a high L/D ratio,
therefore, the journal curvature should not be ignored since
it affects hydrodynamic pressure considerably). Furthermore,
the position of the journal as well as hydrodynamic pressure
distribution is unknown before calculation. Therefore,
shafting deflections and hydrodynamic pressure depend on
each other and iterative techniques should be applied to this
FSI problem to find the static equilibrium position of the
system.

LITERATURE REVIEW
The paper subject is not new and has been presented by
the other authors in similar formulations. However, some of
them consider lubrication of the aft stern tube bearing only,
some of them use simplified lubrication models and some
do not clarify the method of the global equilibrium search.
Mourelatos and Parsons [12] presented the method for
determining equilibrium position of the shafting with the
water lubricated stern tube bearing but the rest of the bearings
are considered non-lubricated point supports. The divergence
nature of the shafting-bearings system which fails successive
numerical simulation is illustrated and the optimization
based approach for the equilibrium search is introduced.
The deformation of bearings’ bushes is taken into account.
Vulic [20] highlighted the importance of considering
lubrication fluid film in shaft alignment design in contrast
to the commonly used approach to neglect it. He presented
the method to find equilibrium position of shafting with
taking lubrication into account, however bearing model
is represented by approximation of Reynolds equation
solution for bearing with relative length of 0 <L/D <2 so any
modifications of bearing surface (wear, double sloping etc.),
elastic deflection of polymer or rubber bush and journal
bending inside bearing cannot be taken into account. The
difficulties in the convergence of successive iteration approach
are also mentioned.
Xing and et al. [25] consider the behaviour of the marine
propulsion shafting using Multi-Body Dynamics approach
implemented in ANSYS software. Lubrication of the bearings
and bearing bush elastic deflections have been considered
and it has been shown that investigation of the marine stern
tube bearings lubrication should be performed with taking
journal curvature into account. Unfortunately, no method’s
details or its convergence has been presented in the paper.
Similarly, Andreau et al. [1] stated that they solved the
global equilibrium problem taking bush elastic deflections
into account by means of the iterative procedure, but no

clarification of an equilibrium search method and its
convergence have not been done.
Gurr and Ruifs [6] consider lubrication based on the
Reynolds equation solving only for the stern tube bearing, the
other bearings were represented by the simplified lubrication
model neglecting misalignment. The used iterative scheme
also is not discussed.
There are also papers, e.g. [7, 5 , 24, 25] which consider
only isolated perfectly aligned isolated bearings and provide
calculation methods for journal eccentricity and attitude
angle without global shafting equilibrium.
Hirani et al. [7] provide a rapid method for determining
design parameters of the bearing by taking into account
oil flow and temperature effects. The heuristic closed form
solution of the Reynolds equation is used for determining
pressure distribution.
Kraker et al. [5] presented the computational method
of solving the mixed elastic-hydrodynamic problem. The
iterative secant method is used to find the eccentricity of
the journal and the pseudo-dynamic stepping is used to
prevent numerical instability of the staggered scheme
between Reynolds equation and bearing bush deformation
by introducing artificial damping in the structure.
Xie et al. [24, 25] provide a Stribeck curve calculation
method and investigate the inf luence of the main
bearing design parameters on it. Three models of bearing
performance for boundary lubrication, mixed lubrication
and hydrodynamic lubrication regimes are considered.
From the above, it follows that, despite the fact that many
researchers dealt with the described problem, there are no
generally accepted reliable methods which fully would meet
the authors’ requirements.

METHOD
In the proposed method, the local deflections of journals
and bushes under the hydrodynamic pressure are not
considered. While ignoring the journal local deflection is
a commonly used hypothesis, ignoring bush deflections
is valid only for metal bearings bushes. The algorithms for
elastic-hydrodynamic modeling of polymer and rubber
bearings, which take local elastic bush deflections into
account , are under development now.
The method is limited only to pure hydrodynamic
lubrication and does not consider any solid contact between
the journal and bearing bush.

SHAFT BENDING
The shafting elastic deflections are determined by solving
the system of linear algebraic equations of the finite element
method (FEM) for the beam theory:

ሾܭሿሼݑሽ ൌ ሼݍ௪ ሽ  ሼݍ ሽ  ሼݍ ሽ
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where [K] is a stiffness matrix of the shafting; {u} is a nodal
displacement vector; {qw} is a vector of the weight loads; {q p}
vector of the propeller hydrodynamic loads;{ql} is a vector
of loads from the hydrodynamic pressure which is initially
unknown and to be found iteratively. The coordinate system
accepted in the present paper is the following: the initial
point is at the aft end of a shafting; x-axis is directed forward
along shafting; y-axis is directed to the port side; z-axis is
directed upward.
The Timoshenko beam element stiffness matrix [14] is used.
It was reduced so as to take into account only lateral linear
and angular displacements in the vertical and horizontal
planes. Shear area coefficient for the beam element with
the circular cross- section is calculated according to the
recommendations [8].

LUBRICATION
The Reynolds equation [19] for lubrication under full
hydrodynamic regime is solved numerically:
݀
݀
݀
݀
ሺݔǡ ݕሻ൰ 
ሺݔǡ ݕሻ൰ ൌ
൬݄ሺݔǡ ݕሻଷ ڄ
൬݄ሺݔǡ ݕሻଷ ڄ
݀ݔ
݀ݔ
݀ݕ
݀ݕ
݀
ߤ ݄ሺݔǡ ݕሻǡ
݀ݕ

(2)

where h(x, y) is lubrication film thickness, m; p(x, y) is
hydrodynamic pressure, Pa; U = 0.5dω is linear velocity
of the journal surface, m/s; d is journal diameter, m; ω is
journal spin speed, rad/s. In Eq. (2), the x-axis is directed
along bearing and the y-axis is directed around the bearing
bush circumference. The procedure presented in [15] was
applied to Eq. (2) in order to derive the stiffness matrix of the
lubrication film finite element. The temperature and viscosity
of the lubricant are supposed to be defined and constant
throughout the lubrication film. Despite the fact that viscosity
and temperature variations of the lubricant are important
for journal bearing load caring capacity, they are assumed
defined and constant throughout the lubrication film for
simplicity. The viscosity variation effect will be considered
in further research.
Although FEM allows setting arbitrary bush shape, for
simplicity, the grooveless cylindrical bush surface was only
considered. Lubrication film thickness is defined as follows:

݄ሺݔǡ ݕሻ ൌ

ǻ
ݕ
െ ݁ሺݔሻ ή  ቆ
െ ߮ ሺݔሻቇǡ
ʹ
݀ǻ

(3)

where Δ is bearing diameter clearance, m; e(x) and φe(x)
eccentricity and attitude angle of journal, respectively.
Position of the journal depends on the spatial position of
the shafting and bearing:
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where Wy(x) and Wz(x) are shafting deflections, wy and wz are
lateral bearing axis offsets, az and ay are angular bearing axis
slope, xc is the longitudinal position of the bearing length
middle.
After solving Eq. (2), the pressure is integrated at the
circular direction and then transformed to nodal loads {ql} in
the vertical and horizontal planes to be applied to the journal.

OPTIMIZATION
The static equilibrium of the shafting is reached when
sums of all forces and moments acting on the shafting are
equal to zero:

σܲ௭ ൌ σܲ௬ ൌ ͲǢ

(8)

σܯ௭ ൌ σܯ௬ ൌ ͲǤ

(9)

The possible way to fulfill these conditions is described
below. Following the method [12], the auxiliary point support
is introduced in the middle of each bearing that allows solving
the shafting bending equations. The support position in the
transverse section can be specified by non-dimensional
cylindrical coordinates

݁ൌ

݁
߮
ǡ ߮ ൌ ǡ
ͲǤͷǻ
ߨ

(10)

where ݁ is non-dimensional eccentricity, ߮ is nondimensional attitude angle. When the pressure distribution
in the bearings corresponds to the shafting equilibrium
position, reactions of all auxiliary supports in the vertical
and horizontal planes are to be equal to zero as if the auxiliary
supports have disappeared. Therefore, fulfillment of the first
condition of equilibrium Eq. (2) could be represented as the
following optimization problem:



Minimize

ୀଵ

over
subject to:
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where ܴ෨ is the reaction of the j-th auxiliary support, ܴ෨௭ and
ܴ෨௬ are its vertical and horizontal projections, respectively,
m is the number of lubricated bearings in the system. The
general number of variables X is twice a number of lubricated
bearings in the scheme.
It should be mentioned that in [12], the objective function
is based on the minimizing difference between journal
deflections in two positions: when it is fixed by the auxiliary
support and when it is supported only by hydrodynamic
pressure. However, this approach is unacceptable in the case of
several lubricated bearings, because at least two bearings have
to be considered as fixed point supports without lubrication
in order to provide constraints for the shafting finite element
model. Moreover, the deflections, in contrast to bearing
reactions , are not integral values so this approach cannot
provide stable convergence of the iterative procedures when
lubrication of several bearings is considered.
It is well known that there is no universal best optimization
method but there are methods that are most applicable to
the certain problem. To find an appropriate method to solve
this problem, a number of optimization methods (such
as interior point method, trust region method, sequential
quadratic programming, active set method, Nelder-Mead
simplex algorithm, Hooke-Jeeves or pattern search, genetic
algorithm, simulated annealing, particle swarm method)
were tested. It was found that the interior point method
and the particle swarm method are the most appropriate
for this problem. The particle swarm method [9, 13, 18] is
effective for searching approximate global minimum, but
it is too slow for searching the final result. In contrast, the
interior point method [4, 21, 22] searches the minimum
of the function successfully and fast, but only if the initial
point of optimization is close to the solution point. Therefore,
the sequential application of these two methods proved to
be the most effective in this case. It is significant that an
advantage of the particle swarm method use at the first stage
is growing with the growth of a lubricated bearings number
in the calculation and there is no need to use it in the case
of one lubricated bearing in the scheme, e. g. only a aft stern
tube bearing. When a number of similar calculations should
be done (e. g. different rotation speeds) then the auxiliary
supports’ position from the previous solution could be used
as an initial point for the new one without preliminary using
the particle swarm method , which significantly speeds up
the calculation.

The solution of the optimization problem is satisfactory
if the objective function F(X) < 0.01 N. Otherwise, bearing
auxiliary supports remain loaded and equilibrium purely due
to hydrodynamic pressure is not reached. It was found during
testing different cases that it is enough to use 20 particles and
20 iterations of the particle swam method in order to localize
the objective function minimum.

RELAXATION TECHNIQUE
In the applied approach, auxiliary support fixes the
position of journal centre point in space but the journal can
freely rotate relative to this point so optimization can meet
only the first condition of equilibrium Eq. (8). Applying the
optimization methods to fulfil conditions Eq. (8) and Eq. (9)
simultaneously leads to a significant increase in the number
of variables which makes such approach not effective for
practical use. The fact is that moments generated by the
hydrodynamic pressure relative to auxiliary support point are
very sensitive to a journal angular position and this relation is
highly nonlinear, especially for bearings with high L/D ratio.
Therefore, the special relaxation approach was developed
to reach convergence in the searching shafting equilibrium
including the condition of Eq. (9). The proposed relaxation
is somewhat similar to the pseudo-dynamic approach in [5].
However, the present method simulates not only damping
but also inertia in order to avoid looping. The procedure uses
two previous pressure distributions to correct the pressure
in the current iteration, which is to be applied to the journal:
כ
כ
 ܥଷ ିଶ
,
 כൌ ܥଵ   ܥଶ ିଵ

(15)

כ
where  is pressure calculated at present iteration; ିଵ
and
כ
ିଶ are two previously used corrected pressures.
The weight coefficients C1, C2 and C3 are derived from the
following conditions:
– Coefficient C1 is the main and determines the part of the
directly calculated pressure at the present iteration. For
stabilization , at the initial critical n steps it increases
linearly up to set C1(n) value and after that it remains
constant.
– Coefficients C2 and C3 which correspond to the parts of
the pressure at two previous iterations, have a constant
relative proportion.
– Coefficients C1, C2 and C3 are so set that the sum of them
are to be equal to one: C1 + C2 + C3 = 1.
The coefficients derived from the mentioned conditions
are the following:
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ିǤହ ିగ

Unlike the other papers, at each step of the cycle, the
calculation is performed for every lubricated bearing so that
equilibrium is found iteratively by taking interaction between
bearings into account. This interaction impacts the exact
journal positions and pressure and ignoring it could lead to
incorrect results.

APPLICATION OF THE METHOD
The presented method is illustrated by the calculation
of a somewhat simplified typical shafting design with four
lubricated bearings. The shafting scheme and dimensions are
illustrated in Fig. 1, shaft diameter d = 0.5 m is constant along
the shafting, i.e. and the four-blade propeller with diameter
D =5.6 m is located at x = 0.7 m. Shafts are made of steel with
following properties: elastic modulus E= 2 ∙ 104 MPa, Poisson
ratio v = 0.3, density ρ = 7850 kg/m3. General parameters
and mesh discretization of the bearings are listed in Tab. 1.
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Clearance
Δ, mm

Viscosity
μ, Pa s

Long. grid
step
dx, m

Circ. grid step
dφ, deg.

Tab. 1. General characteristics of the bearings

1
2, 3, 4

1
0.5

0.8
0.4

0.02
0.02

0.025
0.05

2
4

Hydrodynamic propeller loads significantly impact the
shafting bending and, therefore, the bearing pressure. The
propeller loads highly depend on the rpm so the developed
method should be able to find the solution (if it exists) for
different rpm values. According to [3], mean values of the
propeller loads can be defined as:

(19)

where and are AND and OR logical operators, My and Mz
are determined as follows:
Ǥହ

Fig. 1. Dimensions of the shafting model (in meters)

Length
Δ, m

The dependences of Eq. (16)-(18) can be fully defined by the
parameters C1(2), C1(n), n and C2/C3, that are constant for the
algorithm and were found from the systematic calculations
of different shafting models.
The cycle of equilibrium search is ended if one of the
conditions is fulfilled:
– moments of corrected pressure  for each bearing relative
to the corresponding auxiliary support points in the
vertical My and horizontal Mz planes differ from the values
at the previous iteration and from non-corrected moments
of the pressure calculated at the present iteration by the
value lesser than acceptable error ΔM;
– an iteration number i is greater than set maximum imax.
The latest condition provides end of the cycle to stop the
current optimization step and start a new one.
These conditions could be written as follows:

Bearing
number

ଷ ሺሻ ൌ ͳ െ ଵ ሺሻ െ ଶ ሺሻǤ
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(23)

where Px and M x are thrust and torque, respectively,
(N and Nm), their values being depended on rotational speed.
Calculations have been performed for rotational speed range
from 60 to 120 rpm with the step of 20 rpm.
In order to assess the effect of bearings lubrication on the
stern tube bearing performance, two types of calculation
were provided:
– all bearings are considered lubricated;
– only the stern tube bearing is considered lubricated.
The shafting is loaded by:
1. the distributed shaft weight q = 0.25d2πρg = –15.1 kN/m,
where g = 9.81 m/s2 is the acceleration of gravity;
2. concentrated propeller weight with taking buoyancy into
account Pw = –127.5 kN;
3. hydrodynamic propeller loads, listed in Tab. 2.
Tab. 2. Hydrodynamic propeller loads
rpm

Px, kN

Py, kN

Pz , kN

Mx, kNm My, kNm Mz , kNm

60

210.8

10.5

10.1

198.9

69.6

56.5

80

374.7

18.7

18.0

353.7

123.8

100.4

100

585.5

29.3

28.1

552.6

193.4

156.9

120

843.1

42.2

40.5

795.8

278.5

226.0

RESULTS AND DISCUSSION
The calculation has been performed at each rotation speed
by using both optimization methods when lubrication of all
bearings is considered , and only the interior point method
when only the stern tube bearing is considered lubricated.
The number of iterations for each of the method and total
objective function calls are listed in Tab. 3. As expected, in
the case of considering all bearings lubricated, the iteration
number is greater than in the case when only the aft stern
tube bearing is considered lubricated due to the growth of
number of variables in optimization. It should be mentioned
that when only the interior point method was applied to the
case considering lubrication in all bearings, no solution has
been found. This highlights the importance of using both
optimization methods when several bearings are considered
lubricated.

b. with relaxation according to Eq. (11)
Fig. 2. Plot of stern tube vertical moment convergence: (––o––) – moment of the
directly calculated pressure p, (–––) – moment of the corrected pressure p✴

Tab. 3. Computational effort
All
bearings

Only aft stern tube
bearing

Particle swam, number of iterations

20

0

Interior point, number of iterations

56…70

24…30

Number of objective function calls

1147…1430

109…130

The hydrodynamic pressure moment convergence in case
of the use of the simple successive iterations and proposed
relaxation method, is shown in Fig. 2. It can be clearly seen
that the simple successive approximations (see Fig. 2a) have
not converged whereas pressure relaxation Eq. (15) accurately
determines journal angular position (see Fig. 2b). It shows
the effectiveness of the relaxation method.
Fig. 3 shows hydrodynamic pressure in the stern tube
bearing at the different speeds in the case of all lubricated
bearings. There are significant pressure peaks at 60 and 120
rpm (Fig. 3d and 3a) caused by edge loading. It indicates
that the method can be used for any possible hydrodynamic
pressure distribution. The dependencies of maximum
pressure pmax and minimum lubrication film thickness hmin
in the stern tube bearing on rpm are illustrated in Fig. 4.
As can be expected, with the decreasing of minimum film
thickness, the maximum pressure in the bearing becomes
greater. It should be noted that the ignoring of lubrication in
the intermediate bearings has led to the error in maximum
pressure in stern tube bearing , equal to 30% in case of the aft
edge loading (60 rpm) and 22% in case of the forward edge
loading (120 rpm). It illustrates the importance of considering
lubrication of all bearings.

a. 60 rpm

b. 80 rpm

c. 100 rpm
d. 120 rpm
Fig. 3. Hydrodynamic pressure in the aft stern tube bearing

The eccentricity distributions of the bearing journals at the
different speeds are illustrated in Fig. 5. The propeller loads
cause a significant misalignment in the stern tube bearing,
a small journal slope in the second bearing and almost no
slope in other bearings. It should be noted that slope sign is
changed with the growth of rpm.

a. without relaxation
Fig. 4. Characteristics of the aft stern tube bearing: (–––) – for all lubricated
bearings, (– –) – for the aft stern tube lubricated bearings only
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b. 120 rpm
Fig. 6. The vertical projection of the shaft deflections: (–––) – for all lubricated
bearings, (- -) – for aft stern tube lubricated bearing only
a. aft stern tube bearing

b. second bearing

a. 60 rpm

c. third bearing

d. fourth bearing

Fig. 5. Journal position inside clearance circle of bearings: ° – at the fore
bearing edge, • – at the aft bearing edge
b. 120 rpm

The deflections of the shafting at 60 and 120 rpm in the
vertical and horizontal plane are shown in Fig. 6 and Fig. 7,
respectively. The solid lines correspond to the shaft deflections
in the case of all lubricated bearings and dashed lines in the
case when only stern tube bearing lubrication is considered.
The shaft deflection magnitudes rise in the horizontal plane
and journal slope sign changes in the vertical plane because of
the propeller loads increase with the rotational speed increase.
It should be noted that ignoring lubrication in the intermediate
bearings leads to changes in the shafting deflections and the
corresponding position of the aft stern tube bearing journal
up to 4% of its diameter clearance therefore the estimation
of shafting operation could be incorrect.
The bearings reactions R are depicted in Fig. 8 and one
can see that with the rise of rpm, load redistribution occurs
between 1st and 2nd bearings so that reaction on the 2nd one
increased two times from 60 to 120 rpm. However, reactions
of the third and fourth bearings changed a little.

Fig. 7. The horizontal projection of the shaft deflections: (–––) - for all
lubricated bearings, (- -) - for aft stern tube lubricated bearing only

a. 60 rpm
Fig. 8. Bearings reactions
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CONCLUSIONS
The proposed method allows to perform propulsion
shafting static calculation with taking into account
a number of lubricated bearing in the model affecting each
other even if significant journal slope and bearing edge
loading occurs. The method is free of assumptions such as
the constant slope of the journal, point representation of
the intermediate bearings, restrictions for value of L/D ratio
and bearing surface cylindricity. Thereby, it allows a designer
to perform the deep precise analysis of the system and more
qualitative offset optimization at the design stage. It should
be mentioned that reliable determination of the aft stern tube
bearing lubrication is essential for providing its reliability
and performance prediction.
In such FSI calculation, the convergence is the most
challenging issue. The method is based on the optimization
approach and thus provides the stable loopless convergence
of the journal linear position. However, due to the adopted
approach with auxiliary artificial support, the additional
cycle is required to find the angular position of the bearing
journals. The developed relaxation technique provides
stable convergence between angular journal positions and
hydrodynamic pressure so that not only the force equilibrium
condition but also the moment equilibrium condition is
fulfilled.
Results show that lubrication of all bearings has
a significant impact on the shafting deflection in the vertical
and horizontal plane, the maximum pressure of the stern tube
bearing and bearings’ reactions and should not be ignored in
the alignment design under operational conditions. It should
be especially emphasized that bearing lubrication analysis
in shaft alignment design should take the global shafting
quasi-static equilibrium into account because bearings can
affect each other. Neglecting lubrication of some bearings
could lead to incorrect aft stern tube lubrication modelling.
The further research in this field is of interest, specifically
bearing bush elastic deflections are also to be included in
the algorithm, which is essential for rubber and polymer
bushes so that the general algorithm will be the same, but the
pressure will be found iteratively with the bush deflection.
In addition, lubrication under boundary and mixed regimes
are also to be included in the algorithm in the future, that is
important for heavy loaded bearings and startup-shutdown
conditions. The developed method is to be included into the
ShaftDesigner software [2, 16, 17].
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APPLICATION OF THERMO-CHEMICAL TECHNOLOGIES
FOR CONVERSION OF ASSOCIATED GAS IN DIESEL-GAS TURBINE
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ABSTRACT

The paper considers the issue of thermo-chemical recovery of engine’s waste heat and its further use for steam conversion
of the associated gas for oil and gas floating units. The characteristics of the associated gas are presented, and problems
of its application in dual-fuel medium-speed internal combustion engines are discussed. Various variants of combined
diesel-gas turbine power plant with thermo-chemical heat recovery are analyzed. The heat of the gas turbine engine
exhaust gas is utilized in a thermo-chemical reactor and a steam generator. The engines operate on synthesis gas,
which is obtained as a result of steam conversion of the associated gas. Criteria for evaluating the effectiveness of the
developed schemes are proposed. The results of mathematical modeling of processes in a 14.1 MW diesel-gas turbine
power plant with waste heat recovery are presented. The effect of the steam/associated gas ratio on the efficiency
criteria is analyzed. The obtained results indicate relatively high effectiveness of the scheme with separate high and
low pressure thermo-chemical reactors for producing fuel gas for both gas turbine and internal combustion engines.
The calculated efficiency of such a power plant for considered input parameters is 45.6%.

Keywords: thermo-chemical heat recovery, gas turbine engine, diesel engine, associated gas, steam reforming, efficiency, methane number

INTRODUCTION
The development of the global economy generates growing
demand for oil and gas. At the same time, there is a decrease
in the number of promising mainland deposits. The vector
of fossil hydrocarbon extraction is steadily shifting to the
area of the continental shelf. Over 37% of the world oil
production and 28% of gas production come from fields
located on the shelf [1]. Essentially, these deposits are located
in the Middle East, Brazil, the Gulf of Mexico, the North and
Caspian seas, and on the Arctic shelf. The recently discovered
offshore oil and gas deposits are about 10 times larger than
newly discovered land deposits. The development of the
continental shelf deposits creates the basis for providing the

world economy with hydrocarbon raw materials for the long
perspective.
Oil and gas floating units are located at significant distances
from the coast. At the same time, various technologies and
technical means are successfully applied and developed for
various climatic conditions. An increasing number of oil and
gas production facilities are related to deep water (0.4...1.5
km) and ultra deep water (over 1.5 km). The process of oil
and gas extraction from the sea shelf is energy intensive, and
with the increase of extraction depth the energy costs also
grow higher. At the same time, the emissions of greenhouse
gases produced by power plants increase as well.
The need to solve the problems of improving fuel efficiency
and reducing harmful emissions during power equipment
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operation is a paradigm for designing power plants for marine
vessels and ocean engineering objects. All this requires
defining new promising ways to improve the efficiency of oil
and gas production power plants.

Tab. 1. Parameters of associated gas
Parameters

Value

Designation of associated gas

Low-speed two-stroke diesel engines (2SDE) are most
widespread in the ship power industry. 2SDE have high
efficiency and can work on cheap heavy grades of fuel oil.
The efficiency of such power plants can be improved due to
the recovery of energy resources [2]. Large weight and size
indicators of such engines do not allow their use in power
plants of oil and gas floating units.
The main thermal engines used in power installations of
oil and gas floating units are gas turbine engine (GTE) and
medium speed four-stroke diesel engine (4SDE). Despite
the fact that the efficiency of internal combustion engines is
higher, the advantage is given to GTEs, as they better satisfy
the requirements of ensuring high power with small weight
and size parameters.
A large number of publications are devoted to solving the
problem of increasing the efficiency of gas-turbine engines for
oil and gas production facilities. One of the ways to increase
this efficiency can be humidification of the air entering the
GTE compressor [3]. The most widespread way to increase gas
turbine unit efficiency is to use the heat of the waste gas in the
combined gas-steam turbine cycle. Combined-cycle power
plants of this type have been installed on three Norwegian
gas fields [4]. It was revealed that large mass and dimensions
of the steam-turbine circuit equipment [5] restrain the use of
such technologies at oil and gas production facilities.
Fuel characteristics largely determine the performance
indicators of thermal engines, including GTE [6]. 4SDE and
GTE are dual-fuel engines, adapted to operate on gaseous and
liquid fuels. The associated gas, separated from crude oil, can
also be used as a fuel. The composition of the associated gas
varies and it can contain a lot of heavier hydrocarbons [7-11].
The use of such a fuel in an internal combustion engine
can cause problems associated with significant influence
of fuel composition on the engine’s working process. The
methane number is the measure of resistance of the gas fuel to
knock. Leading manufacturers of marine internal combustion
engines restrict the lower limit of the fuel methane number
(MN). For example, for Wartsila dual-fuel engines, fuels with
methane number WMN <46.8 are not recommended for use.
Moreover, the molar methane content should not be less than
70%, and H2 should not be more than 30% [12].
The authors have carried out calculations of the methane
number for associated gases with different compositions
[7-11]. The calculations were carried out using the Wärtsilä
Methane number calculator, as well as the method of the
Gas Research Institute [13]. The results of the MN and Low
Calorific Value (LCV) calculations are presented in Table 1.
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A2

A3

A4

A5

Chemical compound (%, mol)
Reference source

IDENTIFICATION OF THE INVESTIGATION
OBJECT

A1
[7]

[8]

[9]

[10]

[11]

Methane (CH4)

68.00

62.77

73.7

64.48

67.32

Ethane (C3H8)

15.00

15.07

6.70

11.98

17.66

Propane (C2H6)

9.00

6.64

6.10

8.75

8.95

Butane (C 4H10)

5.00

2.40

3.89

3.84

4.20

Pentane and Heaver (C5+)

1.87

1.00

1.12

3.70

2.02

Hydrogen Sulfide (H2S)

-

2.80

0.20

0.57

–

Carbon Dioxide (CO2)

1.00

9.20

1.34

0.63

–

Nitrogen (N2)

1.00

–

4.37

3.73

–

–

–

–

4.00

–

Water vapor (H2O)

Methane Number Calculation
Wärtsilä Methane Number
(WMN)

<46.8 <46.8 <46.8 <46.8 <46.8

GRI methods:
Linear coefficient relation
(GRI LCR MN)

27.5

47.3

42.6

21.5

26.1

Hydrogen/carbon ratio relation
(GRI H/C MN)

64.4

53.4

61.2

53.3

67.9

46.3

38.6

44.0

42.9

47.9

Low Calorific Value
Calculation
LCV, MJ/kg

To prepare the associated gas for use as fuel in an internal
combustion engine, Wartsila developed the steam reforming
based GasReformer Technology. According to this technology,
the methane number of the fuel gas is improved by converting
heavier hydrocarbons into synthesis gas and methane [14].
The patented Wärtsilä GasReformer executes the conversion
of the associated gas with steam reforming on nickel catalysts
(Ni/MgAl2O4). Since nickel catalysts are very sensitive to
sulfur compounds, frequent desulfurization is envisaged.
In addition, during the gas reformer operation, intense
deactivation of the nickel catalyst takes place due to carbon
deposition on the catalyst surface. The installation is designed
to work with 4...12 MW 4SDE Wärtsilä engines. The claimed
efficiency is 44.5%.
Steam reforming of hydrocarbon fuels is accompanied
by endothermic reactions of steam reforming (1) and
decomposition (2) requiring external heat supply (+ΔH),
as well as exothermic reaction (-ΔH) of water-gas shift (3):

CnHmOl + H2O ĺ H2 + CO

(1)

CnHmOl ĺ CH4 + H2 + CO

(2)

CO + H2O ļ H2 + CO2

(3)

The main components of the synthesis gas that can be
obtained as a result of steam reforming are H2, CO, CO2,

CH4, and H2O. During steam reforming of hydrocarbon
fuels, an increase of the process pressure results in the shift
of the conversion efficiency region to a high temperature zone.
At the same time, the pressure of the gaseous fuel supplied
to the gas turbine engine is 1.5...3 MPa, while to the 4SDE,
the gaseous fuel is fed at a pressure of 0.5...0.6 MPa. The
conversion executed at pressures close to atmospheric can
be effective at lower process temperatures, but it requires
considerable power inputs to compress the obtained synthesis
gas before it enters the engine.
Thermo-chemical conversion of heavy hydrocarbons
into synthesis gas can be carried out using plasma-chemical
methods [15, 16, 17]. The plasma-chemical technologies are
used to intensify the process of burning the synthesis gas of
various composition, including low LCV [18, 19, 20].
One of the promising ways to improve the power plant
efficiency is the use of engine’s exhaust energy to support
endothermic reactions of steam reforming of hydrocarbon
fuels with different compositions.
The previously conducted researches have shown that the
thermal potential of the secondary energy resources in the
internal combustion engine does not provide opportunities
for efficient conversion of associated gas components. On
the other hand, the temperature range of the exhaust gases
in modern commercial GTEs enables efficient conversion of
heavy hydrocarbons being part of the associated gas.
The diagram of the combined diesel-gas turbine power
plant with thermo-chemical heat recovery (COGED+TCR)
is considered in [21]. This diagram presents steam reforming
of natural gas or cargo vapor products on LNG gas carriers.
The heat source for conversion is the heat of GTE off-gases.
The COGED+TCR installation can be applied on oil
and gas floating units which utilize the associated gas with
different composition as a fuel.

to gas turbine engines is that dehydration of the synthesis
gas results in the loss of thermal potential of the steamand-gas mixture. Further, the dried synthesis gas is divided
into two streams. The first stream is passed to the internal
combustion engine, while the second stream is compressed in
the compressor to the feed pressure in the GTE (1.5 MPa). The
water obtained in the dehydration process returns to the cycle.
In the second case (Fig. 1B), two reactors are provided –
with high pressure of 1.5 MPa and low pressure of 0.6 MPa.
From the high-pressure reactor, which has a sufficiently
high temperature, the steam-and-gas mixture flows into
the combustion chamber, like in the STIG cycle. After
leaving the low-pressure reactor, the synthesis gas undergoes
the dehydration process and is further fed to the internal
combustion engine.

Ⱥ

CHARACTERISTICS OF POWER PLANTS
WITH CONVERSION OF ASSOCIATED GAS
FOR OIL AND GAS FLOATING UNITS
Figure 1 shows two variants of the combined COGED+TCR
installation. The plant consists of a gas turbine unit based on
a simple cycle gas turbine engine and two dual-fuel 4SDEs.
All engines run on products of associated gas reforming. The
heat of the GTE exhaust gas is utilized in a thermo-chemical
reactor and a steam generator.
In the diagram with single reactor (Fig. 1A), the conversion
of the associated gas is carried out at the pressure
corresponding to the feed pressure in the internal combustion
engine (0.6 MPa). This moderate process pressure implies
a shift in the effective conversion range to a region of relatively
low temperatures corresponding to the GTE exhaust gas
temperature. The synthesis gas obtained in the reactor is
passed to the dehydrator. The drained synthesis gas has
a significantly lower content of non-combustible components,
which significantly simplifies the processes of mixture
formation and combustion. The disadvantage with respect

B
Fig. 1. Simplified calculation schemes of a COGED+TCR plant. A – scheme
with single unit reactor, B –scheme with double unit reactor. Designations:
1 – air, 2 – gas, 3 – syngas, 4 – associated gas, 5 – water (steam),
C – compressor; CAG – associated gas compressor; COM – combustor;
CS – syngas compressor; D – degasifier; SG – steam generator; T – gas turbine;
TCHR, TCHRLP, TCHRHP – thermo-chemical reactor; WP – water pump

The applicability range of the developed COGED+TCR
diagrams was evaluated using mathematical modelling of
processes. In this modeling, the power plant was structurally
considered as a system of three functionally interconnected
subsystems:
– energy subsystem, in which the chemical energy of the
fuel is converted into mechanical and thermal energy;
POLISH MARITIME RESEARCH, No 3/2019
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– recovery subsystem, designed to convert the waste heat
of the energy subsystem into mechanical and thermal
forms of energy;
– associated gas conversion subsystem.
The range of applicability of the proposed diagrams can
be comprehensively evaluated based on the efficiency of use
of the chemical energy of the associated gas and the efficiency
of the thermo-chemical conversion of heavy hydrocarbons
being part of the associated gas.
As the criterion of the fuel energy efficiency, the efficiency
of the installation was provided:

ߟ ൌ

ே್
Ȉ ή

(4)

where ܰ is the power output of the combined plant, and ݉Ȉ 
is the fuel mass flux.

ܰ ൌ ݅ ή ܰீ்ா  ݆ ή ܰସௌா
݉Ȉ ൌ  ݉Ȉீ்ா   ݉Ȉସୗୈ .

(5)

(6)

In Eqs. 5 and 6, i and j are the numbers of gas turbine and
diesel engines, ܰீ்ா ǡ ܰସௌா are the power outputs of the gas
turbine and diesel engines, and ݉Ȉୋ ǡ ݉Ȉସୗୈ are the fuel
mass fluxes of the gas turbine and diesel engines, respectively.
The plant power and the associated gas LCV are considered
as constants. In this case, the efficiency criterion is the
function of change of fuel consumption rate

ߟ ൌ ݂൫'݉ஊ ൯

(7)

where '݉ஊ is the change of consumption rate of the
associated gas fed to the gas turbine engine, or to the internal
combustion engine.
As criteria of the efficiency of thermo-chemical conversion
of heavy hydrocarbons contained in the associated gas, two
parameters were taken:
– the rate of conversion of the corresponding hydrocarbon
(ethane, propane, butane, pentane);
– the methane number, defined as WMN and GRI Linear
Coefficient Relation MN.
The conversion rate is defined as

ߦ ൌ



൫
ିೠ
൯



(8)


where ݍ
is the mole fraction of the corresponding

hydrocarbon in the associated gas, and ݍ௨௧
is the mole
fraction of the corresponding hydrocarbon inbthe fuel gas
fed to the internal combustion engine.
The methane number defined as WMN and GRI LCR MN
was used as the criterion of energy efficiency of the
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thermo-chemical conversion of heavy hydrocarbons contained
in the fuel gas fed to the internal combustion engine.
The WMN was determined using the on-line Wärtsilä
Methane number calculator program. To calculate the GRI
LCR MN, the following dependency was considered [13]:

GRI LCR MN =
= 1.445⋅ (137.78⋅x1 + 29.948⋅x2 – 18.193⋅x3 –
– 167.062⋅x4 + 181.233⋅x5 + 26.994⋅x6) – 103.42

(9)

In Eq. 9, x represents the mole fraction of an individual
component: CH4 = x1; C2H4 = x 2; C3H8 = x 3; C 4H10 = x4;
CO2 = x5; N2 = x6.
The basis for the mathematical model of the gas turbine
block is the extended GTE calculation which takes into
consideration total pressure losses. The combustion chamber
model is based on combined chemical and phase equilibrium,
while to determine the composition of the components, the
Gibbs free energy for reaction products is minimized. Note
that the obtained synthesis gas has a low calorific value and
high content of non-combustible impurities, therefore it is
advisable to use a plasma-chemical intensification system to
initiate the burning process in the gas turbine combustion
chamber [22, 23].
The rate of the waste gas heat required for fuel conversion
was determined from the thermo-chemical reactor heat
balance.
The modeling of the power plants was based on the gas
turbine engine UGT 2500 and two medium-speed 4SDE
engines Wärtsilä 6L50DF. The total plant power was 14.1 MW.
The simulation of the GTE processes was carried out for
the parameters of the basic turbo-compressor unit, with the
following restrictions:
– fixed GTE power (2.7 MW);
– fixed gas turbine inlet temperature (T3 = 1223 K);
– environmental parameters according to ISO 3046-1:2002.
With regard to the 4SDE engine Wärtsilä 6L50DF with
fixed power (5.7 MW) and total energy consumption at
100% load (7.41 MJ/kWh), the change in fuel consumption
in terms of LCV associated gas supplied to the power plant
was determined.
Mathematical modelling of the processes in the plant
has revealed that the diagram shown in Fig. 1A has low fuel
energy efficiency. The energy consumed for compressing the
dried synthesis gas to the GTE feed pressure is larger than
the increase in energy efficiency due to steam reforming of the
associated gas. As a result, the efficiency of the installation
shown in the diagram in Fig. 1A is comparable to or lower
than the baseline plant efficiency without TCR. The efficiency
calculation of thermo-chemical conversion parameters
showed complete conversion of heavy hydrocarbons (Fig. 2).

Parameter
Carbon Oxide (CO)

0.2

0.2

0.1

0.2

0.1

Carbon Dioxide (CO2)

10.6

14.6

10.3

10.4

10.7

Nitrogen (N2)

0.8

1.5

2.8

2.6

Calculated Wärtsilä methane
number

78

82

77

78

87

Calculated GRI LCR methane
number, Eq. (6)

78

84

76.7

77.6

79.3

35.7

28.1

30.5

34.7

36.2

LCV, MJ/kg

H2

H2O

METHANE

CO

CO2

ETHANE

PROPANE

N-BUT-01

N-PEN-01

H2S

Fig. 2. Comparing chemical compounds (%, mol) of the associated gas
(inner ring) with the resulting synthesis gas conversion products (outer ring)

The results of modelling of the processes in the power plant
shown in Fig. 1B have demonstrated good effectiveness of this
scheme. Due to the steam reforming of the associated gas and
the use of the potential of the steam-gas mixture, the mass
flow rate of the associated gas used as GTE fuel decreased
by 19...20% (Fig. 3), which resulted in the increase of the gas
turbine unit efficiency by 6.8%.

Value

The efficiency calculations of the thermo-chemical
conversion of heavy hydrocarbons in associated gases with
different compositions have shown that the obtained values
correspond to the Wärtsilä requirements for the methane
number and chemical composition of the fuel gas.
The main characteristics of the COGED+TCR unit with
separate high and low pressure thermo-chemical reactors
are given in Table 3.
Tab. 3. Design product specification of COGED+TCR unit with separate high
and low pressure thermo-chemical reactors (total power 14.1 MW)
Parameter
Pressure:
high pressure reactor
low pressure reactor
Temperature of synthesis gas:
high pressure reactor – in/out
low pressure reactor – in/out
Specific mass flow rate per 1 MW shaft power:
feed gas mass flow rate
total steam demand:
of which recycled boiler water
of which fresh water
Energy consumption for compressors and
pumps

Unit

Value

MPa

1,4
0,6

K

714/680
675-660
165-170

kg/(MW∙h)

300-350
120-140
180-210

kW

25-30

FINAL CONCLUSIONS
Fig. 3. Decrease in mass flow rates of associated gases with different
compositions depending on the water/gas ratio (mass)

As a result of the use of thermo-chemical heat recovery
of the waste gas, the calculated efficiency of the COGED+TCR
unit (45.6%) increased by 3% compared with the basic COGED
power plant. This result is comparable to the declared Wärtsilä
GasReformer data.
The performed simulation made it possible to determine
the composition of the synthesis gas obtained as a result
of conversion of associated gases with different compositions
(Table 2).
Tab. 2. Parameters of fuel gases fed to internal combustion engines
Parameter
Designation of base associated gas
(Tab. 1)

Value
A1

A2

A3

A4

A5

Chemical compound of fuel gas fed to internal combustion engine,
(%, mol)
Hydrogen (H2)

12.7

10.7

11.7

11.4

Water vapor (H2O)

1.7

1.7

1.7

1.7

1.7

Methane (CH4)

74.0

71.3

73.4

73.7

74.6

The use of thermo-chemical conversion to recover the
heat from the engine’s exhaust gas and further utilization of
this heat for steam reforming of heavy hydrocarbons expand
the possibilities of using the associated gas as fuel in power
plants for oil and gas floating units.
It is rational to carry out thermo-chemical conversion
of the associated gas in a COGED+TCR unit with separate
high and low pressure thermo-chemical reactors to produce
fuel gas for both gas turbine engines and internal combustion
engines.
COGED+TCR power plants make it possible to combine
attractive advantages of low weight and size of a marine gas
turbine engine without reducing the energy efficiency.
In this work, only the thermodynamic analysis of the
COGED+TCR power plant is presented. An additional
feasibility study is needed to fully assess the application range
of such an installation for oil and gas floating units.

12.9
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ABSTRACT

The problem of ballast water has been present in the world for the last hundred years, but it has grown and become
more complex with the increasing intensity of overseas traffic. Introduction of various species from different parts of
the world threatens flora and fauna, especially regarding small and closed seas, such as the Adriatic Sea. New species
cause an interruption of the existing food chain which keeps the natural balance and purity of the sea. Many domicile
organisms in the sea have been disappearing due to changes in environmental conditions, which significantly impairs
the sea-water quality. This paper deals with different possible ways of sea and port protection from ballast water, starting
with administrative measures, up to proposals of technologies by which those waters could be treated. The problem of
ballast water is of particular concern in the Montenegrin part of the Adriatic Sea, and the protection proposal is given.

Keywords: Adriatic Sea, ballast water, marine protection, water treatment

INTRODUCTION
Various human activities, whether on land or on the
seashore, consequently lead to a violation of the natural
balance of the sea bottom and the shore itself. There are a
wide spectrum of activities which negatively affect natural
conditions of the sea. Those are: sailing, oil platform
placement, uncontrolled discharge of used and industrial
waste waters, illegal construction, etc. These activities can
contribute to the appearance of various pollutions, both
on land and in the sea. As a result, the input of nutrients
increases, along with the amount of sediments, pathogens,
non-biodegradable toxic substances, radio-active substances,
oil, and different kinds of waste. A special problem in the
majority of seas is the emergence of new species in them, both
plants and animals. With their appearance, the violation of
the previously established natural balance occurs, wherein
new species are usually those that push away or completely
destroy original ones, usually spreading new diseases in the
sea [3]. It is necessary to emphasize that these new species
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are most commonly related to the presence of the so-called
“red tide” and other algal bloom, especially in big sea ports.
The origin, i.e. the source of new species, is most frequently
ballast water from ships (this work pays special attention to
it) but it could also be the production of new channels as the
sea confluence, or, for example, some projects related to the
improvement of fostering of new fish species.

BALLAST WATERS
Ballast water, as its name suggests, is meant to increase
ship stability, and by that, to increase the safety of the sail.
Ballast water was introduced into the practice of sailing
about 160 years ago, when the first ship with a double bottom
was built. Before that, some firm elements, made of cement or
lead for instance, were used as an extra load for supporting
balance or stability (in fact, this method is still used on smaller
watercrafts). Nowadays, large ships use ballast water because
without it, it would be impossible to sail safely. The ballast
water is pumped out in the starting port, where the load is

Fig. 1. Loading and discharge of ballast water [15]

being embarked and the waters’ role is shifted to the load
transported by the ship (Fig.1) There are various ways of
ballast water distribution on boats, depending, above all, on
the purpose of the ship. Usually, the water is placed in special
reservoirs located on the sides of the ship. New-generation
tankers, with double hull, also have these reservoirs situated
under the transported cargo. They need to have sufficient
volume to enable safe sailing of the ship.

THE INFLUENCE OF BALLAST WATER
ON THE ECOLOGICAL BALANCE IN THE
ADRIATIC
In 1903, when Asian phytoplancton alga Caulerpa
appeared in the North Sea, it was noticed that the ballast
water transported between various seas and its pumping out
may result in migration of different forms of organisms. This
also indicated that the natural balance in the water can be
disturbed by ballast water discharge [4]. When gathering sea
water as ballast, local organisms are also taken, and many of
them survive on the ship until they are pumped out into the
water. In the past, this problem was not paid much attention
until it was noticed that the effects of this migration can be
negative. Strong development of maritime transport brought
enormous amounts of transported ballast water, and thus,
a much greater possibility of species migration. Today, it is
estimated that annually, 3-7 billion tons of ballast water is
transported in the world, and with it, more than 7,000 various
species of animals and plants are migrated [21].
As it can be seen in Figures 2, 3 and 4, the amount of ballast
water discharged by the Montenegrin shore, i.e. near its ports,
in 4 years’ time is within the range of some 3-10 billion tons.
While it is still less than in most of the endangered zones of
the Mediterranean Sea, it is enough to call for paying more
serious attention to this matter, considering the position of
the Montenegrin coast and possible effects.
Data about the import of foreign life forms in ballast
water into the Adriatic Sea are not reliable, as the Adriatic is
one of the richest seas in number of fish species. But at the
same time, only a small species population is represented.
Besides that, the Adriatic is a warm, shallow and closed sea

with slow sea current changes. One of the visible and known
consequences of ballast water discharge is the so-called “sea
blooming”, or the reproduction of Caulerpa taxifolia, a
plant which has been transported from tropical seas into
the Adriatic, where it is able to survive thanks to mutation
and fast expansion, creating a grass carpet on sand, silt, or
stone, the kinds of bottoms the Adriatic is made of. This
plant causes an interruption of the existing food chain that
has sustained the natural balance and purity of the Adriatic,
because many maritime organisms disappear as a result of the
environment change and the violation of sea water quality.

Fig. 2. Ballast water discharge at Mediterranean Sea in years 1999 – 2005 [19]

Fig. 3. Adriatic Sea, main ports [10]
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Fig. 4. Areas in Mediterranean Sea for Ballast Water Exchange [11]

The International Maritime Organization (IMO,
specialized UN organization) has adopted the Convention
on the Prevention of Marine Pollution by Dumping of Wastes
and Other Matter (13. 02. 2004.), according to which all ships
are supposed to execute the exchange of ballast water at a
distance of 200 nautical miles from land, and at a depth higher
than 200m, so they can sail into the port with clear ballast.
This Convention entered into force on 8th September 2017 [7].
Montenegro didn’t have a legal solution to the ballast water
issue, even though this problem was discussed and concern
was expressed. A series of international contracts, such as:
London Convention on the Prevention of Marine Pollution;
OPRC convention (on oil pollution preparedness, response
and cooperation) and its following Protocol to hazardous
and noxious substances; International Convention for the
prevention of pollution from Ships (MARPOL convention);
Protocol of Barcelona Convention for the protection of the
Mediterranean have been ratified and their implementation is
being supervised by IMO. Also, Montenegro is a participant
in two sub-regional projects concerning the protection of
the Adriatic Sea. The first project relates to the annunciation
of the Adriatic as a particularly sensitive maritime area in
accordance to resolutions and decisions of IMO. It predicts
introducing measures for the protection of the maritime
ecosystem of the Adriatic, which, besides other things, will
specifically regulate the exchange of ballast water. The project
is in the final adjustment phase on the regional level, after
which its consideration will be followed by the governments of
the countries in the Adriatic region. The second project refers
to the measures associated and regulated by the exchange
of ballast water according to the previous project. This is a
perennial project helped by the reference organizations (IMO,
UNEP, Regional Marine Pollution Emergency Response
Center for the Mediterranean Sea/REMPEC) [8], and its
goal is to create a Mediterranean strategy which addresses the
transfer of hazardous aquatic microorganisms and pathogens
through the exchange of ballast ship water and sediments.
[17] Being conscious of the importance of this issue, the
Adriatic countries approached the common EU project
named BALMAS (Ballast water management for Adriatic
Sea protection), which lasted from November 2013 to March
2016 and resulted in adopting the strategy and management
plans in all the countries participating in the project (Italy,
Slovenia, Croatia, Bosnia and Herzegovina, Albania, and
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Montenegro). This project assumes ballast water control in 12
Adriatic ports (in Montenegro, the ballast water is controlled
in the Port of Bar) [6].
Being conscious of the fact that the Adriatic Sea is being
sailed on more and more, no matter whether by cargo or
cruise ships, yachts, or domicile inhabitants’ watercrafts, the
countries surrounding the Adriatic have advised this manner
of ballast water discharge into their parts of Adriatic and
have marked the sea itself a particularly protected marine
area. It must also be noted that Croatia forbids the exchange
of ballast water in their part of Adriatic. After adopting the
Guidance on Ballast Waters Management, unauthorized
ballast water exchange in their part of Adriatic is controlled
by monitoring the entrance, speed, course, and port of
anchoring of some tankers. However, this also poses the
question as to where the ballast water of ships sailing into
the Croatian part of the sea can be discharged, once it is
prohibited in there. The Montenegrin part of Adriatic is the
first stop where it could be done. It should be emphasized
that the Montenegrin government has adopted a law on
marine protection from pollution from watercraft objects.
A significant part of this law is devoted precisely to ballast
water, and the solutions proposed are in accordance with
positive European experience concerning that issue.
The Bay of Kotor, which represents a unique natural entity
and tourist attraction in the last few years, has become a
regular destination for anchoring of big ships – cruise ships in
particular. Keeping in mind that the average ballast capacity
of these ships is 3,000 cubic meters, it cannot be denied that
this can pose a substantial threat to the already sensitive bay
of Kotor. There is no control system of ballast water upon
cruise ship arrival, nor is it mandatory to give any report on
possessing systems for its treatment. The expected changes of
the Adriatic Sea sailing directions and the growing volume of
so-called yachting tourism increase the risk of the entrance
of hazardous foreign species.
In order to protect the Montenegrin part of the Adriatic
Sea, the first step should certainly be determining the zero
state in ports where cargo and cruise ships are anchoring, and
based on that, adopting the required measures of protection.

POSSIBLE TECHNIQUES FOR BALLAST
WATER TREATMENT
There are numerous techniques that can be used to minimize
and prevent the entrance of various aquatic organisms with
ballast water [1], [9], [14], [16]. The most efficient way is ballast
water processing, which can be performed when filling
ballast tanks, during voyage, during ballast discharge, or
after shifting into the system for ballast storage on land. The
criteria required for each ballast treatment are: it has to be
safe (for both the ship and crew), it has to be acceptable for
the environment (i.e. it should not cause more environmental
damage than benefits); it has to be applicable (on ship design
and on the procedure); it has to be economically justified and
biologically efficient (in the sense of removing, destroying or,

by some other influence, decreasing marine organisms and
pathogens in ballast water) [9].
The most basic and, at the same time, the most efficient way
which would prevent the expansion of undesirable organisms
transported in ballast water would be prohibition of ballast
water discharge into ports. In that case, ballast water would
be pumped out into special ballast tanks situated in ports
or beside them. That option includes further mechanical,
thermal, chemical, and radiation treatment of ballast water
(if necessary) intended to destroy any organisms in it (Fig.
5). However, this solution is, primarily, quite expensive and
requires large space in ports. There should be reservoirs built
in ports for collecting ballast water, and this water should
be treated through mentioned phases. One of the options
is that the purifying plants could also be installed on the
ships, but that is an even more expensive solution [9]. In an
attempt to solve this problem, some suggestions have appeared
to exchange ballast water on the open sea, where there are
less endangered maritime life forms and where the foreign
coastal organisms would hardly survive [2],[16]. It is wellknown that organisms from the open ocean cannot survive
in coastal waters and their specific conditions. However, this
suggestion has a basic disadvantage; it can be efficient only in
ocean sailing, while for the conditions of sailing in smaller
and closed seas, such as the Adriatic, where routes are close
to the shore, it is not a viable solution [9]. This method is
prescribed and used in America and Australia, where all the
ships need to exchange ballast water in the ocean, and then
a check is performed in the ports to verify that the exchange
has been carried out, which is easy to identify because there
is a huge difference in species from the open ocean and those
from coastal areas [16].

filtration [13] are rather theoretical solutions, as the data on
the optimal ratio of the most efficient method, the factory
size and energy spending, the starting price of building it, as
well as the expenses of the operation and maintenance is still
missing. The circulation circle means no ballast discharge,
i.e. complete processing of the ballast water taken from the
starting port is performed inside it. The processing in closed
circulation can be performed according to biological criteria
of short and medium exposure of organisms to heating [16].
A brief evaluation of ballast water treatment methods is
shown in Table 1, where N means unknown, 1 – unacceptable,
2 – bad, 3 – partly acceptable, and 4 – acceptable method.
Tab. 1. Evaluation of ballast water treatment methods [9]

Treatment method

Safety

Biological
efficacy

Environmental
friendliness

Filtration
Hydrocyclone
separation
Centrifugal separation
UV radiation
Ultrasound
Thermal treatment
Biocides
Ozonation
Pulsed plasma
Deoxidation
Coating tanks
Combined methods:
hydrocyclone
separation/UV
radiation

4
4

1
1

4
4

4
4
3
3
2
2
3
N
3
4

1
2
2
2-3
3
1
N
2
1
3

4
3
3
4
1
3
N
3
2
3

The practice has shown that none of the ballast water
treatment methods alone is efficient enough to remove all
unwanted species of organisms out of ballast reservoirs.
That is why the combination of different methods has been
suggested as the most effective solution (Fig.6). Generally,
the proposed treatment procedure has two levels: primary
processing, during which larger organisms and particles are
removed, and secondary processing, which aims at removing
smaller organisms [9], [16].

Fig. 5. Possible methods of ballast water treatment and possibility of changes
depending on the size of organisms in the ballast water [1]

The thermal method seems very acceptable [12], as it makes
it possible to use the waste energy from cooling ship’s diesel
engines. Two systems are possible for thermal treatment of
ballast water. They are based on water circulation in open
or closed circle. Thermal treatment of ballast water by
circulation in the open circle is based on rinsing of ballast
water supported by heating. Processing of ballast water
by UV radiation, ozone, hydrogen peroxide, biocides, and

Fig. 6. Overview of possible processes of primary ballast water processing [2]
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is possible, and it requires developing the technology
of processing ballast water on ships. Until then, the
problem can be eased by the measures of national
legislation and regional cooperation among all the
countries in the Adriatic region.
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CONCLUSIONS
Distribution of hazardous organisms with ballast water
from the far seas increases threats to the ecological system
of the Adriatic Sea, especially in the Montenegrin part.
This endangers the survival of various ecosystems, as well
as of many different branches of industry in coastal areas,
especially tourism as the major resource. Keeping in mind
that ballast water is a necessary element of ship’s safety, and
that without maritime transport, world goods exchange is
impossible - the solution to this problem must be achieved in
a techno-economic way. A long-term solution for this problem
specific to the Adriatic Sea and part of the Montenegrin coast
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